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FOREWORD 


The Trane Air Conditioning Manual covers both the fundamentals and 
the practical application of air conditioning. It is a comprehensive textbook 
for the student and a valuable source and reference book for the professional. 
In the more than half-century since its first printing in 1938, nearly 250,000 
copies of the Manual have found their way to the shelves of college, university 
and private libraries the world over. The Manual is used by some educational 
institutions as a basic text in air conditioning course work. It also serves as 
reference for those engaged in the everyday design, application and instal- 
lation of environmental conditioning for both comfort and process applica- 
tions. 

This 70th printing incorporates many changes. To keep pace with rapid 
technical advances, the Manual has been completely updated and expanded. 
It now contains new, more accurate methods to determine heat gains; a 
modern presentation of psychrometry; more information on refrigeration, air 
distribution, comfort and indoor air quality, and completely new sections 
covering current air conditioning systems. Special attention has been given 
to make the Manual straightforward and non-commercial. In some cases, 
where they serve to supplement the text, illustrations of Trane products are 
shown. Other manufacturers’ products are also utilized. 

The Trane Company believes that to better serve the industry, manu- 
facturers should regularly disseminate technical information. This manual is 
an example of how Trane makes available technical information gathered 
through its laboratory research and testing programs, and through field 
experience. 

We wish to thank Neil R. Patterson, P.E., for his fine editorial work in 
conjunction with this edition of the Manual. In addition, credit is due William 
Goodman, the author of the original version of the Manual, published in 1938. 
Credit is also due the many engineers in The Trane Company who have 
participated in its subsequent revisions. 


Emmanuel Kampouris 

Chairman of the Board 

The Trane Company 

a Division of American Standard, Inc. 


PREFACE 


The purpose of this book is to present the factual material of air condi- 
tioning in a manner that will allow the student to obtain a well organized, 
coherent grasp of the subject, as well as a clear picture of the simple rela- 
tionships existing between the many principles involved in the design of air 
conditioning systems. 

This book is concerned primarily with the application of the fundamental 
facts of engineering to the practical design of air conditioning systems. Very 
little attempt has been made to derive the various formulas and methods by 
strictly mathematical means. In most cases, the basic ideas were developed 
from their physical basis because derivation made in this way permits the 
subject to be more clearly visualized. 

Air conditioning is a broad field. It includes many subjects, among which 
are refrigeration, comfort cooling, heating and ventilation as well as the 
economic realities of each as they impact the overall financial life of a facility. 
Faced with this situation, it seemed desirable to treat those subjects about 
which scant information was known or if available was scattered widely and 
not well organized, into an orderly and understandable source document. 

Many tables and charts have been included not only for convenience in 
making computations, but also because such tables and charts more clearly 
indicate the effects of changing various factors. In a field that has developed 
as rapidly as air conditioning, it is neither possible, nor desirable, to ignore 
subjects considered controversial by some. 

Where such subjects have been discussed, an attempt has been made to 
treat them only in the light of established fundamentals. Furthermore, in 
discussing certain practices that have developed and, in some cases, become 
a part of applied air conditioning, somewhat controversial statements cannot 
be avoided entirely. 
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SYMBOLS AND ABBREVIATIONS 


area, sq ft 

outlet area, sq ft 

specific heat of a substance, Btu per lb F 

degrees Centigrade 

diameter of fan wheel or pump impeller 

degrees Fahrenheit 

total moisture gain of a conditioned space, grains per hr 
change in moisture content of air, grains per lb of dry air 
heat, Btu 

latent heat gain of a conditioned space, Btu per hr 
sensible heat gain of a conditioned space, Btu per hr 
total heat gain of a conditioned space, Btu per hr 
change in latent heat content of air, Btu per lb of dry air 
change in total heat content of air, Btu per lb of dry air 
revolutions per minute 

barometric pressure, !b per sq in., or in. of mercury 
head, ft or in. of water; or Ib per sq in. 

static pressure, inches of water 

total pressure, inches of water 

velocity pressure, inches of water 

partial pressure of water vapor, lb per sq in., or in. of mercury 
quantity of air or water, cfm or gpm, respectively 
refrigerating effect, Btu per lb of refrigerant 
temperature, F 

absolute temperature, F 

temperature difference, F 

mean temperature difference, F 

overall coefficient of heat transfer, Btu per hr per sq ft per degree 
temperature difference 

velocity, fpm 

outlet velocity, fpm 

tip speed, fpm 

volume of any weight of a substance, cu ft 

specific volume, cu ft per Ib 

weight of a substance, lb 

weight of steam, lb per hr 

British thermal! unit 

cubic feet per minute 

feet per minute 

gallons per minute 

horsepower 

air horsepower based on static pressure 

pounds per square inch 

pounds per square inch absolute 

pounds per square inch gauge 

revolutions per minute 

dry bulb temperature 

dew point temperature 

effective temperature 

wet bulb temperature 


These symbols are generally used in the technical literature and through- 
out this book. Occasionally, the same symbol may be used to represent a 
quantity different from the one given in the above list, but closely related to 
it. Where this occurs, it is noted in the text. While the same symbol may be 
used for two quantities, for example, velocity and volume, the context will 
clearly indicate which quantity is being considered. 
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HEAT AND ITS MEASUREMENT 


The sense of touch tells whether objects are hot or 
cold. It is, however, influenced more by the rapidity 
with which objects conduct heat away from the fingers 
than by the actual temperature of the objects them- 
selves. For example, iron feels colder than wood at the 
same temperature, simply because heat is conducted 
away from the fingers more quickly by iron than by 
wood. 


Metal strips change in length with changes in tem- 
perature. In longer lengths of metal the change can 
actually be seen. This is why special design consider- 
ations must be taken to take care of expansion in long 
pipelines and bridges. Based on this principle, the heart 
of most thermostats is a strip of brass fastened to one 
of steel. Brass expands more than steel for an equal rise 
in temperature. Thus the bimetallic strip curves with 
an increase in temperature and the strip becomes con- 
cave on the steel side. 


Such a strip can then be used as a thermometer if 
it is first calibrated by immersing it in boiling water and 
marking its position at 212 F and then placing it in an 
ice bath and marking its position at 32 F. The space 
between the two marks then can be divided into 180 
equal parts each representing 1 degree. 

Liquids also change in volume with changes in tem- 
perature and this expansion and contraction of a liquid 
is a reliable index of temperature change. Thermom- 
eters in use today consist of a glass capillary tube filled 
with a liquid. A small bulb is then blown at one end and 
the other end is sealed after the air has been evacuated. 
The two liquids most commonly used are either mer- 
cury or alcohol. 


Although alcohol is used in many ordinary glass 
tube thermometers, mercury is the only liquid used in 
accurate thermometers. Alcohol has a larger coefficient 
of expansion than mercury which results in a more open 
scale. However, alcohol has several characteristics that 
make it unsuitable from the standpoint of accuracy. In 
contrast, the mercury thermometer is simple and can 
indicate temperatures with a much higher degree of 
accuracy. 

In addition to the mercury thermometer, another 
type is used in the scientific community, particularly in 


the measurement of high temperatures. This thermom- 
eter is known as the electric resistance type. 


() Oe —— ELECTRIC LIGHT 


cok 
WIRE 


FIGURE 1-A 
A BATTERY CIRCUIT 


A coil of wire allows a long length of wire to be 
wound within a very small space. The longer the wire, 
the more resistance it offers to the flow of electricity 
and the smaller the electric current that can flow 
through the wire. Thus, the current flowing through a 
coil can be varied by changing the length of the wire 
wound on the coil. 

But there is another way in which the current 
flowing though the coil can be varied without changing 
the length of wire on a coil. To illustrate, suppose a coil 
consisting of a long length of wire is connected to a 
battery and to an electric light as shown in Figure 1-A. 
Because of the wire’s length, the amount of current 
that can flow through it is very small, which results in 
a light that just barely glows. If we take the same coil 
of wire and plunge it into a container filled with an 
extremely cold fluid such as liquid air, the light imme- 
diately begins to brighten. 

Since the light is brighter, more current must be 
flowing through it. Since more current is flowing, the 
same coil must be offering less resistance to the flow of 
electricity. This gives exactly the same effect as though 
the length of wire on the coil were shortened, even 
though the only thing that was changed in the exper- 
iment was the temperature of the coil. This illustrates 
that the resistance of the wire on the coil to the flow of 
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electricity decreases as its temperature is lowered. 
This simple property of electric wire is used in an 
electric resistance thermometer. 

In this type of application, a coil of wire is placed 
in the space where the temperature is to be measured 
and the coil assumes the temperature of the surround- 
ing space. Resistance of the wire can then be measured 
at that temperature by means of an instrument located 
outside of the space. Because it is very accurate, the 
electric resistance thermometer is very valuable for 
the measurement of very low or very high tempera- 
tures. It is commonly used in furnaces and other similar 
places where the mercury thermometer cannot be 
used. 

All of the thermometers described thus far have 
one common disadvantage; they all require a reason- 
able amount of space. The bulk and weight of these 
thermometers therefore makes them unfit for many 
tasks. Even though they are accurate instruments, in 
many instances they cannot be installed in a manner 
that they will assume the true temperature of their 
surroundings. In fact, no thermometer ever indicates 
the temperature of its surroundings. 

A mercury thermometer immersed in warm water 
actually indicates only the temperature of the mercury 
in its bulb. But the temperature of the warm water is 
influenced by the presence of the thermometer because 
the mercury cools the water surrounding it. We need 
to recognize that the indicated temperature is only an 
approximation of the temperature of the water at the 
time the thermometer was immersed. If the water has 
been stirred for a sufficient length of time, the chances 
are that the temperature of the mercury and the water 
are essentially the same. 

Because of the comparative bulk of mercury and 
resistance thermometers, there are many cases where 
their use would give misleading temperature readings. 
For example, a mercury thermometer held in contact 
with a cold wall would give a false reading. This is 
because only a portion of the thermometer bulb is in 
contact with the cold wall. The balance of the bulb 
would be exposed to the warm room air. 

As aresult, while the mercury bulb would be losing 
heat to the cold wall from one side, the other side of the 
bulb would be heated by the room air. In this case, the 
thermometer would indicate only the temperature of 
the mercury in the bulb which would undoubtedly be at 
some point between the wall and room temperatures. 

To overcome this difficulty, the side of the ther- 
mometer exposed to the room air is sometimes insu- 
lated with putty. This holds the thermometer in contact 
with the cold surface and insulates the side of the mer- 
cury bulb exposed to the room air. Although the ther- 
mometer may read a little closer to the actual 
temperature of the cold wall, in this case the putty 
insulates not only the mercury bulb but also the portion 
of the cold wall that it covers. As a result, the portion 


of the cold surface in contact with the mercury bulb and 
under the putty becomes colder than the rest of the 
surface exposed to the warm air of the room. Under 
these conditions, the true temperature of the surface 
cannot be obtained with a mercury thermometer. 

This application illustrates very clearly an impor- 
tant advantage of a thermocouple temperature mea- 
surement device over the mercury and resistance types 
for applications of this nature. For this reason the ther- 
mocouple is used extensively for all types of laboratory 
work. Because of its light weight, it rapidly assumes 
the temperature of its surroundings and is thus ideal 
where it is necessary to follow rapid temperature fluc- 
tuations. 

The thermocouple is not only simple in construc- 
tion but it is also very accurate. It consists of two small 
wires of different metals fused together at both ends, 
thus forming two junctions. When one junction is im- 
mersed in a constant-temperature bath, such as a 
vacuum bottle filled with cracked ice and water, and the 
other junction is heated, an electric current will flow 
from one junction to the other without any external 
source of electricity. In this case, the current is so smal] 
that a sensitive instrument is required to detect it. This 
instrument, however, is not so delicate as to prevent its 
daily use in research and commercial laboratories. 


HOT JUNCTION 
ON PIPE SURFACE 


COPPER WIRE 


IRON WIRE IRON WIRE 


MILLIVOLTMETER 


ICE AND WATER 


FIGURE 1-B 
A THERMOCOUPLE CIRCUIT 


A simple thermocouple circuit is illustrated in 
Figure 1-B. The hot junction is soldered to a pipe sur- 
face, the temperature of which is to be measured. The 
cold junction is immersed in ice water. 

Prior to its use, the thermocouple can be calibrated 
by immersing the hot junction in a liquid heated to 
various known temperatures. The reading of the 
millivolt-meter is then recorded for each of the various 
temperatures. In using the thermocouple, the cold 
junction must be kept at a constant temperature. Anice 
bath, Figure 1-B, is a convenient way of doing this. 


Fahrenheit and Celsius Scales 


There are two scales commonly used to measure 
temperatures. One is the Fahrenheit scale. This scale 
is obtained by placing the mercury thermometer in 
boiling water and marking the position of the mercury 
as 212 F. The same mercury thermometer is then im- 
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mersed in an ice bath and the position is marked at 32 F. 
The space between the two previous marks is then 
divided into 180 equal intervals, each of these intervals 
is called one degree Fahrenheit. 

The other commonly used temperature scale is the 
Celsius, sometimes called Centigrade, scale. This scale 
is commonly used internationally and in scientific work 
in the United States. It is determined by dividing the 
space between the boiling and freezing point marks into 
100 degrees. The mark at the freezing point of water is 
0 C and the boiling point is 100 C. The formula for 
converting Celsius readings to equivalent Fahrenheit 
readings is: 


(1-1) 


where 


F = degrees Fahrenheit 
C = degrees Celsius 


Corresponding Fahrenheit and Celsius tempera- 
tures are in Table 1- 1. The temperature scale used 
throughout this book whether specifically mentioned 
or not is the Fahrenheit scale. 


Energy Transfer and Preservation 


Whenever one object surrenders or loses heat, an- 
other object must receive the heat lost. There is no such 
thing as heat simply leaking away and disappearing 
from a material object. When air is cooled by means of 
chilled water circulating in a pipe, the heat lost by the 
air reappears in the cooling water with a corresponding 
rise in the temperature of the water. 

Energy can take many forms. When two moving 
parts of a machine are in contact, they often become too 
hot to touch. Heat and mechanical work are simply 
different forms of energy. A given amount of mechan- 
ical energy can always be converted into exactly the 
same amount of heat energy. In fact, it’s very difficult 
to prevent the mechanical energy of a machine from 
being lost into heat through friction. 

The following examples illustrate the first law of 
thermodynamics which states that: Heat can be nei- 
ther created nor destroyed. Without exception, heat 
can only be transferred from one object to another. 
When air is cooled, a certain amount of heat is trans- 
ferred from it to some other substance at a lower tem- 
perature. 


Btu and Specific Heat 


There is no absolute unit of measurement for heat 
any more than there is for length. The foot and the inch 
are purely arbitrary units. The unit for measuring heat 
quantity is also purely arbitrary. The amount of heat 
required to raise the temperature of one pound of water 


one degree Fahrenheit is a widely used standard for 
measuring heat quantity. This amount of heat is called 
the British thermal unit, abbreviated Btu, or B. 

Suppose that one pound of water and one pound of 
glycerin are separately supported above two gas burn- 
ers as in Figure 1-C. Before lighting the burners, the 
two liquids are allowed to stand until both are exactly 
at room temperature, say, 70 F. At this time the gas 
burners are lit and adjusted so each is burning exactly 
the same quantity of gas in the same period of time. 
Each is transmitting the same quantity of heat to the 
liquid above it. After heating for a time interval, the 
thermometer in the water will indicate 150 F, and the 
thermometer in the glycerin 208 F. 


THERMOMETERS 


(LB. OF 
GLYCERINE 


GAS BURNERS 
FIGURE 1-C 


DEMONSTRATION OF SPECIFIC HEAT 


Even though equal weights of the two liquids were 
supplied with exactly the same quantity of heat, why 
does one get warmer than the other? The reason is 
glycerin has a smaller capacity for absorbing heat than 
water. This capacity for absorbing heat is called spe- 
cific heat. The specific heat of a substance is defined as 
the amount of heat in Btu’s required to raise one 
pound of that substance one degree Fahrenheit. 

Since water has a specific heat of 1, 10 Btu’s are 
required to raise the temperature of one pound of water 
10 degrees. In like manner, if 10 pounds of water are 
raised 10 degrees F, 100 Btu will be required. The 
equation for this can be written as follows: 


q=WxexTD 
= 10x10x 10 
= 100 Btu 
where 


q = quantity of heat, Btu 
W = weight of substance, |b. 
e = specific heat of substance, Btu per lb. F 
TD = temperature change of substance, 
degrees F 
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Example 1-1: 


How much heat is required to raise the temperature of 
15.75 lb. of water 22.5 degrees? 


Solution: 
q=WxecexTD (1-2) 
= 15.75 x 1.0 x 22.5 
= 354.38 Btu 


To raise the temperature of 1.0 lb. of glycerin one 
degree requires 0.576 Btu. Hence, the specific heat of 
glycerin is 0.576 Btu per lb. F. To raise the temperature 
of 10 lb. of glycerin one degree requires 5.76 Btu. 


Example 1-2: 


How much heat is required to raise the temperature of 
23 lb. of glycerin 5 degrees? 


Solution: 
q=WxexTD (1-2) 
= 23.0 x .576x 5 
= 66.24 Btu 


The specific heats of some common substances are 
shown in Table 1-2. Most common substances have 
specific heats lower than water which indicates few 
substances have the ability to absorb as much heat as 
water. 


Example 1-3: 


How much heat is required to raise the temperature of 
5 lb. wrought iron from 70F to 838F? 


Solution: 


The specific heat of wrought iron is 0.114, as given by 
Table 1-2. 
q=WxecexTD 
= §.0x .114x 18 
= 7.41 Btu 


(1-2) 


Sensible and Latent Heat 


If we heat water in an open vessel over a gas flame, 
the temperature of the water will rise until the water 
starts to boil. At that point, the temperature will stop 
rising and will remain stationary as long as the water 
is boiling and the top of the vessel is open to atmo- 
sphere. If we turn the flame up higher thus injecting 
more heat, it will not affect the temperature reading. 
It will still remain stationary. The water will boil more 
vigorously, but it will not get hotter. 

Obviously the burning gas is supplying heat to the 
water, but if the water temperature ceases to rise, 
where is this heat going? The answer is that the water 
is boiling; it is changing from a liquid to a vapor (steam). 
To change any substance from a liquid to a vapor re- 
quires the application of heat. Thus, water can be 


heated to its boiling point, but additional heat must be 
provided to change it into a vapor (steam). In a similar 
way a mixture of chipped ice and water will remain at 
32 F as long as there is any amount of ice left. Once the 
ice has completely melted, further application of heat 
will result in a temperature rise of the water. 

The change of a substance from liquid to vapor, or 
from solid to liquid as in the case of melting ice is called 
changing the state of the substance. Matter can exist 
in three states: solid, liquid, and vapor. The three states 
of water are ice, water, and steam. To change the state 
of a substance from solid to liquid, or liquid to vapor, 
heat must be provided. 

The heat required to change a liquid to a vapor is 
called the latent heat of vaporization. The heat re- 
quired to change a solid to a liquid is called the latent 
heat of fusion. Only the term latent heat is commonly 
used; the reader applies the balance of the phrase ac- 
cording to whether a boiling or melting process is being 
discussed. 

Now assume a warm liquid is to be cooled to its 
original temperature. Exactly the same quantity of 
heat must be removed as was originally used to heat it. 
Similarly, in condensing steam, heat must be removed. 
The amount of heat is exactly equal to the amount of 
latent heat that went into the water to change it to 
steam. In freezing water, the heat that must be re- 
moved is exactly equal in amount to the latent heat that 
was absorbed in order to change the ice to water. 

Considerable heat can be supplied to a substance 
during a change of state without the senses being 
aware of it. Heat is being supplied to the vessel con- 
taining the substance yet after time the thermometer 
ceases to rise. Although heat is being supplied to the 
vessel, the senses of sight and touch disclose that the 
vessel is not getting any hotter. 

Because of this, heat supplied to a substance during 
a change of state was called latent heat. Heat that 
changes the temperature of the substance is called 
sensible heat, because all of one’s senses gave evidence 
of its presence. Conversely latent heat could not be 
sensed by a change in temperature; it lay dormant in 
the substance to which it was delivered, and could be 
recovered only by changing the substance back to its 
original state. 


Pressure 


Each of us on the surface of the earth lives at the 
bottom of an ocean of air, just as fish live at the bottom 
of an ocean of water. Thus a diver descending in water 
is subjected to greater pressure with increasing depth. 
The pressure is due to the weight of water above. For 
every 2.31 feet of descent, the diver is subjected to an 
increase in pressure of 1 psi. Thus at a depth of 200 feet 
the pressure is 86.58 psi. In a similar manner, because 
we live at the bottom of an ocean of air, we are sub- 
jected to the pressure of several miles of air above us. 
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Air is so much lighter than water that, even though the 
atmosphere surrounding the earth is several miles 
deep, the average pressure at sea level is only 14.7 
psia*. As we increase in elevation climbing a mountain, 
the surface of the ocean of air is approached and as a 
result the pressure decreases in exactly the same way 
that the pressure decreases as the diver rises to the 
surface of the water. 


TUBE 
FULL OF 
MERCURY 


» 


OISH OF MERCURY 


FIGURE 1-D 
SIMPLE BAROMETER 


Although the average pressure on the surface of 
the earth at sea level is 14.7 psia, the pressure contin- 
ually varies slightly above or below this point. In order 
to measure the pressure of atmospheric air, measure- 
ment must be made from some point where the pres- 
sure is zero. Such a condition can only be met by a vessel 
that has nothing in it to exert any pressure, that is, all 
the air must be exhausted and a perfect vacuum ob- 
tained. 

This condition is met in an instrument called a 
barometer. A simple form is illustrated in Figure 1-D. 
This type is made by filling a glass tube with mercury. 
The tube is approximately 36 in. long and is sealed at 
one end. The tube is then inverted as illustrated and the 
open end is submerged in a dish of mercury. When this 
happens, the mercury column in the tube will fall until 
its upper surface is about 30 in. above the surface of the 
mercury in the dish. In this case there is practically a 
perfect vacuum in the tube above the mercury surface. 
The full pressure of the atmospheric air however is 
exerted against the surface of the mercury in the dish 
and is transmitted equally in all directions through the 
fluid mercury. 

Obviously, the pressure is strong enough to sup- 
port the weight of a column of mercury about 30 in. in 
height. Mercury is utilized in barometers in lieu of 
water because it is heavier. Mercury weighs 13.6 times 
as much as water. Thus a column of water would need 


*Absolute pressure in pounds per square inch is abbreviated psia. 


to be 34 ft. high to balance the average atmospheric 
pressure of 14.7 psia. (A pressure of 1.0 psia is exerted 
for every 2.036 in. of mercury or 2.31 ft. of water.) 

For measuring high pressures, a barometer is too 
cumbersome to use. For example, a column of mercury 
8.5 ft high is required to balance a pressure of only 50 
psi. To measure higher pressures a more compact pres- 
sure gauge, of the type commonly seen on boilers, is 
used for the measurement of pressure. Such a gauge, 
however, does not give the same pressure reading as a 
mercury barometer. 

Where a barometer will indicate a pressure of 14.7 
psia, a pressure gauge beside it will read zero. In like 
manner, if a barometer and a pressure gauge are used 
to find the pressure in a closed tank, and the barometer 
reads 24.7 psia, the gauge will read only 10 psig** even 
though both are actuated by exactly the same tank 
pressure and both are correct. The difference in pres- 
sure readings is due to the fact that a gauge indicates 
exactly how much the pressure in the tank is above the 
pressure of the surrounding air. A barometer indicates 
how much the tank pressure is above an absolute 
vacuum. 

Therefore, pressure as read on a barometer is 
called absolute pressure. Pressure read by a gauge is 
called gauge pressure (psig). To find the absolute pres- 
sure in a tank using a gauge, the absolute pressure of 
the surrounding atmospheric air must be added to the 
gauge reading. The absolute pressure of the surround- 
ing air can be read using a barometer. Therefore, if a 
gauge shows the pressure in a tank to be 32 psig, and 
a barometer indicates that the absolute pressure of the 
atmosphere is 14.4 psia, the absolute pressure in the 
tank is the sum of 32 psig plus 14.4 psia or 46.4 psia. 

Occasionally the pressure inside a tank is lower 
than the existing outside atmospheric pressure. If the 
pressure inside a tank is 10 psia, this is equivalent to 
a barometer reading of 20.36 inches of mercury. But as 
previously stated, ordinary gauges do not measure ab- 
solute pressures; they measure only the excess of pres- 
sure above atmospheric pressure. 

In the case of a vacuum tank, a gauge would mea- 
sure only the amount by which the pressure in the tank 
is below the surrounding atmospheric pressure. In the 
above case, if the surrounding atmospheric pressure is 
14.7 psia or 30 inches of mercury, the gauge connected 
to the tank would indicate a vacuum of 9.6 inches of 
mercury or 4.7 psi less than atmospheric pressure. If 
we used a mercury gauge, it would be 9.6 inches less 
than atmospheric pressure. 

Gauges utilized for measuring pressures below at- 
mospheric are called vacuum gauges, and they are sim- 
ilar in construction and appearance to ordinary 
pressure gauges. The scale, however, of these gauges 
is usually marked directly in inches of mercury. There- 
fore in the previous case, the needle of a standard 


**Gauge pressure in pounds per square inch is abbreviated psig. 
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vacuum gauge would point to 9.6 inches of mercury 
vacuum. These types of gauges can commonly be seen 
on pumps used with vacuum heating systems. 

To find the absolute pressure in a vacuum tank, the 
reading of a vacuum gauge must be subtracted from the 
atmospheric pressure as read on a barometer. For ex- 
ample, a vacuum gauge connected to a tank indicates 
that there is a vacuum of 12 inches of mercury. The 
barometer shows that the atmospheric pressure is 
29 inches of mercury. Therefore, the absolute pressure 
inside the tank is 17 inches of mercury or 8.35 psia. As 
a rule, the variation in barometric pressure is so small 
that there is only a negligible error for most practical 
work in using the value of 14.7 psia, or 30 inches of 
mercury, for the atmospheric pressure. 


Properties of Steam 


Water boiling in an open vessel is under an atmo- 
spheric pressure of 14.7 psia. At this pressure, water 
boils at 212 F. The boiling temperature of water is not 
constant; it can be changed by changing the pressure 
above the liquid. If the pressure is to be changed, 
obviously the liquid must be in an enclosed vessel. 
When water is in an enclosed vessel it can be vaporized 
at 60 F, or at 300 F, as easily as at 212 F. The only 
requirement is that the pressure above the liquid be 
changed to the one corresponding to the desired boiling 
point. 

If the pressure is raised in a boiler to 67 psia (62.3 
psig), water can be heated to 300 F before it starts to 
boil. Conversely, by lowering the pressure to 0.1217 
psia (29.68 inches of mercury vacuum), water will boil 
at 40 F. In addition to a change in the boiling point of 
a liquid with variations in pressure, other physical 
properties also change with pressure. For example, 
under atmospheric pressure the latent heat of vapor- 
ization is 970.3 Btu per lb., at 100 psia it is 888.8 Btu per 
Ib., and at 0.5 psia it is 1048.8 Btu per lb. 

Several tables giving the properties of steam, often 
abbreviated as “Steam Tables” are available; they pro- 
vide all these data in a convenient form for reference. 
One of these tables is reproduced in two parts as Table 
1-3 and Table 1-4. Table 1-3 is called a temperature table 
since it gives the properties of steam with temperature 
in the first column. Table 1-4 is called a pressure table 
since it gives the properties of steam with pressure in 
the first column. It should also be noted that Table 1-4 
is divided into two sections: Column 1 in the left section 
is pressure in inches of mercury; column 1 in the right 
section is pressure in pounds per square inch. 

Column 1 of Table 1-3 lists the boiling temperatures 
of water corresponding to the pressures in columns 2 
and 38. For any given pressure the condensing temper- 
ature of steam is the same as the boiling point of water. 

The specific volume of water is listed in column 4, 
and the specific volume of steam in column 5. The term 
specific volume means the space occupied by 1 lb. of 


a substance. Therefore at 212 F, 1 lb. of water occupies 
a space of 0.01672 cu. ft. and 1 lb. of steam occupies 
26.80 cu. ft. The specific volume of water and steam will 
also be found in columns 3 and 4 of Table 1-4. In Table 
1-4 it can be seen that at a pressure of 5.3 psig (20 psia) 
water has a specific volume of 0.01683 cu. ft. per Ib. and 
steam has a specific volume of 20.089 cu. ft. per lb. 
Specific weight is the weight of one cubic foot of a 
substance. The specific weight of any substance can be 
found from the value of its specific volume and vice 
versa. For example, water at 32 F has a specific volume 
of 0.01602 cu. ft. per Ib. from (Table 1-3) and a specific 
weight of 62.42 lb. per cu. ft.( 1 = 62.42). 
0.01602 

What is the specific weight of steam at 100 psia? 
From Table 1-4 on the 100 psia line, the specific vol- 
ume of steam is 4.432 cu. ft. per lb. Taking the recip- 
rocal of 4.482, the specific weight is 0.226 lb. per cu. ft. 
( 1 = 0,226). 

4.432 


Enthalpy 


In discussing heat, there are two things that must 
be kept in mind. The first is that temperature is an 
indication of the intensity of heat. Second is that the 
Btu is a quantity of heat. If it requires 5,000 Btu to 
pasteurize a batch of milk, this is the amount of heat 
required for the job in contrast to the intensity of heat 
indicated by the temperature measured on a thermom- 
eter. 

Enthalpy is a property of substances that is a mea- 
sure of their heat content and is especially convenient 
for finding the amount of heat necessary for certain 
processes. From column 6 of Table 1-3 we can verify 
that the enthalpy of water at 32 F is 0. Looking down 
column 6 it will be noted that the enthalpy increases 
about 1 Btu per degree change in temperature. In other 
words, the figures in this column give the amount of 
heat needed to raise the temperature of 1 lb. of water 
from 32 F to the temperature listed in column 1. For 
example from column 6 on the 80 F line, the figures 
48.02 indicate that 48.02 Btu are needed to heat one |b. 
of water from 32 F to 80 F. This answer agrees closely 
with the one obtained by using Formula 1-2 below. 
Thus: 


=WxexTD 
1 x 1 x (80-32) 
48 Btu per lb. 


(1-2) 


2 
od 


The answer obtained by using the steam tables is 
48.02 Btu per lb. The steam tables are correct. The 
discrepancy is due to the fact that the specific heat of 
water, or any other substance, does not have a constant 
value but varies slightly with temperature. This vari- 
ation is taken into account in the steam tables, and they 
therefore yield the correct results. 
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If either the pressure or temperature at which 
evaporation takes place is known, the heat of vapor- 
ization required can be found in column 7 of Table 1-3 
or column 6 of Table 1-4. The last column in the two 
steam tables gives the amount of heat necessary to 
change water at 32 F to steam at the temperature or 
pressure given in column 1. For example, from Table 
1-4 the enthalpy of steam at atmospheric pressure 
(14.696 psia) is given as 1150.4 Btu per lb. This total is 
made up of two parts: 

1. The heat needed to raise the temperature of the 
water from 32 F to 212 F. This amounts to 180.07 
Btu per lb., column 5. 

2. The heat needed to evaporate the water at 212 F. 
This amounts to 970.3 Btu per lb., column 6. 

The sum is 1150.4 Btu per lb. (column 7). 

How much heat would be required to change water 
at 70 F to steam at 250 F? From Table 1-3, line 250 F, 
the enthalpy of steam in column 8 is 1164.0 Btu per lb.; 
from column 6 of the same table, line 70 F, the enthalpy 
of water is 38.04 Btu per Ib. Since the enthalpy of 1164.0 
represents the heat content of the steam at its final 
condition and the enthalpy of 38.04 represents the heat 
content of water at its initial state, the difference is 
1125.96 Btu per lb. which is the amount of heat that 
must be added to the water at 70 F to change it into 
steam at 250 F. 

Tables 1-3 and 1-4 of the steam tables really provide 
the same data — the only difference being that column 
1 in Table 1-3 is temperature and column 1 in Table 1-4 
is pressure. Sometimes it will be convenient to use the 
two tables together. As an example, what is the latent 
heat of vaporization for steam at a temperature of 
240 F? Referring to Table 1-3 we note that in column 
1 there is no 240 F line. To the right section of Table 1-4 
and running down column 2 the entry 240.07 F appears. 
This means that water at a pressure of 25 psia boils at 
240.07 F. For all practical purposes, 240.07 F is the 
same as 240 F, the latent heat of vaporization is read 
in column 6 as 952.1 Btu per lb. 


SATURATED STEAM ~ 


GAS BURNERS 


FIGURE 1-E 
GENERATING SUPERHEATED STEAM 


Superheated Steam 


If water is first evaporated in a closed vessel, and 
the steam is then passed through a coil or superheater 
as in Figure 1-E, the heat added to the saturated steam 
will superheat the steam. The term superheating 
means that the temperature of the steam is raised 
above the point at which it was evaporated. Steam at 
the same temperature as boiling water is called satu- 
rated steam in contrast to superheated steam, which is 
steam at a temperature higher than that of boiling 
water under the same pressure. 

It’s impossible to superheat steam in the presence 
of water because all of the heat supplied will only evap- 
orate the water; the temperature of the water and the 
steam will remain constant at the boiling point until the 
last of the water has evaporated. Steam can be super- 
heated only by separating it from the water as it forms, 
as in Figure 1-E. In order to condense superheated 
steam, it must first be cooled down to the boiling point 
corresponding to its pressure. 

After the steam has been desuperheated, further 
removal of heat will result in its condensation. Super- 
heated steam has many uses in the generation of power. 
Turbines and steam engines that are run on super- 
heated steam are more efficient than those supplied 
with saturated steam. Important from the standpoint 
of air conditioning is the fact that all moisture in 
atmospheric air exists in the form of superheated 
steam at very low pressure. 

In cooling a mixture of air and superheated steam, 
the steam is desuperheated until it reaches the point at 
which it starts to condense. This point is called the dew 
point of the air, although it is actually the condensing 
temperature of the low pressure steam. 


1-2. 


1-3. 


1-5. 
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PROBLEMS 


. A thermometer reads 34 C. Find the reading of a Fahrenheit 


thermometer placed alongside of it. 


How much heat is required to raise the temperature of 12.6 lb. 
of alcohol from 62 F to 113 F? 


The addition of 1150 Btu to a certain substance raises its 
temperature from 35 F to 129 F. The weight of the substance 
is 50 Ib. Find its specific heat. 


. An aluminum heating coil weighing 300 Ib. is in a room at 55 


F. Steam at 2 psig is turned into the coil. How much heat will 
be required to heat the coil up to steam temperature? 


A heating coil raises the temperature of air flowing through it 
from 40 F to 110 F. If 400 lb. per min. of air flow through the 
heater, how much heat must be supplied to the air per hour? 


Calcium brine (20 percent solution) flowing through an ammo- 
nia evaporator is cooled from 45 F to 17 F. If the refrigerating 
plant can remove 1500 Btu per minute, how many pounds of 
brine can be cooled per hour? 


1-7. 6000 lb. per hr. of sodium brine (20 percent solution) are used 


to cool 242 lb. of air per min. The temperature of the brine rises 
from 35 F to 50 F. If the air enters the cooler at 85 F, what will 
be its final temperature? There is no condensation of moisture 
from the air. 


1-8. A gauge indicates a pressure of 75 psig. Find the absolute 


pressure in pounds per square inch. Find the absolute pressure 
in inches of mercury. 


1-9. A gauge on a tank indicates a vacuum of 12.6 in. of mercury. 


Find the absolute pressure in inches of mercury. 


1-10. The gauge on a boiler reads 10.9 in. of vacuum. Find the 


temperature of the boiling water. 


1-11. How much heat is required to evaporate 230 lb. of water per 


hr under a pressure of 111.3 psig, if the water enters the boiler 
at 190 F? 


CHAPTER II 


COMFORT 


A simple definition of air conditioning is the simul- 
taneous control of temperature, humidity, air move- 
ment, and the quality of air in a space. 

The use of the conditioned space determines the 
temperature, humidity, air movement, and quality of 
air that must be maintained. Air conditioning systems 
are able to provide widely varying atmospheric condi- 
tions which could include those necessary for drying 
telephone cables to those necessary for cotton spinning. 
Realistically speaking, a quality air conditioning sys- 
tem properly controlled can maintain virtually any at- 
mospheric condition regardless of the variations in 
outdoor weather. 

While the range of temperatures and humidities 
utilized in comfort cooling is a relatively small band, the 
location of this band on the psychrometric chart will 
depend on the season of the year. 

Beyond this, air cleanliness and movement must be 
given strong consideration. Air entering the condi- 
tioned space must be cleaned, that is, freed of harmful 
dust and soot particles. Indoor air quality is important 
from the standpoint of health. The walls and ceilings of 
rooms supplied with properly filtered air will need 
cleaning less frequently than those supplied with air 
that has not been properly cleaned or filtered. There is 
little question that considerable dust can be carried into 
a room by an unfiltered air supply. 

A filtration discussion will be found in a later chap- 
ter. 

Proper air circulation in a conditioned space is es- 
sential to maintaining good comfort. The air must cir- 
culate freely in the room to which it is delivered. Proper 
circulation of the air will allow it to absorb heat and 
moisture uniformly throughout the entire room. It is 
important, however, that air movement be gentle so as 
to not cause objectionable drafts. 

Good comfort is subjective and can be defined as 
any condition which, when changed, will make a person 
uncomfortable. While this sounds paradoxical, it just 
means that a person is not aware of the best air con- 
ditioning systems when he or she is comfortable. If a 
person is uncomfortably warm, then the temperature, 
humidity, or air movement (or all three) are out of the 
normal range. As previously stated, in a quality air 


conditioning system one is not really conscious of the 
temperature or humidity because they are comfort- 
able. Neither is there any awareness of equipment 
noise or air movement since these must also be kept 
within allowable comfort parameters. 

Arriving at the best conditions for comfort and 
health has been the object of considerable research 
work. Therefore, much information is available con- 
cerning factors affecting human comfort. An excellent 
reference for the parameters of human comfort may be 
found in ANSI/ASHRAE Standard 55-1992 entitled 
Thermal Environmental Conditions for Human Oc- 


cupancy. 


Heat Balance on the Body 


The human body may be compared to a furnace 
using food as fuel. Its individual comfort depends upon 
how fast or how slow the body loses or gains heat. The 
food for the human body is largely carbon and hydro- 
gen; energy contained in the fuel (food) is released by 
oxidation. The oxygen necessary for this process comes 
from air, and the principal products of combustion are 
carbon dioxide and water vapor. The physician calls 
this process metabolism. 

Think of the body as essentially a constant tem- 
perature machine. Its internal temperature is kept at 
98.6 F by the delicate temperature regulating mecha- 
nism within the body. 

Therefore the principal object of air conditioning is 
to assist the body in controlling its cooling rate. This is 
true for both winter and summer conditions. In sum- 
mer, the job is to increase the cooling rate of the body; 
in winter, it is to decrease the cooling rate. 

With this in mind, it is possible to compile a heat 
balance for the human body and study the ways that the 
body’s cooling rate can be controlled. 

As previously mentioned, metabolism is the pro- 
cess by which the body produces heat. This then will be 
shown on the left side of the equation. On the right side 
of the equation will be shown the ways in which the 
body loses heat. 


(2-1) 
(2-2) 


Heat produced = Heat lost 
M=+4,+4+4% 
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= metabolism, Btuh 
qs = sensible heat loss, Btuh 
qr = radiant heat loss, Btuh 
q: = latent heat loss (evaporation), Btuh 

To summarize, acceptance of the thermal environ- 
ment and the perception of comfort and temperature 
are related to metabolic heat production, its transfer to 
the environment, and the resulting physiological ad- 
justments and body temperatures. 

The heat transfer is influenced by environmental 
factors of air temperature, thermal radiation, air speed 
and humidity, and by the personal factors of activity 
and clothing. Thermal sensations are subjectively de- 
scribed by feelings termed hot, warm, slightly warm, 
neutral, slightly cool, cool, and cold. A great deal of 
experience has been gained over the years concerning 
how thermal sensations are related to environmental 
parameters. This dissatisfaction may be caused by 
warm or cool discomfort for the body as a whole (gen- 
eral thermal discomfort) as expressed by the operative 
temperature. However, thermal dissatisfaction may 
also be caused by an undesirable heating or cooling of 
one particular part of the body (local thermal dis- 
comfort). 

Because of individual differences, it is impossible to 
specify a thermal environment that will satisfy every- 
one. General thermal discomfort limits are based on a 
10 percent dissatisfaction criteria while local thermal 
comfort limits are based on a 5 to 15 percent dissatis- 
faction criteria. Generally speaking, the overall goal is 
to specify a thermal environment that is acceptable to 
at least 80 percent of the occupants. 


In general, two things can cause the body temper- 
ature to rise: fever or continuous heavy activity. The 
body temperature will drop in freezing weather if it is 
not properly protected. If a rise or fall of body tem- 
perature were considered, equation 2-2 would need a 
“storage term.” However, for this example, such spe- 
cial events will be discounted and only a normal, 
healthy, comfortable body will be considered. 

The left side of the equation 2-2 can be the basal 
metabolism. This is defined as the amount of heat gen- 
erated by an unclothed human reclining at rest in an air 
temperature of about 70 F. For an individual of average 
weight and body build, the basal metabolism is about 
280 Btuh. About 60 Btuh is used by the heart and lungs; 
the balance is used for oxidation. 


With the exception of clinics and hospitals, the air 
conditioning engineer has only a passing interest in 
basal metabolism. The people he must keep comfort- 
able are clothed and have various degrees of activity. 
So the left side of equation 2-2 becomes the actual 
metabolic rate of the individual. This is the heat gen- 


erated by the individual; it varies from about 350 to 
1100 Btuh. The metabolic level for certain activities will 
be found in Table 3-14. 

The right side of equation 2-2 is the heat lost from 
the body. These terms represent the ways that the 
body is able to keep itself at essentially a constant 
temperature. This is really a remarkable feat, consid- 
ering that activity may vary from sleeping to heavy 
work and in an air conditioned atmosphere or in the 
broiling sun. Now each of the heat loss terms in equa- 
tion 2-2 will be discussed. 


Sensible Heat Loss 


Note the “plus-and-minus” sign in front of the sen- 
sible heat term in equation 2-2. This indicates that the 
body can either lose or gain sensible heat. The key here 
is the air temperature surrounding the body. If the air 
temperature is below the skin temperature, the sen- 
sible heat term is “plus” — the body is losing sensible 
heat to the air. If the air temperature is above the skin 
temperature, the sensible heat term is “‘minus” — the 
body is gaining sensible heat from the air. 

Some of the heat liberated in a furnace is trans- 
mitted through the air surrounding the furnace walls. 
Similarly, some of the heat liberated from the body is 
transmitted to the air in contact with the skin. Al- 
though the deep body temperature remains at 98.6 F, 
the skin temperature can vary. The skin temperature 
will vary from 40 to 105 F according to the tempera- 
ture, humidity, and velocity of the surrounding air. If 
the temperature of the surrounding air falls, the skin 
temperature will also fall. 

The range of skin temperatures, at any location on 
the body, is comparatively small. A change of 10 de- 
grees F in room temperature does not produce any- 
thing like a change of 10 degrees F in skin temperature. 
For example, in one series of tests reported, the fore- 
head temperatures ranged from 93 F in air at 64 F, to 
100 F in air at 96 F. So, as the temperature of the air 
rises, the difference in temperature between the skin 
and the air decreases. 

At normal indoor winter temperatures, there is a 
steady flow of sensible heat from the skin to the sur- 
rounding air. The amount of the sensible heat lost de- 
pends upon the temperature difference between the 
skin and air. Inasmuch as this difference decreases as 
the temperature of the surrounding air rises, with a 
temperature rise, less sensible heat will be transferred 
to the surrounding air. When surrounding air is about 
70 F, most people lose sensible heat at a rate that 
renders them comfortable. If the air rises to 80 F’, the 
sensible heat loss drops to 0. The reason is that 80 F is 
an average surface temperature for an adult. This of 
course is when that person is indoors during the heat- 
ing season and wearing comfortable clothing. If the air 
temperature continues to rise, the body will actually 
gain heat from the air. 
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Radiant Heat Loss 


The body gains or loses heat by radiation according 
to the difference between two temperatures: 

(1) The body surface (bare skin and clothing) tem- 
perature, and 

(2) The mean radiant temperature. 

Mean radiant temperature is abbreviated MRT. It is 
the uniform surface temperature of an imaginary black 
enclosure in which an occupant would exchange the 
same amount of radiant heat as in the actual non- 
uniform space. It is often considered as a weighted 
average of the temperature of all of the surfaces in 
direct line of sight of the body. 

If the mean radiant temperature is below the body 
temperature, the radiant heat term (q,) in equation 2-2 
is “plus” and the body is losing radiant heat to surfaces 
it can see. If the MRT is above the body temperature, 
qr is “minus” — the body temperature is then gaining 
radiant heat. It should be remembered that the body 
loses sensible and radiant heat according to its surface 
temperature. For a comfortable adult normally 
dressed, the weighted average between bare skin and 
clothed surfaces is 80 F. 

Surface temperatures in a conditioned space have 
a lot to do with comfort. Suppose during the heating 
season, a person is working at a desk facing the center 
of a room with the person’s back 5 feet from the outside 
wall. The wall surface temperature is 59 F. Assume the 
air distribution in the room is almost perfect - 74 F at 
2 in. below the ceiling, 73 F at 2 in. above the floor, and 
73.5 F all around, including the space between the 
person’s back and the wall. Will that person be com- 
fortable? Depending upon clothing being worn, prob- 
ably not. Because the radiant heat loss is so high, the 
person will feel chilly. What can be done to correct this 
situation? The temperature of the wall surface cannot 
be conveniently changed. The position of the desk 
might be changed so the person’s back was against an 
inside wall. The surface temperature of an inside wall 
will be near the air temperature — probably 73 F. So 
the radiant heat loss will be one-third of what it was. 
(Now the temperature between the person’s back and 
the inside wall is 7 degrees — 80 - 73 = 7. Previously 
it was 21 degrees — 80 - 69 = 21.) If the desk cannot be 
moved, what else might be done? The temperature of 
the air might be increased by turning up the thermo- 
stat, thus decreasing the sensible heat loss from the 
body. Suppose the air temperature is set at 77 F. This 
will decrease the sensible heat loss by the same amount 
that the radiant heat loss was decreased by moving the 
desk from the outside wall. This then balances the heat 
loss from the body. The only problem is that when this 
is done, everyone else in the room will be too warm. 

Exactly the same thing might be true during the 
cooling season. One might be too warm because of the 
radiant heat that the body gains from a warm outside 
wall or window. In this case the sensible heat loss from 


the body should be increased by decreasing the air 
temperature. This puts body heat loss in balance, but 
everyone else in the room will be too cool. 

There is an important point to this discussion. 
Even though it was assumed the air distribution was 
excellent and the air temperature could be raised or 
lowered at will, still everyone in the room could not be 
made comfortable all the time. This means that there 
is more to comfort than simply mechanical equipment. 
Although good equipment properly operated will pro- 
vide comfort in most instances, if the equipment is not 
applied properly it will not do the job. Building con- 
struction and orientation, and the type of occupancy 
also strongly influence the level of comfort that will be 
experienced. 


Latent Heat Loss (Evaporation) 


The last term in equation 2-2 is latent heat or per- 
spiration. This is always a positive number. Even at 
rest the body requires about 100 Btuh to evaporate 
moisture into the inhaled air to keep the lungs moist. 
If it were not for this fact, lung tissues would stick 
together and not enough air would enter the lungs to 
keep a person alive. Visual evidence of this is the fact 
that you can see the breath when exhaling on a frosty 
morning. This is evidence that the air leaving the lungs 
has a high moisture content. 

Evaporation heat regulation is the body process 
that sustains life outside of an air conditioned space. 

Equation 2-2 explains this. Suppose one goes out- 
side when the air temperature is 100 F. The sensible 
heat loss is “minus” because the body is gaining heat 
from the air. The MRT is much higher than the body 
surface temperature; the sidewalk, street, building 
walls, and everything the body “sees” is above body 
surface temperature. Thus, the second term is also 
“minus” because the body is gaining radiant heat. But 
as one walks down the sidewalk, the left side of the 
equation 2-2 (metabolism) is about 700 Btuh. So to main- 
tain its heat balance, the body must lose about 1,025 
Btuh by evaporation. Nature takes care of this by au- 
tomatically opening the sweat glands. 

Moisture on the body surface then evaporates. 
Most of the heat required to convert (evaporate) the 
moisture to a vapor comes from the body. As long as the 
air will carry away the water vapor, the skin temper- 
ature will remain cool. This in turn keeps the deep body 
temperature at nearly 98.6 F. Said another way — 
evaporation is a cooling process. 

Moisture lost by the body, whether in the exhaled 
air or from the skin, is in the form of steam at extremely 
low pressures. The body supplies the necessary latent 
heat to evaporate the moisture that it loses. What 
bearing does the loss of moisture have on comfort when 
the temperature of the surrounding air rises from the 
comfortable seventies to the eighties and nineties? As 
the dry bulb temperature of the air rises, less sensible 
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heat is lost by the body, but the latent heat loss in- 
creases because the loss of moisture from the body 
increases. Thus at 70 F, 290 Btuh of sensible heat and 
110 Btuh of latent heat are lost. At 80 F the sensible 
heat loss drops to nearly zero; but the latent heat in- 
creases to almost 400 Btuh. Still in both cases, the total 
heat loss is the same, approximately 400 Btuh. When 
the outside air temperature rises to above 90 F, all the 
body heat is carried away as latent heat. 

When people work under conditions of high tem- 
perature and high humidity, both the sensible heat loss 
and evaporation of moisture from their skin are re- 
tarded. Under these conditions, the rate of sensible 
heat transfer and evaporation must be increased by 
increasing air flow at higher velocities over the body. 
In this way, the evaporation of moisture from the sur- 
face of the skin is greatly accelerated, with a conse- 
quent increase in the total heat transferred from the 
skin to the air. 


Comfort and Effective Temperature 


There appears to be no single rigid rule as to the 
best atmospheric conditions for comfort for all people. 
Under the same conditions of temperature and humid- 
ity, the healthy young man is slightly warm while the 
elderly woman is cool. The customer who steps into a 
conditioned store from the outside heat of the street 
experiences a welcome sense of relief. The active clerk 
who has been in the store for several hours may be a 
bit too warm for perfect comfort. The dancers on the 
floor of a restaurant feel somewhat warm, the patrons 
seated at the tables are comfortable, or perhaps 
slightly cool. 

The comfort of an individual is affected by many 
variables. Health, age, activity, clothing, sex, food, and 
acclimatization all play their part in determining the 
elusive “best comfort conditions” for any particular 
individual. Personal comfort is subjective for each in- 
dividual and therefore hard and fast rules that will 
apply to all conditions and to all people cannot be given. 
The best that can be done is to approximate those 
conditions under which a majority (90 percent) of the 
occupants of a room will feel comfortable. 

Figure 2-A is based on the results of tests in which 
people were subjected to air at various temperatures 
and humidities. The coordinates of this chart are dew 
point temperature in degrees Fahrenheit and opera- 
tive temperature in degrees Fahrenheit. The operative 
temperature (t,) is the uniform temperature of an imag- 
inary black enclosure in which an occupant would ex- 
change the same amount of heat by radiation plus 
convection as in the actual non-uniform environment. 
Operative temperature is the numerical average of the 
air temperature (t,) and mean radiant temperature (t,) 
weighted by their respective heat transfer coefficients 
(h, and h,): 


to = (hota + h,ty) > (h, + hy) 
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FIGURE 2-A 


ACCEPTABLE RANGES OF OPERATIVE TEMPERATURE AND HUMIDITY 
FOR PEOPLE IN TYPICAL SUMMER AND WINTER CLOTHING DURING 
LIGHT, PRIMARILY SEDENTARY ACTIVITY (< 1.2 METABOLIC RATE). 
(Note: The ranges are based on a 10 percent dissatisfaction criterion.) 


The lines sloping upward from left to right repre- 
sent constant relative humidity corresponding to var- 
ious combinations of dry and wet bulb temperatures. 
The dotted vertical lines across the humidity lines and 
approximately perpendicular to them are lines of con- 
stant effective temperature (ET). 

Effective temperature is not an actual tempera- 
ture in the sense that it can be measured by a ther- 
mometer. It is an experimentally determined index of 
the various combinations of temperature, humidity, 
and air movement which induce the same feeling of 
warmth. ASHRAE defines effective temperature as 
the operative temperature of an enclosure at 50 percent 
relative humidity that would cause the same sensible 
plus latent heat exchange from a person as would the 
actual environment. 

Figure 2-A must be used with care: Once the con- 
ditions under which the data were obtained are clearly 
understood, the reader’s judgment will indicate 
whether or not the chart will apply to a particular 
condition. The original ASHRAE comfort chart was 
prepared in 1923 with an air movement of 15 to 25 fpm. 
Two test rooms were used. The dry and wet bulb tem- 
peratures were adjusted to give about the same feeling 
of warmth in each room. After subjects became accli- 
mated to the conditions in one chamber they moved into 
the other chamber. They immediately voted their re- 
action to the new conditions: warmer, cooler, or same. 
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Using several trained subjects and changing the 
conditions of the test rooms many times, a large mass 
of data was gathered. Thus the lines of effective tem- 
perature (equal warmth) were drawn. Table 2-1 shows 
the optimum and acceptable ranges of operative tem- 
perature for people during light, primarily sedentary 
activity (< 1.2 metabolic rate) at 50 percent relative 
humidity and mean air speed < 0.15 m/s (30 fpm). Note 
that the operative temperature ranges for Table 2-1 
were arrived at based on a 10 percent dissatisfaction 
criteria. Other than clothing, there were no adjust- 
ments for season or sex to the temperatures of Table 
2-1. For infants, certainly elderly people and individ- 
uals who are physically disabled, the lower limits of 
Table 2-1 should be avoided. 

Because of the seasonal clothing habits of building 
occupants, the temperature range for comfort in sum- 
mer is higher than in winter. The operative tempera- 
ture range in which theoretically no more than 10 
percent of the occupants during light, primary seden- 
tary activity (< 1.2 metabolic rate), assuming they 
wear the same level of clothing insulation, will find the 
environment thermally acceptable as given in Table 
2-1. The acceptable range of operative temperatures 
and humidities for the winter and summer is further 
defined on the psychrometric chart shown in Figure 2-A. 

The winter and summer comfort zones overlap in 
the 73 to 75 F range. That is in this region people in 
summer dress would tend to approach the slightly cool 
sensation while those in winter clothing would be near 
the slightly warm sensation. In reality the boundaries 
of each zone are not as sharp as depicted in Figure 2-A 
due to individual, clothing, and activity differences. 
Table 2-1 also gives us the acceptable operative tem- 
perature range for sedentary persons in minimal cloth- 
ing (e.g. briefs). 

Comfort conditions for clothing levels different 
from those given can be determined approximately by 
lowering the temperature range of Table 2-1 or Figure 
2-A by 1 degree F for each 0.1 clo of increased clothing 
insulation. However, at lower temperatures, comfort 
depends on the maintenance of a reasonably uniform 
distribution of clothing insulation over the entire body, 
and in particular, for hands and feet. For sedentary 
occupancy of more than an hour, the minimum opera- 
tive temperature should not be less than 65 F. 
Humidity 

In the zone occupied by people engaged in light, 
primarily sedentary activity (< 1.2 metabolic rate), 
humidity should conform with the limits shown in 
Figure 2-A. Note that the upper and lower limits of 
relative humidity are based on considerations of dry 
skin, eye irritation, respiratory health, microbial 
growth, and other moisture-related phenomena. It 
should be noted that temperatures of building surfaces 
and materials (e.g. windows, ductwork) must be con- 
trolled to avoid condensation. 


Air Speed (Non-directional) 


Within the thermally acceptable temperature 
ranges of Table 2-1 and Figure 2-A, there is no mini- 
mum air speed that is necessary for thermal comfort. 
For sedentary persons, it is essential to avoid drafts. 
People with higher activity levels in the conditioned 
space are not as sensitive to drafts. 

The temperatures may be increased above the 
level allowed for the comfort zone if a means is provided 
to also elevate the air speed. The benefits that can be 
gained by increasing air speed depend on clothing, ac- 
tivity, and the difference between the surface temper- 
ature of the clothing/skin and the air temperature. 
Figure 2-B shows the air speed that is required for 
clothing activities that correspond to the summer com- 
fort zone in Figure 2-A. 

For sedentary people, this option may not be used 
to increase the temperature by more than 5.4 degrees F 
above the comfort zone and it may not be used if the 
speed required is more than 160 fpm. The air speed 
and/or direction at the work locations must be under 
the direct control of the affected occupants and adjust- 
able in steps no greater than 50 fpm if this option is to 
be used effectively. 


Air Speed, fpm 


FIGURE 2-B 


AIR SPEED REQUIRED TO OFFSET INCREASED TEMPERATURE. 


The air speed increases in the amount necessary to maintain the same total 
heat transfer from the skin. This figure applies to increases in temperature 
above those allowed in the summer comfort zone with both t, and t, increasing 
equally. The starting point of the curves at 0.2 m/s (40 fpm) corresponds to the 
recommended air speed limit for the summer comfort zone at 26 C (79 F) and 
typical ventilation (1.e., turbulence intensity between 30% and 60%). Accep- 
tance of the increased air speed requires occupant control of the local air speed. 


Vertical Air Temperature Difference 


Air temperatures in an enclosed space generally 
increase from floor to ceiling. If this increase is suffi- 
ciently large, local warm discomfort can occur at the 
head and/or cold discomfort at the feet, although the 
body as a whole is thermally neutral. Therefore to 
prevent local discomfort, the vertical air temperature 
difference within the occupied space, measured at the 
4 inch and 67 inch levels should not exceed 5 F. 
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Radiant Temperature Asymmetry 


Asymmetric radiation from hot and cold surfaces 
and from direct sunlight can cause local discomfort and 
reduce the thermal acceptability of the space. In gen- 
eral, people are more sensitive to asymmetric radiation 
caused by a warm ceiling than that caused by hot and 
cold vertical surfaces. Therefore, to limit local discom- 
fort, radiant temperature asymmetry in the vertical 
direction should be less than 9 F and in the horizontal 
direction less than 18 F. The radiant temperature 
asymmetry in the vertical direction is the difference in 
plain radiant temperature of the upper and lower parts 
of the space with respect to a small horizontal plane 2 
ft. (seated) or 3.6 ft. (standing) above the floor. In the 
horizontal direction it is the difference in plane radiant 
temperatures in opposite directions from a small ver- 
tical plane 2 ft (seated) or 3.6 ft. (standing) above the 
floor. 


Floor Temperatures 


To minimize foot discomfort, the surface temper- 
ature of the floor for people wearing typical indoor 
footwear should be between 65 F and 84 F. For floors 
that people may occupy with bare feet, the optimal floor 
temperature will depend on the type of floor material 
(see Chapter 8, 1989 ASHRAE Handbook Fundamentals). 


Draft 


Air speed may cause unwanted local cooling of the 
body defined as draft. The risk of draft depends on the 
mean speed, the turbulence intensity, and the temper- 
ature of the air. Sensitivity to draft is greatest where 
skin is exposed at the head and ankles. Figure 2-C 
shows the mean air speed limits at these locations 
needed to limit the draft risk. Higher air speeds may 
be acceptable if the person has individual control of the 


local air speed. 
Air Temperature, °C (te) 


20.0 211 22.2 23.3 24.4 


Mean Air Speed (fpm), Vv 
Mean Air Speed (m/s), ¥ 


68 70 72 74 76 78 80 
Air Temperature, °F (ta) 


FIGURE 2-C 


ALLOWABLE MEAN AIR SPEED (¥) AS A FUNCTION OF AIR 

TEMPERATURE (t,} AND TURBULENCE INTENSITY (T,). 
Note: The turbulence intensity may vary between 30% and 60% in conven- 
tionally ventilated spaces. In rooms with displacement ventilation or without 
ventilation, the turbulence intensity may be lower (see Appendix B, Air 
Drafts). The figure is based on a 15% acceptable level and the sensation at the 
head/feet level where people are most sensitive. Higher air speeds may be 
acceptable if the affected occupants have control of local air speed to meet their 
individual needs. 


People at Different Activity Levels 


The temperatures of Table 2-1 and Figure 2-A may 
be decreased when the average steady state activity 
level of the occupants is higher than light, primarily 
sedentary (> 1.2 metabolic rate). The optimum oper- 
ative temperature per activity depends on both the 
time weighted average (e.g., about 30 to 60 minutes) 
activity level and the clothing insulation. This temper- 
ature may be found from Figure 2-D. Note that the 
minimum allowable operative temperature for these 
activities is 59 F. 
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FIGURE 2-D 


OPTIMUM OPERATIVE TEMPERATURES FOR ACTIVE PEOPLE IN 
ENVIRONMENTS WITH LOW AIR SPEED (¥ < -/15 m/s (30 fpm)). 


The acceptable range (based on a 10 percent dis- 
satisfaction criteria) will increase with activity and 
clothing. The ranges are approximately plus or minus 
2.7 F for 0.1 clo, plus or minus 3.6 F for 0.5 clo, and plus 
or minus 5.4 F for 0.9 clo. Table 2-2 gives the metabolic 
heat production levels associated with some common 
activity. 

It must also be remembered that people may re- 
move some of their normal clothing when performing 
hard or heavy work. In addition, body movement will 
decrease the insulation value of the clothing because 
increased heat exchanged between the body and the 
environment may result from the pumping of air out- 
side and also through the clothing openings and fabrics. 


Elevated air speeds can be used to improve com- 
fort at these activity levels; however, precise relation- 
ships have not been established. Due to increased skin 
wetness, the effect of increased speed is greater with 
elevated activity than with the sedentary activity rep- 
resented in Figure 2-B. Thus Figure 2-B is conserva- 
tive for activity levels above 1.2 metabolic rate. Air 
speeds and temperature limits are also higher. For 
activity levels above 2.0 metabolic rate, air speed as 
high as 300 feet per minute is acceptable as long as the 
higher speed does not cause problems unrelated to 
thermal comfort (e.g., blowing of papers). Elevated air 
speeds should not be used to offset increased air tem- 
peratures greater than 7.2 F with activities greater 
than 2.0 metabolic rate. 
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Non-Uniformity 


For people at higher activity levels there are no 
recommended limits for local thermal discomfort due to 
non-uniformity of the thermal environment. In general, 
it can be assumed that more active people are less 
sensitive, and they will be able to accept higher degrees 
of non-uniformity than people with light, primarily sed- 
entary activity. 

General field studies by ASHRAE of large num- 
bers of office workers have lead to some interesting 
observations: 


1. Women of all age groups prefer an effective tem- 
perature approximately 1 degree higher than men. 

2. All men and women over 40 years of age prefer an 
effective temperature 1 degree higher than per- 
sons below this age. 


3. For different geographical regions and age groups, 
the most popular conditions vary from the low of 
69 ET to a high of 73 ET. 


While geographic location may account for a spread 
of 4 degrees in the desirable effective temperature, it 
should be pointed out that variations in the sensation 
of comfort among individuals may be greater in a par- 
ticular environment than variations due to a difference 
in geographical location. Sometimes the engineer will 
be faced psychological problems: Individuals who are 
not comfortable no matter what the effective temper- 
ature because they are in a glass block building and 
cannot see outside; or, the individuals who are not 
comfortable unless they have windows open. There is 
a valuable lesson in psychology in the statement that a 
person who thinks he is uncomfortable is just as un- 
comfortable as if he were uncomfortable. 


Air Distribution 


Air introduced into a conditioned space should be 
distributed in such a way that within the occupied zone 
(floor level to 6 ft above the floor) there are only minor 
horizontal or vertical temperature variations and the 
proper quality of air is delivered to the different sec- 
tions of the room according to the heating or cooling 
requirements. Yet both of these requirements must be 
met without serious drafts and there must be air 
motion or the occupants will feel uncomfortable. Heat 
and moisture must be carried away from the body as 
they are liberated or a stagnant film of warm, moist air 
would envelop each occupant. Therefore the type of 
occupancy, the physical arrangement of the room, the 
acceptable noise level, and the degree of activity of the 
occupants all have a bearing on the permissible air 
velocity in a conditioned space. Generally, a velocity 
under 25 fpm is considered to be still air while air 
moving at 65 fpm would constitute a draft to most 
people. 


In order to cool an air conditioned space the supply 
air is usually introduced into the room at between 12 
and 30 degrees below the required room air tempera- 
ture and at a velocity considerably above 15 fpm. Sup- 
pose the room were to be maintained at 78 F and the 
conditioned air supply were introduced at 60 F and 500 
fpm. A good air distribution system for this room 
should have the following characteristics: 

1. It should entrain enough room air with the cold 
supply air that upon reaching the occupied zone the 
air stream is warm enough not to be objectionable. 
This requires the use of diffusers with a sufficiently 
high aspiration ratio (1:1). 

2. The distribution system must sufficiently reduce 
the air velocity before reaching the occupied zone 
to the point that there will be freedom from drafts. 

3. The system must provide a turbulent, eddying 
motion within the entire occupied zone to ensure 
adequate mixing. 

4. The system must keep air noise from the supply 
outlets and the return air grilles below the objec- 
tionable level. 

While it may seem that these requirements are 
stringent, it should also be pointed out that an air 
conditioning job may have the very best mechanical 
components (compressor, controls, etc.) and yet, from 
the owner’s standpoint, be unsatisfactory if the air 
distribution system is not providing adequate comfort 
for the occupants. 


Ventilation Air 


An adequate amount of outdoor air must be deliv- 
ered by the air conditioning system to the conditioned 
space in order to prevent noticeable odors and at the 
same time help to ensure adequate indoor air quality. 
ASHRAE, in Standard 62-1989 and subsequent ad- 
denda, defines acceptable indoor air quality as air in 
which there are no known contaminants at harmful 
concentrations as determined by cognizant authorities 
and with which a substantial majority (80% or more) of 
the people exposed do not express dissatisfaction. 
Whenever humans gather or processes are present, 
odors will inevitably be present. Sufficient outdoor air 
of acceptable quality must be introduced to dilute the 
room air and keep these odors within acceptable limits. 
In addition to the odor consideration, the air condition- 
ing system must also provide adequate amounts of 
ventilation air to ensure acceptable levels of other con- 
taminants such as COs, airborne particulate contami- 
nants, combustion products, microorganisms, dust, and 
volatile organic compounds. In cases where smoking is 
permitted, the smoke problem is, as a rule, more dif- 
ficult than the problem of odor control. To adequately 
handle ventilation requirements, the reader should 
comply with the latest version of ASHRAE Standard 
62 (currently 62-1989) entitled Ventilation for Accept- 
able Indoor Air Quality. The purpose of this standard 
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is to specify minimum ventilation rates and indoor air 
quality which will be acceptable to human occupants 
and which will avoid adverse health affects. 

The standard applies to all indoor or enclosed 
spaces occupied by people, except where other appli- 
cable standards and requirements dictate higher levels 
of ventilation than those called for by the standard. 
Release of moisture in residential kitchens and bath- 
rooms, locker rooms and swimming pools is included 
within the scope of the standard. Table 3-22A from 
ASHRAE Standard 62-1989 provides the outdoor air 
requirements for ventilation for both commercial and 
institutional facilities. 

While the ASHRAE standard allows for alterna- 
tive procedures to obtain acceptable air quality in- 
doors, including either a ventilation rate procedure or 
an indoor air quality procedure, in most cases the de- 
signer will follow the ventilation rate procedure. Using 
this procedure, acceptable air quality is achieved by 


providing ventilation air of the specified quantity and 
quality to the space. The indoor air quality procedure, 
while capable of providing adequate indoor air quality, 
is a much more difficult procedure to follow to achieve 
acceptable air quality. With this procedure, acceptable 
air quality is achieved within the space by controlling 
known and specifiable contaminants. The indoor air 
quality procedure could result in a ventilation rate 
lower than that which would result from the ventilation 
rate procedure, but the presence of a particular source 
of contamination in the space might result in increased 
ventilation requirements. Beyond this, a change in 
space use, contaminant level or operational procedures 
could require relatively frequent reevaluation of the 
design and subsequent implementation of needed 
changes. For this reason, most system designers are 
following the ventilation rate procedure in their cur- 
rent practices. 


CHAPTER Ill 


HEAT GAINS 


The space heat gain (instantaneous rate of heat 
gain) is the rate at which heat enters into and/or is 
generated within a space at a given moment. Heat gain 
is classified by (1) the mode by which it enters the space 
and (2) whether it is a sensible or latent gain. 

The modes of heat gain may be as (1) solar radiation 
through transparent surfaces, (2) heat conduction 
through exterior walls and roofs, (8) heat conduction 
through interior partitions, ceilings and floors, (4) heat 
generated within the space by occupants, lights, and 
appliances, (5) energy transfer as a result of ventilation 
and infiltration of outdoor air, or (6) miscellaneous heat 
gains. 

Sensible heat gain is directly added to the condi- 
tioned space by conduction, convection, and radiation. 
Latent heat gain occurs when moisture is added to the 
space (e.g., from vapor emitted by occupants and equip- 
ment). To maintain a constant humidity ratio, water 
vapor must condense on the cooling apparatus at a rate 
equal to its rate of addition to the space. The amount 
of energy required to offset the latent heat gain es- 
sentially equals the product of the rate of condensation 
and the latent heat of condensation. In selecting a cool- 
ing apparatus, it is necessary to distinguish between 
sensible and latent heat gain. Every cooling apparatus 
has a maximum sensible heat removal capacity and a 
maximum latent heat removal capacity for particular 
operating conditions. 


Space Cooling Load 


The space cooling load is the rate at which heat 
must be removed from the space to maintain a constant 
air temperature. The sum of all instantaneous space 
heat gains at any given time does not necessarily equal 
the cooling load for the space at that time. 

Space heat gained by the radiation is not immedi- 
ate. Radiant energy must first be absorbed by the 
surfaces enclosing the space (walls, floor, and ceiling) 
and by the object in the space (furniture, people, etc.). 
As soon as these surfaces and objects become warmer 
than the space air, some of their heat is transferred to 
the air in the space by convection. The composite heat 
storage capacity of these surfaces and objects deter- 
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mines the rate at which their respective surface tem- 
peratures increase for a given radiant input and thus 
governs the radiant portion of heat gain (Figure 3-A) 
The thermal storage effect is critically important in 
differentiating between instantaneous heat gain and its 
cooling load. 


Space Heat Extraction Rate 


Space heat extraction rate is the rate at which heat 
is removed from the conditioned space. It equals the 
space cooling load only in the rare instance when room 
air temperature is kept constant. In conjunction with 
intermittent operation of the cooling equipment, the 
control system usually causes a variation in room tem- 
perature. Therefore, a properly simulated control sys- 
tem gives a more realistic value of energy removal at 
the cooling equipment over a fixed period than merely 
using the values of the space cooling load. This analysis 
is important primarily for estimating energy use over 
time. However it is not needed to calculate peak cooling 
load for equipment selection. 


Cooling Coil Load 


The cooling coil load is the rate at which energy is 
removed at a cooling coil that serves one or more con- 
ditioned spaces. It equals the sum of the instantaneous 
cooling loads (or space heat extraction rate if it is as- 
sumed that the space temperature does not vary) for all 
spaces served by the coil plus any external loads. Such 
external loads include heat gained by the distribution 
system between individual spaces and the cooling 
equipment and outdoor air heat and moisture intro- 
duced into the distribution system. 

Over the years, three different calculation tech- 
niques have been developed and sanctioned by the 
American Society of Heating, Refrigerating and Air 
Conditioning Engineers. 

1. Total Equivalent Temperature Difference Method 

(TETD/TA) 

2. Transfer Function Method (TFM) 


3. Cooling Load Temperature Difference/Cooling 
Load Factor Method (CLTD/CLF) 
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Total Equivalent Temperature Difference Method 


In the Total Equivalent Temperature Difference 
Method (TETD/TA) various components of the space 
heat gain are added to get an instantaneous total rate 
of space heat gain. This gain is converted to an instan- 
taneous space cooling load by the Time Averaging (TA) 
technique of averaging the radiant portions of the heat 
gain load components for the current hour with related 
values from immediately preceding hours. This tech- 
nique is best solved by computer because of its com- 
plexity. 


Transfer Function Method (TFM) 


Although similar in principle to the first method, 
the Transfer Function Method applies a series of 
weighting factors (or coefficients of room transfer func- 
tions) to heat gain and cooling load values from previous 
hours as well as the current hour; these factors account 
for the thermal storage effect in converting heat gain 
to cooling load. Such weighting factors relate specifi- 
cally to the spatial geometry, configuration of the 
space, mass, and other characteristics of the space so 
as to reflect weighted variations in thermal storage 
effect on a time basis, rather than a straight line av- 
erage. 

Transfer Functions (TFM). These coefficients re- 
late an output function to the value of one or more 
driving functions as a given time and at a given period 
immediately preceding. The Transfer Function de- 
scribed by ASHRAE is no different from the thermal 
response factor used for calculating wall or roof heat 
conduction and the weighting factor for obtaining cool- 
ing load components. (ASHRAE 1975) 

While the TFM is preferable to other methods and 
is technically sound for a specific cooling load analysis, 
its computational complexity requires computer use for 
effective application in a commercial design environ- 
ment. 


CLTD/CLF Method 


ASHRAE sponsored research to compare the 
TETD/TA and Transfer Function Methods. As part of 


this work, data obtained by using the Transfer Func- 
tion Method on a group of representative applications 
were used to generate Cooling Load Temperature Dif- 
ferential (CLTD) data for direct one-step calculation of 
cooling load from conduction heat gain through sunlit 
walls and roofs and conduction through glass expo- 
sures. Cooling Load Factors (CLF) for similar one-step 
calculation of solar load through glass and for loads 
through internal sources were also developed. Both 
CLTDs and CLFs include the effect of time delay 
caused by thermal storage. When appropriately used, 
results are consistent with those from the TFM, thus 
making the method popular for instruction. 

Prior to the introduction of CLTD/CLF values, 
most designers turn to computer based versions of the 
Time Averaging (TA) Technique. However they recog- 
nize the subjectivity in determining the relative per- 
centages of radiant heat in the various heat gain 
components and selection of the number of hours over 
which to average such loads — both of which rely on 
individual experience rather than on research or sup- 
port in the scientific literature. 

Because of the increasing availability and power of 
microcomputers, the more specific and flexible TFM is 
receiving emphasis as the fundamental computational 
technique used today. The CLTD/CLF and TETD/TA 
procedures, tables and related data contained in the 
ASHRAE Handbook of Fundamentals will continue to 
be appropriate and dependable only when applied 
within the limitations identified. Users will likely de- 
velop custom CLTD/CLF or TETD/TA tabular data for 
specific projects or types of buildings. 

It is important to note that a great deal of tabular 
data and application knowledge on all three methods of 
calculation are available in the ASHRAE Handbook of 
Fundamentals and therefore will not be contained in 
this manual. Almost universally today building heat 
gains and losses are calculated using the power and 
speed of the computer. The selection of the calculation 
method derived from Chapter 26 of the ASHRAE 
Handbook of Fundamentals is typically left to the dis- 
cretion of the computer program user. Several com- 
puter programs are available to designers (TRACE, 
DOE, etc.). To understand the intimate detail of the 
aforementioned three calculation methods, you must 
first understand the basic fundamentals of heat gain 
calculation. The remainder of this chapter will explore 
these basic fundamentals to allow understanding of the 
basic heat gain calculation concepts. For purposes of 
illustration, several tables are contained within this 
manual to help illustrate the basics of space heat gain 
calculation. 

Warm and humid days present a real challenge to 
maintaining comfort within conditioned spaces. On 
such days, keeping a room comfortable is a continuous 
struggle against heat that leaks from many sources. 
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A conditioned room is heated by warm walls, ceil- 
ings, windows, people, lights, motors, computers, and 
other equipment. In order to design the air condition- 
ing system, the heat source contributing to the condi- 
tioned space must be known. 

It therefore follows that the proper design of an air 
conditioning system depends upon the correct calcula- 
tion of these heat gains. Calculations must be made 
with care and accuracy for a satisfactory installation. 
Undersized air conditioning systems are never satis- 
factory. In like manner, grossly oversized systems are 
not only an unnecessary drain on the pocket books of 
their owners, but in many cases, may experience short- 
ened life expectancy due to excessive cycling on load 
point during their part load operation. 


Quantity of Heat to be Removed 


Heat always flows from a warm temperature to a 
colder temperature. Thus the term “‘heat loss” refers 
to heating loads and the term “heat gain” refers to 
cooling loads. To illustrate, suppose the temperature 
inside a building is lower than the outdoor tempera- 
ture. In this case there will be a continuous flow of heat 
inward (heat gain) through the exterior walls. 

Sensible heat applied to any substance will cause 
the temperature of that substance to rise. Therefore, 
heat flowing into a building will cause a rise in the inside 
temperature, unless heat is removed as fast as it flows 
into the building. Suppose only part of the heat coming 
in through the walls is removed: The balance will stil] 
raise the temperature of the building. 

In the same manner, the temperature in a building 
will fall if more heat is removed than is being added. 
Also if less heat is removed, the building temperature 
will rise. So we can keep a given building at a specific 
temperature if we remove just as much heat as enters 
the building from all sources. 

Suppose an air conditioning system is started in a 
warm room. In order to pull the temperature within the 
room down, it must be able to remove heat faster than 
it comes in from all sources. Otherwise, the system will 
not bring the room and its contents down to the desired 
temperature. 

Buildings such as restaurants and theaters that 
experience high people density and loads present a 
particularly difficult challenge to the air conditioning 
system. In these cases, the buildings are often pre- 
cooled prior to occupancy. They are cooled down to the 
desired temperature before crowds of people start 
coming in. Prior to the entry of the crowd, the cooling 
plant has plenty of excess capacity, that is, it can cool 
the conditioned room and its contents down very rap- 
idly to the desired low temperature. After the crowd 
is present, the entire capacity of the plant is devoted to 
maintaining the necessary temperature. It does this by 
removing the heat as fast as it is released from all 
sources to the room including the people. 


Flow of Heat 


When wall temperatures are warmer than the 
room temperature, they will transfer heat to the air in 
the room. One would believe that a wall continually 
losing heat to a room would eventually cool down to the 
room air temperature. This doesn’t really happen. 
Why? Because the heat that the wall loses to the room 
air is being continually replenished from another 
source. This source of heat is the hot outdoor air which 
provides a steady flow of heat to the outer face of the 
wall. The amount of heat is just equal to the heat the 
room air gets from the inner face of the wall. 

Heat flow through a wall separating two spaces at 
different temperatures depends upon three factors: 
1) The area of the wall, 2) The difference in temperature 
across the wall, 3) The heat transfer properties of the 
wall. 

The larger the area of the wall, the more heat that 
it will conduct. A wall 200 sq. ft. in area will conduct 
twice as much as one of the same internal construction 
that is 100 sq. ft. in area. 

With regard to the second factor, suppose the dif- 
ference in the temperature across the wall is 50 de- 
grees. A certain amount of sensible heat will flow 
through the wall with this temperature difference. If 
the temperature difference increases to 100 degrees 
the flow of the heat through the wall will be doubled. 

The principles just discussed are valid not only for 
walls, but also for windows, roofs and all other building 
surfaces. These principles can be summarized as 
follows: 


The flow of heat through any surface is directly 
proportional to its area. Also, it is directly pro- 
portional to the difference in the temperature of 
the spaces separated by that surface. 


Example 3-1: 


If the outdoor temperature is 105 F and the room tem- 
perature is 75 F and the heat flow through the walls of 
aroom is 230 Btuh, how much heat will flow through the 
walls of the room when the outdoor temperature falls to 
95 F? Assume the room temperature remains at 75 F. 


Solution: 

The temperature = 105 F - 75 F 
= 30F 

Final temp. diff. = 95 F - 75 F 
= 20F 

Heat flow at 95 F = 230 x 20 

30 

= 153.3 Btuh 


The third factor affecting heat transfer involves 
the wall material and thickness. We will use the terms 
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conductivity and conductance in discussing the heat 
flow through various building materials. 


Conductivity 


The ability of various materials to conduct heat 
differs considerably. The best conductors of heat are 
metal. The poorer conductors (wood, asbestos, gases, 
cork, felt) are called insulators. The ability of a sub- 
stance to transmit heat by conduction is a physical 
property of the particular material. It is called thermal 
conductivity. (This is generally shortened to “conduc- 
tivity.”) The common symbol for conductivity is ‘‘k.” 


by 
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Conductivity is the amount of heat in Btu flowing 
through a piece of homogenous material one inch thick 
in one hour when the area is one sq. ft. and when the 
difference in temperature between the faces is 1 F. See 
Figure 3-B. The heat transfer by conduction through a 
homogenous material can be calculated by the following 
equation: 


q = Ak (tet) 
x 


(3-1) 


Where 
q = Heat flow rate, Btuh 
A = Area, sq. ft. 
k = Conductivity, Btu in. per hr per sq. ft. per 
degree F 
x = thickness, inches 
(te-t,) = difference in temperature between the two 
surfaces ‘‘x’’ inches apart in degrees F. 


In the system of units used here the “per” indi- 
cates the line of a fraction. This means that everything 
before the “per” is on top of the line and everything 


after the “per” is under the line. For example, concrete 
has a conductivity of 12, written with appropriate units 
this is: 

k = 12 Btu in. 

hr. sq. ft. F 

This is the simple way to write conductivity. But 
it takes up more space. That’s the reason the units for 
conductivity are often written all on one line. For ex- 
ample, for concrete k = 12 Btu in. per hr. sq. ft. F 


Example 3-2: 


An old window sash 5 ft. x 8 ft was not worth repairing 
so it was removed and 4 in. face brick was laid in the 
opening. On a particular winter day the outside surface 
of the brick was 18 F and the inside surface temperature 
was 58 F what is the heat flow through the bricked up 
opening? 


Solution: 


From Table 3-3, under masonry materials, we find 
that face brick has a conductivity of 9.0 Btu in. per 
hr sq ft F. Using Equation 3-1, 


q=A k (te-ty) 
x 
= (5x8) (9/4) (58-18) 
= 3,600 Btuh 
Conductance 


Conductivity is a property of a homogeneous ma- 
terial. There are, however, many materials used in the 
construction of buildings that are not homogeneous. 
Materials such as glass blocks, hollow clay tile, and 
concrete blocks are non-homogeneous. This is to say 
that each succeeding inch of thickness is not identical 
with the preceding inch. So it is necessary to indicate 
the heat flow rate through the entire tile or block. The 
term conductance is used for the heat flow through 
non-homogeneous materials. Conductance is defined as 
the heat flow rate in Btu per hr through one sq ft of a 
non-homogenous material of a certain thickness for a 
one degree difference in temperature between the two 
surfaces of the material. (See Figure 3-C.) The symbol 
for conductance is “‘C’’. 

Special care should be taken not to confuse ‘‘con- 
ductivity” and “conductance.” Conductivity is the heat 
flow through one inch of a homogeneous material; con- 
ductance is heat flow through the entire thickness of 
non-homogeneous material. 

Heat transfer conductance through a non- 
homogeneous material can be calculated by the follow- 
ing equation: 


q =AC (t2 - ty) (3-2) 
Where: 

q = Heat flow, Btuh 

A = Area sq ft 
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C = Conductance, Btu per hr sq ft F 
(te-t;) = Difference in temperature between the two 
surfaces in degrees F. 
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FIGURE 3-C 
CONDUCTANCE DEFINED 


(The amount of heat in Btuh flowing through a non-h 
when the area is one square for a one degree di in 
temperature between the two faces.) 


Example 3-3: 


A house has 25/82 in. asphalt impregnated sheathing in 
the walls. On a summer day the outside surface tem- 
perature of the sheathing is 90 F and the inside surface 
temperature is 84 F. What is the heat flow through 100 
sq ft of sheathing? 


Solution: 


Under Building Boards in Table 3-3, 0.49 is the con- 
ductance of 25/32 in. asphalt impregnated sheathing. 
Using equation 3-2, 


q=AC (t,- ty) 
= 100 sq ft x 0.49 Btu x (90-84) F 
hr sq ft F 
= 294 Btuh 
Example 3-4 


The heat flow rate through a concrete cinder block wall 
is 6.96 Btuh per sq ft. The blocks are 8 x 8 x 16 in. and 
are 3 oval core type. The surface temperature on the cool 
side of the wall is 95 F. What is the surface temperature 
on the other side of the wall? 


Solution: 


From Table 3-3, the conductance of the block is 0.58 
Btu per hr sq ft F. Using equation 3-2, 


q =AC (te- ti) 


(te-ti) = q 
AC 
(te-95 F)= 6.96 Btu xhrsqft F 
hrsqft .58 Btu 
(te- 95 F)= 12 F 
tg = 12F + 95F 
te = 107F 
Surface Conductance 


The transfer of heat from air to a surface or from 
a surface to air is called surface conductance. Some 
people call it film conductance or film coefficient. Sur- 
face conductance is the amount of heat transfer in Btu 
per hour from a surface to air or from air to a surface 
per square foot for one degree difference in tempera- 
ture. The symbol for surface conductance is “‘f’’. The 
steady flow transfer of heat from a surface to air or 
from air to a surface can be calculated by the following 


equation: 

q =Af (t,- t)) (3-3) 
Where: 

q = Heat flow, Btuh 

A = Area, sq ft 


f = Surface conductance, Btu per hr sq ft F 
(te-t:) = Difference in temperature between the sur- 
face and the surrounding air, in degrees F 


The surface conductance of building materials de- 
pends upon the color and smoothness of the surface. 
The average value of popular materials used for walls 
is 1.46 to 1.63 for still air. For a wind velocity of 15 mph 
the average value is 6.00; a surface conductance of 4.00 
is used if the wind velocity is 714 mph. 


Example 3-5: 
Suppose there is a 744 mph breeze on the outside of the 
wall in Example 3-4, Assume the air is still on the inside 
of the wall. What is the air temperature on both sides of 
the wall? 


Solution: The heat flowing through the block wall 
first passes through the air film on the outside of the 
wall. Therefore, the heat flow rate through the air 
film is 6.96 Btuh per sq ft. Now use equation 3-3: 


q =Af (tet, 
(teti) = q_ 
Af 


tz is the air temperature surrounding the wall and t, 
is the surface temperature of the wall. The surface 
conductance for a 74% mph wind is 4.00. Thus, 


(te-107 F) = 6.96 Btu x hr sq ft F 


hrsqft 4.00 Btu 
(te 107 F) = 1.7F 
te = 17F + 107F 
te = 108.7 F 
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Thus the air temperature surrounding the hot side of 
the wall is 108.7 F. 


The same method is used to find the air temperature 
on the cool side of the wall. Heat flows at the same 
rate to the outside air film, through the wall, and also 
through the inside air film. But this time in equation 
3-3, te is the cool side wall temperature and t, is the 
temperature of the surrounding air. The surface con- 
ductance for still air is 1.46. Thus, 


q = Af (to-t1) 
(te-ti) = q 
Af 
(95 F - ti) = 6.96 Btu x hr sq ft F 
hr sqft 1.46 Btu 
(995 F-t)=48F 
t; = 95 F-48F 
ty = 90.2 F 
Air Space Conductance 


Heat transfer across an air space is called air space 
conductance. It is defined as the heat flow in Btu per 
hour through an area of one square foot of an air space 
for a temperature difference of one degree between the 
bounding surfaces. The common symbol is “C,”. The 
steady flow transfer of heat across an air space can be 
calculated by the following equation: 


qa =AC, (tt) 
where 
q = Heat flow, Btuh 
A = Area, sq ft 
C, = Air space conductance, Btu per hr sq ft F 
(te-t;) = Difference in temperature between the 
bounding surfaces, in degrees F 


(3-4) 


For an air space in a wall between ordinary build- 
ing materials having a thickness between % and 4 in. 
the air space conductance will be approximately 1.08. 
If one side of the air space is covered with aluminum 
coated paper, the air space conductance will be approx- 
imately 0.48. 

Air spaces in roofs will have slightly different 
values for air space conductance for thickness between 
34 and 4 in. This is because the direction of the heat flow 
is vertical instead of horizontal (as in a wall). For roof 
air spaces bounded by ordinary building materials, the 
air space conductance is about 1.24 for heat flow up 
(winter), and about 0.87 for heat flow down (summer). 
If one surface of air space is faced with aluminum 
coated paper, the winter value is about 0.68 while the 
summer value is approximately 0.31. 


Overall Heat Transfer Coefficient 


Equations 3-1 through 3-4 each have one or more 
surface temperatures. While the outside and inside 


surface temperature of a wall can be determined, it 
isn’t always easy to do so. It is a particularly difficult 
task to find all of the surface temperatures for a wall 
made up of four or five materials. 

Conversely, it is easy to find the air temperature 
on both sides of a wall with an ordinary thermometer. 
So what is really needed is a heat flow equation written 
with air temperatures. And the equation should work 
for homogeneous materials, non-homogeneous materi- 
als, and for a wall or roof made up of several materials. 

Equation 3-5 will accomplish this. It deals with air 
temperatures and will work for a wall or roof made of 
different materials. The new term in the equation, U, 
is the overall heat transfer coefficient. It is defined 
as the heat flow per hour through one square foot when 
the temperature difference is one degree between the 
air on the two sides of the wall or roof. 


q =AU (t,- ty) (3-5) 
where 

q = Heat flow, Btu per hr 

A = Area, sq ft 

U_ = Overall heat transfer coefficient, Btu per hr 


sq ft F 
(te - t;) = Difference in temperature between the air on 
the two sides of the wall or roof. 


Equation 3-5 can also be written 
q =AUTD (3-5a) 


where TD is the temperature difference and replaces 
the term (te - t;). Both equations 3-5 and 3-5a are used 
in determining the heat flow for a wide variety of heat 
transfer problems. 


Example 3-6: 


The overall heat transfer coefficient for the wall in Ex- 
ample 3-5 is 0.38 Btu per hr sq ft F. For an inside air 
temperature of 90.2 F and an outside air temperature of 
108.7 F,, what is the heat flow rate through the wall? 


Solution: 
Using equation 3-5 


q =A U (te- ti) 
= 1sq ft x 0.388 Btu x (108.7 - 90.2) F 
hr sq ft F 
= 7.03 Btuh 


This correlates rather closely with the heat flow 
rate of 6.96 Btuh from Example 3-5. It does not agree 
exactly because the overall heat transfer coefficient of 
0.38 is a rounded off number. The U value to three 
decimal places is 0.376; this when used in the equation 
would give 6.96 Btuh. It is customary, however, to 
write k, C, C,, f, and U only to two decimal places. 
Materials used under field conditions will vary in qual- 
ity and installation much more than the value in the 
third decimal place. 
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Resistance 


Resistance to heat flow is defined as the reciprocal 
of a heat transfer coefficient. For example, when the 
heat flow through bricks in Example 3-2 was calculated 
the term k was used. Remember that k was 9.0 and 

x 
x was 4; sok = 9.0. If the bricks were 8 inches thick in 
x 4 
the window opening, 9.0 would be substituted for the 
cm 


k term. The result would be half as much heat flow. 
x 
This is a normal expectation because the bricks are 
twice as thick and therefore offer twice as much resis- 
tance to heat flow. The resistance offered by the 4 in. 
bricks is x = 4 = 0.44. For a thickness of 8 in., twice 
k 9.0 
the resistance is obtained by writing x = 8 = 0.88 
k 9.0 

The resistance to heat flow offered by a non- 

homogeneous material is merely 1. 
Cc 


The resistance to heat flow by an air space is 1 


The resistance across an air film is the reciprocal of the 
surface conductance: 1. 
f 
What is the resistance to heat flow offered by a wall 
or roof made of several materials? From the air on one 
side to the air on the other side the resistance is the 
reciprocal of the overall heat transfer coefficient, 1. 


A 
Example 3-7 will show how easy it is to find the U value 
for a wall by using resistances. 
Example 3-7: 
A masonry wall is built of 8 in. hollow concrete blocks 
and 4 in. face brick. The blocks are made of sand and 
gravel aggregate. Cement mortar 44 in. thick is between 
the blocks and face brick. Gypsum plaster (5 in. thick) 
with vermiculite aggregate is the inside finish on the 
wall. Assume a 15 mph wind. What is the U value of the 
wall? 
Solution: 
Figure 3-D illustrates a sketch of this wall. To solve 
this problem, one should prepare a table and write 
down each item that offers resistance to heat flow. 


The item numbers in the table match those at the 
bottom of Figure 3-D. 


The overall heat transfer coefficient is the reciprocal 
of the total resistance. Thus, 


V=1 


Item_Description Resistance 
1 Inside air film, 1/f, 1/1.46 ............ 0.0... cece aes 0.68 
2 Plaster, x, 5/8 

Ke Gc acirts tee ck Miocene 0.39 
3 Block, 1/C, 1/0.90 2.0... .. cece ccc cece eee ee ee 1.11 

4 Mortar, x, 1/2 
He BO eae eie Gack Junie aneses 0.10 

5 Brick, x, 4 

Ke 29.0) aon cedy 8 tis atedistn da aaeuentunaan 0.44 
6 Outside air film, 1/f, 1/6.0 .....................00. 0.17 
Total Resistance .............. cece eee e eee eee 2.89 


+’ CEMENT MORTAR 


i’ GYPSUM 
PLASTER 


8” 
CONCRETE 
BLOCK 


4 FACE 
BRICK 


FIGURE 3-D 
WALL FOR EXAMPLE 3-7 


10" Glass 
FIBER BOARD 


# Buit-uP 
ROOFING 


1 METAL LATH + 
GYPSUM PLASTER 


FIGURE 3-E 
ROOF FOR EXAMPLE 3-8 


Example 3-8: 
A roof is made by welding a metal deck onto steel joists. 


Glass fiber insulating board (1% in.) is laid on top of the 
metal deck and roll roofing built up on top of the insu- 
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lation to a thickness of 3 in. Metal lath is wired to the 
underside of the steel joists and plastered (gypsum light- 
weight aggregate) to a thickness of % in. See Figure 3-E 
for construction. 


(a) What is the U value for this roof for summer condi- 
tions? 


(b) For winter conditions? 


Solution: 


Part (a) - Summer: 


Item Description Ss CCWResistance 
1 Outside air film, 1/f, 1/4.00 (7% mi/hr) ............. 0.25 
2 Build-up roofing, 1/C, 1/3.00 .........ce eee eee ones 0.33 
3 Insulation, x , 1.625 

Ko O25: vic condiorgedanease encase eae 6.50 
4 Metal deck ........ cc ccc cece ete erect eeenes 0.00 
5 Air space, /Cg, 1/0.87 «0.0... cece cnet e ees 1.15 
6 Metal lath and plaster, 1/C, 1/2.138 .............ee 0.47 
q Inside air film, 1/f, 1/146 2.2.0.0... 0. cece eee eee 0.68 
Total Resistance ............ eee e cee e sete tenon 9.38 
U=1 
R 
=] 
9.38 
= 0.107 — (Use 0.11) 

Part (b) - Winter: 

Item Description Resistance 
7 Inside air film, 1/f, 1/1.46 (74 mi/hr) ..........----- 0.68 
6 Metal lath and plaster, 1/C, 1/2.138 ........-..-505- 0.47 
5 Air space, 1/Cq, 1/1.24 .. 6... eee e cece een n eee 0.81 
4 Metal deck « ccccia cee cc eee ces eure ee dees 0.00 
3 Insulation, x , 1.625 

Kee O28 it ice ah ods oagie aes teeta 6.50 
2 Built-up roofing, 1/C, 1/3.00 .......-. 6. eee eee ees 0.33 
1 Outside air film, 1/f, 1/6.00 (16 mi/hr)...........-.-. 0.17 
Total Resistance ........... 2. cece e eset ene eees 8.96 
U=1 
R 
=1 
8.96 


= 0.112 — (Use 0.11) 


The resistance of the outside air film and the air space 
both dropped for winter conditions. The total change 
in resistance of the roof is 0.42 (9.38 - 8.96 = 0.42). But 
the change is small when compared with the total 
resistance of the roof. Note that for this construction 
the U value is the same for winter and summer. 


Example 3-9: 


For a wall, U = 0.30. The area of the wall is 100 sq ft. 
If the air temperature on one side of the wall is 108 F and 
is 70 F on the other side, how much heat will flow 
through the wall per hour? 


Solution: 
Using equation 3-5 
q =A U (te- ty) 


= (100) (0.380) (103-70) 
= 990 Btuh 


The U values for many types of walls, floors, and 
ceilings have been determined; they are tabulated in 
Tables 3-4 to 3-13 inclusive. 


Example 3-10: 


The wall of a conditioned room is constructed of 8 in. of 
common brick. The inside surface is covered with plaster 
5 in. thick. The wall area is 100 sq ft. The indoor tem- 
perature is maintained at 85 F when the outdoor tem- 
perature is 105 F. What is the heat flow into the room 
through the wall? 


Solution: 


Referring to Table 3-5, Wall B-5, we find U - 0.39. We 
will use equation 3-5a. 


TD = 105 - 85 
= 20 degrees 
q =AxUxTD 
= 100 x 0.39 x 20 
= 780 Btuh 


In Example 3-10 the kind of plaster wasn’t speci- 
fied. Wall C-5 light weight aggregate, could have been 
used. Then U = 0.35. This is a common problem; it’s not 
easy to look at a plastered wall and tell whether sand, 
gypsum, perlite, or vermiculite was used in mixing. So 
when in doubt, use the coefficient giving the largest 
heat flow. In other words, if it is assumed an unknown 
plaster is sand plaster (when it’s really perlite plaster), 
calculations will be on the safe side. 

The discussion in this section applies equally well 
to roofs, ceilings, floors, windows, or skylights. ..in 
fact, to any surface or material separating two spaces 
at different temperatures. 


Design Temperature Differences 


The heat flow through walls and roofs depends on 
the temperature difference across the wall or roof. So 
to design an air conditioning system, the temperature 
difference across the walls and roof must be deter- 
mined. First select the highest indoor temperature con- 
sistent with comfort when a high outdoor temperature 
prevails. 

The air conditioning equipment would be oversized 
if the heat gain calculations were based on the maxi- 
mum outdoor temperature that had ever occurred. It 
is customary to use an outdoor temperature that hasn’t 
been exceeded on more than about 2% percent of the 
summer days. The higher temperatures occurring on 
less than 2'4 percent of the days are discarded. So the 
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design outdoor temperature selected will not be ex- 
ceeded on more than 244 percent of the summer days. 
Dry bulb temperatures that occur on less than 244 per- 
cent of the days will not greatly affect the indoor tem- 
perature. An outdoor design temperature of 95 DB has 
long been used in Chicago, even though 98 F and even 
100 F occur occasionally. 

Outdoor dry bulb temperatures for design pur- 
poses are selected from an examination of Weather 
Bureau data. The majority of design outdoor temper- 
atures in the United States will fall in the range be- 
tween 85 F and 95 F. 

For a design outdoor dry bulb temperature of 95 F, 
an inside dry bulb temperature of 78 F is common. This 
gives a 17 degree difference between the outdoor and 
indoor temperatures. In localities where the outdoor 
design dry bulb is as low as 85 F, assume an inside dry 
bulb of 72 F. This will give an agreeable contrast be- 
tween the outdoor and indoor air. 

The design temperature difference for a locality 
cannot be settled to everyone’s satisfaction. Refine- 
ments in design temperature difference are not essen- 
tial for several reasons; 

1. Seasonal weather cycles vary. 

2. There is lack of agreement on what indoor tem- 
perature should match a given outdoor tempera- 
ture. 

3. The highest 214 percent occurrences of the outdoor 
temperature are discarded. 

A temperature difference of 17 degrees agrees 
with most people. This will be satisfactory for all sec- 
tions of the country except those having outdoor tem- 
peratures of 100 F or higher for many hours each 
summer. Then a design temperature difference of 22 
degrees is desirable. The indoor temperature will prob- 
ably be maintained at about 78 F. 

The outdoor summer design temperatures (214 per- 
cent occurrence) for several cities in the United States 
are given in Table 3-45. 


Conduction Heat Gains 


For the present, the heat gains due only to con- 
duction through the various surfaces of a building will 
be discussed. The effect of sunlight on these surfaces 
will be discussed later in this chapter. For now, the heat 
gains through the walls will be considered as though 
the walls were always in the shade. 

A temperature difference of 17 degrees in many 
cases can be used to find the heat gains through exte- 
rior walls, But there are also many special conditions. 
For instance, in restaurants conditioned dining rooms 
are sometimes separated from hot kitchens by a thin 
partition. Such kitchens may be as hot as 100 F while 
the dining room is maintained at 78 F. Therefore, using 
a temperature difference of 17 degrees for such a par- 


tition would give an erroneous result. Therefore, tem- 
perature differences should be used for the actual 
conditions encountered in operation. 

Table 3-1 lists the temperature differences gener- 
ally found for various conditions. It covers only com- 
mon situations found in figuring conduction heat gains 
in air conditioned spaces. 


Example 3-11: 


The floor of a room to be conditioned is located directly 
above a laundry. What temperature differences should 
be used in calculating the conduction heat gain through 
the floor? 


Solution: 


Item 10 of Table 3-1 shows that a temperature dif- 
ference of 35 degrees should be used. 


Conduction Heat Gain Through Exterior Walls 


Values of the overall coefficient U for many types 
of exterior walls are given in Tables 3-4 through 3-7. 
Note that only the net area of an outside wall is used 
in calculating the heat gain. The areas of windows and 
doors should be subtracted from the gross wall area. 
This gives the net wall area. The heat gains through 
windows and doors must be figured separately. 


Example 3-12: 


A furred masonry wall has 4 in. stone veneer with 8 in. 
concrete block made of lightweight aggregate for back- 
ing. The wall is furred out with 2 x 2 in. furring strips and 
has a vapor barrier over the furring strips. The interior 
finish is '4 in. insulating board lath with 14 in. sand plas- 
ter. Assume a wind velocity of 15 mph on the outside and 
still air on the inside. What is the U value for this wall? 


Solution: 


From Table 3-6, the Wall J-5 matches the description 
given. Therefore U = 0.17. 


Example 3-13: 


Add a 1 in. wood fiber blanket to the wall in Example 
3-12. Suppose the blanket was put in the furred space 
before the vapor barrier was fastened to the furring 
strips. The furred space still has one air space. Now what 
is the U value for the wall? 


Solution: 


U value of original wall 
Resistance of original wall, 1/0.17 = 5.88 
Resistance of insulation, 1.0/0.25* = 4.00 
Total resistance of new wall = 9.88 
U for new wall, 1/9.88 = 0.10 


*From Table 3-3 
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Example 3-14: 


The net area of the outside wall of a room is 300 sq ft. 
The wall is 12-inch thick common brick with *4 in. metal 
lath and plaster applied to furring strips for the inside 
surface. Lightweight aggregate was used for the plaster. 
A room temperature of 78 F is maintained when the 
outdoor temperature is 95 F. Find the conduction heat 
gain through the wall. 


Solution: 


From Table 3-5, Wall E-3, read U, 0.23. Using equa- 
tion 3-5a: 
q=AxUxTD 

= 300 x 9,23 x 17 

= 1173 Btuh 


Conduction Heat Gain Through Glass 


U values for single, double, and triple glazed win- 
dows are listed in Table 3-2. U values for glass block are 
also given. 

When figuring glass area, the dimensions of the 
window frame opening are used. This is commonly 
called the brick opening. 

The panels of doors are usually made of glass or 
thin wood. Therefore, doors in outside walls are esti- 
mated as though they were entirely glass. 

A 17-degree temperature difference is typically 
used in calculating the conduction heat gains through 
windows and doors in outside walls. 


Example 3-15: 


An outside wall has four windows, each 3 ft by 6 ft. Also, 
there is one door 4 ft by 7 ft. The door and windows all 
have single glass. Using a 17-degree difference, find the 
conduction heat gain through them. 


Solution: 


From Table 3-2, U 1.06 for single glass. 
Glass area, 4x 3x6 = 72 sq ft 
Door area, 1x 4x7 = 28 

Total glass area = 100 sq ft 


AxUxTD 
100 x 1,06 x17 
1802 Btuh 


q (3-5a) 


Weoul 


Conduction Heat Gain Through Partitions 


Thus far, only outside walls and windows have been 
discussed. During the heating season all rooms are 
usually heated. Therefore, the flow of heat through an 
interior partition is seldom considered. However dur- 
ing the cooling season, rooms located adjacent to un- 
cooled spaces are frequently cooled. When this is the 
case, the heat flow through the partition must be con- 
sidered. 


The heat gains through partitions are calculated in 
exactly the same way as through outside walls. U 
values for various types of partitions are listed in 
Tables 3-8 and 3-9. 

During the cooling season, unconditioned rooms 
adjacent to conditioned rooms are usually 5 to 7 degrees 
lower than the outdoor temperature. Therefore, if a 
17-degree design temperature difference is used for 
exterior walls, a 10-degree difference may be used for 
partitions. A good rule of thumb to follow: If the tem- 
perature difference for outside walls is greater than 17 
degrees, use 5 degrees less than the temperature dif- 
ference for the exterior walls. 

Laundries, kitchens, or boiler rooms are often 
about 10 degrees warmer than the outdoors. So a 25- 
degree temperature difference is reasonable for esti- 
mating heat flow through these partitions. 

Rooms used for manufacturing often have a tem- 
perature higher than the outdoor temperature. How 
much higher will depend on the processes contained 
within the manufacturing space. 

Doors within partitions, if they are few in number, 
are usually figured as an integral part of the partition. 
If there are a large number of doors or glass windows 
in the partitions, then the heat gain through the doors 
and the glass should be calculated separately from the 
partition. In this case only the net area should be used 
for the solid portions of the partition. 


Example 3-16: 


An office partition has an area of 120 sq ft. The partition 
is built of 2 x 4 studs. Gypsum lath with 44 in. sand plaster 
is used on both sides. The conditioned room is main- 
tained at 78 F. When the outdoor temperature is 95 F, 
a stock room on the other side of the partition has a 
temperature of 90 F. Find the conduction heat gain 
through the partition. 


Solution: 


From Table 3-8, No. B-3, U = 0.82. The temperature 
difference is 90 - 78 = 12 degrees. 


g=AxUxTD 
= 120 x 0.82 x 12 
= 460.8 Btuh 


(3-5a) 


Conduction Heat Gain Through Floors 


When conditioned rooms are located above uncon- 
ditioned ones, the heat gain through the floors must be 
considered. The temperature of an unconditioned room 
is usually 5 to 7 degrees lower than the outdoor tem- 
perature. Therefore a 10-degree difference may be 
used to estimate floors when a 17-degree difference is 
used for exterior walls. When the temperature differ- 
ence for exterior walls is greater than 17 F, then the 
temperature difference for the floors should be 5 de- 
grees less than for the outside walls. 
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Suppose the space below a conditioned room is a 
boiler room, laundry, or kitchen. It will be much 
warmer than the outdoor air (typically 15 or 20 de- 
grees). It is therefore necessary to use a 30 or 35 degree 
temperature difference when calculating the heat gain 
through these floors. Note: This 30 or 35 degree dif- 
ference should be used whether the space is a basement 
or a room above ground level. 

Basements used for storage are usually cool, es- 
pecially if their windows are kept closed. Therefore, 
there will be little or no heat gain into a room above. 

No heat gain should be estimated through floors 
laid directly on the ground. The ground below a floor 
is usually cooler than the outdoor air. 

Floors are often built a few feet above the ground, 
and the space is formed enclosed by walls. The area 
under the floor is then called a ‘crawl space.” If there 
are no openings in the outside wall, the craw] space is 
considered to be unvented. Because of this, they are 
usually cooler than the outdoor air. For this reason, no 
heat gain should be estimated through floors above an 
unvented crawl space. 

When a crawl space is cross-ventilated, the tem- 
perature will usually be about the same as the outdoor 
air. A 17-degree temperature difference is then used in 
estimating the heat gain through the floor. 


Example 3-17: 


The floor of a conditioned room is built of 4 in. concrete 
with wood block flooring laid directly on the slab. This 
room is located above an unconditioned room. The un- 
conditioned room has a plaster ceiling. The conditioned 
room has a floor area of 165 sq ft and is maintained at 78 
F when the outdoor temperature is 95 F. Figure the 
conduction heat gain through the floor. 


Solution: 


Under these conditions, according to line 7 in Table 
3-1, a 10-degree difference should be used. From 
Table 3-11, Floor Q-3, U = 0.33 for the floor de- 
scribed. 


q=AxUxTD 


= 165 x 0.33 x 10 
544.5 Btuh 


(3-5a) 


Conduction Heat Gain Through Ceilings 
and Roofs 


An unconditioned room is occasionally located 
above a room to be cooled. This means the heat gain 
through the ceiling (into the air conditioned space) is 
the same as the heat loss through the floor. The tem- 
perature of the warm room above the conditioned room 
will be 5 to 7 degrees cooler than the outdoor air. A 
10-degree difference is therefore used in estimating the 
heat flow through the ceiling when a 17-degree differ- 
ence is used for the exterior walls. 


The U value, in this case, must be selected for the 
entire floor and ceiling construction. This is because the 
heat flow from the room above is through both the floor 
and ceiling. 


Example 3-18: 


A conditioned room is located below an unconditioned 
storage room. The floor is an 8 in. concrete slab. A metal 
lath and plaster (sand) ceiling % in. thick is suspended 
from the slab. The area of the ceiling is 150 sq ft. Find 
the conduction heat gain through the ceiling of the con- 
ditioned room. 


Solution: 


From Table 3-11, Floor X-6, U = 0.27 for the floor and 
ceiling construction. 
q=AxUxTD 

= 150 x 0.27 x 10 
405 Btuh 


(8-5a) 


Suppose a laundry or kitchen is above a conditioned 
room. The temperature at the floor of the warm room 
will be higher than that of the outdoor air. A 20- 
degree difference can be used for estimating the flow 
of heat through the ceiling. 


In some industrial buildings the ceiling is fastened 
directly to the underside of the roof with no attic 
space. A 17-degree difference should be used for the 
combined roof and ceiling. U values for various types 
of roof and ceiling construction are given in Tables 
3-12 and 3-13. 


The sun shining on any roof will materially increase 
the heat gain through it. The affect of the sun on roofs 
however will be discussed later in this chapter. In this 
chapter we will consider only the conduction heat 
gain due to the dry bulb temperature difference 
across the roof. 


Many buildings have totally enclosed attics under flat 
roofs. This is often true of hotel, office, and apart- 
ment buildings. By a totally enclosed attic we mean 
an attic with little or no openings in its outside walls. 
In flat roof construction the distance between the 
roof and ceiling varies with different buildings. But 
this has little effect on the combined U value for most 
conditions. 


Example 3-19: 


The roof above a conditioned room is a 4 in. concrete slab 
(gravel aggregate). The attic space is formed by a metal 
lath and plaster (sand) ceiling suspended 2 ft below the 
roof. The ceiling has an area of 200 sq ft. The room is 
78 F when the outdoor temperature is 95 F. Find the 
conduction heat gain through the ceiling. 
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Solution: 


From Table 3-12, No. L-1, U = 0.34 for both the roof 
and ceiling. 


q=AxUxTD 
= 200 x 0.84 x 17 
1156 Btuh 


Many buildings, particularly residential type, have 
windows in attic walls for cross-ventilation. When the 
sun isn’t out, the temperature inside the attic is very 
close to the outdoor temperature. In this case the con- 
duction heat gain through the ceiling of the top story 
is estimated with a 17-degree TD. In this case, the roof 
construction doesn’t matter because the attic temper- 
ature is the same as the outdoor temperature. In this 
case only, the U value for the ceiling is used. 

Attic windows are usually kept closed during the 
winter. In this case, the attic temperature will be be- 
tween the temperature of the room below and the out- 
door temperature and the heat loss across the ceiling 
is less than it would be if the attic windows were kept 
open. 

Sunshine on a roof raises the temperature in the 
attic space. Therefore, attic windows are best kept 
open in the summer to allow air currents through the 
attic to carry off solar heat coming through the roof. 

Even when the sun is shining, the temperature in 
a ventilated attic will be lower than in a closed attic, and 
the heat gain through a ceiling under a ventilated attic 
will be less than if the attic were closed. 

The heat gain through the ceiling is usually figured 
on the basis of open attic windows. This means that 
calculations can be based on a 17-degree difference in 
temperature between the attic and the conditioned 
room below and only the U value for the ceiling needs 
to be used. 


(3-5a) 


Example 3-20: 


A conditioned room has a gable roof and a floored attic 
above its plaster ceiling. The windows of the attic are 
open for cross-ventilation. The attic flooring is 7542 in. 
pine laid on joists. The ceiling of the conditioned room is 
fastened to the underside of the attic floor joists and 
consists of 1 in. plaster board with % in. vermiculite 
plaster over it. The area of the ceiling is 150 sq ft. Find 
the conduction heat gain through the ceiling of the con- 
ditioned room. 


Solution: 

Item Description Resistance 
1 Still air in attic, I/f, 1/146 ........ 6. eee eee ee eee 0.68 
2 Flooring, VC, V/1.02* 0.0.0... cece cece eee 0.98 
3 Air space, 1/Cy, 0.87 2.6... eee eee eee eee eens 1.15 
4 Plaster base, 1/C, 1/2.25* .........- cece ee eee ees 0.44 
5 Plaster, x/k, 1/2 

NoPE og eee hoe hacteeahtel ding ced Baharetires ates 0.29 
6 Still air in room, I/f, 1/1.46 .......... 0 cece eee eee 0.68 
Total Resistance ..........-ceee eee eee tees 4.22 


*Table 3-3 


U=1 
4,22 


= 0.24 
Using equation 3-5a, 


q=AxUxTD 
= 150 x 0.24x17 
= 612 Btuh 


Buildings with gable roofs ordinarily have win- 
dows that can be opened for cross-ventilation. A totally 
enclosed attic with a gable roof is rare. 


Latent Heat 


Latent heat gain means that moisture is being 
added to the air. Moisture in the room air is really 
superheated steam. Heat must be removed from the 
mixture of air and steam when it is returned from the 
conditioning equipment. This heat is in two forms: sen- 
sible and latent . The sensible heat that is removed 
lowers the air dry bulb temperature. The latent heat 
that is removed condenses out some of the moisture. 
The air is now cooler and drier and it can be delivered 
into the rooms again to cool them. In cooling the rooms 
the air picks up another load of sensible and latent heat. 
Thus, it comes back to the equipment warmer and with 
a higher moisture content. 

The latent heat gain of a room can be expressed in 
terms of moisture weight. Or, it can be given in heat 
units (Btu). If weight is used, it will be pounds of mois- 
ture (water vapor) per hour. Sometimes it is expressed 
in grains of moisture per hour. (A grain is a small unit 
of weight...7000 grains = 1 pound.) 

If the weight of moisture added to a room is known, 
the latent heat in heat units can be easily found by 
multiplying the weight of moisture by 1050 Btu/b. This 
is an average value for the latent heat of vaporization 
for superheated steam in the air. 


Example 3-21: 


Three pounds of water per hour are added to the air in 
a conditioned room. How much latent heat must be re- 
moved in order to condense this moisture in the air 
conditioning apparatus? 


Solution: 
3 lb/hr x 1050 Btu/lb = 3150 Btuh 


Example 3-22: 


3500 grains of moisture are released in a conditioned 
room every hour. How much heat must be removed in 
order to condense this moisture at the cooling coils? 
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Solution: 

3500 grains = 0.5 lb of water per hr 
7000 grains/Ib 

0.5 lb/hr x 1050 Btu/lb = 525 Btuh 


Body Heat 


Heat losses from the human body vary with the 
individual. They also vary with the degree of his/her 
activity. The body releases sensible and latent heat; 
both must be taken into account in designing air con- 
ditioning systems. Values of sensible and latent heat for 
several types of physical activity are listed in Table 
3-14. Note that in going down the first column in Table 
3-14, the degree of activity increases. Now look at the 
sensible and latent heat columns. The sensible heat 
increases a small amount, but the latent heat rises 
markedly. 


Example 3-23: 


A theater seats 500 people. Find the sensible and latent 
heat contributed by the audience. (Evening) 


Solution: 

500 x 245 = 122,500 Btuh sensible heat 

500 x 105 = 52,500 Btuh latent heat 
175,000 Btuh total heat 


Example 3-24: 


A ballroom has a total attendance of 1200 people. Of 
these, 900 people are on the dance floor and 300 are 
seated. Find the sensible, latent, and total heat added to 
the room. 


Solution: From Table 3-14 
Sensible heat gain: 

(900 x 305) + (300 x 245) = 348,000 Btuh 
Latent heat gain: 

(900 x 545) + (300 x 105) = 522,000 Btuh 


Total heat gain 870,000 Btuh 


Heat Gains in Ducts and Plenum Chambers 


The cooling coils of an air conditioning system must 
remove the heat gains in the conditioned spaces. In 
addition, they must also remove any heat added to the 
air flowing through the ductwork. 

Figure 3-F shows a simple air conditioning system. 
All the heat added to the air in the supply and return 
ducts must be removed by the cooling coils. Suppose 
the air leaves the cooling coils at 60 F and heats up to 
62 F in the supply ducts. The air then warms up to 78 
F in the room. Beyond this, the air heats up another two 
degrees in the return duct. Even though the sensible 
heat gain the room heats the air from 62 F up to 78 F, 


or a total of 16 degrees, the cooling coils must cool the 
air from 80 F to 60 F, or a total of 20 degrees. What is 
the conclusion from this? Simply that any heat added 
to the circulating air must be removed by the cooling 
coils. It is immaterial whether this heat is added to the 
air in the room, or in the ductwork. All of the heat must 
be removed by the cooling coils. This can be stated as 
a general principle: 
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FIGURE 3-F 
CONSTANT VOLUME AIR CONDITIONING SYSTEM 


Heat added to flowing air anywhere in the cir- 
cuit must be removed by the cooling equipment. 


Whenever possible, routing of ducts through hot 
spaces such as kitchens, laundries, and boiler rooms 
should be avoided. When it is necessary, these ducts 
should be insulated to minimize heat gain. 

Plenum chambers are spaces kept under pressure 
by delivery of air into them. They are ordinarily located 
under the floor or above the ceiling of the conditioned 
space. The plenum chamber is connected with the space 
to be cooled by openings through either the floor or 
ceiling. Because of the pressure in the plenum chamber, 
there is a flow of cool air into the conditioned space. 

Pressurized plenum chambers are often found un- 
der the floors of older theaters, though they are seldom 
used in new theaters. 

Ducts are preferred to plenum chambers. The de- 
livery of exact quantities of air to given locations is 
always more positive with ducts than with pressurized 
plenum chambers. 

Exhaust or return air plenum chambers are also 
used occasionally. They are much like supply plenum 
chambers except that the pressure in them is slightly 
below atmospheric, permitting a constant flow of air 
from the room into the plenum chamber. All the dis- 
advantages of supply plenum chambers apply equally 
well to exhaust chambers. 
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In some cases, the heat gain through ducts may be 
neglected. When it is small compared to the rest of the 
heat gains in the installation. But in some cases, the 
duct heat gains may be too large to be neglected. This 
happens if there is a lot of ductwork or if it passes 
through hot spaces. 

The heat gain through ducts cannot be determined 
until the ducts are sized. The ducts cannot be sized until 
the required air quantities to each conditioned space 
are determined. The air quantities can’t be determined 
until the heat gains are estimated. 

The logical first step is to estimate the duct system 
required. Next an estimate of the duct system’s prob- 
able heat gain should be made, and all other heat gains 
determined. Next the air quantities must be calculated 
and the ductwork designed. Now the preliminary heat 
gain estimate can be verified. 

The U values for ducts are listed in Table 3-15. 


Example 3-25: 


75 ft of 36 in. x 24 in. sheet metal duct runs through a 
room. The room temperature is 90 F and the duct tem- 
perature is 60 F. Find the heat gain by the air (No 
insulation). 


Solution: 
Perimeter of the duct =34+3424+2 
= 10ft 
Area of exposed sheet metal = 75 x 10 
= 750 sq ft 
Temp diff = 90-60 
= 80 degrees 
From Table 3-15, U = 1.18 
=AxUxTD (3-5a) 
= 75- x 1.18 x 30 
= 26,550 Btuh 


Sometimes ducts are installed with their top surface 
against the ceiling, and one side against a wall. Here 
the heat gain is calculated as though all four faces of 
the duct were exposed. It is difficult to hang a duct 
with its surfaces in tight contact with a ceiling or 
wall. 


Insulation should always be considered on ducts 
passing through usually hot spaces. 


Example 3-26: 


Take the conditions of Example 3-25 except that the duct: 
is covered with 44 in. of fiberglass duct insulation. 
Compute: 

(a) The heat gain per lineal foot of duct 

(b) The total heat gain 

(c) The percent savings in the heat gain 


Solution: 


From Table 3-15, U = 0.38 for the insulated duct. 
Thus, Part (a) 


q =AxUxTD 

10 sq ft x 0.38 Btu x 30 F 
inft hrsqftF 1 

= 114 Btuh per in ft 


Part (b) 


q = 750 x 0.38 x 30 
= 8,550 Btuh 


Part (c) 


% Savings = 26,550 - 8,550 x 100 
26,550 


= 18,000 x 100 
26,550 
= 67.8 percent 


Electric Motors and Equipment 


Electric motors give off sensible heat while run- 
ning. In the last section we found that heat added to the 
air in ductwork had to be removed by the cooling equip- 
ment. In like manner, the heat equivalent of the motor 
load must also be removed by the cooling equipment. 
And this is true whether the motor is in the conditioned 
room or in the air stream. Take a motor driving a supply 
fan as an example. Assume the output of the motor is 
5 hp and that the motor is outside the fan chamber. The 
5 hp delivered to the fan is energy added to the air 
stream. The heat equivalent of 5 hp is 12,725 Btuh 
(5 x 2545 = 12,725). The cooling equipment doesn’t care 
where the 12,725 Btuh came from; it must still do the 
same cooling job — whether the heat gain was from the 
room, through the ductwork, or from the fan. 

Of course, motors aren’t 100 percent efficient. So 
in order for the motor to put out 5 hp, its input must 
be larger than 5 hp. Assume the efficiency of a 5 hp 
motor is 82 percent. Then the input to the motor is 6.1 
hp (5.0/0.82 = 6.1). Of course this energy arrives at the 
motor in the form of electricity. But eventually it is all 
converted to heat. Table 3-16 takes this into consider- 
ation. If the motor doesn’t run continuously, this must 
be taken into account. 


Example 3-27: 


There are three 4 hp motors and one 5 hp motor in a 
conditioned room. The fan delivering conditioned air to 
the room is driven by a 3 hp motor. The 4 hp motors 
operate continuously; the 5 hp motor runs about 80 per- 
cent of the time. How much sensible heat do the motors 
add to the room? 


CHAPTER IIl — HEAT GAINS 31 


Solution: 

3 x 1180 = 3,540 Btuh 

1 x 15,500 x .80 = 12,400 

1 x 9430 = 9,430 
25,370 

Sensible heat 

from 

electric motors = 25,370 Btuh 


The heat added to a conditioned room by various 
types of electric equipment is listed in Table 3-17. Many 
restaurants and drug stores have large toasters and 
waffle irons in their dining rooms. 


Example 3-28: 


A restaurant has two 10 slice toasters and one large 8 sq 
ft grill in the dining room. Find the sensible and latent 
heat gain from these appliances, when in use. 


Solution: 
Sensible Latent 
Item Heat Heat 
Toasters, 2 x 9590 19,180 
2 x 8500 17,000 
Grill, 8 x 620 4,960 
8 x 340 2,720 
Totals 24,120 19,720 


The heat gain from electric equipment not in Table 
3-17 can be estimated from its nameplate rating. Mul- 
tiply the wattage rating on the nameplate by 3.4 to get 
the heat added by the equipment. Suppose the name- 
plate rating is in kilowatts (abbreviated kW). Then the 
heat gain (in Btuh) is the number of kilowatts times 
3400. (1.0 kW = 1000 watts) 

Suppose the equipment is hooded and a fan ex- 
hausts air from the hood. Then some of the heat will be 
carried off by the exhaust air. For instance, in Example 
3-34, there are toasters and a grill in the dining room 
of a restaurant. The total heat gain is now 43,840- Btuh 
(24,120 +19,720 = 43,840). If they had been under a 
hood with an exhaust fan, the total heat gain would be 
14,320 Btuh [(2 x 5,800) + (8 x 340) = (11,600 + 2,720) 
= 14,320.] 

Suppose an electric heater heats a liquid in an open 
vessel or a vessel vented to the room. Then a part of the 
heat input is converted to latent heat. This can be 
estimated at about 50 percent sensible and 50 percent 
latent heat. 


Lights 
The heat gain from incandescent lighting fixtures 
can be estimated from this equation: 


q = watts x 3.4 (3-6) 


where 
q = Sensible heat gain, Btuh 
watts = Total wattage of all incandescent fixtures in 
room 
3.4 = Heat equivalent of electric energy, Btuh per 
watt 


The heat gain from fluorescent lighting fixtures 
can be estimated from this equation: 


q = watts x 3.4 x [allowance factor] (3-7) 


After a fluorescent lamp is started the voltage 
inside the tube must be reduced. This is done by adding 
ballast to the circuit. But the ballast gives off heat — 
about 20 percent as much as the lamp itself. Therefore, 
a factor of 1.2 is used in equations 3-7 for most flores- 
cent fixtures. 

Equations 3-6 and 3-7 may have to be modified by 
ause factor and a ventilation factor. The use factor wil] 
reduce the connected watts of the fixtures in a room to 
the actual wattage in use. Suppose the heat gain in a 
room at 2 p.m. must be determined. Only 90 percent of 
the fixtures in the room are customarily on at 2 p.m. 
Therefore, either equation 3-6 or 3-7 would be multi- 
plied by 0.90. In most commercial and institutional 
buildings all the lights burn continuously so the use 
factor is not often applied. 

In some buildings worthwhile savings in equip- 
ment cost and operating expense are made by reducing 
the heat gain from lighting. Sometimes this is done by 
recessing the fixtures to keep some of the heat from 
entering the room. The fixture manufacturer will have 
data on this and it should be used. For example, a 
certain fixture may be found in a manufacturer’s data 
book. It states that 30 percent of the heat is carried out 
the top of the frame. Ifthe fixtures are mounted so this 
heat escapes to a plenum, then it is not part of the room 
load. Now the equation 3-6 or 3-7 should be multiplied 
by 0.70 to take this into account. 

Sometimes in a preliminary air conditioning survey 
a rough estimate is required of the lighting load. Per- 
haps the wattage from a fluorescent tube is not ob- 
tainable. As long as the number of fluorescent tubes in 
a fixture can be seen, it is possible to make a good 
estimate. Assume fluorescent tubes are 10 watts per ft 
of length. This will come quite close for most tubes. 

The heat gain from lighting fixtures is all sensible 
heat. The following examples will show how to estimate 
the heat gain from lights. 


Example 3-29: 


A room has a lighting load of 4000 watts of incandescent 
fixtures. What is the heat gain from the lights? 


Solution: 
Using equation 3-6, 


q 4000 x 3.4 


= 13,600 Btuh 
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Example 3-30: 


A lecture room has 18 lighting fixtures each having a 300 
watt bulb. During the design hour 3 of the fixtures are 
off. How many Btuh do the lights add to the room? 


Solution: 


First find the connected wattage and then the use 
factor; next go to equation 3-6. 


Connected wattage = 18 x 300 
= 5400 
= 15 
18 
= 0.83 
q = 5400 x 3.4 x 0.83 
= 15,239 Btuh 


Use factor 


aoe ee 
3 TUBE FLUORESCENT FIXTURE 


FIGURE 3-G 
CEILING PLAN FOR EXAMPLE 3-31 


Example 3-31: 
An office has 3 rows of 3 tube fluorescent fixtures. The 
fixtures are butted end to end making each row contin- 
uous. The room is 97 ft long and the fixture line stops 
about 6 ft from each end of the room. See Figure 3-G for 
ceiling plan. Estimate the heat gain from the lights. 


Solution: 
Approximate 
length of tubes = 3 fix. x 3 tubes x 85 ft_ 
fix. tube 
= 765 ft 
Total wattage = 765 ft x 10 watts 
ft 
= 7650 watts 
Using equation 3-8, 
q = 7650 watts x 3.4x 1.2 (3-7) 
= 31,212 Btuh 
Gas-Burning Equipment 


Table 3-18 gives the heat released by gas-fired ap- 
pliances. These are usually found only in restaurants 
behind lunch counters, and in laboratories. 


Steam tables and coffee urns are sometimes in a 
conditioned dining space. This is particularly true of 
cafeterias. Steam tables are used to keep food hot. They 
are merely a shallow tank and a inch or two of water 
in the bottom. The water is heated by gas, steam, or 
electric immersion heaters. Pots and kettles containing 
food are set into holes cut in the top of the tank. Water 
is continually evaporating into the air from the food and 
the tank. 

Manufacturer’s data should be consulted for heat 
gains of equipment not given in Table 3-18. If exact data 
are not available, the following general information will 
permit a close estimate. 

1. Natural gas releases about 1,000 Btu per cu ft. 

2. LP gas releases about 2,000 Btu per cu ft. 

3. A2in. natural gas burner uses about 10 cu ft of gas 
per hr; a 4 in. burner uses about 15 cu ft per hr. 

4. Total heat from a gas application can be assumed to 
be about half sensible and half latent heat. 

The same remarks about hoods in the section Elec- 
tric Motors and Equipment applies to gas appliances. 


Example 3-32: 


A restaurant has three 3 gallon coffee urns and a 3’ by 
6’ food warmer, 6” deep. How much sensible and latent 
heat is released in the restaurant? 


Solution: 
Food warmer 6x3x.5 =9 Ft? 
Sensible Heat 
Coffee urns, 12 x 1420 = 17,040 Btuh 
Food warmer, 9 x 1200 = 10,800 
Total sensible heat = 27,840 Btuh 
Latent Heat. 
Coffee urns, 12x 710 = 8,500 Btuh 
Food warmer, 9x 610 = 5,490 
Total latent heat = 14,010 Btuh 


Warm Pipes 


Hot water or steam pipes are frequently concealed 
in the walls of air conditioned rooms. In industrial build- 
ings, these pipes may carry steam throughout the 
summer months. The sensible heat added by exposed 
pipes is given in Table 3-19. Values for both bare and 
insulated pipes are given. 


Example 3-33: 


Twelve feet of 2 in. bare hot water pipe, and 16 ft of 4 in. 
steam pipe pass through a conditioned room. The 2 in. 
pipe carries water at 180 F. The steam pipe carries 
steam at 5 psig; it is covered with 1 in. snap-on glass fiber 
insulation. Find the sensible heat gain from the pipes. 


Solution: 

Heat due to water pipe, 12 x 144 = 1728 Btuh 
Heat due to steam pipe, 16x49 = 784 
Total heat gain due to piping = 2512 Btuh 
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infiltration 


Outdoor air is always likely to leak into a building 
through small cracks around sash and doors. Air leak- 
ing into buildings is called infiltration. Air that is 
pushed out the window and door cracks is called ex- 
filtration. Two methods can be used to estimate infil- 
tration: the air change method, and the crack method. 


Air Change Method 


The air change method was developed several de- 
cades ago when central heating was new. Central heat- 
ing systems for residences were gravity warm air, or 
direct radiation (steam or hot water). Heating systems 
for commercial and institutional buildings were all 
direct radiation (steam and hot water). Designers used 
air changes to offset the cold wall effect. 

(An air change is one room volume per hour. A 
designer using two air changes per hour added the heat 
required (in Btuh) to heat two room volumes of air per 
hour from outdoor to indoor temperature.) 

The air change method worked this way. Suppose 
a house had two Bedrooms, A and B, of equal volume. 
Bedroom A had windows on one wall and Bedroom B 
had windows on two walls. With the inside temperature 
of both rooms at 70 F, Bedroom A would be comfort- 
able, but Bedroom B would seem cold. So in figuring the 
heat loss, the designer used one air change for Bedroom 
A and 1% air changes for Bedroom B. This added 
enough additional heat to Bedroom B to offset the cold 
wall effect of two outside walls. People were comfort- 
able, by the standards of the times and the air change 
method was considered acceptable. Table 3-20 gives the 
air changes for other wall exposures. 

The air change method is generally considered a 
way to approximate a source of heat loss. It recognizes 
that more heat ought to be put into a room if it has 
windows on two sides. But it leaves out these important 
factors: the type of windows; whether the windows are 
loose or tight; the use of weather-stripping; and the 
effect of the wind velocity. As the art of heating de- 
veloped and the public demanded more comfort, forced 
air heating replaced the gravity furnace. Unit venti- 
lators and air handling units became standard equip- 
ment for commercial and institutional buildings. 
Building codes began to specify a minimum amount of 
outdoor air. There is no tie-in between infiltration and 
the volume of a room so the air change method is used 
for quick estimating purposes only. Its use in air 
conditioning work is not as accurate as the “crack 
method.” 


Commercial Building Envelope Leakage 


The building envelopes of large commercial build- 
ings are often thought to be quite airtight. Typical air 
leakage values per unit wall area at 0.30 in. of water are 


0.10, 0.30, and 0.60 cfm/ft. for tight, average, and leak- 
ing walls respectively. 


Air Leakage Through Internal Partitions 


In large buildings, the air leakage associated with 
internal partitions becomes very important. Elevator, 
stair and service trapped walls, floors, and other in- 
ternal partitions are the major separations of concern 
in these buildings. Their leakage characteristics are 
needed to determine infiltration through exterior walls 
and air flow patters within a building. These internal 
resistances are also important in the event of a fire to 
predict smoke movement patterns and evaluate smoke 
control systems. Figure 3-H gives leakage areas (cal- 
culated at 0.30 in. of water with C, = 0.65) for different 
internal partitions of commercial buildings. 


Construction 

Element Wall Tightness Area Ratio 

A/Ay 
Stairwell Walls Tight 0.14 x 104 
Average 0.11 x 10° 
Loose 0.35 x 10% 
Elevator Shaft Walls Tight 0.18 x 104 
Average 0.84 x 10% 
Loose 0.18 x 102 

AJ/Ag 
Floors Average 0.52 x 10% 

A = Leakage area A, = wallarea A; = Floor area 

FIGURE 3-H 
LEAKAGE AREAS FOR INTERNAL PARTIT 
IN COMMERCIAL BUILDINGS 


NOTE: FLOW RATES AT PRESSURE DIFFERENCE ACROSS DOOR (ap) 
OF 75 N/m? 
FOR OTHER OP, MULTIPLY LEAKAGE RATE BY (6P/75) 0.55 
FOR OTHER DOOR SIZE, ADJUST LEAKAGE RATE IN 
PROPORTION TOTAL CRACK LENGTH 
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FIGURE 3-1 
AIR LEAKAGE RATES OF DOORS VERSUS AVERAGE CRACK WIDTH 


Leakage openings at the top of elevator shafts are 
equivalent to office areas of 620 to 1550 square inches. 
Air leakage rates through stair shaft and elevator 
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doors are shown in Figure 3-H and 3-I as a function of 
average crack width around the door. Leakage areas 
associated with other openings within commercial 
buildings are also important for air movement calcu- 
lations. These include interior doors and partitions, 
suspended ceilings in buildings where the space above 
the ceiling is used in the air distribution system, and 
other components of the air distribution system. 


Air Leakage Through Exterior Doors 


Door infiltration depends upon the type of door, 
room and building. In residences and small buildings 
where doors are used infrequently, the air exchange 
associated with the door can be estimated based on air 
leakage through cracks between the door and the 
frame. A frequently opened single door as in a small 
retail store has a much larger amount of air flow. 


Crack Method: 


Air infiltration through several types of windows 
for two wind velocities is given in Table 3-21. The data 
can be used for average field conditions. A wind ve- 
locity of 74 mph is generally assumed for summer 
conditions and 15 mph for winter. Merely measure the 
length of window crack and multiply by the proper 
leakage rate from the table. Suppose a building has four 
exposed walls. Calculate the crack length for the two 
sides most nearly facing the prevailing wind. It is often 
assumed that only half the crack is effective for infil- 
tration. This assumes exfiltration through the other 
half of the crack length. Example 3-34 will show you 
how to use Table 3-21. 


Example 3-34: 
A clinic has 26 steel residential casement windows (1/32 
in crack). Each window is 20 in. x 40 in. Estimate the 
crack leakage for the windows for summer cooling. (7/4 
mph wind) 


Solution: 
Perimeter of each window = (2 x 1%) + (2 x 3%) 
= 10 in ft. 
Total crack = 26x 10 
= 260 in ft. 


From Table 3-21 the crack leakage is 23 cfh per in ft. 
Therefore, 
Total leakage = 260 x 23 
= 5,980 cfh 
= 5,980 
60 
= 99.7 cfm 


In some buildings infiltration is negligible because 
the building is pressurized. This can happen when out- 
door air is taken into a central air handling unit. In such 
situations the pressure in the room can easily build up 


high enough to offset the wind pressure. This stops 
infiltration; actually, air is leaking out; when ventila- 
tion air is positively introduced by the air handling unit 
it is not a part of the room load. It is a part of the load 
on the central apparatus. Example 3-40 shows how this 
works. 

When infiltration does come into a room it adds 
sensible and latent heat to the room load. The sensible 
heat gain is found by the following equation: 

qs, = 1.08 x Q (t, - ti) 
where 

qs = sensible heat, Btuh 

Q = Air flow rate, cfm 

t,o = Outside air temperature, F 

t; = Room air temperature, F 


(3-8) 


The latent heat gain from infiltration air is found by 
the following equation: 


qi: = 0.7x Qx (HR, - HR) (3-9) 
where 

q: = Latent heat, Btuh 

Q- = Air flow rate, cfm 


HR, = Humidity ratio of outside air, grains per lb 
HR; = Humidity ratio of room air, grains per !b 


Example 3-35: 


For the clinic in Example 3-34, 9 of the rooms have two 
windows and 2 rooms have 4 windows each. Outdoor 
conditions are 95 DB and 105 HR; inside conditions are 
78 DB and 72 HR. Assume air infiltrates into each room. 
What sensible and latent heat is added to each room load 
by infiltration? 


Solution: 
From Example 3-34, 
Crack per window = 10 in ft 
Infiltration per window = 23 x 19 
= 230 cfh 
= 230 
60 
= 3.8 cfm 
For rooms with 2 windows, 
Sensible heat q, = 1.08 x Q x (t, - ti) (8-8) 
= 2x 1.08 x 3.38 x (95 - 78) 
= 139.5 Btuh 
Latent heat q; = 0.7 x Q x (HR, - HR) (3-9) 


= 2x 0.7 x 3.8 (105 - 72) 


= 176 Btuh 
For rooms with 4 windows, 
gs = 2x 189.5 
= 279 Btuh 
q =2x176 
= 352 Btuh 
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Ventilation Load 


There are three ways to control odors: 
1. Localized exhaust 
2. Adsorption equipment 
3. Dilution by outdoor air 

Localized exhaust is typically used in process work 
by putting a hood over a tank or vat giving off odors. 
A later chapter explains how adsorption equipment is 
used. In most occupied air conditioned spaces dilution 
by outdoor air is used to control odors. Following is a 
discussion of this method in detail. 

Outdoor air for ventilation is cooled and dehumid- 
ified before being delivered to the conditioned room. 
This is usually done by mixing the outdoor air with 
return air ahead of the cooling coils. The mixture then 
goes through the cooling coils and is distributed to the 
rooms by the supply fan. 

Tables 3-22A and B give the amount of outdoor air 
commonly required by ASHRAE Standard 62-1989 for 
various conditions. The quantity of outdoor air is de- 
termined by the types of occupancy. Local codes should 
also be checked for outdoor air requirements. 

The total air circulated in a room is generally 
greater than the outdoor air given in Tables 3-22A and 
B. The air needed (above the amount of outdoor air) is 
recirculated from the conditioned space. A later chap- 
ter will show how to calculate the total quantity of air 
to be circulated. 


Example 3-36: 
A theater seats 700 people. How much outdoor air 
should be used for ventilation? 
Solution: 


From Table 3-22A, use 15 cfm outdoor air per person. 
Total outdoor air = 700 x 15 
= 10,500 cfm 
Example 3-37: 
An air conditioning unit serves an office having the fol- 
lowing areas: 


Dimensions, 
Description Occupancy 
General Office 25 x 50 75 sq ft per person 
Director’s Room 25 x 25 16 people 
Conference Room 10 x 25 
5 Private Offices, each 10x 10 1 person/office 


How much outdoor air should be brought into the air 
conditioning unit for ventilation? 


Solution: From Table 3-22A 


Office Area Basis for Ventilation Outdoor Air, cfm 


General 25 x 50 = 17 people 17 x 20 = 340 
15 
Director 16 people 16 x 20 = 320 
Conference 10x 25 = 250 sq ft 13 x 20 = 260 
13 people 
Private 5 people 5 x 20 = 100 
TOTAL 1,020 cfm 


Example 3-38: 
An air conditioning system supplies 12,000 cfm to a 
building. Exhaust hoods take 700 cfm from the building 
and a toilet room exhaust system takes out another 1,100 
cfm. The total of all door and window cracks is 400 cfm. 
The outdoor air requirements for ventilation from Table 
3-22A totals 3,000 cfm. 
(a) What air volume should the return air ductwork 

handle? 

(b) Should any air be vented from the building? 


Solution: 


Part (a): 
Supply air = Outdoor air + Return air 
Return air = Supply air - Outdoor air 
= 12,000 - 3,000 
= 9,000 cfm 
Part (b): 
The outdoor air coming into the building is 3,000 cfm. 
So 3,000 cfm must also leave the building. The air 
leaving the building is now: 


Exhaust hoods = 700 cfm 
Toilet exhaust = 1,100 cfm 
Exfiltration = 400 cfm 
Total 2,200 cfm 


Since 3,000 cfm must leave the building, 800 cfm must 
be vented (3,000 - 2,200 = 800). 


VENT 800 «fm 
[ANSWER {b}] 


CRACK 400 cfm 


HOOD 


EXHAUST 700 cfm 


9.000 cfm R.A 
ANSWER |u) 


: Ac 
EQUIPMENT 


AIR FLOW RATES FOR EXAMPLE 3-38 


Some buildings or rooms have large floor areas 
with few people. Here the outdoor air, when figured by 
Table 3-22A, may be an absurdly small part of the total 
air to be circulated. In cases such as this, it is suggested 
that the outdoor air be increased to 10 percent of the 
total air being circulated. The minimum outdoor air 
given in Table 3-22A should always be satisfied. 

Sensible and latent heat removed from the outdoor 
air is a load on the air conditioning equipment. The load 
due to the ventilation air should be kept apart from the 
other heat gains. We will discuss this later in more 
detail. The capacity of the coils and refrigeration equip- 
ment must take care of two cooling loads: 


TOILET 


EXHAUST 1100 cfm 


2.200 cfm 


SUPPLY AIR 


FIGURE 3-J 
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1. Internal sensible and latent heat gains. 
2. Ventilation load. 

The internal heat gain in a room is the sum of heat 
gains from: conduction through walls, ceilings, floor, 
and glass; people; equipment; ducts; sun; and infiltra- 
tion. (Infiltration occurs only if insufficient outdoor air 
is introduced through the fan system to maintain a 
positive conditioner pressure.) The ventilation load is 
the heat removed in cooling the outdoor air used for 
ventilating purposes. 

The designer of an air conditioning system ordi- 
narily has little control over the heat gains. He must 
take them as a given and provide equipment of suffi- 
cient size to overcome them. The minimum size of 
equipment is that required to absorb the internal heat 
gains of the space plus heat gains from ventilation air. 

To cool and dehumidify ventilation air additional 
refrigerating capacity must be used. The amount of 
additional refrigerating capacity depends on the quan- 
tity of outdoor air required. (See ASHRAE Standard 
62-1989.) 

The outdoor air is mixed with return air ahead of 
the cooling coils. The mixture then flows through the 
coils for cooling and dehumidifying. From the cooling 
coil the mixture is delivered to the conditioned spaces 
by the supply fan. 

The quantity of chilled air for a room is not affected 
by the amount of outdoor air in the mixture. The air 
quantity required depends solely on the sensible in- 
ternal heat gains. Suppose no outdoor air were used. 
The supply air absorbs the entire internal heat gains of 
the room in heating up from the coil leaving temper- 
ature to the room temperature. Suppose the air off the 
coil is all return air. What is the load on the coil? It is 
exactly equal to the internal heat gains of the room. 

Now suppose outdoor air is used. The total quan- 
tity of chilled air delivered to the conditioned space 
must remain constant. So the return air must be de- 
creased by the amount of outdoor air used. Now what 
happens to the chilled mixture of return and outdoor air 
(supply air) when it gets to the room? It heats up to 
room temperature by absorbing the heat gains of the 
room. Part of the room heat gains are absorbed by the 
chilled outdoor air heating up to room temperature. 
The balance of the room heat gains are absorbed by the 
chilled return air heating up to room temperature. 

The cooling coils chill the ventilation air in one step 
— from the outdoor temperature down to the final 
temperature leaving the coils. Even so, cooling the 
outdoor air takes place in two steps: 

1. From the outdoor temperature to the room tem- 
perature. 

2. From the room temperature to the final tempera- 
ture leaving the coil. 


The heat removed in cooling outdoor air from room 
temperature to the temperature leaving the coil is 
equal to the heat the chilled outdoor air will absorb in 


warming up to room temperature. But, the part of the 
room heat gains absorbed by the outdoor air has al- 
ready been included in the total internal heat gains of 
the room. It has thus been accounted for. Therefore, the 
extra load on the cooling coils (of ventilation air) is only 
the heat removed in cooling the ventilation air to room 
temperature — not the temperature leaving the coil. 

Inasmuch as latent heat, as well as sensible heat, 
must be removed from the outdoor air, enthalpy should 
be used in actual calculations. Let’s summarize the 
above discussion: 


The excess cooling load of the outdoor air is equal 
to the heat required to cool the outdoor air to the 
enthalpy of the room air. 


Thus far, only the load of ventilation air has been 
discussed. A complete discussion of the total refriger- 
ating capacity is in a later chapter. 


Example 3-39 


A theater maintained at 78 DB and 65 WB seats 600 
people. Smoking is prohibited. Outdoor air conditions 
are 95 DB and 75 WB. The humidity ratios are 72 gr per 
lb inside and 99 outside. Find: 

(a) the outdoor air required 

(b) the ventilation load in tons 


Solution: 


(a) Referring to Table 3-22A, 15 cfm of outdoor air 
should be supplied for each person 


Outdoor air = 600 x 15 
= 9000 cfm 


(b) Use equations 3-8 and 3-9 to find the sensible and 
latent heat to be removed form the air. 


Sensible Heat: 


qs = 1.08xQx (t,- ti) (8-8) 
= 1.08 x 9000 x (99-72) 
= 165,240 Btuh 
Latent Heat: 
qi = 0.7x Qx (HR, - Hr) (8-9) 


0.7 x 9000 x (99-72) 
170,100 Btuh 


oll 


Ventilation Load: 

= .165,240 + 170,000 

12,000 
= 27.95 Tons* 
Example 3-40 

The noon hour load in a cafeteria seating 200 people is 
required. The room is kept at 78 DB and 65 WB when 
the outdoor air is 95 DB and 78 WB. The outside and 
inside humidity ratios are 118 and 72 gr per lb Find: 
(a) the ventilation air required 
(b) the ventilation load in tons 


*A heat flow rate of 12,000 Btuh is one ton of refrigeration. 
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Solution: 


(a) Referring to Table 3-22A, 20 cfm should be sup- 
plied for each person. 
Outdoor air = 200 x 20 
= 4000 cfm 


(b) Sensible Heat: 
ds = 1.08 x 4000 x (95 - 78) 
= 78,440 Btuh 


Latent Heat: 
q; = 0.7 x 4000 x (118 - 72) 
= 128,800 Btuh 


Ventilation Load: 
= 73,400 + 128,800 
12,000 
16.85 tons 


Heat is removed from the ventilation air by the 
cooling coils. Although this ventilation air is an extra 
load on the coil, it is not a part of the room load. The 
internal sensible heat gains of a room determine the 
quantity of chilled air required by the room. The cooling 
required by ventilation air is figured separately. It is 
added to the heat gains of the conditioned room to find 
the total capacity of the cooling coils and the refriger- 
ating plant. 


(3-8) 


it 


Occasionally, some or all of the outdoor air may be 
delivered to a conditioned room without first being 
cooled. For instance, bypasses around cooling coils are 
sometimes used. Then some or all of the outdoor air 
flows around the cooling coil instead of through it. 


Outdoor air that bypasses the cooling coil has the 
same effect on the room load as infiltration. The out- 
door air supplied directly to a room is a burden on the 
chilled air supplied to that room if its temperature and 
humidity is above that of the supply air. The chilled air 
must absorb not only the internal heat gains of the 
room, but also cool and dehumidify the outdoor air. The 
additional load of the worm outdoor air thus thrown 
into the room increases the quantity of chilled air re- 
quired. So outdoor air shouldn’t be supplied to a con- 
ditioned room until it has been cooled and dehumidified. 

Sometimes bypassed outdoor air is mixed with 
chilled air before being supplied to a conditioned room. 
This doesn’t change the situation: Outdoor air should 
be chilled and dehumidified. Mixing the bypassed air 
with the chilled air reduces the ability of the chilled air 
to absorb sensible heat and moisture in the room. The 
effect of the outdoor air on the temperature and hu- 
midity of the room is exactly the same as though the 
outdoor air came in directly through an open window. 


i U=0.35 


U=0.54 
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TEMPERATURE DROPS THROUGH VARIOUS WALLS 
(Based on still air on both sides of wail) 


How Heat Travels Through Walls 


As discussed earlier in this chapter, a wall transfers 
heat to the air in a room when the wall’s inner surface 
temperature is warmer than the room air. A wall losing 
heat to the air in a room would eventually cool to the 
room air temperature. This would happen except that 
the heat lost by the wall is constantly being replaced. 
It is being replaced by the hot outdoor air in contact 
with the outer face of the wall. 

In order to have a flow of heat from one object to 
another, the objects must have different temperatures. 


Heat flows from the outdoor air to the outer surface of 
the wall because the outer surface is cooler than the 
outdoor air. On the inside of the room, the reverse is 
true — the inner face of the wall is warmer than the 
room air. The temperatures at various points in a 12 in. 
brick wall are shown in Figure 3-K. The temperatures 
of the various parts of the wall become cooler as the 
inner surface of the wall is approached. The lowest 
temperature of the wall is at the inner face. 

A layer of air clings to the face of any object. This 
causes a drop in temperature from the outdoor air to 


38 TRANE AIR CONDITIONING MANUAL 


the inner face of the wall, and from the inner face of the 
wall to the room air. Surface conductance is another 
subject discussed earlier in this chapter. The existence 
of the surface film can be illustrated by the measure- 
ment of the velocity of a fluid in a pipe. As the pipe wall 
is approached, the velocity of the fluid becomes lower 
even though the velocity in the center of the pipe is 
high. At the wall of the pipe the velocity is zero; that 
is, there is a stagnant film of fluid in contact with the 
wall. This is equally true of air next to a wall. 

The surface film offers resistance to the flow of 
heat through the wall. When still air is in contact with 
a wall, the resistance of the surface film is at its highest. 
When air is flowing past the surface of a wall, the 
resistance of the surface film is lowered; that is, more 
heat can flow through it. The air movement causes 
turbulence in the surface film. This tends to lessen its 
thickness and thereby lowers its resistance to the flow 
of heat. 

Figure 3-L illustrates the temperature at various 
points in a concrete wall. Note that the U value is 
higher than for the brick wall in Figure 3-K. About 
twice as much heat can flow through the concrete wall 
of Figure 3-L as can flow through the brick wall of 
Figure 3-K. The temperature of the plaster face of the 
brick wall is 82.4 F; the temperature of the plaster face 
of the concrete wall is 84.9 F. For the concrete wall the 
temperature difference between the plaster and the 
room air is 4.9 degrees; for the brick wall the temper- 
ature difference between the plaster and the room air 
is 2.4 degrees. The flow of heat through the inside air 
film of the concrete wall is just double the heat flow 
through the film of the brick wall. This is because the 
temperature difference on both sides of the air film is 
about double. The temperature drop through the brick 
wall is 10.2 degrees; whereas, the drop through the 
concrete wall is 5.2 degrees. The brick wall is the better 
heat insulator of the two because it is able to maintain 
a larger temperature difference between its outer and 
inner faces. 

Thicker walls offer more resistance to heat flow 
than thinner ones; they are able to maintain a greater 
temperature difference between their two faces. If the 
6 in. concrete wall of Figure 3-L were 18 inches thick 
as in Figure 3-M, its U value would be 0.35 instead of 
0.54. The temperature difference between the two 
faces would then be 8.6 degrees instead of 5.2 degrees. 

The temperature of the plaster surface of the 18 in. 
concrete wall is 3.2 degrees higher than the room air. 
The transfer of heat through the surface film of this 
wall is less than through the film of the 6 in. concrete 
wall. This is because the plaster face of this 6 in. wall 
is 4.9 degrees higher in temperature than the room air. 

The lower the U value of a wall, the lower will be 
its inside surface temperature. The lower the inner 
surface temperature of a wall, the smaller the transfer 
to the room air. 


Heat Flow Through Walls With Varying Outdoor 
Temperatures 


All of the discussion in the foregoing section is 
based on a constant outdoor temperature. But outdoor 
temperatures vary. If the outdoor and indoor temper- 
atures were constant, the walls of Figures 3-K, 3-L and 
3-M would assume the temperatures indicated. There 
would be no heating or cooling of the walls; further, all 
the temperatures at various points in the wall would 
remain constant. 

Suppose the outdoor air at 95 F were suddenly 
dropped to 85 F. For a short time heat would continue 
to flow from the inside face of a wall to the room air 
because all the temperatures in the wall would be 
caused by the higher outdoor temperature. Now the 
temperature of the outer surface of the wall would 
temporarily be warmer than the outdoor air at 85 F. So 
there would be heat flow from the outer face of the wall 
to the outdoor air. In Figure 3-K, for instance, the 
outside surface of the wall would still be at 92.6 F. So 
the wall would lose heat from its outer face to the 
outdoor air at 85 F, as well as from the inside face to 
the room air at 80 F. Under these conditions the heat 
of the wall would not be replenished. As a result, all the 
temperatures at various points in the wall would fall as 
the wall surrendered its heat. This would continue until 
these temperatures reached a point where they were 
again stable for an outdoor temperature of 85 F and a 
room temperature of 80 F. The point of steady tem- 
peratures within the wall would be reached only when 
the heat flowing out at the inner face of the wall was 
equal to the heat flowing in at the outer face (equilib- 
rium). 

Now suppose that after several hours of 85 F the 
outdoor temperature rose to 95 F. Then for awhile the 
heat flow from the wall into the room would not in- 
crease. The inner surface temperature of the wall 
would still be very little above the room temperature 
due to the small heat flow when the outdoor temper- 
ature was 85 F. So the heat passing through the inside 
surface film, from the inner face of the wall to the room 
air, would be no greater because of the outdoor air at 
95 F. 

On the outside, because of the higher outdoor tem- 
perature, the heat flow from the air through the outside 
surface film would be increased. The temperature of 
the outer surface of the wall would rise rapidly and the 
heat flow into the interior of the wall would increase. 
But the mass of the wall acts as a trap to soak up some 
of the heat pouring into the wall from the outside. As 
more heat flows into the wall than goes out, the tem- 
perature of the wall will increase. The temperatures at 
various points in the wall, including the inner surface, 
will rise. This will continue until just as much heat flows 
out at the inner face of the wall as is flowing in at the 
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outer face. When this level is reached, the temperature 
at all points within the wall will again stay constant as 
long as the outdoor temperature is 95 F. 

The inside surface temperature of a wall will not 
vary for some time after the change in outdoor tem- 
perature. The time interval between the change in 
outdoor temperature and the change in the inside tem- 
perature is called the time lag. “Time lag”’ is really the 
time required for the heat to travel through a wall from 
the outer to the inner face. Massive walls with consid- 
erable insulation have a large time lag; substances such 
as glass or sheet metal have practically none. The more 
massive a wall the larger will be the quantity of heat 
needed to raise its temperature. So the inner surface 
of massive walls may never reach the maximum pos- 
sible inner surface temperature if the high outdoor 
temperature doesn’t last long. 

Thin walls of lightweight construction require little 
heat to raise their temperature. So the maximum inner 
surface temperature is reached soon after the rise in 
outdoor temperature. Such walls store little heat and 
quickly lose it when the outdoor temperature drops. 
The time lag is short. For lightweight walls a short 
interval of hot daytime temperatures will soon raise 
the temperature of the inside surfaces to the maximum 
point. Then for the balance of the day, there will be a 
continuous flow of heat into the room. 

Heavy, thick walls have a large heat storage ca- 
pacity. So the inner surface temperature will not vary 
for some hours after a change in outdoor temperature. 
The time lag of such a wall is considerable. In hot 
climates, old buildings with massive walls are often cool 
inside. The heat of the day never penetrates to the 
inner surface. The walls are so massive that it takes all 
day for heat to go any distance into the wall and in- 
creases its temperature. By the time that the temper- 
ature of the interior of the wall has been raised 
somewhat, night arrives. Then the relatively warm 
outer layers of the wall begin to lose heat to the cool 
night air. All night long heat flows from the hot outer 
layers of the wall to the cool night air. When morning 
arrives, the heat flow again reverses into the wall and 
the entire cycle is repeated. The wall acts as a buffer 
to the hot outdoor temperatures, storing the heat in the 
daytime and delivering it back to the outdoors at night. 


Radiant Heat 


So far, this discussion of heat transfer has always 
mentioned some substance. One substance surrenders 
heat, and another one receives it. As an illustration, 
take the case of heat transferred from warm air to 
chilled water in an air conditioning apparatus. After 
leaving the apparatus, the water flows back to a re- 
frigerating machine where it surrenders this heat to 
the cold refrigerant. The heat has been conveyed from 
the warm air to the cold refrigerant by an actual sub- 
stance — the circulating water. 


Radiant energy or heat, on the other hand, needs 
no actual substance to carry it from one object to an- 
other. Radiant heat can and does travel through a 
vacuum. Radiant heat has many of the same properties 
as light. It cannot pass through an opaque object. Ra- 
diant heat impinging on the face of an object causes a 
“heat shadow” to be formed behind that object. The 
area in the shadow of the object will remain cool 
whereas the areas around the object exposed to the 
radiant heat will become warm. On the other hand, 
transparent materials allow both light and radiant heat 
to pass through them. Radiant heat can be reflected 
from a bright surface just as light is reflected by a 
mirror. 

Suppose a furnace has a brisk fire in it. If one opens 
the door and looks at the fire, the full force of the 
radiant heat of the fire will be felt on the face. This 
sensation of heat is not due to a hot current of air since 
cool room air will actually be drawn into the furnace 
through the open door. 

Suppose a red-hot iron bar is held horizontally. The 
convection currents of hot air can be seen rising from 
the bar. If the hand is held several inches below the bar, 
the palm will feel warm as a result of the heat radiating 
from the bar. Again, this sensation of heat is not due to 
a current of hot air since the warm air stream is rising 
from the bar. 


Solar Heat 


The sun’s rays pass through outer space and 
through the atmosphere to the earth. Any surface they 
strike (ground, roofs, walls) becomes warm. The heat 
reaching the surface of the earth varies considerably 
from hour to hour. Clouds, haziness of the atmosphere, 
and other factors cause large variations in the amount 
of solar heat reaching the surfaces of the earth. 


Reflection 

When light falls on a mirror, a white colored sur- 
face, or any other bright area, a large percentage of it 
is reflected. Similarly, if radiant heat strikes a light- 
colored surface, a large percentage of it will be re- 
flected by the light surface. The following table shows 
the approximate percentage of impinging solar radia- 


tion that is reflected by painted surfaces of various 
colors. 


Color of Painted Percentage of Radiant Percentage of Radiant 


Surface Heat Reflected Heat Absorbed 
Clean Aluminum 72 28 
Light Red 37 63 
Black 6 94 


The darker a surface, the more impinging solar 
radiation that will be absorbed by the surface. There- 
fore, dark surfaces always have higher temperatures 
than white surfaces exposed to the same sunlight. This 
can be demonstrated simply by putting two strips of 
cloth, one white and the other black on top of a block 
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of ice. The two strips of cloth should be placed side by 
side. Now let the block of ice sit in the sun for awhile. 
The black strip will melt a deeper groove in the ice than 
the white strip. This is because the white strip reflected 
much of the radiant heat that fell upon it, leaving less 
available to melt the ice. The black strip reflected little 
solar heat. Most of it passed through the black cloth and 
was available for melting the ice under it. 

The color of the outside surface of a wall, therefore, 
plays an important roll in determining the amount of 
solar heat that will be absorbed. Light-colored surfaces 
reflect more solar radiation than dark-colored surfaces. 
In calculating solar heat gains through walls and roofs, 
the color of the outside surface must be taken into 
account. 

Smooth surfaces reflect more light than rough 
ones. Similarly, smooth surfaces reflect more radiant 
heat than rough ones. 


Surface Temperatures 


Radiant energy striking any surface raises the sur- 
face temperature. The surface of a dark roof may reach 
150 F during a summer day; yet the air temperature 
just above the roof may be only 90 F 

The surface temperature of a wall or roof is de- 
pendent upon the clearness of the atmosphere and on 
the angle at which the rays of the sun strike the surface. 
When a surface is perpendicular to these rays, the 
surface gets the full intensity of the sun. On the other 
hand, when these rays strike a surface at an angle, the 
intensity is much less. The earth rotates once each 24 
hours, causing day and night. The earth goes around 
the sun once a year, causing the seasons. Because of 
these movements the angle at which the sun’s rays 
strike a surface is continuously changing. This means 
that the surface temperature of a wall in the sun varies 
throughout the day. 

In summary, the surface temperature of a wall or 
roof will depend upon: 

1. the angle of the sun’s rays upon it 

2, the type of construction 

3. the color and roughness of its exposed surface 
4. the reflectivity of its exposed surface 

The direction that a vertical wall faces is important 
in finding the angle at which the rays of the sun strike 
it. The direction also determines the hours during 
which the wall will be exposed to the sun. A south wall 
at 35 degrees north latitude will be in the sun at about 
eight in the morning. From that time on the surface 
temperature of the outer face of the wall will steadily 
inerease until noon. From noon on, the surface tem- 
perature will decrease until shortly after 4 p.m. At that 
time, the wall will be in the shade. In the same latitude 
sunlight will not fall on a wall facing west until noon. 
The temperature of the outside surface of a west wall 
will reach a maximum at about 4 p.m. After that time 
it will decline steadily. The temperature of a surface in 


the sun is almost always above the temperature of the 
outdoor air. Thus heat flows from the surface to the air 
through the outside surface film. Only a portion of the 
radiant heat striking a surface is absorbed into the 
interior of the wall. Of the portion of the heat that starts 
the trip into the interior of the wall, only a portion of 
it ever reaches the inside of the building. Time is re- 
quired for the heat, pouring into a wall from the out- 
side, to reach the inner face. Most of the radiant heat 
first striking a wall raises the temperature of only the 
outside surface of the wall. Before heat can travel far 
into the interior of the wall, the outside surface tem- 
perature drops again because the sun changes position; 
the warm wall then begins to surrender heat to the 
outdoor air. Therefore only a percentage of the heat 
ever reaches the inside surface of the wall to raise its 
temperature. 

The heat flow from the inside surface of a wall to 
a conditioned room will increase as the inside surface 
temperature rises. For walls of average construction 
the peak inside surface temperature may occur about 
two or three hours after the peak of the outside surface 
temperature. The time lag will depend almost entirely 
on the wall construction. For very heavy walls the 
inside surface temperature will increase only a small 
amount. This is because the length of time that the sun 
shines on the wall is far less than its time lag. Before 
the heat of the sun can get to the interior of such a wall, 
the wall is in the shade. Whatever heat has penetrated 
part way into the wall now reverses and flows back to 
the outdoor air. 


Solar Heat Tables 


For many buildings the solar heat gain on the roof, 
walls and windows is an important part of the total load. 
For any surface of a building and for any hour of any 
day the angle of the sun’s rays are accurately known. 
But the exact amount of radiant heat passing through 
solid surfaces is unknown. There is enough information, 
however, to estimate solar heat gains for budgeting 
purposes. 

Tables 3-23 through 3-44 contain basic factors for 
budget estimating the effect of solar heat through 
single pane glass windows and through glass blocks, as 
well as the effect on walls and roofs. 

These tables, have been taken from a complete 
book of Solar Tables previously published by The Trane 
Company in December, 1970. They provide the solar 
effect for 40 degree latitude, and for the months of 
March through September. The complete book of Solar 
Tables includes the solar effect for all months — Jan- 
uary through December — and for latitudes from 0 
degrees to 50 degrees. Tables 3-28 through 3-44 are 
included here only as examples to illustrate the use of 
Solar Tables. 

A time lag for heat to flow through walls and roofs 
has been taken into account in preparing the solar heat 
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tables. The solar heat coming through a wall or roof at 
a given hour is due to sunlight that fell on the surface 
earlier. The outside surface of a wall or roof is hottest 
at solar noon. But from the tables it can be seen that 
the maximum solar heat gain will occur in the after- 
noon. In reality, the actual time lag depends upon the 
type of building construction. 

The angle that the sun makes with the walls of a 
building will depend on the latitude and the time of day. 
Both the latitude and the time of day are given in the 
solar heat tables. The tables were prepared for stan- 
dard time. Daylight time therefore cannot be used. 

The latitude for many cities in the United States is 
given in Table 3-45. 

Solar heat gain calculations in current use are all 
computerized and included in comprehensive comput- 
erized building and system load calculation programs 
that utilize ASHRAE algorithms. 


Common Window Glass 


Glass is transparent so a large portion of the sun’s 
rays pass directly through it. This heats up the floor, 
walls, and any other surface that the sun strikes. The 
angle the sunlight makes in passing through the glass 
affects the amount of radiant energy transmitted 
through it. For example, if the angle between the sun 
and the glass is small, then the amount of energy trans- 
mitted will be small and the percentage of energy re- 
flected will be large. Therefore, the angle at which the 
sun strikes the glass is important to determine an ac- 
curate value for the solar load. 

Some windows are bare; others have shades or 
awnings. The solar heat gain through windows will be 
much less if they have shades or awnings. 

The estimated solar heat gain for single-pane com- 
mon window glass at 40 degrees north latitude is given 
in Tables 3-23 through 3-30. (These tables can also be 
used for south latitude by reading up from the bottom.) 
The tables are based on a room temperature of 78 F and 
apply for the months of March through September. The 
gross masonry opening must be calculated when using 
these tables. (For the net area of glass, multiply the 
value from the tables by 1.18.) 

The value from Tables 3-23 through 3-26 represents 
the sum of direct solar radiation and diffuse sky radi- 
ation. “Direct” radiation is the actual beam of sunlight; 
“diffuse” sky radiation is reflected solar energy from 
clouds and dust in the air. 

The value from Tables 3-27 through 3-30 represents 
the heat transfer by convection and radiation from the 
glass. The temperature of the glass is higher than the 
air temperature because of the sun’s rays. Because of 
this higher temperature the glass actually transfers 
heat by convection and radiation to the room. This heat 
is in addition to the solar energy. This means the values 
from Tables 3-23 through 3-26 should be added to a 


value from Tables 3-27 through 3-30. The result is some- 
times called transmission. It is the sum of four separate 
heat gains: 

1. Direct solar radiation 

2. Diffuse sky radiation 

3. Convection from the glass 

4. Radiation from the glass 


Example 3-41: 


A building at 40 degrees north latitude has an east 
window. The masonry opening of the window is 5 x 7. 
Find the transmission for 9 a.m. on July 23. 


Solution: 
From Table 3-25 153.9 
From Table 3-29 5.3 


Total transmission is 159.2 Btuh per sq ft 
q = (5 x 7) (159.2) 
= 5,572 Btuh 


Shade Factors 


Shading devices are used to reduce the solar load 
on glass surfaces. Several shading devices are de- 
scribed in Table 3-31. The shade factors in Tables 3-31 
through 3-31B, are multipliers for values from Tables 
3-23 through 3-26 only. These factors should not be used 
for the Convection and Radiation Tables 3-27 through 
3-30. We can now write the following equation for 
common window glass (Equation 3-10): 


a= {area} {[adiation] [factor | *[vection] [Factor] } 
Example 3-42 


A two story building in Philadelphia has 29 windows on 
the south side of each floor. The windows are common 
glass. The masonry opening for each window is 3’6” x 
5’0”. Cream colored venetian blinds are on the inside of 
each window. What is the heat gain for the south win- 
dows at 2 p.m. on August 24? 


Solution: 


From Table 3-45 read the latitude of Philadelphia as 
40 degrees. Using equation 3-10, 


q = [area] {[ radiation | lea here | [Factor } 


_ [2) (29) {{ ‘304 Table Vest 1 3 pon leer \ 


~ (3.5 x 5) 3-31A 3-32A 
= [1,015] cia 5) (55) + beg 3) (1.00)) 
=[1,015] [66.875] 
= 67,878 Btuh 

Other Types of Glass 


Until about 1940, most windows were single-pane 
common window glass. Large windows, however, were 
of plate glass, since common glass was not strong 
enough for store fronts and doors. With the advent of 
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air conditioning in commercial buildings, institutions, 
laboratories, factories and homes, it was necessary to 
search for ways to reduce the solar heat gain through 
windows. Many types of glass have been tried; some 
reduce the radiation component dramatically (over 50 
percent reduction). A heat absorbing plate glass was 
also used frequently in modern air conditioned build- 
ings. 

Tables 3-23 through 3-30 apply for single common 
window glass. A similar set of tables could be derived 
for each of the many other types of glass. But it’s 
simpler to use a multiplying factor to apply to the tables 
for single common window glass. Tables 3-31 through 
3-31B give factors for several kinds of glass. To use 
these tables, locate the type of glass in column 1. Then 
use the number in the appropriate column as a multi- 
plier for values in Tables 3-23 through 3-26. Now, take 
the number from Table 3-32A column (section 2) and use 
it for values from Tables 3-27 through 3-30. 

Below is a 3-step summary of how to use the glass 
tables. 


Step 1. Obtain a value of direct radiation from Tables 
3-23 through 3-26. Multiply this by a shade 
factor from Tables 3-31 through 3-31B. 

Step 2. Select a value of convection and radiation 
from Tables 3-27 through 3-30. Multiply this 
by the factor from Table 3-32A (section 2). 

Step 3. Add Steps 1 and 2 above 


This is the solar and transmission in Btu per hour for 
one square foot of masonry opening for a 78 F room 
temperature. 


We can write these three steps in an equation 
(Equation 3-11): 
con- 


direct shade 
au {area} { radiation| [ factor | | vection] [Factor] 
Example 3-43 
The west side of a store has an open end canvas awning 
rolled up above a window. Someone forgot to lower it. 
The window is double plate glass. The building is at 40 
degrees north latitude. Heat gains are being calculated 
for 3 p.m. on June 21. 
(a) What is the heat transmission? 
(b) Suppose the awning is lowered. Now what is the 


transmission? 

Solution: 

Part (a) 

a= ore! (ear | Deere) recor} 
=f roe. || -Sen| Loo) | cee} 
= (152.6) (.83) + (21.7) (0.60) 
= 126.7 + 13.02 


=139.7 Btuh per sq ft (masonry opening) 


Part (b) 

4 ={[ractation | [ factor } * [ vection ] [ Factor ]} 
-{{ 320 ] [sar] +[ sa ] [ sae J} 
(152.6) (0.20) + (21.7) (0.60) 
= 30.5 + 

13.02 


= 48.42 Btuh per sq ft (masonry opening) 

It has been assumed that the net glass area of a 
window will be 85 percent of the masonry opening. This 
has already been built into the glass tables. Therefore 
the area in equation 3-11 is based on dimensions of the 
masonry opening. This is convenient if only the floor 
plans for a building are available. These usually give 
only dimensions of the masonry opening; the glass sizes 
must be obtained from other drawings. However, for an 
on-the-job survey it may be just as easy to get actual 
glass measurements of a large window. For instance 
the glass in a store front (example 3-43) can usually be 
measured just as quickly as the masonry opening. 
Sometimes large windows are more than 85 percent of 
the masonry opening. If actual glass area is used, mul- 
tiply equation 3-11 by 1.18. 

Example 3-44 
Suppose the plate glass window of example 348 mea- 


sured 7’0” x 286”. What is the transmission with and 
without the awning? 


Solution: 


(7.0) (28.6) 
199.5 sq ft 


With the awning rolled up, 
q = (199.5) (139.7) (1.18) 
= 32,886.8 Btuh 


With the awning down, 
q = (199.5) (43.52) (1.18) 
= 10,245 Btuh 


Glass Blocks 


There are many types of glass building blocks. 
There are several combinations with horizontal and 
vertical flutes either inside or outside the block. Some 
block designs reflect light toward the ceiling, others 
diffuse the light in all directions; some have aluminum 
foil or glass fiber screen at the parting line. The stan- 
dard glass block has both inside and outside surfaces 
smooth; it has no foil or screen at the interior parting 
line. 

Heat transmission values for standard glass blocks 
will be found in Tables 3-33 to 3-36. Select the proper 
table for the month under consideration. Then select a 
value from the table according to time and direction. 
The value will be based on 40 degrees latitude (north 
or south), 95 F outside temperature, and 78 F inside 
temperature. The value from the table is the sum of: 


Glass area 


iol 
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1. Direct solar radiation 

2. Diffuse sky radiation 

3. Convection from the block to air in the room 
4. Radiation from the block to room air 


Example 3-45: 

The old steel sash windows in a bank are being replaced 
with standard glass block. The building is in Washing- 
ton, D.C. The area in question is the southeast wall at 2 
p.m. “fast,” or daylight saving time in the middle of 
August. There will be 9 glass block panels each 4’ 0” high 
and 8’0” long. What will be the heat transmission into 
the room? 


Solution: 


From Table 3-45 read the design temperatures as 95 
DB and 78 WB; the latitude is 39 degrees. Table 3-34 
is for August 24; this will be satisfactory for the 
middle of August. Enter the top of the table in the 
“SE” column; at 1 p.m. “sun” time read 24 Btuh per 
square foot. 


Glass block area = (9) (4) (8) 


= 288 sq ft 
Transmission, 
q = (288) (24) 
= 6,912 Btuh 
Roofs 


An equivalent temperature differential multiplied 
by a U value gives the heat transmission for a roof. The 
equivalent temperature differential includes: 

1. The effect of direct solar radiation. 
2. The heat transmission from the roof to room air at 

78 F by radiation and convection. 

3. An outdoor design temperature of 95 F. 
4, A daily temperature range of 20 degrees 

Tables 3-37 through 3-40 are temperature differ- 
entials for dark colored roofs at 40 degrees latitude. 

Heat flowing through walls was discussed earlier 
in this chapter, (see Figures 3-K, 3-L, and 3-M) — taking 
into account the effect of varying outdoor tempera- 
tures. In general, the same remarks made about walls 
can be made about heat flow through roofs. The equiv- 
alent temperature differentials take the heat storage 
capacity of a roof into account. This is done by grouping 
roofs into three types of construction light, medium, 
and heavy. 

On some buildings roofs are ponded. This is done 
by raising the roof drains from on to six inches above 
the roof deck. With this feature, after each rain, water 
covers the entire roof deck for quite a period of time. 
This can reduce the heat flow by as much as 50 to 80 
percent. In some cases, water from a refrigeration con- 
denser is piped to roof sprays. This puts a film of water 
over the roof deck; evaporation of some of the water is 
then able to keep the roof deck reasonably cool. This 
can reduce the heat flow by as much as 40 to 70 percent. 


Tables 3-37 through 3-40 take ponding and spraying 
of roofs into account. Data are also given for roofs in the 
shade. To use these tables select the proper table for 
the month under consideration. Then classify the type 
of construction into light, medium, or heavy. After this, 
select a temperature differential from the table accord- 
ing to: 

1. Sun time 
2. In the shade or exposed to the sun 
3. Ponded or sprayed 


This procedure can be expressed by the following 
equation: 


(3-12) 
overall heat equivalent 
Plano ee = (area transfer temperature 
coefficient differential 
Example 3-46: 


A roof deck is ponded with 6 in. of water. U = 0.40 for 
the roof. What is the heat transmission for June 21, 40 
degrees north latitude, at noon sun time? 


Solution: 


Turn to Table 3-40 for June 21. Next look in the 
section “Roofs covered with water — exposed to the 
sun.” On the line “any roof with 6 in. water’ find a 
temperature differential of 2.2 in the “12” column. 
Now use equation 3-12: 


q=UxTD 
= (0.40) (2.2) 
= 0.88 Btuh per sq ft 


Example 3-47: 
A 3 in. concrete deck has 1 in. insulating board and a 
% in. built-up roof. U = 0.18. Design temperatures are 
95 F and 78 F. The heat gains are being calculated for 
the middle of July at 3 p.m. fast time. The building is near 
40 degrees north latitude and is 60 x 150. Estimate the 
heat transmission through the roof. 


Solution: Table 3-39 can be used for the middle of 
July. The roof fits the middle section of “medium 
construction.” So under the column “2 p.m.” read 
57.6 as the equivalent temperature differential. Us- 
ing equation 3-12, 
q = (60 x 150) (0.18) (57.6) 
= 93,312 Btuh 


Equivalent temperature differentials are also used 
for estimating the heat transmission through walls. See 
Tables 3-41 through 3-44. The equivalent temperature 
differentials for walls are based on the same assump- 
tions as for roofs with one exception: walls are classified 
as “dark” or “light.” 
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It is possible for the sun to shine on two or more 
sides of a building at the same time. This does not cause 
trouble in estimating the heat gains since the equiva- 
lent temperature differentials take this into account. 


Example 3-48: 


The heat gains for a building near 40 degrees north 
latitude are being estimated for 2 p.m. sun time on 
August 24. The exterior walls are of frame construction 
with 4 in. brick veneer. Assume the brick is dark red. 
What equivalent temperature differentials should be 
used for north, east, south, and west walls? 


Solution: 


Table 3-42 is for August 24. First use the section “4 
in. brick veneer plus frame.” Then under the “D” 
column of 2 p.m. we can find the following equivalent 
temperature differentials: 


North = 

East = 16 
South = 34 
West = 12 


Determining the Time of Day When the Cooling 
Load is at Maximum 


The maximum heat gains from various sources 
rarely occur at the same hour. Assume a 100-seat res- 
taurant on the first floor of an office building on Sep- 
tember 22. It would probably have the largest number 
of patrons between noon and 2 p.m. Suppose this res- 
taurant has a large glass front facing east and no other 
exposures. The maximum solar heat gain is at 8 a.m. 
(See Table 3-23.) It is evident the maximum solar heat 
gain and the maximum people load do not occur at the 
same hour. 

The principle to follow in selecting the hour of the 
day at which to make the heat gain calculations is: 


Select that hour of the day at which the sum of all 
the heat gains from the various sources is a max- 
imum. 


This is entirely different from adding the non- 
coincident peak heat gains from each source. Consider 
the restaurant again. The solar heat gain peaks at 8 
a.m.; there might be 25 people eating breakfast. Now 
the solar heat at 8 a.m. plus the body heat of 25 people 
should be added in computing heat gains. Similarly, the 
solar heat at noon plus the body heat of 100 people 
should be added. The design of the air conditioning 
system must be based on the larger of the two totals. 

For variable occupancy buildings (restaurants and 
theaters) the hour for maximum heat gains is generally 
the time of the maximum number of people. However, 
some buildings may have large sunlit glass areas during 
periods of low occupancy. The maximum solar heat 


gains plus the body heat of a few people may be larger 
than the body heat at peak occupancy plus a small solar 
heat gain. To check this, the total heat gains should be 
computed for both periods. Then in most cases the 
larger of the two totals must be used for the design of 
the air conditioning system. 

Ballrooms and restaurants may have such high 
lighting intensity that the sensible heat gain from lights 
may be larger than the solar heat gain during the day. 
Such spaces ordinarily have their maximum occupancy 
at night. Therefore, the total heat gain due to lights and 
occupancy may be greater than the total heat gain due 
to solar heat and occupancy. The nighttime heat gains 
of the space should be found, with the large lighting 
load and maximum occupancy. 


Many buildings have a steady occupancy through- 
out the day — for example, office buildings and facto- 
ries. What hour gives the maximum heat gain in such 
buildings? Usually it is the hour when the sun shines on 
the walls having the largest window areas. This is 
particularly true of buildings with large wall and win- 
dow areas. Most tall buildings are in this class. 

The opposite of a tall building is the one or two- 
story low profile building spread over a large area. 
Such a building has a large roof area compared to its 
wall area. The solar heat gain through roofs is at a 
maximum at about 2 p.m. So the total heat gain will in 
all probability also be at its maximum at this hour. 
Suppose there’s a lot of glass or glass block. Then it’s 
a good idea to check the total building envelope heat 
gain at the hour when the sun shines on the walls 
having the greatest glass areas. 

Suppose a building has a large skylight area, or 
maybe the wall having the largest glass area faces 
south. Then the sum of all of the heat gains will prob- 
ably be at a maximum around noon. 


A good way to estimate the approximate hour 
when the solar heat gain will be at a maximum is to use 
tables 3-46 and 3-47. Use these tables only when the 
variation in total heat gain is due to solar heat. Be 
aware that these tables are for buildings where light- 
ing, equipment, and people loads are the same for most 
hours. 

To best use the tables, first find the number of walls 
having windows. Next, find out if the glass areas in the 
various walls are approximately equal. If so, use Table 
3-47. If not, use Table 3-46. 


Example 3-49 


A third floor room of a 5-story building has 200 sq ft of 
window area in its east wall and 125 sq ft of window area 
inits south wall. All the windows have shades. When will 
the solar heat gain be at a maximum? (Use single 
common window glass.) 
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Solution: 


Referring to Table 3-46, the solar heat gain will prob- 
ably have a maximum value at 8 a.m. 


Example 3-50 


Use the same windows in Example 3-49 for the 5th floor. 
Assume the roof is exposed to the sun. When will the 
solar heat gain be at a maximum? 


Solution: 


Referring to Table 3-46, the solar heat gain will prob- 
ably have a maximum value at either 10 a.m. or 1 p.m. 
When two hours are given for the probable max- 
imum heat gain, it may mean one of two things: 
1. The solar heat gain may be at maximum at two 
hours of the day. 
2. The solar heat gain may have a maximum value at 
only one of the two hours given. 

In order to know which to use, more facts about the 
building are required. 

Suppose a building has the following window areas: 
North 800 sq ft, east 800 sq ft, and west 750 sq ft. All 
windows have white venetian blinds. For this example, 
consider a floor other than the top floor. Table 3-47 lists 
the maximum solar heat gain at 8 a.m. or 4 p.m. — it 
may also mean that the solar heat is at maximum at 
either 8 a.m. or 4 p.m. Next, consult the solar heat 
tables for additional information. 


For north windows at 8 a.m.: (3-10) 
= Table Table Table Type 
q= [areal | gg 331A 3.30 Factor | 
= 800 [(12.2) (0.55) (1.1) (1.0)] 
= 800 [6.71 - 1.10] 

= 800 [5.61] 
= 4,488 Btuh 


For east windows at 8 a.m.:: 

q = 800 [(175.4) (0.55) + (2.4) (1.00)] 
= 800 [(96.47) + (2.4)] 
= 800 [98.87] 
= 79,096 Btuh 


For west windows at 8 a.m.:: 

q = 750 ((18.5) (0.55) - (1.1) (1.00)] 
= 750 [7.42 - 1.10] 
= 750 [6.32] 
= 4,740 Btuh 


Total glass heat gains at 8 a.m. 
q = 4,488 + 4,740 
= 88,324 


For north windows at 4 p.m.: 

q = 800 [(12.2) (0.55) + (17.6) - (1.00)] 
= 800 [6.71 + 17.6] 
= 19,448 Btuh 


For east windows at 4 p.m.: 

q = 800 [(13.5) (0.55) + (17.6) (1.00)] 
= 800 [7.42 + 17.6] 
= 20,016 Btuh 


For west windows at 4 p.m.: 

q = 750 [(175.4) (0.55) + (21.1) (1.00)] 
= 750 [96.47 + 21.1] 
= 88,178 Btuh 


Total Glass heat gains at 4 p.m.: 
q = 19,448 + 20,016 + 88,178 
= 127,642 Btuh 


Now you are ready to compare the total heat gain 
for all the windows at 8 a.m. and 4 p.m. When this is 
done, it’s easy to see that the maximum is at 4 p.m. 
From this building it is evident that Tables 3-46 and 
3-47 can be used only as a guide to find the hour for 
maximum solar heat gain. The information in these 
tables was obtained by calculating the solar heat gain 
of a large number of rooms at various hours of the day. 
These rooms had varied dimensions and exposures. 
Tables 3-46 and 3-47 are for typical proportions of win- 
dows, walls and roof for average or medium construc- 
tion. 

Do not add the maximum heat gains from various 
sources. Of course, the sun still shines on a roof at 6 
p.m., but its intensity i is much less than at 2 p.m. Sup- 
pose the maximum cooling load is at 6 p.m. Then the 
larger solar heat gain through the roof at 2 p.m. should 
not be used. Use the actual solar heat gain through the 
roof at 6 p.m. to find the probable maximum building 
envelope heat gain. 
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FIGURE 3-N 


VARIATION OF TOTAL COOLING LOAD AND GLASS AND ROOF HEAT 
GAINS AT VARIOUS HOURS. FOR FACTORY BUILDING OF FIGURE 3-0 


The curve in Figure 3-N is an example of how the 
total cooling load of a building can vary throughout the 
day. The curve was calculated for the building illus- 
trated in Figure 3-O by the methods and tables of this 
chapter. Note the bar graphs in Figure 3-N. The solid 
bar is the heat gain through the roof; the open bar is the 
heat gain through the windows. 
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From the curve in Figure 3-N, it is evident that the 
maximum cooling load occurs at 3 p.m. This can also be 
verified in Table 3-46. Notice that the cooling load rises 
steadily until it reaches a peak at about 3 p.m. The sun 
shines just as strongly through the east windows in the 
morning as through the west windows in the afternoon. 
But the heat gain through the roof is less in the morning 
than in the afternoon. 


In practice, the cooling load need not be computed 
for every hour of the day. Usually calculations at two 
different hours of the day will be adequate to approx- 
imate the time of maximum cooling load occurrence. 

As previously indicated, current practice utilizes 
computer technology to more accurately calculate 
building and system heat gains and losses (loads) using 
ASHRAE algorithms in the load calculation software. 
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Heat Gains for a Restaurant 


Asan example of total cooling load calculation, look 
at the restaurant in Figure 3-0. Inside design condi- 
tions for this restaurant will be at 78 DB and 65 WB 
when the outdoor temperature is 95 DB and 76 WB. 
July 23 is considered the design day. The peak load in 
a restaurant usually occurs at the time of peak occu- 
pancy; the sun rarely determines the design hour. The 
peak load in this restaurant will probably occur around 
1 p.m. The solar heat gains through the roof and the 
south windows will be high then. Also, there will be a 
heavy occupancy load at 1 o’clock. 

All of the windows are single common window 
glass. The walls are dark brick. The roof is of medium 
weight construction and is covered with tar and gravel. 


the entire first floor. The Cooling and Heating Load 
Estimate Sheet, Figure 3-P provides a summary of all 
the details of calculations. 


Heat Gain From Walls 


The exterior walls are 12 in. brick; U = 0.27. Use 
equation 3-12. From the equation note that the first 
thing needed is the net wall area. Then go to Table 3-43 
to obtain equivalent temperature differential. For the 
Time. ..use the 2 p.m. column. 
For the south wall, 

q = Area x U x Eq TD 

= [(19 x 12) - 136] (0.27) (8) 
= [92] (0.27) (8) 
= 199 Btuh 
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For the southeast entrance 
q = [(16 x 12) - 128] (0.27) (12) 
= [64] (0.27) (12) 
= 207 Btuh 


For the east wall, 
q = [(42 x 12) - 240] (0.27) (12) 


= [264] (0.27) (12) 
= 855 Btuh 
Total heat gain for walls = 199 + 207 + 855 
= 1261 Btuh 
Heat Gain From Roof 


Equation 3-5a should be used. Table 3-39 will pro- 
vide the equivalent temperature differential. Since the 
design hour is 1 p.m.; choose either 12 a.m. or 2 p.m. For 
this example, use the more conservative 2 p.m. The roof 
is of medium weight construction and U = 0.49. Table 
3-39 gives three lines for medium weight roofs. Which 
should be used? The U value is a clue here. . .any roof 
with one inch of insulation will have a U value less than 
0.49. So in the 2 p.m. column this eliminates the lines 
giving 55.5 and 57.6 and leaves the top line. Therefore, 
use 64.1 as the equivalent temperature differential. 

In figuring the roof area do not include the en- 
trance ceiling. 


q = Area x Ux Eq TD 
= [(63 x 30) - (4 x 11 x 11) (0.49) (64.1) 
= [1590 - 60.5] (0.49) (64.1) 
= 48,040 Btuh 


Heat Gain from Glass 


Use Equation 3-11 for this item. For south win- 


dows, 
(3-11) 


came (SE ] (SH) + [SS] LES 
=17x8 [((73.5) (0.20) + (18.0) (1.00)) 
= 186 (14.7 + 18.0] 
= 4,447 Btuh 


Assume the canvas awnings have open ends. Then 
from Table 3-31 read the shade factor of 0.20. This is 
reasonable for windows on the south and east. But what 
about the southeast entrance? The dotted line on the 
plan shows the building is built out to a square corner. 
So the shade by the cover over the entrance is about the 
same as an awning over a southeast window. Assume 
the southeast corner is glass 8 ft high and wall 4 ft high. 

The solar tables are for single common window 
glass, so the “Type Factor” 1.00 applies to the convec- 
tion term. 


For southeast glass, 
q = [8 x 16] [(21.7) (0.20) + (17.1) (1.00)] 
= [128] [4.34 + 17.1] 
= 2,744 Btuh 


For east glass, 
q = [8 x 30) (117.4) (0.20) + (17.1) 
= [240] [3.48 + 16.5] 


= 4,795 Btuh 
Total heat gain for glass = 4,447 + 2,744 + 4,795 
= 11,986 Btuh 
Heat Gain From Partitions 


Use Equation 3-5a for this. First turn to Table 3-1. 
Item 6 suggests a design temperature difference of 25 
degrees for the partition at the north of the room. Item 
5 gives 10 degrees as the temperature difference for the 
west partition. The U value for both partitions is 0.34 
(from Figure 3-0). Ignore the doors in the north par- 
tition and treat the partition as if it had no openings. 
(The error will be only about 100 Btuh; this is negligible 
for a restaurant of this size.) 


For the north partition, 
q = (80 x 12) (0.34) (25) 
= 3,060 Btuh 


For the west partition, 
q = (53 x 12) (0.34) (10) 


= 2,162 Btuh 
Total heat gain from partitions = 3,060 + 2,162 
= 5,222 Btuh 
Heat Gain From People 


There are seats for 64 customers. It is reasonable 
to say all seats are occupied at 1 p.m. Also there is a 
cashier and five waitresses. Turn to Table 3-14 and find 
the activity of restaurant patrons classified as seden- 
tary work. There are two choices for the waitresses: 
moderate dancing, or walking 3 mph, especially during 
rush periods. But this line in Table 3-14 is probably not 
the better choice because it also says ‘moderately 
heavy work.” So consider the activity level of all six 
employees (5 waitresses and cashier) as equal to mod- 
erate dancing. 


Sensible heat gain from people, 
Qs = (64) (275) + (6) (805) 

17,600 + 1830 

19,430 Btuh 


Latent heat gain from people, 
qi = (64) (275) + (6) (545) 
= 17,600 + 3,270 
= 20,870 Btuh 


Heat Gain From Lights 


Since lighting is fluorescent, use Equation 3-7. All 
the lights should be on at 1 p.m. Therefore, use an 
allowance factor of 1.2 for the heat gain from ballast in 
the fixtures. 

q = 3,000 x 3.4 x 1.2 

= 12,240 Btuh (sensible heat) 
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Heat Gains From Appliances 


The electric toaster is a ten slice pop-up type. From 
Table 3-17 note that this will give off 95% Btuh sensible 
heat and 8500 Btuh latent heat. 

The coffee urns are gas fired and have a capacity 
of 3 gal total. From Table 3-17 read the recommended 
heat gain of 1,400 Btuh sensible heat and 710 Btuh 
latent per quart of capacity. 


qs = 12 x 1,400 
= 16,800 Btuh 
qi: = 12 x 710 
= 8,520 Btuh 


Summary of Room Heat Gains 


Sensible Heat, Latent Heat, 

Item Btuh Btuh 
Glass 11,986 _ 
Walls 1,261 — 
Partitions 5,222 — 
Roof 48,040 a 
Lights 12,240 _ 
Appliances 26,370 17,020 
People 19,430 20,870 

TOTAL 124,549 37,890 


Total heat gain} = Sensible heat + Latent heat 
= 124,549 + 37,890 
= 162,439 Btuh 


This total heat gain must be taken from the res- 
taurant to keep the room at 78 DB and 65 WB. An air 
distribution layout must be made that will deliver the 
right amount of draft-free air to the restaurant. The 
calculations for the air quantity, and sizing ductwork, 
will be discussed later. 


Ventilation Air 

Earlier in this chapter it was found that dilution by 
outdoor air was the usual method of controlling odors. 
Table 3-22 recommends 20 cfm per occupant for a res- 
taurant. This amounts to 1,400 cfm (70 x 20 = 1,400 
cfm). The outdoor air must be reduced to the design 
temperature and humidity ratio of the restaurant. This 
represents a load on the air conditioning equipment. It 
is just the same as if someone left the front door open 
and 1,400 cfm blew in continually. Use equations 3-8 
and 3-9 to find the heat gain by the ventilation air. The 
outside and inside humidity ratios are 105 and 71.5 gr 
per lb. 


Sensible heat, 
qs = 1.08 Q (t, = ti) 
= (1.08) (1,400) (95 - 78) 
= 25,704 Btuh 


Latent heat, 
qi = 0.7 Q (HR, - HR) 
= (0.7) (1,400) (105 - 71.5) 
= 32,830 Btuh 
The apparatus load is the room load plus the load 
of the ventilation air. Thus, 


Apparatus Load = Room Load + Ventilation Air Load 


qs = 124,549 + 25,704 
= 150,253 Btuh q, = 37,890 + 32,830 
= 70,720 Btuh 
at = 150,253 + 70,720 
= 220,973 
12,000 
= 18.41 tons 


3-3. 


3-4. 


3-5. 


3-7. 


3-8. 


3-10. 


3-11. 


3-12. 
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In all problems, assume the conditioned room is 17 degrees below the outdoor temperature. 


A theater seats 650 people. Find the sensible and latent heat 
gains from the audience in the evening. 


. A ballroom has approximately 400 people dancing on the floor 


and about 150 people seated. Find the sensible and latent heat 
gains due to the people. 
A duct 3 ft x 2 ft and 100 ft long runs through a room where 
the temperature is 90 F. The air inside the duct is 55 F. The 
duct is insulated with } in. rigid board insulation. Figure the 
heat gained by the air in the duct. 
A conditioned room has two 2-hp motors and one 3-hp motor 
in it. Find the heat gain from these motors. 
A restaurant has the following electric equipment in the dining 
room: 
Two V/8 hp motors 
One 2540 watt toaster 
1800 watts of fluorescent lights 
One food warmer having a shelf 
area of 4 sq ft 
None of this equipment is hooded. Figure the sensible and 
latent heat gains from the equipment. 


. A restaurant has the following gas-burning equipment in the 


dining room: 

Three coffee brewers, (1 gallon each) 

One food warmer, 6 ft. by 2 ft. 6 in 
None of this equipment is hooded. Figure the sensible and 
latent heat gains from the equipment. 
A room has two pipe runs: 15 ft of 3 in steam piping covered 
with 4-ply, 1 in. air-cell insulation; and 18 ft of 1 in. hot water 
piping covered with 1 in. glass fiber insulation. Figure the heat 
gain from the pipes. 
A room has 6 residential casement windows. Each window is 
21 in x 42 in. The room is 78 DB and 50 RH when the outdoor 
air is 95 DB and 75 WB. Find the sensible and latent heat gains 
from infiltration if all the crack is effective in leaking air into 
the room. 


. A restaurant in which there is a moderate amount of smoking 


seats 125 people. How much outdoor air should be introduced 
for ventilating purposes? 

A theater is maintained at 78 DB and 65 WB when the outdoor 
air conditions are 95 DB and 76 WB. The theater seats 850 
people. Smoking is prohibited. Find the load on the air con- 
ditioning equipment from ventilating air. 

A small department store will have about 80 people inside on 
a busy day. The store is to be maintained at 80 DB and 66 WB 
when the outdoor air is 97 DB and 75 WB. How much outdoor 
air should be used for ventilation purposes? How much of a 
cooling load is this on the air conditioning equipment? (H.R. of 
outside air = 95.5, H.R. of room air = 73.3) 

A three story building is to be air conditioned. There are three 
3 ft x 7 ft windows in the east wall and two 2 ft x 5 ft windows 
in the south wall of a second story room. All the windows have 
awnings. Find the time for maximum solar heat gain. 


5” SAND 
PLASTER 


12’ COMMON 
BRICK 


3-13. There are three windows, each 8 ft by 6 ft, and one door 3 ft-6 


in. wide by 7 ft.-6 in. high in an outside wall. The wall is 40 ft 
long by 9 ft high. Figure the total conduction heat gain through 
the wall, door, and windows. {See drawing.) 


MAPLE 
FLOORING 


YELLOW PINE 
SUB FLOORING 


METAL LATH 
AND 38° PLASTER 


3-14. The kitchen of a restaurant is located beneath a conditioned 


room. The conditioned room is 32 ft long by 17 ft wide. Figure 
the conduction heat gain through the floor. (See diagram.) 
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LINOLEUM 


4” CONCRETE 


‘ Ye” SAND 
4 BRICK PLASTER 


# METAL LATH 
AND PLASTER 


3-15. An office to be conditioned is located beneath another office 
which is not conditioned. The room to be conditioned is 42 ft 
by 23 ft. Figure the conduction heat gain through the ceiling 
of the office to be conditioned. (See drawing.) 


a BUILT-UP 


ROOFING 4” CONCRETE 


3-18. The exterior wall of a room is 35 ft by 10 ft. The wall faces east 

and has four windows 3 ft by 5 ft. The windows have light- 
: colored inside Venetian blinds. The building is in St. Louis, MO. 
UNVENTILATED  ‘¢ fag Calculate the heat gain through the wall and the windows at 
ATTIC SPACE — 11 a.m. for the middle of August. (See diagram.) 


a” ASPHALT 1” PRE-CAST 
ROOFING CONCRETE 


2” METAL LATH 
AND PLASTER 


3-16. A room to be conditioned is located on the top story of a 
building in Salt Lake City. The room is 17 ft long by 26 ft wide. 


Figure the heat gain through the ceiling at 4 p.m. in August. 
(See Drawing.) 


UNVENTILATED 
ATTIC SPACE 


VENTILATED 
ATTIC SPACE 


i METAL LATH 
AND PLASTER 
YELLOW PINE . 


FLOORING WOOD JOISTS 


3-19 A room on the top floor of a building in New York City will be 
conditioned. The room is 73 ft by 32 ft. Calculate the heat gains 
through the roof at 3 p.m. in August. (See diagram.) 


4 
é 
ee oS es 0s 


4’ PLASTER 


2” CELOTEX 


3-17. The bedroom on the second floor of a residence is to be con- 
ditioned. The room is 14 ft by 21 ft. The bedroom is located 
directly under the attic which has natural cross-ventilation. 


Figure the conduction heat gain through the ceiling. (See di- 
agram.) 
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CHAPTER IV 


PROPERTIES OF AIR AND THE PSYCHROMETRIC CHART 


The psychrometric chart is one of the most valu- 
able tools available to the air conditioning engineer. 
The changes occurring in air as it is subjected to various 
air conditioning processes can be traced on the chart 
with a minimum of time and effort. There is no other 
way in which an air conditioning cycle can be illustrated 
as vividly and as quickly. 

Before the psychrometric chart can be used effec- 
tively, some of the fundamental properties of air must 
be understood. Such relationships as the changes in the 
volume of air with changes in temperature and pres- 
sure, the result of mixing air with water vapor, and the 
effect of bringing air into contact with water are ana- 
lyzed and discussed. 


In this chapter the elementary uses of the psy- 
chrometric chart are described as well as its uses for 
simplifying the analysis of various processes and cycles 
employed in conditioning air. 


Change in Volume with Temperature 


It is sometimes difficult to conceive of air as having 
weight or occupying space. Yet if an attempt is made to 
push a glass tumbler mouth down into a bowl of water, 
as in Figure 4-A, the air inside will prevent the water 
from rising up into the tumbler. Water cannot enter the 
space already occupied by the air. Air has a definite 
weight per cubic foot of space occupied, water, iron, or 
any other substance. 

Virtually all substances expand if their tempera- 
ture is increased. Air is no exception to this rule, 
though the expansion of air or any other gas is greater 
than the expansion of liquids and solids. 

The expansion of air with change in temperature 
can also be illustrated by means of the glass tumbler 
and water of Figure 4-A. If the tumbler is heated, 
bubbles of air will escape from the glass through the 
water. The air expands when heated, and the excess 
volume of air escapes. If the tumbler is allowed to cool 
again, the water will rise in the glass because the re- 
maining air contracts upon cooling and occupies less 
space. The volume of air originally in the glass ex- 
panded when it was heated, and a part of it escaped. 
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After cooling back to the initial temperature, the re- 
maining air contracted. 


FIGURE 4-A 


DRIVING AIR FROM A GLASS WITH HEAT 


If pressure is held constant, air expands and con- 
tracts at a definite rate with changes in temperature. 
The volume change can be expressed as a fraction of the 
volume of one pound of air at 0 F. For every degree rise 
in temperature, the volume of air increases by 1/460 
part of its volume at 0 F. Thus, air at 100 F has a volume 
100/460 or about 21.7 percent greater than air at 0 F. 
In the same way, air contracts upon cooling. Air at -100 
F has a volume about 21.7 percent smaller than air at 
0 F. In other words, the volume of one pound of air at 
-100 F is 78.3 percent (100 - 21.7 = 78.3) of its volume 
at 0 F. 


If the discussion in the preceding paragraph were 
followed to a logical conclusion, the volume of a given 
weight of air should shrink to nothing at a temperature 
of -460 F;; that is, the air should disappear completely. 
Of course this is not true. What actually happens is that 
air liquefies before a temperature of -460 F is reached. 
Nevertheless, as long as air is in the form of a gas and 
its pressure is held constant, the contraction during 
cooling proceeds at the same rate. As the volume of air 
would theoretically shrink to nothing at -460 F (if the 
air remained a gas), the volume of air at any temper- 
ature can be expressed in terms of the actual temper- 
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ature plus 460 F. For example, air at 100 F has a volume 
that is greater than its volume at 20 F by: 


100 + 460 = 560 
20 + 460 480 
= 1.167, or 16.7 percent larger. 


Theoretically, the temperature of -460 F is the 
lowest possible temperature to which any substance 
can be cooled. For this reason it is called the absolute 
zero of temperature, and temperatures measured from 
this point are called absolute temperatures. To find the 
absolute temperature of a substance add 460 degrees to 
its temperature in degrees Fahrenheit. Thus, air at a 
temperature of 100 F has an absolute temperature of 
560 degrees; air at 20 F has an absolute temperature of 
480 degrees; and air at a temperature of -100 F has an 
absolute temperature of 360 degrees. The concept of 
absolute temperature, aside from its utility in finding 
the volume of air at any temperature, plays a large and 
important part in the theory of heat transfer. 

All of the preceding discussion in regard to the 
expansion and contraction of air can be summarized in 
the following formulas: 


V2 = Tz (4-1) 
Vv TT 
Vee; Te (4-1a) 
Ti 
where 


V,* = initial volume of air 

= final volume of air 

T, = initial absolute temperature 
Tz = final absolute temperature 


<i 
) 
| 


Example 4-1: 


A given weight of air occupies a space of 2100 cu ft when 
its temperature is 45 F. Find the volume occupied by the 
air after it is heated to 125 F. 


Solution: 

= 460 + 45 
= 505 

= 460 + 125 


Initial abs temp 


Final abs temp 


Te (4-1a) 


= 2432.7 eu ft, volume of the air 
at 125 F. 


*Small numbers or letters set. to the right of the main symbol and below 
it are called subscripts. Thus 1 in the above symbol is the subscript of V. 
The entire symbol is read V sub 1. Subscripts are needed when the same 
principal letter represents different quantities. 


Although Formula 4-1 can be used to find the 
change in the volume of a given weight of air, it cannot 
be used to find the actual volume of the air at any given 
temperature and pressure. 

The volume occupied by one pound of dry air at a 
temperature of 70 F and an atmospheric pressure of 
14.7 psia is 13.34 cu ft. Air at this temperature and 
pressure is called “standard air.” The desirability of 
defining “standard air” in this way is obvious. If there 
were no standard, one manufacturer might rate his 
fans, or other air conditioning equipment, in terms of 
air volumes at 80 F, while another might rate his equip- 
ment at 60 F. Each would publish different ratings for 
the same size equipment, yet the equipment of both 
might be handling exactly the same volume of air when 
rated at the same temperature. Hence, in designing air 
conditioning systems, all air volumes should be reduced 
to the standard conditions of 70 F, and 14.7 psia baro- 
metric pressure. 

Formula 4-1a can be used to find the volume of one 
pound of dry air at a pressure of 14.7 psia and at any 
temperature by utilizing the fact that the volume of one 
pound of air at 70 F is 13.34 cu ft. Inserting these 
figures into Formula 4-la, and dropping the subscripts, 
which are not needed at this instance, 

Vv = 13.34! _ 

460 + 70 

Therefore, at a pressure of 14.7 psia, the volume of 

one jb of air is 
T (4-2) 
39.7 


Example 4-2: 
Find the volume of 120 Ibs of air at 90 F and 14.7 psia. 


Solution: 
T (4-2) 


= 13.85 cu ft, volume of one |b of air at 90 F 


Volume of 120 lb of air at 90 F = 120 x 13.85 
= 1662 cu ft 


Formula 4-la can be used to calculate the change 
in the volume of any gas for a given change in tem- 
perature. On the other hand, Formula 4-2 can be used 
only for air, because the volume of one pound of air 
under standard conditions was used in deriving it. The 
volume of the same weight of different gases under the 
same condition of pressure and temperature is different. 

From the standpoint of air conditioning calcula- 
tions, it is interesting to note that moisture in atmo- 
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spheric air will expand and contract with changes in 
temperature exactly like air or any other gas. Moisture 
mixed with air is in the form of superheated steam at 
very low pressure. 


Change in Volume with Pressure 


The volume of a given weight of air varies with 
every change in pressure. This is true not only with air 
but with any other gas, including superheated steam. 
When a gas is compressed rapidly its temperature 
rises. 

For purposes of discussion in this section, assume 
that the changes in pressure are so slow that there is 
no variation the temperature of the gas. 

Figure 4-B shows a cylinder with a piston in var- 
ious positions during the upstroke. When the piston is 
at the bottom of the cylinder it is filled with air at 
ordinary atmospheric pressure. Assume in this case 
that the cylinder holds one pound of air at atmospheric 
pressure. If the piston is now started on its upward 
stroke, the initial volume of the one pound of air will be 
halved when the piston reaches the center position of 
the cylinder. The gauge at the top of the cylinder will 


now read 14.7 Ibs (29.4 psia) indicating that the absolute 
pressure has been doubled. Suppose that the piston is 
pushed up still further so that the volume of the air is 
cut to one-fourth of its original volume. The gauge will 
read 44.1 lbs (58.8 psia) showing that the absolute pres- 
sure has been increased to four times its original value. 
As the air is packed into a smaller space, its pressure 
must increase. All of the foregoing statements are sum- 
marized in the following formulas: 


At constant temperature, 


V2 = Pi (4-3) 
Vv, P2 
via va (4-3a) 
P2 
also 
V (4-4) 
P,. = PP, 
2 Wy, 
where 


P, = initial pressure, psia 
P, = final pressure, psia 


FIGURE 4-B 
PRESSURE OF AIR INCREASES AS VOLUME DECREASES 
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Example 4-3: 
A cylinder having a volume of 3 cu ft is filled with air 
having a pressure of 14.7 psia. Find the volume of the air 
if it is compressed to a final pressure of 13 psig. 
Solution: 


Initial abs press. = 14.7 psia 


Final abs pres. = 14.7 + 18 
= 27.7 psia 
Vo vi (4-8a) 
Pe 
27.7 


= 1.59 cu ft, volume of the air at 
the final pressure of 13 psig 


Example 4-4: 


Seven cubic feet of air having an initial pressure of 15 
psig is to be compressed to such a pressure that its final 
volume will be 2.7 cu ft. Find the final gauge pressure to 
which the air must be compressed. 


Solution: 


Initial abs pressure = 14.7 + 15 


= 29.7 psia 
_p, V1 
Bh SEL, (4-4) 
= 7 
= 29.7 x oT 
Final abs pressure = 77 psia 


Final gauge pressure = 77 - 14.7 
= 62.3 psig 


Although Formula 4-3a can be used to find the 
change in the volume of a given weight of air with actual 
volume of the air at any pressure. Inasmuch as the 
volume occupied by one pound of air at a pressure of 
14.7 psia and a temperature of 70 F is known, the actual 
volume of one pound of air at any other pressure can be 
found as long as the temperature of the air remains at 
70 F. 

The volume occupied by one pound of air under a 
pressure of 14.7 psia and a temperature of 70 F is 13.34 
cu ft. Substituting these figures into Formula 4-3a, 


2 


= Jigy glad 
V = 13.34 P 


Hence, at a temperature of 70 F,, the volume of one 
pound of air is: 


_ 196.1 
Y= Tp 


(4-5) 


Example 4-5: 
Find the volume of 10 lbs of air at a pressure of 82 psig 
and a temperature of 70 F. 


Solution: 
Abs pressure = 14.7 + 82 
= 96.7 psia 
_ 196.1 
nn 
= 196.1 
96.7 
= 2.03 cu ft volume if 1.0 lb of air at 
82 psig and 70 F 
Volume of 
10 lbs of air = 10 x 2.03 
= 20.3 cu ft 
Changes in Air Volume with 


Both Temperature and Pressure 


The change in the volume occupied by air at any 
temperature and pressure can be found by separately 
calculating the change due to each. Formula 4-3a is first 
used to calculate the change in volume with pressure, 
and then Formula 4-1a is used to calculate the change 
in volume with temperature. 

The following example shows the method of calcu- 
lating the change in the volume of a given weight of air 
when both its pressure and temperature are changed. 


Example 4-6: 
Ten cubic feet of air at atmospheric pressure and a tem- 
perature of 85 F are to be compressed to a final pressure 
of 30 psig. The final temperature of the air will be 125 F. 
Find the final volume of the air. 


Solution: 
First find the change in volume with pressure. 


Initial abs pressure = 14.7 psia 
Final abs pressure = 14.7 + 30 
= 44.7 psia 


Ve =Vi Ps 
P. (4-3a) 
14.7 
= 10x 147 
* ht 


= 3.29 cu ft 


The change in the volume due to the higher final 
temperature is now calculated. 


Initial abs temperature = 85 + 460 
= 545 

Final abs temperature = 460 + 125 
= 585 


When substituting into Formula 4-la, the answer 
obtained from Formula 4-3a now becomes the initial 
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volume, which is used to calculate the change in 
volume with temperature. 


Ve = Vi Tz 
Ty (4-1a) 
= 585 
= 3.29 x BAB 
= 3.53 cu ft, final volume of the air at 125 F and 
30 psig 


Although the change in volume that takes place with 
changes in both pressure and temperature can be 
calculated by the foregoing method, this method 
cannot be used to compute the actual volume occu- 
pied by one pound of air at any pressure and tem- 
perature. The formula below is used to calculate the 
volume occupied by one pound of air at any temper- 
ature and pressure. 


= T 
ve OATS, (4-6) 


Example 4-7: 


Find the volume of 7 lbs of air at a temperature of 50 F 
and a pressure of 65 psig. 


Solution: 
Abs temperature = 460 +50 
= 510 
Abs pressure = 14.7 + 65 
= 79.7 psia 
v =0372 
P (4-6) 
510 
= 0.87 x 79.7 
= 2.37 cu ft, volume of one lb of air 
at 50 F and 65 psig 
Volume of 7 Ibs 
of air = 7x 2.37 
= 16.6 cu ft 
Dew Point Temperature 


During the summer months, in localities where the 
tap water supply is colder than the ambient air dry bulb 
temperature, it is a common sight to see the outside 
surface of bare cold water pipes covered with moisture. 
Another common sight is that of a glass of ice water 
with its outside surface covered with a film of moisture. 
The term commonly used to describe the appearance of 
moisture on a cold surface is sweating, as though the 
moisture came through the walls of the pipe or the 
giass. 

To understand this, it is necessary to turn to the 
discussion of superheated steam in Chapter I. It was 
shown there that the temperature of steam can be 
raised above the boiling point corresponding to its pres- 
sure if the steam is heated after it is separated from the 
water. 


In the same way, superheated steam can be cooled 
without being condensed, as long as it is not cooled 
down to the boiling temperature corresponding to its 


pressure. 


_.. COLO 
WATER IN 


COLD 
_ 
WATER OUT 


FIGURE 4-C 
STEAM CONDENSER 


For instance, the boiling point, or rather the con- 
densing temperature, of steam at 0.2 psia is 53.14 F 
(Table 1-4). If steam at this pressure happens to be at 
a temperature of 80 F, it is superheated. This super- 
heated steam can be cooled down to a temperature 
slightly above 58 F without any moisture making its 
appearance. However, if the steam is cooled below 53 
F, a film of water will appear on the cooling surface as 
the now desuperheated steam begins to condense. 

Ordinarily, when condensation of steam takes 
place, it does so under conditions of constant pressure. 
Therefore, the condensation takes place at constant 
temperature. However, in a condenser such as the one 
illustrated in Figure 4-C, a constant pressure can be 
maintained only by supplying steam as fast as it is 
condensed. However, it the valve in the steam line is 
closed, there will no longer be a supply of steam to 
replace the steam that has been condensed. 
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For instance, suppose that after filling the con- 
denser with steam, the valve is closed and cold water 
is circulated through the coil. The steam will begin to 
condense but the pressure will not remain constant. As 
condensation proceeds, the pressure will fall because 
each pound of condensed steam, that is, each pound of 
water, occupies a far smaller space than when it was in 
the form of steam. As the pressure falls, the temper- 
ature at which the steam is condensing also falls. 

This is exactly the action that takes place when the 
water vapor mixed with atmospheric air condenses. 
Water vapor in the atmosphere is really superheated 
steam at very low pressure. Once the atmospheric 
water vapor has been cooled to the condensing tem- 
perature corresponding to its pressure, further cooling 
results in lowering the temperature at which it con- 
denses. This is exactly as it was in the condenser after 
the steam valve was closed. As the condensation pro- 
ceeds, both the pressure and condensing temperature 
of the atmospheric water vapor will fall steadily. 

Assume that superheated steam at 80 F and 0.2 
psia is mixed with atmospheric air which is also at 
80 F. If the mixture of air and superheated steam is 
now cooled, no moisture will make its appearance on 
the cooling surface as long as the temperature of the 
mixture is above 53 F. 

However, if the mixture is cooled to 53 F, conden- 
sation of the steam will begin and moisture will make 
its appearance on the cooling surface. Any further cool- 
ing of the mixture below 53 F will result in the con- 
densation of additional steam from the mixture. 

In air conditioning terminology, the point at which 
the water vapor in the atmosphere begins to condense 
is known as the dew point temperature of the air. If a 
mixture of air and water vapor is cooled to this tem- 
perature, condensed moisture will cover the cooling 
surface. 

The term dew point of the air is a misnomer, be- 
cause the air does not condense nor does it have any- 
thing to do with the cooling and condensation of the 
water vapor. Actually, the same cooling and conden- 
sation of the water vapor would take place if there were 
no air present, and the entire desuperheating and con- 
densation took place in a closed vessel under vacuum. 
However, as the term dew point of the air is in wide use, 
it will also be used here. 

Once the dew point temperature has been reached, 
further cooling results in more condensation of water 
vapor on the cooling surface. The cooling surface will be 
covered with a film of moisture which, gathering in 
drops, will literally “rain” from the cooling surface. 


Example 4-8: 


Water vapor mixed with air has a pressure of 0.17811 
psia and a temperature of 80 F’. Find the dew point of the 
air. 


Solution: 


Refer to Table 1-3. The boiling or condensing tem- 
perature of steam corresponding to a pressure of 
0.17811 psia is 50 F as found in column 1. Therefore, 
the dew point temperature of the air is 50 F. 


There are, of course, no pressure gauges that have 
selective properties; that is, the ability to measure 
the pressure of only one substance in a mixture of two 
different substances. There are, however, other 
methods of determining the dew point temperature 
of air. 


FIGURE 4-D 
DEW POINT APPARATUS 


One apparatus for this purpose is illustrated in 
Figure 4-D. A highly polished cup is filled with ether or 
a similar volatile liquid. Air is bubbled through the 
ether by squeezing the rubber bulb. As the air bubbles 
through the ether, some of it vaporizes and is carried 
away with the air escaping to the atmosphere through 
the tube. The liquid ether remaining in the cup is thus 
continually cooled as it supplies the heat needed to 
vaporize the portion of the ether carried away by the 
air. 

When the liquid ether becomes cold enough, a fine 
mist will make its appearance on the highly polished 
outside surface of the cup. At the instant the mist 
appears, the temperature of the outside surface of the 
cup is at the dew point temperature of the air in contact 
with it. 


CHAPTER IV — PROPERTIES OF AIR AND THE PSYCHROMETRIC CHART 59 


When the mist appears the temperature of the 
liquid ether is read. Obviously, this temperature will be 
slightly below the actual dew point temperature; oth- 
erwise there could be no flow of heat from the outside 
surface of the cup to the liquid ether. There is a method 
of correcting for this small difference. The indirect 
determination of dew point temperature by means of 
dry and wet bulb thermometers, which are described 
later, is so much more convenient and accurate that the 
dew point apparatus described in Figure 4-D is rarely 
used. 

One of the important attributes of dew point tem- 
perature will now be discussed. Refer again to the 
condenser of Figure 4-C. Assume that the condenser 
has been filled with slightly superheated steam at a 
pressure of 0.2563 psia, and that the steam valve is then 
closed 

Chilled water is now circulated through the pipe 
coil and the steam is cooled to the condensing point, 
which is 60 F. When the steam reaches this tempera- 
ture, moisture begins to condense on the cold pipe 
surface. As the cooling of the steam proceeds below this 
point, more moisture condenses upon the cool pipe sur- 
face, and the pressure in the condenser falls because no 
additional steam is admitted to take the place of the 
steam that has condensed. 

Once the steam has been cooled to 60 F, it becomes 
saturated (see Superheated Steam, Chapter I). There- 
after, the pressure at any time corresponds to the tem- 
perature of the saturated steam. As cooling proceeds, 
more and more of the steam condenses on the relatively 
cool pipe surface, and the weight of vapor left in the 
steam space of the condenser decreases. 


Steam Pressure and Weight 

Since the pressure falls as the steam is condensed, 
there must be a relationship between the steam pres- 
sure and the weight of steam left in the condenser. This 
relationship is simple: The pressure exerted by the 
steam varies directly with the weight of vapor left in 
the steam space of the condenser. Reduce the weight 
of vapor left in the steam in the condenser by condens- 
ing half of it, and the pressure will also be halved. This 
can be verified by referring to Table 1-3. The pressure 
of saturated steam at 60 F is 0.2563 psia. At this tem- 
perature and pressure, its specific weight is 0.00083 lb 
per cu ft. If just enough of the steam is condensed to 
reduce its pressure to one-half of 0.2563, or 0.12815 
psia, its temperature will be about 41.3 F. At this latter 
temperature and pressure, the specific weight of the 
steam inside the condenser is 0.00042 Ib per cu ft, which 
is approximately one-half of the initial specific weight 
of 0.00083 lb per cu ft. Thus, there is a relationship 
between the pressure exerted by low pressure steam 
and the weight of it in any cubic foot of space. There is 
also a relationship between the condensing tempera- 
ture and pressure of saturated steam. Hence, the 
weight of saturated steam in a cubic foot of space de- 


pends on the condensing or saturation temperature 
corresponding to the pressure of the steam. Inter- 
preted practically, this means that once a mixture of air 
and superheated steam has been cooled below the dew 
point, the weight of moisture in the mixture depends 
only on the dew point temperature. Any change in the 
moisture content of the air is always accompanied by a 
change in the dew point temperature of the air. 

A mixture of air and water vapor that has been 
cooled below the dew point temperature is said to be 
saturated because the air is mixed with the maximum 
possible weight of moisture. 

Thus far, this discussion has dealt only with the 
moisture content of saturated air. Ifa mixture of air and 
water vapor is cooled, but not to the dew point tem- 
perature, there will be no condensation. However, as 
the air and water vapor are cooled, the volume of both 
will contract in the same proportion because both are, 
of course, cooled through the same temperature range. 
In other words, if a mixture consisting of one pound of 
air and 0.10 lb of water vapor is cooled, the smaller air 
volume will still contain one pound of air and 0.10 lb of 
water vapor, as both gases will have contracted in the 
same proportion. 

Changes in the temperature of a mixture of air and 
water vapor do not affect the amount of water vapor 
mixed with each pound of air, as long as the mixture is 
not cooled down to the dew point temperature. Under 
these conditions the weight of moisture per pound of 
dry air will remain the same regardless of temperature 
changes. An air-vapor mixture at a dry bulb temper- 
ature higher than its dew point temperature is said to 
be unsaturated. 

In cooling a mixture of air and water vapor, it is 
evident that if the dew point temperature is not 
reached, no moisture will condense. This being the 
case, the air when cooled will reach the dew point 
temperature with the same moisture content that it 
had at the beginning of the cooling process. Further- 
more, if there has been no change in the moisture 
content of the air throughout the cooling process, the 
moisture content of the air at any temperature above 
the dew point must be that corresponding to the dew 
point temperature. In other words: 


The weight of moisture per pound of dry air in 
a mixture of air and water vapor depends on the 
dew point temperature alone. As long as there is 
no condensation of moisture, the dew point tem- 
perature remains constant. 


There are tables that give the weight of moisture 
mixed with one pound of air at any dew point temper- 
ature. These tables will be discussed in the next sec- 
tion. 


Humidity Ratio 
The weight of water vapor mixed with one pound 
of dry air is called “humidity ratio.” It is expressed as 
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pounds of water vapor per pound of dry air. This is 
usually a small number (like 0.008) in air conditioning 
work; therefore, humidity ratio is generally given in 
grains of water vapor per pound of dry air. A grain is 
a unit of weight; 7000 grains = 1.0 pound. 

Column 2 of Table 4-1 lists the humidity ratio (in 
pounds) at the dew point temperature of column 1. In 
column 3 the humidity ratio in grains of water vapor per 
pound of dry air is shown. 


Example 4-9: 


Find the dew point temperature of air having a moisture 
of 49.70 grains per lb of air. 


Solution: 


Find the figure of 49.70 grains in column 3 of Table 
4-1. On the same line, read in column 1 the dew point 
temperature of 48 F. 


Example 4-10: 


Find the weight of moisture to be condensed in order to 
lower the dew point temperature of 125 lbs of air from 
55 F to 49 F. 


Solution: 
Referring to Table 4-1, 


Humidity ratio of air at 55 DP = 64.61 grains per Ib 
Humidity ratio of air at 49 DP = 51.59 grains per Ib 
Moisture to be removed 


per pound of air = 13.02 grains 

Total weight of moisture 
to be condensed = 13.02 x 125 
= 1628 grains 


Degree of Saturation 


Degree of saturation is another useful ratio for air 
conditioning work. First find the humidity ratio for the 
air under study. Then find the humidity ratio the air 
would have if it were saturated at the same tempera- 
ture. The degree of saturation is found by dividing the 
actual humidity ratio by the humidity ratio at satura- 
tion. This is illustrated by Example 4-11. Degree of 
saturation is sometimes called percentage humidity. 


Example 4-11: 


Find the degree of saturation for air at 75 DB and 56 DP. 


Solution: 


If the air were saturated, its dew point temperature 
as well as its dry bulb temperature would be 75 F. 


Referring to Table 4-1, 
Humidity ratio of air at 75 DP = 131.7 grains per lb 
Humidity ratio of air at 56 DP = 67.06 grains per |b 


= 100x 67.06 


D . 
egree of saturation 1317 


= 50.9 


Degree of saturation is useful because it gives a 
quick picture of the relative dryness of the air. If the 
degree of saturation is high, it is apparent that the air 
is quite moist. In this case, little moisture can be added 
to it before it will become saturated. On the other hand, 
if the degree of saturation is low, the air can absorb 
considerably more moisture before it becomes satu- 
rated. 


Relative Humidity 

This is still another ratio of importance in air con- 
ditioning. First find the vapor pressure of the sample 
of air under study. Then find the saturation pressure of 
pure water at the same temperature. The relative hu- 
midity is found by dividing the actual vapor pressure by 
the saturation pressure. 

All heat contained in the vapor in an air-vapor 
mixture is known as the latent heat of the air-vapor 
mixture. 

To condense moisture from an air-vapor mixture, 
the heat contained in the vapor must be removed. The 
quantity of heat to be removed can be calculated by 
multiplying the weight of vapor to be removed by the 
average heat of vaporization of steam at low pressures. 
The average value of the heat of vaporization generally 
used is 1050 Btu per lb (from Table 1-4, column 6). 


Example 4-12: 


Take the conditions of Example 4-10. Find the latent 
heat to be removed in order to condense sufficient vapor 
to lower the dew point temperature of the air to the 
required point. 


Solution: 


In the solution of Example 4-10 it was found that 1628 
grains of moisture must be condensed. 


Moisture to be condensed = 1628 


7000 


Latent heat to 
be removed = 0.233 Ib x 1050 Btu/lb 


= 245 Btu 


Inspection of Table 1-3 shows that the heat of va- 
porization of steam varies with the condensing tem- 
perature. The value of the heat of vaporization of 
steam depends, therefore, upon the dew point tem- 
perature. Inasmuch as the values of both the weight 
of steam mixed with the air depend upon its dew 
point temperature, the latent heat of the water vapor 
mixed with the air also depends only upon the dew 
point temperature. 
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No latent heat is released from a mixture of air and 
water vapor unless moisture condenses. Inasmuch as 
no moisture condenses if the dew point temperature 
remains constant, the latent heat of the air-vapor 
mixture must also remain constant as long as the dew 
point temperature is unchanged. 


The enthalpy (latent heat) corresponding to each dew 
point temperature is tabulated in column 5 of Table 
4-1. This latent heat is computed from the weight of 
moisture tabulated in column 2 of the same table. 


Example 4-13: 


Take the conditions of Example 4-10. Find the latent 
heat to be removed in order to lower the dew point 
temperature to the required point. 


Solution: 
Referring to Table 4-1, 
Enthalpy of vapor in air at 55 DP = 10.010 Btu 
Enthalpy of vapor in air at 49 DP = 7.981 
Latent heat to be removed 

per lb of air = 2.029 Btu 
Total latent heat to be removed = 2.029 x 125 

= 254 Btu 


The small difference in the answers to Examples 
4-12 and 4-13 is due to the fact that the heat of vapor- 
ization of steam is not constant as was assumed in 
Example 4-12, but varies with the dew point temper- 
ature. As the values of Table 4-1 take the variation into 
account, the answer of Example 4-13 is the correct one. 


Example 4-14: 


Moisture is evaporated into a stream of air having an 
initial dew point temperature of 55 F. Find the latent 
heat to be provided per pound of air to raise its final 
temperature to 64 F. 


Solution: 
Referring to Table 4-1, 


Enthalpy of vapor in air at 64 DP = 13.94 Btu 
Enthalpy of vapor in air at 55 DP = 10.01 
Latent heat to be provided 


per lb of air = 3.93 Btu 


Sensible Heat 


The sensible heat of an air-vapor mixture is the 
heat which affects only the dry bulb temperature of the 
mixture. 

The quantity of heat necessary to raise the tem- 
perature of any substance is given by Formula 1-2 of 
Chapter I. As the specific heat of air is 0.24, the heat 
necessary to change the temperature of one pound of 


dry air is: 


q, = 0.24xWxTD (4-7) 


Example 4-15: 


Find the sensible heat needed to raise the temperature 
of one pound of air from 48 F to 75 F. 


Solution: 
Temperature change = 75 - 43 
= 82 degrees 
q. = 0.24xWxTD (4-7) 
= 0.24x 1x 32 
= 7.68 Btu 


Values of the enthalpy of dry air at various tem- 
peratures are tabulated in column 4 of Table 4-1. The 
values in this column are the quantities of heat required 
to raise the temperature of one pound of dry air from 
0 F to the corresponding dry bulb temperature in 
column 1. Obviously, from Formula 4-7, the sensible 
heat content of dry air depends upon the dry bulb 
temperature alone. 

It may appear inconsistent to call the values in 
column 1 of Table 4-1 dry bulb temperatures, in view 
of the fact that in the preceding discussion on latent 
heat the values in this column are called dew point 
temperatures. The designation of the values in column 
1 depends on whether the columns of sensible or latent 
heat are being used. When using column 4 for the 
sensible heat of air, the values in column 1 should be 
read as dry bulb temperatures. If column 5 for the 
latent heat of air is used, the values in column 1 should 
be read as dew point temperatures. 


Example 4-16: 
Solve Example 4-15 by means of Table 4-1. 


Solution: 


Enthalpy of dry air at 75 DB = 18.018 Btu 
Enthalpy of dry air at 48 DB = 10.329 


Sensible heat required = 7.689 Btu 


The specific heat of air is not constant and in pre- 
paring Table 4-1, this was taken into account. For this 
reason, the answers to Examples 4-15 and 4-16 differ 
slightly from each other. Formula 4-7, because of its 
simplicity, is used in virtually all engineering work. 


Wet Bulb Temperature 


If two accurate thermometers are placed in a 
stream of swiftly moving air, both will register exactly 
the same temperature. If the bulb of one of the ther- 
mometers is covered with a wet wick, its temperature 


will drop, quickly at first and then more slowly, until it 


reaches a stationary point. The reading at this point is 
called the wet bulb temperature of the air. 


62 TRANE AIR CONDITIONING MANUAL 


Why does the thermometer with the wet wick in- 
dicates a lower temperature than the dry thermome- 
ter? The air flowing past both thermometers is at 
exactly the same temperature. On first thought it 
would seem that the water on the wick should assume 
the dry bulb temperature of the surrounding air. This 
would be true if the water did not evaporate from the 
wet wick into the air. However, water does evaporate 
from the wick into the air, and this evaporation requires 
latent heat. The portion of the air that is brought into 
immediate contact with the wet wick cools slightly and 
surrenders sufficient sensible heat to evaporate the 
moisture. 

The amount of water that can evaporate from the 
wet wick into the air depends entirely upon the amount 
of water vapor initially in the air flowing past the wet 
wick. If the air flowing past the wet wick were already 
saturated with moisture, no water could evaporate 
from the wick into the air, and there would be no cooling 
of the wet bulb thermometer. The drier the air flowing 
past the wick of the wet bulb thermometer, the larger 
will be the amount of moisture that will evaporate into 
the air stream. The larger the amount of moisture 
evaporating into the air stream, the lower will be the 
reading of the wet bulb thermometer. The difference 
between the readings of the wet and dry bulb ther- 
mometers is called the ‘‘wet bulb depression.” 

Inasmuch as the wet bulb depression increases as 
the amount of moisture in the air decreases, the wet 
bulb depression provides a convenient method of find- 
ing the amount of moisture in the air. 

The psychrometric chart, which is discussed later 
in this chapter, is used to find the dew point temper- 
ature of air after its dry and wet bulb temperatures 
have been determined. Table 4-1 can then be used to 
find the moisture content of the air. 

In order to obtain accurate readings with a wet 
bulb thermometer, the air must move past the wet bulb 
at a brisk velocity. If wet bulb readings are to be 
obtained in still air, the thermometer must be moved 
through the air in order to obtain the necessary move- 
ment of the air past the bulb. One way of doing this is 
to whirl the thermometer rapidly. A convenient instru- 
ment for accomplishing this is the “sling psychrome- 
ter,” illustrated in Figure 4-E. Two thermometers are 
mounted on a metal back which is pivoted on a handle. 
After wetting the wick of the wet bulb thermometer, 
the instrument is whirled rapidly through the air for 
about a half-minute, and the thermometers read again. 
Whirling should be continued until two sets of succes- 
sive readings agree. If the wick becomes partly dry, it 
may be necessary to dip it into the water again and 
start the readings over. 

In order to obtain accurate readings, the wick must 
be clean and free from foreign materials such as soap. 
After a wick has been in use for some time, it may 
become hard because of the minerals left behind by the 


evaporating water. Thermometers with coated wicks 
always read higher than the actual wet bulb temper- 
ature of the air. Wicks should be changed frequently, 
and only clean water used. For accurate work distilled 
water is preferred. 


FIGURE 4-£ 
SLING PSYCHROMETER WITH WET AND DAY BULB THERMOMETERS 


The water in which the wet bulb thermometer is 
dipped should preferably be at a temperature equal to 
the wet bulb temperature of the air. This, however, is 
rarely possible. As a second choice, the temperature of 
the water should be slightly higher than the wet bulb 
temperature of the air. The water temperature should 
not be lower, or it will be difficult to judge when the 
thermometer is indicating the actual wet bulb temper- 
ature of the air. If the water temperature is higher, the 
wet bulb thermometer will cool as it is whirled. After 
one or two readings, the mercury stem will begin to rise 
again as the wick dries. The lowest reading obtained is 
the wet bulb temperature of the air. On the other hand, 
if the temperature of the water is initially lower than 
the wet bulb temperature of the air, the mercury stem 
of the wet bulb thermometer will begin to rise as soon 
as it is whirled, and it will continue to rise as the wick 
dries. It will then be extremely difficult to judge the 
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point at which the mercury stem is indicating the actual 
wet bulb temperature of the surrounding air. 


Total Heat 


When cooling air, there is no change in its latent 
heat content as long as its dew point temperature re- 
mains constant. In this case, only sensible heat need be 
considered. 

On the other hand, if air is to be cooled to a point 
below its initial dew point temperature, both sensible 
and latent heat must be removed. The sum of the sen- 
sible and latent heats removed is known as the “‘total 
heat.” The total heat removed is the quantity sought in 
air conditioning calculations because the refrigerating 
apparatus must have sufficient capacity to remove both 
the sensible heat of the air and the latent heat to con- 
dense the water vapor in the air mixture. 

In the preceding sections it was shown that the 
sensible heat content of air depends only upon its dry 
bulb temperature, and that the latent heat content of 
air depends only upon its dew point temperature. 
Therefore, in order to find the total heat content of air 
having a given dry bulb and dew point temperature, it 
is only necessary to add together the sensible heat 
corresponding to its dry bulb temperature and the 
latent heat corresponding to its dew point temperature. 
The example that follows illustrates this statement. 


Example 4-17: 


Air at 78 DP and 60 DP is to be cooled to a 58 DB and 
55 DP. Find the total heat removed in cooling each 
pound of air. 


Solution: 


Referring to Table 4-1, 


Enthalpy of dry air at 78 DB = 18.74 Btu 

Enthalpy of vapor in air at 60 DP = 12.05 
Total initial heat content = 30.79 Btu 

Enthalpy of dry air at 59 DB = 13.93 Btu 


Enthalpy of vapor in air at 55 DP = 10.01 


Total final heat content = 23.94 Btu 
Total heat content = 30.79 - 23.94 
= 6.85 Btu per Ib 
of air 


The enthalpy of an air-water vapor mixture can be 
calculated instead of taken from Table 4-1. Consider the 
enthalpy of a certain air-water vapor mixture. First, 
find the enthalpy of just the dry air portion of the 
mixture; then find the enthalpy of just the water vapor 
in the mixture; now add the two enthalpies and the 
answer is the enthalpy of the mixture. In equation 
form: 


Tiviix = hary air + Nistor vapor 


hmix = (Cp X tpg) + (HR x h,) (4-8) 


where, 

hnix = enthalpy of the mixture of dry air and water 
vapor, Btu per Ib 

Cp = specific heat, Btu per lb F 

tps = dry bulb temperature 

HR = humidity ratio of the mixture, lb of water 
vapor per lb of dry air at dew point tem- 
perature, Table 4-1 

h, = enthalpy of saturated vapor (steam) at the 
dew point temperature (from Table 1-3), 
Btu per lb. 


Reworking Problem 4-17 by Calculation Only: 


To find the enthalpy of air at 78 DB and 60 DP, find the 
humidity ratio for air with 60 BP. This is 0.01108 from 
Table 4-1. Next find the enthalpy of saturated steam at 
60 F; this is 1088.0 from Table 1-3. Using these values in 
equation 4-8: 


Nmix = (0.24 x 78) + (0.01108 x 1088.0) 
= 18.72 + 12.06 
= 30.78 Btu per lb of air 


Using equation 4-8 the enthalpy of air at 58 DB and 55 
DP is 23.94 Btu/b of air. Subtracting this from 30.78 
gives 6.84 Btu/b of air, an approximate check of the 
results of Example 4-17. 


Table 4-1 gives the enthalpy of air only to the nearest 
degree. If the enthalpy is needed at a temperature be- 
tween lines in the table, it can be obtained in either of 
two ways: 


1. By interpolation 

2. Calculation by equation 4-8. 

The addition of sensible heat to air always causes its dry 
bulb temperature to rise. Similarly, the addition of latent 
heat to air always causes its dew point temperature to 
rise. However, regardless of whether the heat added is 
sensible or latent, the wet bulb temperature always 
changes. If sensible heat alone is added, both the dry and 
wet bulb temperatures will increase while the dry bulb 
temperature remains constant. If both sensible and 
latent heat are added to air, all three temperatures — dry 
bulb, wet bulb, and dew point — will rise. If the addition 
of sensible heat causes an increase in both the dry and 
wet bulb temperatures, and the dew point remains con- 
stant, it should be possible to compute the sensible heat 
added to the air from the rise in its wet bulb tempera- 
ture. In this case, the sensible heat added to the air 
should be equal to the change in the enthalpy of the air. 


The Psychrometric Chart 


Examples on calculating humidity ratio, relative 
humidity, and enthalpy have just been discussed. Such 
calculations take time. Further, they become tedious 
when interpolation is necessary. Engineers like to use 
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graphs and charts to present tabular data in graphical 
form. The use of such charts saves time. Beyond this, 
many processes and cycles can be drawn on a chart. 
This is especially true of the “psychrometric chart” 
used to illustrate graphically air conditioning processes 
and cycles. The psych chart will provide a “feel” for a 
cycle that can’t be obtained from columns of figures and 
equations. 

Figure 4-F illustrates a skeleton psych chart*. 
Each of the 10 numbered lines or scales shown are 
named on the key. The explanation of each line or scale 
is given in the following paragraphs. In each case the 
paragraph number is the same as the key in Figure 4-F. 


1. Dry Bulb Temperature: The temperature of air 
read on a standard thermometer and shown on the 
chart by straight vertical lines. Scale is at bottom 
of chart. Unit - degree F, abbreviated DB. 


2. Humidity Ratio: The weight of water vapor in each 
pound of dry air. This is also known as specific 
humidity. On the chart these lines are straight hor- 
izontal lines at right angles to the dry bulb lines. 
The units used are grains of moisture per pound of 
dry air. Symbol is W or HR. 

3. Humidity Ratio Scale: The humidity ratio at any 
point on the chart is read on this scale in grains per 
pound of dry air. 

4. Wet Bulb Temperature: The wet bulb temperature 
above 32 F is the temperature indicated by a ther- 
mometer whose bulb is covered by a wet wick and 
exposed to a stream of air moving at a velocity of 
1000 Fpm. Wet bulb temperatures below 32 F are 
obtained from a thermometer on which the water 
in the wick has frozen to ice. This is the reason the 
slope of the wet bulb temperature lines change 
below 32 F. The scale is on curved line at the left 
edge of the chart. Unit - degree F, symbol - WB. 

5. Specific Volume: The cubic feet of the mixture per 
pound of dry air, symbol - v. 

6. Enthalpy: A thermodynamic property which 
serves as a measure of the heat energy in a system 
above some datum temperature (for air ) 0 F and 
water 32 F). In this case it represents the energy 
in one pound of dry air with W grains of moisture 
associated with it. Units - Btu per pound of dry air, 
symbol - h. 

7. Dew Point Temperature: The temperature at 
which moisture will start to condense from the air. 
Unit - degree F, symbol - DP. 

8. Relative Humidity: The ratio of the mol fraction of 
water vapor in a mixture to the mol fraction of 
water vapor in saturated air at the same dry bulb 
temperature and barometric pressure. Relative hu- 
midity is vapor pressure of the air divided by sat- 


*Pads of psych charts can be obtained by writing The Trane Company, 
Educational Department, La Crosse, Wisconsin, phone 608-787-4153. 


urated vapor pressure ate the same dry bulb 
temperature. Unit - percent, symbol - Greek letter 
Phi (®) or RH. 

9. Vapor Pressure: The pressure exerted by water 
vapor in the air. Units - inches of Mercury absolute. 
Symbol - Py. 

10. Sensible Heat Ratio: The ratio of the sensible heat 
to total heat in a process. Units - none. Symbol - 
SHR. 


1-DRY BULB TEMPERATURE LINE 
2-HUMIDITY RATIO LINE 
S-HUMIDITY RATIO SCALE 

4-WET BULB TEMPERATURE LINE 
‘S-SPECIFIC VOLUME LINE 
6-ENTHALPY SCALES 

7-DEWPOINT TEMPERATURE SCALE 
B-RELATIVE HUMIDITY LINE 
9-VAPOR PRESSURE SCALE 
10-SENSIBLE HEAT RATIO SCALE 


A-INDEX POINT FOR SENSIBLE 
HEAT RATIO SCALE 


FIGURE 4-F 
LINES AND SCALES ON THE PSYCH CHART 


Example 4-18: 


Given room condition of 75 DB and 50% RH. For the air 
vapor mixture find: 

a) Wet bulb temperature 

b) Humidity ratio 

c) Enthalpy 

d) Dew Point Temperature 

e) Specific volume 

f) Vapor pressure 

g) Degree of saturation 


Solution: 


On Figure 4-G locate the point where the vertical line 

representing 75 DB and the curve line representing 

50% RH intersect. From this point, read all of the 

other values. 

a) Follow the diagonal line up to the left until it 
intersects the wet bulb temperature scale. Read 
62.6 F. 


b) Follow the horizontal line to the right until it 
intersects the humidity ratio scale. Read 64.8 
grains of moisture per pound of dry air. 

c) Revolve a straight edge around the point until its 
edge intersects the same numerical value on the 
enthalpy scales at the left and at the bottom of the 
chart. Read 28.10 Btu per lb of dry air as the 
enthalpy. 

d) Follow the horizontal line to the right until it 


intersects the dew point temperature scale. Read 
55.1 F. 
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e) Interpolate between specific volume lines. Read 
13.68 cubic feet per pound of dry air. 

f) Follow the horizontal line to the right until it 
intersects the vapor pressure scale. Read 0.437 
inches of mercury. 

g) Degree of saturation equals actual humidity 
ratio (found in Step b) divided by humidity ratio 
at saturation for same DB temperature. At 75 
DB and 100 RH read W = 131.5 


- 64.8 
Degree of saturation = Bis * 0.492 


Example 4-19: 
Given air at 83 DB and 60 WB determine: 


a) Enthalpy 

b) Humidity ratio 

c) Dew point temperature 
d) Relative humidity 


Solution: 


On Figure 4-H determine the point of intersection 
between the vertical line for 88 DB and the sloping 
line for 60 WB. 


a) Using a straight edge, revolve it about the point 
until its edge intersects the same numerical value 
on the enthalpy scales at the left and at the bottom 
of the chart. Read 26.2 Btu per lb of dry air. 


b) Follow the horizontal line to the right. Read 40.4 
grains of moisture per pound of dry air on the 
humidity ratio scale. 


c) Follow the horizontal line to the right. Read 42.6 
on the dew point temperature scale. 


d) Staying on the 83 DB line, interpolate between the 
relative humidity lines above and below the point. 
Read 24.0% RH. 


Evaporation of Water 


Water left standing in an open dish will evaporate 
completely. However, if an open dish of water is placed 
in a sealed glass container, as in Figure 4-J, only a 
portion of the water will evaporate; the balance will 
remain in the dish for an indefinite length of time if the 
container is kept sealed. The reason for this dissimilar 
behavior is to be found in the difference between the 
vapor pressure of the water in the dish, and the pres- 
sure exerted by the vapor in the air. 

The term vapor pressure of water means only the 
pressure exerted by steam or vapor at the same tem- 
perature as the water. The vapor pressure of water is 
the controlling factor in the evaporation or condensa- 
tion of moisture. 

Consider an open pan of water standing in a room. 
If the air in the room is at 70 DB and 40% RH, its dew 
point temperature is 44.8 F. Although the water tem- 
perature should theoretically fall to the wet bulb tem- 


perature of the surrounding air, it will in a case such as 
this probably assume a temperature that is closer to the 
dry bulb temperature. Suppose, for purposes of dis- 
cussion, that the water assumes a temperature theo- 
retically possible — the wet bulb temperature of the 
surrounding air. The pressure exerted by the water 
vapor in the atmosphere depends only upon its dew 
point temperature. The vapor pressure, corresponding 
to a dew point temperature of 44.8 F, is 0.3000 in 
mercury. (See Table 1-3.) At the same time that the 
temperature of the water is 65 F, its vapor pressure is 
0.6222 in mercury. The vapor pressure of the water is 
higher than the pressure of the vapor in the air. This 
difference in vapor pressure causes the evaporation of 
water into the air above it. 

A difference in vapor pressures causes vapor to 
diffuse from the surface of water into the space above 
it. This fact explains why a dish of water placed in the 
open air will evaporate completely, while one placed in 
a closed container will evaporate only partially. As the 
liquid evaporates into the open atmosphere it diffuses 
through space or is carried away by air currents. As a 
result, the pressure of the vapor in the space above the 
liquid never increases to the point where it is equal to 
the vapor pressure of the water. On the other hand, 
when the dish of water is placed in the closed jar, the 
pressure of the vapor mixed with the air in the jar is 
continually increasing due to the evaporation of water 
from the open dish. Eventually the pressure of the 
vapor in the space above the liquid increases to a point 
where it is equal to the vapor pressure of the liquid, and 
no further evaporation takes place. 

Inasmuch as the dew point temperature of an air- 
vapor mixture changes with the quantity of vapor 
mixed with the air (or what amounts to the same thing, 
with the pressure of the vapor), the dew point tem- 
perature of the air-vapor mixture in the jar is contin- 
ually increasing as long as evaporation takes place. 
When evaporation ceases because the pressure of the 
vapor mixed with the air is equal to the vapor pressure 
of the water, the dew point temperature of the air 
inside the jar will be equal to the temperature of the 
water. Under these conditions the air will be saturated. 

From this example, it apparent that if the temper- 
ature of the water is greater than the dew point tem- 
perature of the air, evaporation will take place. When 
the dew point temperature of the air is equal to the 
temperature of the water, evaporation ceases. 

The evaporation of moisture requires latent heat. 
As aresult of the evaporation of moisture into the open 
air, or into the air enclosed in the jar, the water in the 
dish tends to cool as it surrenders the necessary latent 
heat of evaporation. In all of the preceding discussions 
of the dish of water, it has been tacitly assumed that 
heat would flow from the surrounding air into the 
water, as no insulation or barrier to heat flow was 
mentioned. As a result, even though the water tends to 
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cool slightly, its temperature is maintained at an ap- 
proximately constant point by the continuous flow of 
heat from the surrounding air. 


FIGURE 4) 
DISH OF WATER INSIDE A SEALED JAR 


Condensation of Water Vapor 


Assume that some means is provided for cooling 
the pan of water enclosed in the jar of Figure 4-J. 
Assume, further, that the water is cooled to a temper- 
ature below the dew point temperature of the air in the 
jar. The vapor pressure of the water will drop to a point 
corresponding to its new low temperature. Inasmuch 
as the pressure of the vapor mixed with the air will now 
be higher than the vapor pressure of the water, there 
will be a constant flow of vapor from the air back to the 
surface of the water. Once this vapor reaches the sur- 
face of the water, it condenses. This condensation will 
proceed until the pressure of the vapor mixed with the 
air has been reduced to a point where it is again equal 
to the vapor pressure of the water. 

Assume now that the water in the pan is heated 
instead of cooled. Also assume that the glass walls of 
the jar are chilled and maintained at a temperature 
lower than the dew point of the air inside the jar. 
Moisture in the air film in contact with the inside sur- 
face of the glass jar will immediately begin to condense 
upon the glass. This moisture adhering to the glass 
surface will be chilled to almost the temperature of the 
glass. Hence, its vapor pressure will be reduced below 
the pressure of vapor mixed with the air. As a result, 
diffusion of vapor will take place from the air to the cold 
surfaces of the jar. At the same time, as the water in 
the pan is being heated, its vapor pressure is main- 
tained at a point higher than that of the vapor mixed 
with the air. There is, therefore, a continuous evapo- 
ration of moisture into the air to replace the vapor that 
is condensing on the walls of the jar. 


The temperature of the water in the dish is being 
maintained at a point higher than the dew point tem- 
perature of the air. The temperature of the glass is 
being maintained at a temperature lower than the dew 
point temperature of the air. As a result, water evap- 
orates from the dish, but condenses on the cold glass 
surface. 

From the foregoing, it is apparent that the sole 
criterion as to whether evaporation or condensation of 
moisture will take place is the relationship between the 
dew point temperature of the air and the temperature 
of the water in contact with the air. If the temperature 
of the water is higher than the dew point temperature 
of the air, evaporation of moisture into the air will take 
place. On the other hand, if the temperature of the 
water is lower than the dew point temperature of the 
air, condensation of moisture will take place. 


Heat Exchange Between Air and Water 


When air is brought in contact with water at a 
temperature different than the wet bulb temperature 
of the air, an exchange of heat, as well as moisture, will 
take place between the air and the water. 

If the temperature of the water is higher than the 
wet bulb temperature of the air, the water temperature 
will drop and the wet bulb temperature of the air will 
rise because the water surrenders heat to the air. Sim- 
ilarly, if the water temperature is lower than the wet 
bulb temperature of the air, the water temperature will 
rise and the wet bulb temperature of the air will drop. 

In any exchange of heat between water and air, the 
temperature of the water can never fall or rise to the 
initial wet bulb temperature of the air. When air and 
warm water are brought in contact with each other, the 
wet bulb temperature of the air rises and the temper- 
ature of the water drops. This is shown by the left set 
of curves (A) of Figure 4-K The final temperature of the 
water is always higher than the final wet bulb tem- 
perature of the air. This being the case, the final tem- 
perature of the water must also be higher than the 
initial wet bulb temperature of the air. 

In cooling air with chilled water, the exact converse 
is true: The wet bulb temperature of the air drops and 
the water temperature rises, as shown by the right set 
of curves (B) of Figure 4-K. The final temperature of the 
water is always lower than the final wet bulb temper- 
ature of the air. Therefore, the final temperature of the 
water must also be lower than the initial wet bulb 
temperature of the air. 


Action of Air in Contact with Spray Water 


Whenever an exchange of heat occurs between air 
and water, the temperatures of both must change. 
There is however, one apparent exception to part of 
this statement. In air washers in which the spray water 
is constantly recirculated, and is neither heated nor 
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cooled, the temperature of the spray water does not 
change because, as shown later, there is no exchange of 
heat while it is in contact with the air . Aside from this, 
there is always a change in the temperature of spray 
water when it is brought in contact with air. 

In order to humidify air with spray water, the 
temperature of the spray water must always be higher 
than the required final dew point temperature of the 
air. Such an amount of water must be used that, as the 
water cools down from its initial temperature, its final 
temperature will still be above the required final dew 
point temperature of the air. When dehumidifying air 
the exact converse is true: The final temperature of the 
water must always be maintained below the required 
final dew point temperature of the air. Here also, such 
an amount of water must be used that its final tem- 
perature will still be below the desired final dew point 
temperature of the air. 

Thus far, only the relation between the dew point 
temperature of the air and the temperature of the 
water has been discussed. However, the exchange of 
heat between air and water depends not only on the 
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temperature of the water in relation to the initial dew 
point temperature of the air, but also on the relation of 
the water temperature to the initial dry and wet bulb 
temperatures of the air. 

The action of air and water when brought into 
contact with each other will be discussed under five 
general cases as follows: 


Case 1: The temperature of the water is higher than 
the initial dry bulb temperature of the air. 


Case 2: The temperature of the water is at a point 
between the initial dry and wet bulb temper- 
atures of the air. 


Case 3: The temperature of the water is at a point 
between the initial wet bulb and dew point 


temperatures of the air. 


Case 4: The temperature of the water is lower than the 


initial dew point temperature of the air. 


Case 5: The temperature of the water is constant and 
equal to the initial wet bulb temperature of the 
air. In this case only, there is no variation in the 


temperature of the water. 
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FIGURE 4-K 
HEAT TRANSFER BETWEEN AIR AND WATER 


Each case, except the last, will be discussed for two 
conditions: 

a. The temperature of the water is maintained at a 
constant point while it is in contact with the air to be 
conditioned. 

b. The temperature of the water varies while it is in 
contact with the air to be conditioned. 

With the exception of the air washer to be dis- 
cussed under Case 5, condition a above has little prac- 
tical significance; it is discussed only for its value in 
helping to understand the discussion of condition b. The 


temperature of water that is first heated or cooled, and 
then used in a spray-type apparatus, always changes 
while it is in contact with the air. 

In the enumeration of the five cases, reference is 
made only to the “temperature of the water.” If con- 
dition a is being discussed, this means, of course, the 
constant water temperature; if condition b is being 
discussed, this always means the final temperature of 
the water. The initial temperature will be specifically 
mentioned as it is needed at various points in the dis- 
cussion. 
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FIGURE 4-L — CASE 1 
WATER TEMPERATURE ABOVE INITIAL DRY BULB TEMPERATURE OF AIR 


Case 1a 


In this case, the water temperature is maintained 
at some constant point above the initial dry bulb tem- 
perature of the air. Because of this, the dew point, wet 
bulb, and dry bulb temperatures of the air will all 
increase. The change in the condition of the air while it 
is in contact with the water can be represented by a 
straight line such as AC in Figure 4-L. Point A rep- 
resents the initial state, or condition, of the air; point 
b, the final condition of the air leaving the humidifier; 
and point C, the constant water temperature. The tem- 
perature of the water can be represented on the psy- 
chrometric chart by a point located on the saturation 
curve. This point is located where the saturation curve 
is crossed by the one vertical line of dry bulb temper- 
ature that is equal to the given water temperature. In 
this case, for a 70 F water temperature, point C is 
located where the saturation curve is crossed by the 
line of 70 F dry bulb temperature. 

As the air travels through the humidifier, its con- 
dition is always represented by a point on the line AC. 
This point moves from the initial condition of the air at 
point A toward the constant water temperature at 
point C. The air finally leaves the humidifier in the 
condition represented by point B. The location of point 
B on the line AC depends entirely upon the character- 
istics and construction of the humidifier. The longer the 


air is kept in contact with warm water, the closer point 
B will approach to point C. 
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FIGURE 4-M 
HEATING SPRAY WATER WITH STEAM 


Case 1b 


If the water temperature is not kept constant, but 
drops as it heats and humidifies the air, a straight line 
can no longer represent the condition of the air. A curve 
such as AD on Figure 4-L will represent the condition 
of the air under these conditions. Here also, the location 
of point E representing the final condition of the air and 
the shape of the curve depend on the characteristics of 
the humidifier. 


70 


The initial temperature of the water is represented 
by point C. As the water cools, its temperature is 
always represented by a point on the saturation curve. 
This point moves from the initial water temperature C 
to the final temperature D. 

The air washer, with either steam coils in the 
bottom of the tank, or a heater in the water circulating 
line, as illustrated in Figure 4-M, is typical of a humid- 
ifier in which the water cools as it surrenders heat to 
warm the air and to evaporate a small part of the spray 
water into the air stream. The steam heater replaces 
the heat that the circulating spray water loses. 


Case 2a 


In this case, as the temperature of the water is 
assumed to be constant, the condition of the air can be 
represented by a line such as AB of Figure 4-N. Point 
C, which lies between the dry and wet bulb tempera- 
tures of the air, represents the constant water tem- 
perature. Point A represents the initial state of the air; 
point B, the final state of the air. The location of point 
B depends entirely upon the construction and charac- 
teristics of the humidifier. The longer the air is in con- 
tact with the water, the closer point B will approach 
point C. 
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Case 2b 


When the water is allowed to cool to such a point 
that its final temperature lies between the initial dry 
and wet bulb temperatures of the air, the air will be 
both cooled and humidified. The dry bulb temperature 
of the air will drop, but its wet bulb and dew point 
temperatures will rise. The increase in the wet bulb 
temperature is due to the fact that the latent heat 
gained by the air is greater in amount than the sensible 
heat that it loses. 

In this case, the condition of the air can be repre- 
sented by a curve such as AD of Figure 4-N. Point A 
represents the initial condition of the air; point E the 
final condition of the air; and point D, the final tem- 
perature of the water leaving the spray chamber. The 
location of point E depends upon the characteristics of 
the humidifier. The initial temperature of the water is 
represented by point C. 

If the air is to be heated and humidified simulta- 
neously, it is apparent from case 1b that both the final 
and initial temperatures of the water must be kept 
above the desired final dry bulb temperature of the air. 
On the other hand, if the air is to be humidified without 
being heated, the final temperature of the water must 
fall to a point equal to, or below, the initial dry bulb 
temperature of the air. An inspection of both Figures 
4-L and 4-N is illuminating in regard to this point. 
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Notice in Figure 4-L that both the straight line AC 
and the curve AD lie completely to the right of the 
vertical line representing the initial temperature of the 
air because the air is cooled while it is being humidified. 

There is one important fact that applies to both 
case 1b and 2b. When the waiter cools as it surrenders 
heat and moisture to the air, the water can be cooled 
only to some final temperature that is higher than the 
final, and hence the initial wet bulb temperature of the 
air. The water can never actually be cooled to a tem- 
perature equal to the final wet bulb temperature of the 
air. 


Case 3a 


Air can be humidified with water at a temperature 
lower than the initial wet bulb temperature of the air. 
To do so, the temperature of the water must be higher 
than both the initial and final dew point temperatures 
of the air. If the water temperature is maintained con- 
stant at some point between the initial wet bulb and 
dew point temperatures of the air, the condition of the 
air is as it passes through the humidifier can be rep- 
resented by a line such as AC in Figure 4-0. Point C 
represents the constant temperature of the water and 
point B represents the final condition of the air leaving 
the humidifier. 

Point D represents the final temperature of the 
water, The temperature of the water rises in spite of 
the fact that it is humidifying the air. In this case, the 
air surrenders sufficient sensible heat to warm the 
water and also to evaporate a small part of it. 

Because, in this case, the initial temperature of the 
water is less than the initial wet bulb temperature of 
the air, the water temperature will rise and both the 
dry bulb and wet bulb temperatures of the air will fall. 
The maximum final temperature to which the water 
can possibly rise is some point that lies below the final 
wet bulb temperature of the air. 


Case 4a 


If the water temperature could be kept constant 
while it was in contact with the air, the cooling and 
dehumidification of the air would take place along a line 
such as AC of Figure 4-P. However, if as is usually the 
case, the water temperature rises while it is in contact 
with the air, the condition of the air will be represented 
by a curve such as AD. 


Case 4b 


When the initial temperature of the water is below 
the initial dew point temperature of the air, the water 
temperature rises as it is brought in contact with the 
warm air. In the cases considered previously, the water 
humidified the air. In this case the water will dehu- 
midify the air if sufficient water is provided to hold the 
temperature of the water down to a point below the 


initial dew point temperature of the air. In actual prac- 
tice, sufficient water is provided to accomplish this. 

As long as the final water temperature is kept 
below the initial dew point temperature of the air, the 
air will be both cooled and dehumidified. However, if 
the final water temperature is allowed to rise above the 
initial dew point temperature of the air, the air will still 
be cooled, but it will be humidified as well. Although the 
water temperature can rise above the initial dew point 
temperature of the air, the water temperature cannot 
rise to the final wet bulb temperature of the air. 

In the first four cases, note that the curve that 
represents the changing condition of the air as it passes 
through a washer where the water temperature is not 
controlled, is always concave toward the entering air 
wet bulb temperature line on the psychrometric chart. 


Case 5 


In the preceding cases the water was either heated 
or cooled. In this case, the water is constantly circu- 
lated without being either heated or cooled. 

When the initial water temperature is the same as 
the initial wet bulb temperature of the air, the tem- 
perature of the water will not change as it is brought 
in contact with the air. Water that is neither heated nor 
cooled by external means, and is continuously recircu- 
lated through a spray chamber where it is brought in 
contact with the air, will soon assume the wet bulb 
temperature of the air. The temperature of the water 
will then remain constant as long as the wet bulb tem- 
perature of the air entering the apparatus remains 
unchanged. Inasmuch as the water temperature does 
not change, it can neither add nor remove heat from the 
air. Therefore, the wet bulb temperature of the air 
flowing through such a washer cannot change. How- 
ever, evaporation of moisture must take place because 
the temperature of the water is above the dew point 
temperature of the air. In addition, as the temperature 
of the water is below the dry bulb temperature of the 
air, there must also be a drop in the dry bulb temper- 
ature of the air. 

In this case, there is no change in the wet bulb 
temperature and the total heat content of the air as it 
flows through the air washer. The latent heat required 
for the evaporation of the water can be obtained only 
from the sensible heat that the air loses as its dry bulb 
temperature falls. In other words, the air loses sensible 
heat, but gains an equal amount of latent heat. The total 
heat content of the air does not change, even though its 
proportions of sensible and latent heat do change. 

Inasmuch as the water temperature is constant 
and equal to the initial wet bulb temperature of the air, 
the condition of the air as it flows through the humid- 
ifier can be represented in Figure 4-Q by the straight 
line AC. Point A represents the initial condition of the 
air, and point C represents the constant temperature of 
the water. Point B represents the final condition of the 
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air leaving the spray chamber. As in the previous cases, 
the location of point B depends upon the construction 
and characteristics of the humidifier. The longer the air 
is kept in contact with the water, the closer the location 
of point B will be to point C. 

Any air conditioning process during which the total 
heat content of the air remains constant can be repre- 
sented on the psychrometric chart by a straight line 
that coincides with the line representing the constant 


FIGURE 4-Q CASE 5 


wet bulb temperature of the air. Thus in Figure 4-Q, 
line AC coincides with the line of wet bulb temperature 
running through point A representing the initial con- 
dition of the air. 

This case is important because the action just de- 
scribed is applied commercially on a large scale. Air 
washers utilizing this principle are in wide use for hu- 
midification in winter. 
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A-HUMIDIFYING ONLY 
B-HEATING AND HUMIDIFYING 
C-SENSIBLE HEATING ONLY 
D-CHEMICAL DEHUMIDIFYING 
E-DEHUMIDIFYING ONLY 
F-COOLING AND DEHUMIDIFYING 
G-SENSIBLE COOLING ONLY 
H-EVAPORATIVE COOLING ONLY 


FIGURE 4-R 
FUNDAMENTAL AIR CONDITIONING PROCESSES 


Tracing Air Conditioning Processes on the 
Psychrometric Chart 

A summary of all fundamental air conditioning pro- 
cesses can be seen in Figure 4-R. If we assume that the 
process begins at the intersection of all the lines; then 
each process goes in the direction indicated. For ex- 
ample, A and E are carried out at constant dry bulb 
temperature; A is humidifying only and E is dehumid- 
ifying only. Each of these processes will be discussed 
in detail. 


Heating 
When air is heated, its dew point temperature re- 


mains constant if no water is present. Any heating 
process, during which only sensible heat is added, can 
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be represented on the psychrometric chart by a hori- 
zontal line that coincides with the line representing the 
initial dew point of the air. The changes occurring in the 
dry and wet bulb temperatures of the air as it is heated 
from the initial temperature to the final temperature 
can be represented by a line such as AB on the psy- 
chrometric chart of Figure 4-S. For example, if the 
initial conditions of air are 50 DB and 40 DP, the air is 
represented by point A on the psychrometric chart of 
Figure 4-S. The air is heated along a line of constant 
dew point temperature to the final temperature of 
90 F, represented by point B. The heating coil of Figure 
4-S shows the changes occurring in the state of the air 
as it flows through the coil. 


Cooling 

If air is cooled without condensation taking place, 
that is, only sensible heat is removed, the state of the 
air can also be represented by a horizontal line coin- 
ciding with the initial dew point temperature of the air. 
Thus, on the psychrometric chart of Figure 4-T, if A is 
the initial state of the air, and B is the final state of the 
air, the cooling of the air can be represented by the 
straight line drawn from A to B. 


Heating and Humidification 


Air can be simultaneously heated and humidified 
by either drawing it through a spray, or over trays of 
warm water. The water must be heated during the 
process in order to supply the latent heat needed for 
evaporation. Trays of warm water can be kept at con- 
stant temperature by steam. However, when warm 
water is sprayed into the air stream, as in an air washer, 
the water must be heated as it is circulated. Figure 4-M 
illustrates one method of heating the water when an air 
washer is used for heating and humidification. The 
water is continually heated as it is circulated through 
the heater. The temperature of the water drops as it is 
sprayed because it surrenders heat to the air. The heat 
that the water loses is continually being replaced by 
means of the steam heater, through which the water is 
circulated. 

The state of the air as it flows through a spray 
chamber is represented by a curve such as AC, on the 
psychrometric chart of Figure 4-U. Point A represents 
the initial condition of the air; point B, the final con- 
dition of the air leaving the spray chamber; and point 
C, the final temperature of the water leaving the spray 
chamber. The exact location of point B on line AC 
depends on the characteristics and construction of the 
humidifying apparatus. In general, the longer the time 
that the air is in contact with the water, the closer point 
B will approach to point C. The condition of the air at 
any point in its passage through the spray chamber is 


shown by the dotted curves on the air washer of Figure 
4-V. Curve AC on the psychrometric chart of Figure 
4-U has been drawn for the conditions illustrated in 
Figure 4-V. 

The state of the air as it flows through a spray 
chamber supplied with chilled water can be repre- 
sented by a curve such as AC on the psychrometric 
chart of Figure 4-P. As the curves of this figure have 
been analyzed in the preceding section, the discussion 
will not be repeated here. 


Cooling and Dehumidification 

Air can be simultaneously cooled and dehumidified 
by being drawn over cold surfaces or through sprays of 
cold water. When air is cooled and dehumidified by 
being drawn through a spray chamber, the spray water 
is cooled outside of the spray chamber by means of a 
cooler installed in the circulating pipe line. This cooler 
is installed in the water circulating line in the same way 
as the steam heater illustrated in Figure 4-M. The 
water is constantly chilled as it is circulated. The tem- 
perature of the sensible and latent heat from the air. 
However, the heat that the water absorbs is being 
continually removed by the cooler installed in the cir- 
culating pipe line. 

When cooling coils are used, the temperature of the 
film of air in contact with the surface of the metal pipe 
wall determines the condition of the air flowing through 
the coil. The temperature of this surface film is always 
at some point between the temperature of the air and 
the temperature of the water, or other refrigerant, 
inside the coil. Also, the temperature of the air drops 
as it flows through the coil. As a result the air im its 
passage through the cooling coil is brought in contact 
with colder and colder surfaces as it flows through the 
coil. Hence, the condition of the air as it flows through 
a surface cooler can be represented by a curve such as 
AC on the psychrometric chart of Figure 4-V. Point B 
represents the final condition of the air leaving the 
cooling coil. Its location on the curve AC depends upon 
the design of the surface cooler. 


If air is successively brought in contact with a 
series of cold metal pipes, and the surface temperature 
of each pipe is lower than that of the pipe preceding it, 
the curve representing the condition of the air will turn 
downward as in Figure 4-V. On the other hand, if the 
air is brought in contact with a surface, the tempera- 
ture of which is increasing as the air flows through it, 
the condition curve must turn upwards as in Figure 
4-P. This is the case when a water spray is used, be- 
cause the temperature of the water increases as it 
absorbs heat from the air. 
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Cooling and Humidification 

Air can be simultaneously cooled and humidified. 
This is the action that takes place in an ordinary air 
washer in which the same water is continuously recir- 
culated, but is neither heated nor cooled. In other 
words, the installation is similar to that illustrated in 
Figure 4-M, except that there is no heater in the pump 
discharge line. 

As previously shown, the condition of the air flow- 
ing through such a washer can be represented by a 
straight line, like AC of Figure 4-Q, which coincides 
with the line representing the initial wet bulb temper- 
ature of the air. 


INITIAL STATE FINAL STATE 


AIR WASHER 


FIGURE 4-W 
CONSTANT WATER CIRCULATION WITHOUT HEATING OR COOLING 


Figure 4-W shows the changes occurring in the dry 
bulb and dew point temperatures of the air flowing 
through an air washer in which the same water is 
constantly recirculated without being either heated or 
cooled. In a perfect washer, the final dry bulb and dew 
point temperatures of the air would be equal to each 
other, and equal to the initial wet bulb temperature of 
the air. Figure 4-W has been drawn for the conditions 
illustrated in Figure 4-Q. 

The efficiency of an air washer is defined as the 
ratio of the actual drop in dry bulb temperature to the 
maximum theoretical drop in dry bulb temperature 
that could take place if the washer were 100 percent 
efficient, and the air emerged saturated. In such a case, 
the final dry bulb temperature of the air would be equal 
to its initial wet bulb temperature. The efficiency of an 
air washer is easily computed. For example, referring 
to either Figure 4-Q or 4-W, 


Actual drop in the dry bulb 


temperature of the air = 91-74 
= 17 degrees 
Maximum theoretical drop 
in temperature = 91 - 67 
= 24 degrees 
. =17 
Effi eae 
iciency a4 


= 71 percent 


The efficiency of actual air washers varies with the 
design, the quantity and pressure of the spray water, 
and other factors. The following are, approximate ef- 
ficiencies obtainable with commercial air washers of 
average construction in which the same water is con- 
tinuously recirculated without being either heated or 
cooled. 


Single Bank of Sprays 65 percent 
Two banks of Sprays 80 percent 
Three banks of Sprays 90 percent 


Heating with Coils and Humidifying with Washer 
An arrangement of coils and air washer that is in 
common use for central systems in commercial build- 
ings is illustrated in Figure 4-X. Heating coils are in- 
stalled on both the inlet and outlet sides of the washer. 
The air is first heated with the tempering coils, then 
drawn through the air washer, and finally heated to the 
final desired temperature with the reheating coils. 

The change in the condition of the air, as it passes 
through the tempering coils, air washer, and reheating 
coils, can be followed in Figure 4-X and the psychro- 
metric chart of Figure 4-Y. The air enters the temper- 
ing coils in the condition A of Figure 4-Y. It is then 
heated at constant dew point temperature to point B. 
The water in the washer is constantly recirculated 
without being either heated or cooled. The air entering 
the washer in the condition B is humidified and cooled 
along a line of constant wet bulb temperature to C. 

The air leaving the washer in the condition C is 
then reheated to the desired final temperature at point 
E. The final condition of the air leaving the reheating 
coils is 70 DB and 56 WB. 

By the use of the system illustrated in Figure 4-X, 
air of almost any desired dry bulb temperature and 
humidity can be obtained. The final dew point temper- 
ature of the air depends on the temperature at which 
the air leaves the tempering coils; that is, on the po- 
sition of the point B. From Figure 4-Y, it is apparent 
that the dew point temperature of the air leaving the 
air washer increases as the temperature of the air 
leaving the tempering coils is increased. As point B 
moves to the right to point F, the temperature of the 
circulating water in the washer will rise because its 
temperature must be equal to the wet bulb tempera- 
ture of the air leaving the tempering coils. As a result, 
the final condition of the air leaving the washer is 
represented by point G instead of C. The air is then 
reheated at a constant dew point temperature to the 
same final temperature as previously. As the air now 
has a higher dew point temperature, its final condition 
is represented by point H. 
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FINAL STATE 


RE-HEATING 


AIR WASHER 


FIGURE 4-X 
HEATING WITH COILS AND HUMIDIFYING WITH WASHER 


In climates having outdoor temperatures below 
32 F, it is desirable to install another bank of heating 
coils ahead of the tempering coils shown in Figure 4-X. 
These additional heating coils are used only for pro- 
tection against freezing, and are not customarily 
turned on unless the temperature of the outdoor air 
falls below 35 F. 


Another system used for humidifying and heating 
air is illustrated in Figure 4-Z. The air is heated directly 
by the warm water; the water itself being heated by 
means of a steam heater in the circulating pipe line. The 
dew point temperature of the air is increased by raising 
the water temperature. Here also, the tempering coil 
is used only for protection against freezing. 

Air enters the tempering coils in the state repre- 
sented by point A on the psychrometric chart of Figure 
4-AA. It is then heated to the condition represented by 
the point B and enters the washer in this state. In the 
washer, the air is humidified along a curve such as BC. 
The air leaves the washer in the state represented by 
point C, and is then reheated to the desired final dry 
bulb temperature at point D. If a higher dew point 
temperature is desired, the temperature of the water 
leaving the steam heater must be increased. In such a 
case, the humidification and heating of the air will 
follow a curve such as BE. The air is then reheated 
along the line EF to the final condition represented by 
point F. 


Chemical Dehumidification 

This is one of the processes on Figure 4-R and is 
shown by line D. Equipment operating on such a pro- 
cess line is well suited to maintaining any of the fol- 
lowing design conditions: 


1. Either a dry bulb or a dew point temperature 
below 32 F. 
2. Low humidity. 
3. Low SHR. 
Chemical dehumidification equipment is discussed 
in detail in a later chapter. 


Air Mixtures 

The psychrometric chart can be used to find the 
resulting condition of an air supply made up of a mix- 
ture of air from two different sources. 

Let point A in Figure 4-BB represent the condition 
of the outdoor air; and point B, the state of the return 
air from the conditioned room. Draw a straight line 
connecting points A and B. A point such as C on the line 
AB represents the final condition of the mixture of 
return and outdoor air. 

The location of point C on line AB depends on the 
percentage of air from each source present in the mix- 
ture. As asimple illustration, if half of the air came from 
the outdoors and half from the room, point C would fall 
exactly halfway between points A and B. If only one- 
third of the air came from outdoors, point C would fall 
at a point one-third of the distance from B to A. In this 
case, point C will lie closest to point B because the 
quantity of return air is larger than the quantity of 
outdoor air. The mixture point will always lie closest to 
the point representing the air that forms the largest 
percentage of the mixture. 

One method of locating point C is to first find the 
resulting dry bulb temperature of the mixture by a 
simple calculation. Point C will then lie at the inter- 
section of the vertical line representing the final dry 
bulb temperature of the mixture and the line AB. 
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FINDING MIXTURE CONDITIONS 
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FIGURE 4-CC 
FINDING PERCENT OUTDOOR AIR WITH SPECIFIED MIXTURE WET BULB 


Example 4-20: 


Outdoor air at 95 DB and 75 WB is to be mixed with 
room air at 78 DB and 50 RH. The final mixture is to 
consist. of one-third outdoor air and two-thirds return air 
from the room. Find the resulting dry and wet bulb 
temperatures of the mixture. 


Solution: 


The final dry bulb temperature of the mixture is 
found as follows: 


Outdoor air, 0.833 x 95 = 31.7 
Return air, 0.667 x 78 = 52.0 
Final temp of mixture = 83.7 


In Figure 4-BB, point C, representing the resulting 
condition of the mixture, is located on line AB at the 
point where it is crossed by the vertical line of 83.7 
DB. The wet bulb temperature of the mixture, as 
read at point C, is 68.5 F. 


If air is available from two separate sources, the 
problem of finding the proportions required to make 
a mixture having a given final condition can also be 
solved by this method. This will be illustrated in 
Example 4-21. 


Example 4-21: 


Outdoor air at 94 DB and 75 WB is to be mixed with 
return air at 75 DB and 50% RH. Find the percentage 
of outdoor air that must be used if the resulting mixture 
is to be at 69 WB. 


Solution: 


In Figure 4-CC spot point A representing the con- 
dition of the outdoor air, and point B representing the 
condition of the room air. Draw a straight line be- 
tween points A and B. Locate point C at the inter- 
section of the line AB with the wet bulb temperature 
line of 69 F. The resulting dry bulb temperature, as 
read at C, is 84.2 F. 


Percent of outdoor air 

to be used in the mixture = 100 x BD 

BE 

84.2 - 75 
94 - 75 
= 48.5 percent 


= 100 x 


In solving a problem like the preceding one, it is 
important to remember that the percentage of outdoor 
air is determined by the ratio of the length of the line 
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BC to the total length BA. Direct measurement with a 
ruler of the length of these lines on the chart would 


Solution: 
Total volume of air = 2650 + 7350 


yield exactly the same answer as in the preceding ex- 


ample. Do not use the distance AC when finding the ae 10,000 cfm 
percentage of outdoor air. Percent return air 2650 
Another problem frequently encountered in air ™ the mixture = 100x 10.000 
conditioning work is that of finding the resulting con- -9 , 
dition of a mixture of chilled air and return air. Such an . aba 6.5 percent 
example is no different in principle from Example 4-20. Percent chilled air 7350 
in the mixture = 100x 
Example 4-22: 10,000 
= 73.5 percent 


A conditioned room is maintained at 80 DB and 50% RH. 
Air leaves the cooling coils at 49.5 DB and 90 RH. If 2650 
cfm of chilled air are mixed together, find the resulting 
dry and wet bulb temperatures of the mixture. 


In Figure 4-DD, point A represents the condition of 
the room air; and point B, the condition of the chilled 
air. Draw a straight line connecting points A and B. 
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FIGURE 4-DD 
MIXTURE OF CHILLED AND RETURN AIR 


= 21.2 
= 36.4 


Return air, 0.265 x 80 
Chilled air, 0.735 x 49.5 


Another problem encountered in air conditioning 
work is one in which a mixture of outdoor air and return 
air is bypassed. In such installations the outdoor air and 
return air are mixed ahead of the cooling coils. A por- 
tion of the mixture then flows through the cooling coils, 
and the balance through a bypass around the cooling 
coils. The following example illustrates the method of 
calculating a problem in which a mixture consisting of 
outdoor and return air is bypassed. 


Final temperature of mixture = 57.6 DB 


Point C, representing the resulting condition of the 
mixture, is located where the vertical line of 57.6 DB 
crosses the line AB. The wet bulb temperature of the 
air mixture, as read at point C, is 53.7 F. 


CHAPTER IV — PROPERTIES OF AIR AND THE PSYCHROMETRIC CHART 83 


Example 4-23: 


An outdoor air supply of 3000 cfm at 95 DB and 76 WB 
is mixed with 6000 cfm of return air from a room at 80 
DB and 67 WB. 75 percent of this mixture flows through 
a cooling coil, and the balance through a bypass around 
the coil. The chilled air leaves the coil at 60 DB and 58 
WB. Find the final condition of the mixture of chilled and 
bypassed air. 


Solution: 
Volume of return air = 6000 cfm 
Volume of outdoor air = 3000 


Total volume of air in mixture = 9000 cfm 


LJ 
ENTHAUPY Be. per ‘b of dey ar ond anocated mosure 


Proportion of outdoor air 


in mixture 3000 
9000 
= 33.3 percent 
Proportion of return air 
in mixture = 6000 
9000 
= 66.7 percent 
Return air, 0.667 x 80 = 53.3 
Outdoor air, 0.333 x 95 = 317 
Final condition of mixture = 85.0 DB 
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FIGURE 4-EE 
BYPASSING PART OF AIR MIXTURE 


In Figure 4-EF, point A represents the condition of 
the room air; and point B, the condition of the outdoor 
air. Draw a straight line connecting points A and B. 
Spot point C, representing the final condition of the 
mixture, at the point where the vertical line of 85 DB 
crosses line AB. 


Seventy-five percent of the air mixture in a condition 
represented by point C flows through the cooling 
coils, and the balance, or twenty-five percent, is by- 
passed. The condition of the air leaving the cooling 
coils is, according to the statement of this example, 


60 DB and 58 WB. Spot point D representing the 
condition of the chilled air. 


Bypassed air, 0.25 x 85 = 21.3 
Chilled air, 0.75 x 60 = 45.0 
Final condition of mixture = 66.3 DB 


Draw a straight line from C to D. Spot point E, 
representing the final condition of the mixture of 
chilled and bypassed air, at the point where the ver- 
tical line of 66.3 DB crosses line CD. Therefore, the 
final condition of the mixture of chilled air and by- 
passed air, as read at point E, is 66.3 DB and 61.2 WB. 
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Volume of Moist Air 


Asarule, when designing air conditioning systems, 
standard air is used in determining air volumes and in 
selecting equipment. Standard air is dry air at an ab- 
solute pressure of 29.92 inches of mercury and a tem- 
perature of 69.5 F. 

Inasmuch as the volume of a given weight of air 
changes with every variation in pressure and temper- 
ature, the temperature and pressure of the air under 
discussion must be known. In order to avoid confusion, 
it is always taken for granted that air is under the 
standard conditions of temperature and pressure 
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stated previously, unless other conditions are specifi- 
cally mentioned. 

The volume of a given weight of air changes not 
only with variations of temperature and pressure, but 
also with the amount of moisture mixed with the air. 
The volume of one pound of air mixed with a definite 
quantity of moisture can be found on the psychrometric 
chart, Figure 4-FF, for the normal range of conditions 
likely to be encountered in most air conditioning work. 
Note dot marked “standard air” at DB - 69.5 and HR 
= 0. 
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FIGURE 4-FF 
THE TRANE PSYCHROMETRIC CHART 


Example 4-24: 


Find the volume of 20 Ibs of air at 60 DB and 52 DP. 


Solution: 
Referring to a psychrometric chart, 


The volume of 1 |b of air at 
60 DB and 52 DP = 13.27 cu ft 


The volume of 20 lbs of air = 20 x 13.27 
= 265.4 cu ft 


Although the psychrometric chart gives the volume 
of one pound of air for various temperatures and 


quantities of moisture, it does not give the volumes 
for various barometric pressures. This chart can be 
used only for air having a total barometric pressure 
of 29.92 inches of mercury (14.7 psia). In order to find 
the volume occupied by one pound of air under any 
other barometric pressure, the formulas below can 
be used. If the barometric pressure is given in psia, 


Gg; 14.7 - py (4-8) 
P-p, 
If the barometric pressure is given in inches of mercury, 
v =v, 29:92 - Pv (4-9) 
P-p, 
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where 


P = barometric pressure, psia in Formula 4-8, and 
inches of mercury in Formula 4-9 


Py = absolute pressure of water vapor mixed with 
the air, psia in Formula 4-8, and inches of mer- 
cury in Formula 4-9 


vs = volume of one pound of air at the standard 
barometric pressure of 29.92 inches of mercury 


v_ = volume of one pound of air at any given baro- 
metric pressure. 


The pressure of the vapor mixed with the air de- 
pends, of course, upon the dew point temperature of the 
air. The vapor pressure for various dew point temper- 
atures can be found in columns 2 and 8 of Table 1-3. The 
absolute pressure is given in pounds per square inch in 
column 2 and in inches of mercury in column 3. The 
values of v, for any given temperature are found on the 
Trane Psychrometric Chart. 


Example 4-25: 


Find the volume of one hb of air at 60 DB and 55 DP. The 
barometric pressure is 26 inches of mercury. 


Solution: 


Referring to the Trane Psychrometric chart, at 
60 DB and 55 DP, 


v, = 18.29 cu ft 
Referring to column 3 of Table 1-3, at 55 DP, 
Py = 0.4359 in of Mercury 
29.92 - py 
P-py 
~ 13.29 x 29.92 - 0.4359 
26.00 - 0.4359 
= 15.33 cu ft per lb 


From the preceding example, it is evident that the 
effect of the vapor pressure is small in determining the 
volume of air. For quick calculations the vapor pressure 
may frequently be neglected without any serious error. 
If the vapor pressure is neglected, Formulas 4-8 and 4-9 
reduce to the following forms: 


(4-9) 


V =Vsz 


V=Vsz 14.7 (4-8a) 
P 
v = v, 29.92 (4-9a) 


P 


Example 4-26: 


Take the conditions of Example 4-25 and find the volume 
of the air by the approximate method. 


Solution: 
a 29.92 (4-9a) 
P 
= 13,29 x 29:92 
26.00 
= 15.29 cu ft per lb 


It should be noted that the difference between Ex- 
amples 4-25 and 4-26 is only four units in the second 
decimal place. Formulas 4-8a and 4-9a can, therefore, 
be used for most practical problems. 
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4.1. 


4.2. 


4.3. 


4A, 


4.5. 


4.6. 


4.7. 
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PROBLEMS 


Submit a separate psychrometric chart for each of problems 4-8, 4-9, and 4-10 
with all necessary lines drawn on them, and all points plainly labeled. 


Air, under a pressure of 18 psig and at 84 DB, is compressed 
to a final pressure of 79 psig. It is then cooled to a final 
temperature of 54 F. If the initial volume of the air is 1200 cu 
ft, find its final volume. 


The superheated vapor in an air-vapor mixture has a pressure 
of 0.178 psia. The dry bulb temperature of the mixture is 78 
F. Find: 
(a) the dew point temperature of the air 
(b) the percent saturation 

(Show actual calculations. Do not use psychrometric chart.) 


One hundred pounds of air having a dew point temperature of 
57 F is cooled to a final dew point temperature of 51 F. Pind 
the weight of moisture condensed in: 

(a) pounds 

(b) grains 

How much latent heat must be removed to condense enough 
moisture from 10 lbs of air to lower its dew point temperature 
from 60 F to 53 F? 


Find the total heat that must be removed to lower the wet bulb 
temperature of 75 Ibs of saturated air from 69 F to 58 F. 


Find the wet bulb temperature and relative humidity of air at 
82 DB and 62 DP (use psychrometric chart). 


Find the dew point temperature and relative humidity of air 
at 89 DB and 72 WB (use psychrometric chart). 


4.8. Air, initially at 40 DB and 26 DP, is heated to 76 DB. The air 


then flows through an air washer in which the water is con- 

stantly recirculated without being either heated or cooled. 

After leaving the air washer, the air is reheated to final con- 

ditions of 72 DB and 56.3 WB. Find: 

(a) the wet bulb and dew point temperatures of the air entering 
the washer. 

(b) the dry bulb, wet bulb, and dew point temperatures of the 
air leaving the washer 


4.9. A quantity of outdoor air amounting to 2500 cfm is to be mixed 


with 7200 cfm of return air. The outdoor air is at 94 DB and 
77 WB. The return air is at 79 DB and 66 WB. Find the 
condition of the mixture of return and outdoor air. 


4.10. Outdoor air at 96 DB and 76 WB is mixed with return air at 


78 DB and 66 WB. The resulting dry bulb temperature of the 

mixture of outdoor and return air is 86 F. The total volume of 

the mixture of outdoor and return air is 6800 cfm. Of this 

mixture of outdoor and return air, 75 percent is chilled to a final 

condition of 58 DB and 56 WB; the balance is bypassed around 

the coil. Find: 

(a) the wet bulb temperature of the mixture of outdoor and 
return air 

(b) the volume of outdoor air in the mixture of return and 
outdoor air 

(c) the dry and wet bulb temperatures of the mixture of chilled 
and bypassed air 


CHAPTER V 


CALCULATIONS FOR THE CONDITIONED AIR SUPPLY 


Among the important questions that must be set- 
tled when designing air conditioning systems are those 
relating to the quantity and condition of the air supply, 
and the size of the refrigerating plant when one is to be 
installed. In this chapter, methods are developed for 
answering these questions for a wide variety of con- 
ditions. However, in order to understand and apply the 
methods that are presented and finally used in the 
solution of actual problems, the preliminary material 
that follows should first be understood. 


Heating or Cooling With Air 

When heating rooms with a warm air supply, the 
air is heated to a higher point than the temperature to 
be maintained in the heated room. As the warm air 
supply cools down to the room temperature, it surren- 
ders sufficient heat to offset the heat losses from the 
room. The temperature in a room is always equal to the 
temperature to which the air supply cools in giving up 
a quantity of heat equal to the heat losses. The amount 
of heat that an air supply surrenders in cooling from its 
initial to its final temperature can be calculated by 
means of Formula 1-2 of Chapter I. Obviously, if the 
room temperature is to be maintained, the amount of 
heat that the air can thus release must be equal to the 
heat losses of the room, or in formula form, 


q, = 0.24 x Wx TD 


where 


(5-1) 


q. = change in the sensible heat content of the air 
supply, Btuh 

W =weight of air delivered to the heated room, !b per 
hour 

TD = change in the dry bulb temperature of the air 


supply 


In the actual work of designing air conditioning 
systems, air quantities are expressed directly in cfm of 
standard air; weight of air is seldom used. If the symbol 
Q is used to express the volume of air in cubic feet per 
minute (cfm) delivered to the conditioned room, it must 
be converted into pounds of air per hour in order to use 
Formula 5-1. Therefore, 60Q equals the cubic feet of air 
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delivered per hour. The volume of one pound of air 
under standard conditions is 13.34 cu ft. Dividing 60Q 
by this figure gives the weight of air delivered to the 
conditioned room each hour, or 
= 9g 
13.34 
W = 4.5Q 


If the volume of air delivered to a room each minute 
is known, this formula can be used to find the number 
of pounds of air delivered to the room each hour. 


Example 5-1: 


An air supply of 3000 cfm is delivered to a conditioned 
room. Find the number of pounds of air delivered to the 
room each hour. 


Solution: 
W = 4.5Q 
= 4.5 x 3000 


= 13,500 lb per hour 


In order to simplify arithmetical work, W can be 
eliminated entirely from Formula 5-1. This is accom- 
plished by substituting the quantity 4.5Q for W in 
Formula 5-1. By means of this substitution, Formula 
5-1 becomes: 


qs = 0.24x45xQx TD 


qs = 1.08x Qx TD (5-1a) 


Example 5-2: 


How much heat can an air supply of 2600 cfm provide if 
its initial temperature is 120 F and the room tempera- 
ture is to be maintained at 70 F? 


Solution: 

TD = 120-70 
= 50 

qs = 1.08xQxTD (5-la) 
= 1.08 x 2600 x 50 
= 140,400 Btuh, heat that the air supply 


can provide 
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In actual practice, the problem is rarely one of finding 
how much heat a given air supply can provide. Usu- 
ally, the problem is one of finding the quantity of air 
required and the temperature at which it should be 
supplied, in order to maintain a given temperature in 
aroom, that has a certain heat loss. In actual heating 
practice, the quantity of air delivered to a room is 
usually fixed by the ventilating requirements. Under 
these conditions Formula 5-1a may be used to find the 
required temperature of the air supply. When For- 
mula 5-1a is used to find the required temperature of 
the air delivered to a heated room, it can be trans- 
posed to read as follows: 


TD= qs 
1.08Q 


(5-1b) 


Example 5-3: 
The heat loss of a room is 150,000 Btuh. The ventilating 
requirements of the room make it necessary to provide 
an air supply of 5000 cfm. At what temperature should 
the air be supplied to the conditioned room if it is to be 
maintained at 70 F? 


Solution: 
TD= 4s (5-1b) 
1.08Q 
_ _ 150,000 
1.08 x 5000 
= 27.8 degrees 
Required initial 
temperature 
of air supply = 70 + 27.8 
= 97.8 F 


In actual practice, the temperature of the air sup- 
ply must be limited. Where there are no ventilating 
requirements that determine the quantity of air to be 
delivered to a room, or where the quantity of air re- 
quired for ventilating purposes is so small that the air 
would have to be supplied at a very high temperature, 
good practice dictates the maximum temperature at 
which air may be delivered to a heated room. 

Although temperatures up to 160 F are sometimes 
used in gravity warm-air heating, such temperatures 
are rare in forced-air, central heating systems where 
warm air is delivered through distributing ducts by a 
fan. In such systems, the maximum temperature is 
customarily limited to about 120 F. 

Formula 5-la may be used to find the quantity of 
air required to absorb the sensible heat gains of a 
conditioned room. The following form of this formula is 
useful for this purpose: 

Formula 5--la may be used to find the quantity of 
air required to absorb the sensible heat gains of a 
conditioned room. The following form of this formula is 
useful for this purpose: 


Q a ds (5-1¢) 
1.08 x TD 


Example 5-4: 
Aroom, which has a maximum heat loss of 300,000 Btuh 


is to be maintained at 70 F. The maximum temperature 
of the air supplied to the room is not to exceed 120 F. 


Find the quantity of air required. 
Solution: 
TD = 120-70 
= 50 degrees 
Q = —__% _ (5-1c) 
1.08 x TD 
= 300,000 
1.08 x 50 


= 5555 cfm of air required 


Air can be used not only to heat rooms but also to cool 
them. When a room is to be cooled, air must be 
supplied at a temperature that is lower than the 
temperature to be maintained in the conditioned 
room. As the air heats up to room temperature it 
absorbs sensible heat. In this case the sensible heat 
gains of the room provide the heat necessary for 
raising the temperature of the air supply. The quan- 
tity of sensible heat that an air supply can absorb in 
a room is calculated by means of Formula 5-1a. 


Example 5-5: 
An air supply of 2000 cfm is delivered to a room that 
must be maintained at 75 F. The temperature of the air 
supply is 50 F. Find the quantity of sensible heat that 
this air can absorb. 


Solution: 
TD = 75-50 
= 25 degrees (5-1a) 
qs = 1.08x Qx TD 
= 1.08 x 2000 x 25 


= 54,000 Btuh, heat that the air supply can 
absorb in the conditioned room. 


Here again, as in heating, the problem is usually one 
of finding the quantity of air and its delivery tem- 
perature, rather than one of finding the quantity of 
heat that the air supply can absorb. 


The required dry bulb temperature of the air supply 


can be found by means of Formula 5-1b, and the 
quantity of air by means of Formula 5-1c. 


Example 5-6: 
The dry bulb temperature of a room, having a sensible 
heat gain of 75,000 Btuh is to be maintained at 76 F. An 
air supply of 3300 cfm is provided. Find the required dry 
bulb temperature of the heat supply. 
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Solution: 
TD= 4s (5-1b) 
1.08Q 
_ 15,000 
1.08 x 3300 
= 21.0 degrees 
Required initial 
temp of air supply = 16 - 21.0 


= 55 DB 


Example 5-7: 


A room has a sensible heat gain of 150,000 Btuh. The 
room temperature is to be maintained at 80 F. The 
temperature of the air supply is 52 F. Find the quantity 
of air required to absorb the sensible heat gain. 


Solution: 
TD = 80( 52 
= 28 degrees 
Q = ds (5-1c) 

1.08 x TD 

= 150,000 
1.08 x 28 

= 4960 cfm of air required 

Moisture Calculations 


In order to maintain the humidity of a conditioned 
room within certain limits, moisture must be removed 
as fast as it is liberated. This is accomplished by de- 
livering a supply of dehumidified air to the conditioned 
room. As the air supply absorbs moisture, its dew point 
temperature rises. Therefore, the dew point temper- 
ature of the air supply must be lower than the dew point 
temperature to be maintained in the conditioned room. 
As the moisture released in the room is absorbed, the 
dew point temperature of the air supply rises to that of 
the room air in exactly the same way as the sensible 
heat gain raises the dry bulb temperature of the air 
supply. If the humidity of a conditioned room is to be 
kept below a given point, it is obvious that the dew 
point temperature of that room must also be kept below 
a given point. 

The absorption of moisture by an air supply, the 
dew point temperature of which is lower than the dew 
point temperature in the conditioned room, can be ex- 
pressed by the following formulas: 


G = We (5-2) 
G = 4.5Q¢ (5-2a) 


where all symbols are as previously indicated, and 
G = total weight of water vapor released in the 
conditioned room, grains per hr 
g = change in the moisture content of the air 
supply, grains per |b 


Example 5-8: 


A room is to be maintained at a dew point temperature 
of 62 F. An air supply of 3000 cfm, at a dew point tem- 
perature of 57 F, is delivered to the room. How much 
moisture can the air supply absorb per hr? 


Solution: 


From Table 4-1, 
Moisture content of 


air at 62 DP = 83.37 grains per |b 


Moisture content 
of air at 57 DP = 69.51 
Change in moisture ; 
content of air supply | ~ 13-86 grains per Ib 
= 4.5Qg (5-2a) 


4.5 x 3000 x 13.86 
187,110 grains per hr 


As there are 7000 grains in one pound, 


187,110 = 26.73 lbs of moisture per hr that the air 
7,000 can absorb 


Formula 5-2a can be used to help find the dew point 
temperature that an air supply should have in order to 
absorb the moisture released in a conditioned room. 
The following form of Formula 5-2a is used for this 


purpose: 


_ G 
& 45Q (5-2b) 


Example 5-9: 


Ninety pounds of water vapor are released in the at- 
mosphere of a room every hour. An air supply of 8250 
cfm is provided. Find the required dew point tempera- 
ture of the supply in order to maintain the room dew 
point temperature at 59 F. 


Solution: 
Moisture released in room = 90 x 7000 
= 630,000 grains per hr 
g = 4.5Q (5-2b) 
= 630,000 
4.5 x 8250 


= 17 grains per |b, re- 

quired change in the 
moisture content of 
the air supply 

From Table 4-1, 

the moisture content 

of air at 59 DP 

Required initial moisture 

content of the air supply 


= 74.83 grains per lb 


| = 74.83 - 17.0 
= 57.88 grains per lb of air 


Referring to Table 4-1, the dew point temperature of 
an air supply having a moisture content of 57.83 
grains is 52 F. 
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Formula 5-2a can also be used to find the quantity 
of air required to absorb a given weight of moisture. 
The following form is used for this purpose: 

Q= G (5-2c) 


4.5¢ 


As a rule, the required air volume is determined 
from the sensible heat gain of the room by using For- 
mula 5-1c. However, more than one method can be used 
to obtain the required air volume. If correctly applied 
all methods yield the same answer. 


Moisture each pound 


of air will absorb = 14.0 grains per Ib 


The psychrometric charge can also be used to find the 
required dew point temperature of an air supply in 
order to absorb a given quantity of moisture. 


Example 5-12: 


Use the psychrometric chart to find the required dew 
point temperature of the air supply of Example 5-9. 


Example 5-10: 


Eighty pounds of water vapor are released per hour in 
the atmosphere of a conditioned room. The dew point 
temperature of the room is to be maintained at 61 F. The 
air supply is delivered to the room at 54 DP. Find the 
volume of air required to carry off the water vapor. 


Solution: 
G = 80x 7000 
= 560,000 grains per hr 
From Table 4-1, 
The moisture content 


of air at 61 DP = 80.43 grains per |b 


Moisture content of 
air at 54 DP = 62.28 
Change in moisture ; 
content of air supply = 18.20 grains per Ib 
= G_ (5-2c) 
4.5g¢ 
= 560,000 
4.5 x 18.20 
= 6838 cfm of air 
required 


The psychrometric chart can also be used to find the 
change in the moisture content of one pound of air 
when the dew point temperature is changed by a 
given amount. The following example illustrates the 
use of the psychrometric chart for this purpose. 


Example 5-11: 


An air supply having an initial dew point temperature of 
57 F is to be delivered to a conditioned room, the dew 
point temperature of which is to be maintained at 62 F. 
How much moisture can each pound of air absorb? 


Solution: 


From the psychrometric chart Figure 4-FF read the 
humidity ratio on the scale adjacent to the dew point 
temperature. 


Humidity ratio of ; 
air at 62 DP = 83.5 grains per lb 
Humidity ratio of 

air at 57 DP = 69.5 grains per lb 


Solution: 


The room in Example 5-9 is maintained at 59 DP. 
From the psychrometric chart the humidity ratio is 
read at 59 DP as 75 grains. 


In example 5-9 the moisture pickup is found to be 17 
grains. Thus, 


Final humidity 
{ ratio of air \ 


_ Initial humidity is Moisture 
={ ratio of air \ iene \ 


Initial humidity ) _ ¢ Final humidity ) _ s Moisture 
{ ratio of air \ es { ratio of air \ { pickup } 
= 1-17 
= 58 grains per lb. 


From the psychrometric chart read the dew point 
temperature for 58 grains as 52. Therefore, the air 
should enter the room with a dew point temperature of 
52. 


Latent Heat Calculations 


The moisture gain of a conditioned space is seldom 
expressed directly in terms of the weight of water 
vapor added to the atmosphere. It is customarily ex- 
pressed in terms of the latent heat that must be re- 
moved from the air-vapor mixture in order to condense 
the excess water vapor. 

For the sake of convenience, this quantity is gen- 
erally called the latent heat gain of the conditioned 
room. The latent heat of water vapor at low temper- 
atures does not vary much from the average figure of 
1050 Btu per Ib. Multiplying this figure by the number 
of pounds of moisture to be condensed gives the ap- 
proximate latent heat that must be removed to accom- 
plish this condensation. 


Example 5-13: 


Fifteen pounds of water vapor are released to the at- 
mosphere of a room every hour. Find the latent heat to 
be removed by the dehumidification apparatus in order 
to condense this moisture. 


Solution: 
Latent heat = 15 x 1050 
= 15,750 Btu 


As previously shown, the latent heat content of air 
depends only upon its dew point temperature. There- 
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fore, the change in the latent heat content of an air 
supply can be expressed in terms of the change in its 
dew point temperature. The latent heat to be removed 
by the dehumidification apparatus is equal to the latent 
heat of the moisture added to the room air. This is 
expressed by the following formulas: 


av = Wh, (5-3) 
qu = 4.5 Qh, (5-3a) 


where all symbols are as previously indicated, and 
qi, = latent heat gain of the conditioned room, Btu 


per hr 
hy, = change in latent heat content of the air supply, 
Btu per lb 
Example 5-14: 


An air supply of 25,000 cfm at 42 DP is delivered to a 
room to be maintained at 47 DP. Find the latent heat 
that the air supply can absorb. In other words, find the 
quantity of latent heat that must be removed from the 
air by the dehumidification apparatus, in order to con- 
dense the moisture added to the circulating air during its 
passage through the conditioned room. 


Solution: 


From Table 4-1, 

L 

eee | = 7.391 Btu per Ib 

Latent heat content 

of air at 42 DP 

Change in latent heat 

content of air supply 
qi 


6.084 Btu per Ib 


1.307 Btu per lb 

4.5 Qh, (5-8a) 
= 4.5 x 25,000 x 1.307 

= 147,088 Btuh, latent heat 
the air supply can absorb 


It dl 


In order to find the dew point temperature that an 
air supply should have in order to absorb a given 
quantity of moisture in a conditioned room, Formula 
5-8a can be changed to the following form: 


hy, = q. 


4.5Q (5-3b) 


Example 5-15: 
The atmosphere of a room, having a latent heat gain of 
60,000 Btuh, is to be maintained at 58 DP. If an air supply 
of 8000 cfm is delivered to the room, find the required 
dew point temperature of the air supply. 


Solution: 
hy. — 4. (5-3b) 
4.5Q 
= 60,000 
4.5 x 8000 


= 1.67 Btu per lb, required change in the 
latent heat content of the air supply 


From Table 4-1, 


Latent heat content 

of air at 58 DP = 11.19 Btu 

Required initial latent 

heat content of air supply = 11.19 - 1.67 
= 9.52 Btu 


Referring to Table 4-1, the required dew point tem- 
perature of an air supply having a latent heat content 
of 9.52 Btu per pound is 53.6 F. 


Formula 5-3a can also be used to find the volume 
of air needed to maintain a given dew point tempera- 
ture in a conditioned room. For this purpose Formula 
5-8a is rewritten in the following form: 

= 4b (5-3e) 
Q 4.5hy, 


Example 5-16: 


Thirty pounds of water vapor are added to the atmo- 
sphere of a conditioned room per hour. The room is to be 
maintained at 59 DP. The air supply is at 55 DP. Find 
the quantity of air that must be circulated through the 
room. 


Solution: 


Latent heat gain of room = 30 x 1050 
= 31,500 Btu per hr 


From Table 4-1, 
Latent heat content 

of air at 59 DP 
Latent heat content 

of air at 55 DP 
Change in latent heat 
content of air supply 


11.61 Btu per lb 


= 10.01 


1.60 Btu per lb 


- _4L (5-3c) 
® 4.5h, 
_ _31,500 
45x 1.6 
= 4375 cfm 
Use of Psychrometric Chart 


The heat to be removed from the air supply can be 
found directly from the psychrometric chart. The fol- 
lowing formulas are useful: 


a = Why (5-4) 
Ot = 4.5 Q ht (5-4a) 
where 


qt = total heat gain in the room, Btuh 

h, = change in enthalpy of supply air, in Btu per Ib. 

The total heat gain in a conditioned room is equal 
to the sum of the sensible and latent heat gains. So, 

Qt = 4s + GL 
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Example 5-17: 


An air supply of 12,000 cfm is delivered to a room main- 
tained at 79 DB and 65 WB. The air supplied at 59 DB 
and 55 WB. Find the total heat that the air supply can 
absorb in the conditioned room. 


Solution: 
From the psychrometric chart, 


eovhalpy oa 3! \ 29.90 Btu per Ib 
Enthalpy of air at 

59 DB 55 WB 
Change in enthalpy 
of supply air 


= 23.15 


! = 6.75 Btu per lb 

qa =4.5Qh 

= 4.5 x 12,000 x 6.75 

= 364,500 Btuh total heat air 
supply can absorb. 


(5-4a) 


Formula 5-4a can also be used to find the required 
enthalpy of an air supply in order to absorb a given 
quantity of heat in a conditioned room. For this purpose 
the following form of Formula 5-4a is useful: 


hy = (5-4b) 


45Q 


Dry Bulb Temperature and Humidity 


In an actual air conditioning installation, the sen- 
sible and latent heat gains can be calculated by the 
methods in an earlier chapter. The required dry bulb 
and wet bulb temperatures to be maintained in the 
conditioned space are determined by the type of occu- 
pancy. So in every installation the problem resolves 
itself primarily into finding two quantities: 

1. The amount of supply air. 

2. The condition of the supply air. 


The required dry bulb temperature of an air supply 
can be found by a variation of Formula 5-1. The en- 
thalpy of the supply air is found by a variation of For- 
mula 5-4. The quantity of air is found from either of 
these formulas. Another useful formula comes from 
combining Formulas 5-1 and 5-4. Suppose Formula 5-1 
is divided by 5-4: 

qs = 0.24x Wx TD 
a W xh 


‘“‘W” appears in both numerator and denominator so it 
divides out. This leaves: 


: _ 9.24 1D 


at hy 


(5-5) 


The left-hand term is the proportion of sensible heat in 
the total heat gain of a room. It is called the sensible 
heat ratio (abbreviated SHR). 


Therefore, Formula 5-5 can be written: 


SHR = & 
a 
SHR = 0.24 1D (5-5a) 
hy 
Example 5-18: 


A room has a total heat gain of 76,000 Btuh and SHR = 
0.85. The room is maintained at 76 DB 64 WB with an 
air supply of 3500 cfm. Find the required conditions of 
the air supply. 


Solution: 
(5-4b) 


= 4,83 Btu per lb, required change 
in enthalpy of air supply 


On psychrometric chart of Figure 5-A locate 76 DB 64 
WB. Mark this A. The enthalpy at A is 29.1 Btu per 
Ib. 


Required initial 
enthalpy of supply air {| ~ 29.1 - 4.83 
= 24.27 Btu per lb. 


On Figure 5-A draw an enthalpy line 24.27 Btu per 
lb. Now through A draw SHR = 0.85. This crosses 
24.27 Btu per lb at B. The conditions at B are: 59 DB, 
56.8 WB, and a humidity ratio of 65 grains per Ib. Air 
entering at these conditions will satisfy the room 
load. 


Formula 5-4a can also be used to find the quantity 
of supply air to maintain given conditions in a room. For 
this purpose the following form is useful: 


= (5-4e) 
@ 4.5 hy 
Example 5-19: 


A room having a total heat gain of 35,000 Btuh is to be 
maintained at 80 DB and 62 WB. The air is supplied to 
the room at 60 DB and 55 WB. Find the quantity of air 
to be supplied. 


Solution: 


From the psychrometric chart, 
Enthalpy of air at 80 DB 62 WB = 27.65 B per lb 
Enthalpy of air at 60 DB 55 WB = 23.10 
Change in enthalpy of air supply = 4.55 B per Ib 
g = 38,000 
4.5 x 4.55 
= 1709 cfm 


Example 5-20: 


A room has a sensible heat gain of 12,000 Btu per hr and 
a latent heat gain of 4000 Btu per hr. Find the sensible 
heat ratio. 


CHAPTER V — CALCULATIONS FOR THE CONDITIONED AIR SUPPLY 93 


Lb] 
ENTRALPY | Bru per Ib of dry or and otsociated monture 


8, Cae eee ne ae. 


SENSBLE HEAT RATIO =GQe —- Ge 


Sa2 E85 <7. 
ARS 


=z 


reales, 

fly . 
zee 
S OF MERCURY 


EY | 


as 
~ INCHE! 


an BF 


VAPOR PRESSURE 


ENTHALPY - Bey per Ib of dry at and onccoted monture 


SENSMLE MEAT RATO=Q@-G § 5 5 & 


#2 ese F= & & 


os zu & & 


FIGURE 5-A 
FINDING CONDITION OF ENTERING AIR (EXAMPLE 5-18) 


Solution: 


= 16,000 Btuh, total heat gain of the 
conditioned room. 


SHR = qs 
qt 
= 12,000 
16,000 
= 0.75 


This means that 75 percent of the total heat gains of 
the room are sensible heat, and 25 percent are latent 
heat. 


Inasmuchas the sensible heat ratio of a conditioned 
room can always be found from its sensible and latent 
heat gains, the required change in either the dry bulb 
temperature or enthalpy of the air supply can be de- 
termined by means of Formula 5-5a. Furthermore, as 
the dry bulb temperature and enthalpy in a conditioned 
room are generally known, the only two quantities 
finally left to be determined are the dry bulb temper- 
ature and enthalpy of the air supply. Two unknown 
quantities cannot be found by means of one formula. 
However, it is possible to find the required enthalpy of 
an air supply by assuming a value for its dry bulb 
temperature. 


Example 5-21: 


A room having an SHR = 0.80 is to be maintained at 76 
DB and 64 WB. If air is to be supplied at 55 DB, find the 
required enthalpy of the air supply. 


TD =76-55 
= 21 
SHR = 0.24 TD (5-5a) 
hy 
0.80 = 0.24 x22 
hy 
= 21 
h = 0.24x 030 
= 6.30 Btu per Ib, change in enthalpy 
of the air supply 
From the psychrometric chart 
Enthalpy of air at 
76 DB 64 WB | = 29.1 Btu per Ib 
Required initial 
enthalpy of air supply = 29.1-6.3 
= 22.8 Btu per lb 


On the psychrometric chart of Figure 5-B mark 76 
DB and 64 WB as A. Now draw the enthalpy line 22.8. 
The air must enter the room some place on this line. The 
problem statement specifies the entering temperature 
as 55 DB. Therefore, the air enters the room at point 
B — the intersection of enthalpy 22.8 and 55 DB. 
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FIGURE 5-B 
FINDING CONDITION OF SUPPLY AIR IN EXAMPLE 5-21 


The other properties of the entering air can be read 
at B: 54.3 WB, humidity ratio — 62 grains per lb. and 
volume — 13.16 cu ft per lb. 

Now draw line AB and check its sensible heat ratio. 
This can be checked by drawing a line parallel to AB 
through the reference point (78 DB 50% RH) and ex- 
tending it to the SHR scale. Here SHR = 0.80. 

Suppose that in Example 5-21 the entering tem- 
perature had been specified as 65 DB instead of 55 DB. 
What effect would this have on the problem? 

The temperature difference is now 11 degrees. (76 
- 65 = 11). Using Formulas 5-5a the entering enthalpy 
is found now to be 25.8 Btu per lb. The air enters the 
room where this line crosses 65 DB. This is marked C 
on Figure 5-B. Note that C is on the line SHR = 0.80. 

The example could be worked through again with 
another dry bulb temperature; the entering air condi- 
tions would also be on the line SHR = 0.80. 

Sometimes problems of this type are worked without 
assuming the dry bulb temperature of the air entering 
the space. First, the SHR line for the room is drawn 
through A. Then some dry bulb temperature is selected. 
The air is then conditioned until it meets the intersec- 
tion of the dry bulb temperature and the SHR line. 

Air entering the room at B or C will pick up the 
sensible and latent heat gains in the room. The air 
quantity is determined from Formula 5-1c. Of course, 


more air will be required if the air enters at the C 
condition than if it enters at B condition. 

Theoretically, the designer of an air conditioning 
system may select for the condition of the air supply, 
any combination of dry and wet bulb temperatures that 
intersect on the sensible heat ratio line. In practice, 
however, the combination of dry and wet bulb temper- 
atures selected for the air supply must be one that can 
be obtained with the equipment used to cool the air. Air 
is ordinarily delivered to the conditioned room in ap- 
proximately the same state at which it leaves the cool- 
ing equipment. The conditioning equipment selected 
must, therefore, be able to reduce the dry and wet bulb 
temperatures of the air supply to a point that will fall 
on the sensible heat ratio line for the room in question. 

Air can be cooled to many different combinations 
of dry and wet bulb temperatures. The exact combi- 
nation will depend on the design of the cooling equip- 
ment. However, the point representing the final dry 
and wet bulb temperatures of the air leaving the cool- 
ing equipment must fall either on the sensible heat ratio 
line or below it. Equipment of the type ordinarily used 
tends to provide equipment supply air having high 
humidities. Hence, for convenience in solving the illus- 
trative problems within this chapter, the air leaving the 
cooling equipment has been assumed to have a relative 
humidity of 90%, though lower or higher relative hu- 
midities are obtainable. 
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FIGURE 5-C 
FINDING AIR SUPPLY CONDITIONS FOR EXAMPLE 5-22 


Example 5-22: 


A conditioned room is to be maintained at 76 DB and 
50% relative humidity. The sensible heat gain of the 
room is 13,000 Btuh. The latent heat gain of the room 
amounts to 2800 Btuh. 


If the characteristics of the cooling equipment are such 
that air leaving it has a 90% relative humidity, find the 
required dry and wet bulb temperatures of the air supply. 


Solution: 


Total heat gain = 13,000 + 2,800 
= 15,800 Btu per hr 
Sensible heat ratio = 13,000 
15,800 
= 0.82 


Referring to Figure 5-C, spot point A, which repre- 
sents the room condition of 76 DB and 50% RH. Draw 
a line SHR = 0.82 through point A. Mark this line 
AC. The line AC intersects the curve of 90% RH at 
point D. Point D, therefore, represents the required 
condition of the air leaving the cooling coils. It also 
represents the state in which the air supply will be 
delivered to the conditioned room. The required con- 
dition of the air supply as read at point D is 56 DB 
and 54.5 WB. 


The sensible heat ratio line can be used not only to 
find the condition of an air supply required to maintain 
a given room temperature and humidity, but also to 
solve the converse problem of finding the room condi- 
tion that will result if the temperature and relative 
humidity of the air supply are known. 


Example 5-23: 
Air leaves a bank of cooling coils at 63 DB and 90% RH. 
The room to which this air is delivered has a sensible 
heat gain of 22,000 Btuh and a latent heat gain of 7000 
Btuh. If the room is maintained at 80 DB by a thermo- 
stat, find the resulting relative humidity and humidity 
ratio in the conditioned room. 


Solution: 


Total heat gain = 22,000 + 7,000 
= 29,000 Btu per hr 
Sensible heat ratio = 22,000 

29,000 

= 0.76 

Referring to Figure 5-D, spot point A on the chart at 
the point where the vertical line of 63 DB intersects 
the curve of 90% RH. Through A draw the line SHR 
= 0.76. Mark this line AB. The line AB crosses 80 DB 
at C. Point C is the condition of the air in the room. 
At C read RH = 56% and HR = 86 grains per lb. 
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Thus far this discussion has dealt only with the 
problem of selecting the condition of the air supply; no 
reference has been made to the selection of its volume. 
To begin by arbitrarily selecting the air volume is equiv- 
alent to fixing the dry and wet bulb temperatures of the 


air supply without first finding out whether air at these 
temperatures can be obtained with the conditioning 
equipment. This point is illustrated by the examples 
that follow. 
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FIGURE 5-D 
FINDING ROOM CONDITIONS FOR EXAMPLE 5-23 


Example 5-24: 


The sensible heat gain of a room is 16,200 Btuh and its 
latent heat gain is 4700 Btuh. A conditioned air supply 
of 1000 cfm is to be delivered to the room. If the room 
is to be maintained at 85 DB and 69 WB, find the re- 
quired wet and dry bulb temperatures of the air supply. 


Solution: 


First, find the required rise in dry bulb temperature 
in order for the air to pick up the sensible heat gain 
of the room. 
TD = qs 
1.08Q 
= 16,200 
1.08 x 1000 
= 15 degrees 


(5-1b) 


Required temp 
of air supply 
Total heat gain = 16,200 + 4,700 
= 20,900 Btuh 


Next, find the increase in enthalpy of the supply air. 


hh = Qe (5-4b) 
4.5Q 

= 20,900 
4.5 x 1000 

= 4.60 Btu per lb 


From the psychrometric 
chart on Figure 5-E, 
Enthalpy of air at 85 
DB and 69 WB, point A 
Required initial 
enthalpy of air supply 


| = 33.0 Btu per Ib 


= 33.0 - 4.60 
= 28.3 Btu per lb 


On the psychrometric chart draw an enthalpy line of 
28.3. Some point on this line represents the condition 
of the supply air. It has already been found that the air 
supply should be 70 DB. Therefore, point B is found 
where the enthalpy line of 28.3 crosses 70 DB. At point 
B read 62.9 WB and 68 RH. Ordinarily equipment does 
not produce air at this relative humidity. 
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FIGURE 5-F 
FINDING CONDITION OF AIR SUPPLY FOR EXAMPLE 5-25 
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As an alternate solution, calculate the sensible heat Example 5-25: 


ratio: 
SHR = 16,200 
20,900 
= 0.78 


Draw a line of SHR = 0.78 through point A. The air 
supply, point B, is at the intersection of SHR = 0.78 and 
70 DB. 

It is apparent from the preceding example that by 
arbitrarily selecting the air quantity to be circulated, 
both the required dry and wet bulb temperatures of the 
air supply have been fixed without any reference as to 
whether or not such a combination of dry and wet bulb 
temperatures can be obtained with the air conditioning 
equipment. 

When designing any air conditioning system, the 
required dry and wet bulb temperatures of the air 
supply should always be selected first, after which the 
required air volume can be determined. Suppose that, 
in the preceding example, the calculated required en- 
thalpy of the air supply had been ignored, and the 
conditioning equipment selected to provide air at 70 DB 
90% RH. The result, as the following example shows, 
is that the room humidity will be higher than specified. 


Use all the conditions of Example 5-24, but let 85 DB be 
the only requirement for the specified room condition. 
Find the relative humidity that will result in the condi- 
tioned room if the air supply is 70 DB and 90% RH. 


Solution: 


Sensible heat ratio = 16,200 
20,900 
= 0.78 


The air leaves the cooling coils at 70 DB and 90% RH. 
Locate point A in Figure 5-F at the intersection of the 
70 DB and 90% RH. Through A draw the line SHR 
= 0.78. The air enters the room at A — the inter- 
section of SHR = 0.78 and 70 DB. The room condition 
will be at the intersection of SHR = 0.78 and 85 DB, 
point B. The relative humidity in the conditioned 
room will be 59%. 


From the preceding examples, it is apparent that the 
use of greater air volumes than are necessary will 
result in high humidities in the conditioned spaces. 
Therefore, the volume of air to be supplied should be 
calculated only after the condition of the air supply 
has been selected. 
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FIGURE 5-G 
FINDING CONDITIONS FOR SUPPLY AIR IN EXAMPLE 5-26 
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Example 5-26: 
The sensible heat. gain of a conditioned room is 150,000 
Btuh, and the latent heat gain is 50,000 Btuh. The room 
is to be maintained at 78 DB and 50% RH. If the char- 
acteristics of the air conditioning equipment are such 
that the air leaves it at 90% RH, find the required con- 
dition and volume of the air supply. 


Solution: 


Point A of Figure 5-G represents the desired room 
condition. Draw a line of SHR = 0.75 through A. 
Locate C at the intersection of the room sensible heat 
ratio line AB and the curve of 90% RH. The required 
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condition of the air supply can be read at C as 55.8 
DB, 54.2 WB, and 59.5 grains per lb humidity ratio. 


The volume of air can now be found from Formula 5-lc. 


Q = 


150,000 
1.08 x (78 - 55.8) 
6256 cfm 

The preceding examples serve to emphasize the 
fact that the required dry and wet bulb temperatures 
of an air supply should first be selected by means of the 
sensible heat ratio line and a consideration of the char- 
acteristics of the conditioning equipment. After this 
has been done, the volume of air needed may be cal- 
culated to determine, based on the air side system 
selected, if the air volume provides adequate air cir- 
culation for acceptable indoor air quality in the condi- 
tioned space. 
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FIGURE 5-H 
BYPASS RETURN AIR DOES NOT AFFECT ROOM DESIGN CONDITIONS 


Bypassed Return Air 

The psychrometric chart can be used to show that 
bypassed return air has no effect upon the dry bulb 
temperature and humidity that will result in a condi- 
tioned room. 

In Figure 5-H, let point A represent the room 
condition; hence, it also represents with minor devia- 
tion the condition of the return air. Draw a sensible heat 


ratio lme AB. The assumed condition of the air supply 
as it leaves the cooling coils is represented by point C 
at the intersection of line AB and 90% RH. 

After return air is bypassed, it is mixed with chilled 
air leaving the cooling coils. The mixture is then de- 
livered to the conditioned room. As shown in Example 
4-24, the point representing the final condition of a 
mixture of air from two different sources always lies on 
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the line that connects the two points representing the 
condition of the air from each source. In this case, room 
air which is the condition represented by point A and 
chilled air which is the condition represented by point 
C are mixed. Evidently the straight line drawn be- 
tween these two points is the same as the sensible heat 
ratio line AB. The point representing the final condition 
of the mixture of chilled and bypassed return air falls 
on the sensible heat ratio line. The condition of the 
mixture is represented in Figure 5-H by a point such as 
D on line AB. The location of point D depends on the 
proportions of chilled and return air in the mixture. If 
air is delivered to the conditioned room in the condition 
represented by point D, the resulting condition in the 
room will still be represented by point A, just as though 
the air supply had been delivered to the conditioned 
room in the state represented by point C. Regardless 
of whether air is delivered to a conditioned room in the 
state represented by point C, D, or any other point that 
falls on the line AB, the same dry bulb temperature and 
humidity will always result in the conditioned room if 
the same volume of chilled air is present in all the 
mixtures. 

Considering the mixture in terms of its component 
streams of air — the chilled air and the bypassed return 
air — only the chilled air can absorb sensible heat and 
moisture in the conditioned room. The reason is that 
the dry bulb and dew point temperatures of the by- 
passed return air are equal to those of the room air, 
whereas the air chilled by the coil is at a lower dry bulb 
and dew point temperature. In problems involving mix- 
tures of bypassed return air and conditioned air, the 
bypassed return air may be neglected entirely, and the 
problem figured as though chilled air alone were being 
delivered to the conditioned room. 


Example 5-27: 


A room, the sensible heat gain of which is 80,000 Btuh 
and the latent heat gain 20,000 Btuh, is to be maintained 
at 78 DB and 50% RH. The specifications require a total 
air volume of 6000 cfm to be circulated. Find: 


(a) the dry and wet bulb temperatures of the chilled air 
leaving the cooling coils if its relative humidity is 90. 


(b) the volume of air to be cooled and dehumidified 
(c) the volume of return air to be bypassed 


(d) the dry and wet bulb temperatures of the mixture of 
chilled and bypassed return air delivered to the con- 
ditioned room 


Solution: 
(a) SHR = 80,000 
100,000 
= 0.80 
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Draw SHR = 0.80 through point A on Figure 5-J. The 
air supply conditions are at B (where SHR = 0.80 
crosses 90 RH). At B read 57.5 DB and 55.8 WB. 


(b) Find the air supply from Formula 5-1c: 


Q= 80,000 
1.08 (78 - 57.5) 
= 3613 cfm 


(c) Now the amount of return air to be bypassed can 
be found. 


Bypassed return air = 6000 - 3613 
= 2387 cfm 


(d) The mixture conditions are found the same as in 
Example 4-24. 


(6000) (tmix) = (8613 cfm) (57.5) + (2387 cfm) (78) 
tmix = (8618) (57.5) + (2387) (78) 
6000 


= 65.6 F 


The air entering the room must be on the line SHR 
= 0.80; also, it must be at 65.6 DB. Point C is where 
these two lines cross. At C read 59.7 WB and 66.5 
grains per lb humidity ratio. 


Old fallacies die hard. One that has been most per- 
sistently long-lived is the belief that uncomfortable 
drafts in a conditioned room result if the temperature 
of the air supply is low. It is just as possible to have a 
drafty room with a warm air supply as with a cold air 
supply. The whole matter of draft prevention is one of 
properly introducing the conditioned air into a room. 

Poorly designed and improperly located air inlets 
and return air room outlets will always cause drafts, 
regardless of the temperature of the air supply. With 
properly located air inlets and returns of correct de- 
sign, there is little danger of drafts when introducing 
air at temperatures usually needed to maintain the 
required temperature and humidity of a conditioned 
space. 

In spite of this, specifications fixing the lowest dry 
bulb temperature at which an air supply may be in- 
troduced are occasionally encountered. Usually these 
specifications fix the minimum temperature of the air 
supply at a point about 10 to 15 degrees below the dry 
bulb temperature being maintained in the conditioned 
room. Usual temperature differences are 17 to 25 de- 
grees. 

Fixing both the dry bulb temperature of the room 
and the lowest dry bulb temperature at which the air 
supply may be introduced is equivalent to fixing both 
the temperature rise and the volume of the air supply. 
As the temperature rise of the air supply has been set, 
and because the sensible heat gain of the room is a given 
amount, it is apparent that by choosing the dry bulb 
temperature of the air supply, the volume of chilled air 
that must be delivered is automatically determined. 
This is illustrated by Example 5-7 of this chapter. 
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FINDING QUANTITY OF BYPASS RETURN AIR IN EXAMPLE 5-27 
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FINDING AMOUNT OF BYPASS RETURN AIR IN EXAMPLE 5-28 
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Many specifications call for definite volumes of air 
to be supplied. These volumes having been calculated 
on some minimum assumed temperature or room air 
change requirement which may or may not be stated. 

Another situation that requires the circulation of 
larger air volumes than are desirable sometimes arises 
because of ventilating requirements to meet indoor air 
quality standards (see ASHRAE Standard 62-1989). 

In other situations, where the volume of air that 
must be circulated is larger than the volume of air that 
should be conditioned, the difference between the two 
— that is, the balance of the air needed to make up the 
total which must be circulated — should be withdrawn 
from the room and bypassed.* This excess quantity of 
return air should not be conditioned. Only the volume 
of air actually required to maintain the given room 
temperature and humidity should be conditioned. 

Whenever possible, this excess return air should 
be eliminated because it contributes nothing toward 
the maintenance of the desired room conditions. The 
bypassed return air is carried around through the duct 
system as so much dead-weight, only in order to cir- 
culate the specified larger air volume. The circulation 
of larger air volumes than are needed has some disad- 
vantages. First, there is an increase in the first cost of 
the installation because of the larger ducts and fans 
needed. Second, there is an increase in the operating 
cost because of the larger fan motor required to cir- 
culate the excess air. 


Example 5-28: 

A room, in which the sensible heat gain is 160,000 Btuh 

and the latent heat gain 40,000 Btuh, is to be maintained 

at 76 DB and 50% RH. The specifications require that 

the air supply shall be delivered to the room at a tem- 

perature no lower than 61 F. The chilled air leaves the 

conditioner at 90% RH. 

Find: 

(a) the quantity of air to be conditioned by the cooling 
coils 

(b) the total air quantity to be delivered to the condi- 
tioned room 


(c) the quantity of return air to be bypassed 


Solution: 


(a) In Figure 5-K point A represents the dry bulb 
temperature and humidity to be maintained in the 
conditioned room. Draw line AB (SHR = 0.80). 
Point C represents the required condition of the 
air supply leaving the cooling coils, which is 55.3 


*The use of a bypass is suggested here not as a method of draft prevention 
or of temperature control, but only as a method of meeting the require- 
ments of specifications that call for needlessly large volumes of air. 
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Get the quantity of chilled air from Formula 5-1e: 


@ = __160,000 
1.08 (76 - 55.3) 
= 7157 cfm 


(b) According to the requirements of this problem, 
the dry bulb temperature of the air supplied to the 
conditioned room must be 61 F. In order to find 
the total quantity of air to be delivered to the 
room, first spot point D at the intersection of 61 
DB and the line AB. 


Now compute the total air to be delivered to the 


room: 
Q = __ 160,000 
1.08 (76 - 61) 
= 9877 cfm 


(c) The quantity of air to be bypassed can now be 
found: 


Bypass air = 9877 - 7157 
= 2720 cfm 


It is important to note that if the unnecessary 
requirement of a 61 F air supply were removed, there 
would be no difficulty in maintaining 76 DB and 50% 
RH in the conditioned room without bypassing any air. 
Thus, a needless restriction in the specifications in- 
creases the size and first cost of the ducts and supply 
fan, as well as the operating cost. 


Bypassed Outdoor Air 


Bypassed outdoor air is discussed in Chapter III. 
However, in order to develop several new points, some 
of this previous discussion is touched upon here. 

Outdoor air should not be bypassed. Obviously the 
effect of bypassing outdoor air is exactly the same as 
though this outdoor air were blown directly into the 
room by a separate fan. The fact that the outdoor air is 
mixed with the chilled air before being delivered to the 
conditioned room does not alter the truth of this state- 
ment. 

If outdoor air is delivered directly to a conditioned 
room or, what amounts to the same thing, is bypassed 
around the cooling coils, the sensible and latent heat 
gains of the room will be increased by exactly the 
amount of heat that the outdoor air surrenders in cool- 
ing down to the room dry bulb and dew point temper- 
atures. 

Therefore, an additional chilled air supply will be 
required to offset the sensible and latent heat gains due 
to the delivery of outdoor air directly into the condi- 
tioned room. 

Unconditioned outdoor air, when delivered to a 
conditioned room, will usually lower the sensible heat 
ratio of that room, thus making it necessary to chill the 
air supply to a lower temperature than would other- 
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wise have been needed. Hence, if outdoor air is by- 
passed, not only must a larger volume of chilled air be 
provided, but it must also be cooled to a lower tem- 
perature. 

If outdoor air is to be introduced for ventilating 
purposes, it should be conditioned before being deliv- 
ered to a conditioned room. Usually, this is accom- 
plished by mixing the outdoor air with return air ahead 
of the cooling coils. This mixture of outside air and 
return air is then drawn through the cooling coils and 
chilled to the same final temperature. 

Because of the way equipment is usually installed, 
it is frequently impossible to bypass return air alone. 
The return air and outdoor air are normally mixed 
ahead of the cooling coil and, as a result, a mixture of 
outdoor air and return air is bypassed. When this is the 
case, the chilled air must be cooled to a lower temper- 
ature than would have been necessary if none of the 
outdoor air were bypassed. The following example il- 
lustrates the method of calculating a problem in which 
a mixture of outdoor air and return air is bypassed. 


Example 5-29: 


A conditioned room having sensible and latent heat 
gains of 40,000 and 6,500 Btuh is to be maintained at 77 
DB and 63 WB. The outdoor air is at 95 DB and 78 WB. 
The specifications require that 2400 cfm of air be deliv- 
ered to the room. OF this amount 25 percent is to be 
outdoor air, and 75 percent return air from the room. 
Find the following: 


(a) the required dry and wet bulb temperatures of the air 
supply to the conditioned room 


(b) the dry and wet bulb temperatures of the mixture of 
return and outdoor air ahead of the cooling coils 


(c) the required condition of the chilled air supply leaving 
the cooling coils 


(d) the quantity of air to be chilled by the cooling coils 
(e) the quantity of air to be bypassed 


Solution: 
(a) SHR = 40,000 
46,500 
= 0.86 


Referring to Figure 5-L, locate A at the room con- 
dition of 77 DB and 63 WB. Draw line AB (SHR = 
0.86) through A. 


Now use Formula 5-1b to find the dry bulb temper- 
ature of the air supply. 


TD= qs 
1.08 Q 
= 40,000 
1.08 x 2400 
= 15.4 
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e¢ = T1.0- 15.4 
= 615 F 


Point C is where the SHR line crosses 61.6 DB. Here 
read 56.5 WB and 59.5 grains per Ib humidity ratio. 


(b) Locate D at 95 DB 78 WB. Draw a straight line 
between A and D. 


Outdoor air — 0.25 x 95 = 23.75 
Return air — 0.75 x 77 = 57.75 
Dry bulb of mixture = 81.50 


Locate E. where 81.5 DB crosses AD. At E read 
the condition of the air mixture ahead of the cool- 
ing coils: 81.5 DB and 67.2 WB. 


(ec) The total air supplied to the room will be a mixture 
of chilled air and bypassed air. The required con- 
dition of this mixture is represented by point C. So 
C must be on a line between E and some other 
point representing the chilled air leaving the cool- 
ing coils. Assume air leaves the cooling coils at 
90% RH. The required condition of the chilled air 
is where the line EC crosses 90% RH. Thus the 
chilled air leaving the cooling coils is represented 
by F. In other words, a mixture made up of chilled 
air (F) and warm air (E) will have the conditions 
at C. At F read 51.3 DB and 49.8 WB. 


(d) Find the quantity of air to be chilled by the cooling 
coils in the same way the percentage of outdoor 
air was found in Example 4-25. First the ratio of 
chilled air to total air delivered is wanted. This is 
the ratio of the length of EC to the length of EF. 
The lengths of these lines are proportional to the 
dry bulb temperatures at their end points. 


Chilled air = EC 
Total air EF 
= 81.5 - 61.5 
81.5 - 51.3 
= 0.66 


Chilled air = 0.66 x Total air 
= 0.66 x 2400 cfm 
= 1584 cfm 


(e) Total quantity of bypassed air = 2400 - 1584 
= 816 cfm 


There is a simple method that can be used to check 
the solution of problems similar to the preceding one. 
The portion of the outdoor air that has been bypassed 
increases the sensible and latent heat gains of the con- 
ditioned room. Consequently, the actual sensible heat 
ratio will be different than that calculated on the as- 
sumption that no outdoor air will be bypassed. As a 
result of bypassing the outdoor air, the actual sensible 
heat ratio for the air conditioning system as a whole is 
represented by AF in Figure 5-L. 
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FINDING AIR QUANTITIES IN EXAMPLE 5-29 


Example 5-30: 


Take conditions of Example 5-29 and calculate the actual 
sensible heat ratio because of the bypassed outdoor air. 
Check this calculated sensible heat ratio against the 
SHR of AF in Figure 5-L. 


Solution: 


In Example 5-29, 600 cfm of outdoor air is delivered 
to the conditioned room. But in (d) it was found that 
66 percent of the outdoor is conditioned, and 34 per- 
cent is bypassed. So the amount of bypassed air de- 
livered tot the room is 204 cfm (0.34 x 600 = 204). 


In the conditioned room the outdoor air cools from 95 
DB and 78 WB to 77 DB and 63 WB. So it adds both 
sensible and latent heat directly to the conditioned 
room. To find how much, first, draw a horizontal line 
through A. Locate G where the line crosses 95 DB. 
Next, read enthalpy values from the chart: 


hp = 41.3 
hg = 32.7 
ha = 28.4 


The sensible heat is the change in enthalpy between 
G and A; the latent heat is the change in enthalpy 
between D and G. These heat quantities are calcu- 
lated as follows: 


qs = 204 cfm x 4.5 (82.8 - 28.4) 


= 4040 Btuh 
qi = 204 x 4.5 (41.3 - 32.8) 
= 7800 Btuh 
New sensible heat = 40.000 + 4,040 
for room f 
= 44,040 Btuh 
New latent heat = 6,500 + 7,800 
for room 
= 14,300 Btuh 
New total heat for room = 46,500 + 4,040 + 7,800 
= 58,240 Btuh 
New SHR for room = 44,040 
58,340 
= 0.754 


Because of the bypassed outdoor air, the sensible heat 
ratio is lowered from 0.86 (Example 5-29) to 0.754. 


The SHR of AF measures 0.755 on Figure 4-L. This 
substantially agrees with the computed value. 


In connection with Figure 5-L, the actual cycle that 
the air follows should be clearly understood. Return air 
from the room in the state A is mixed with outdoor air 
in the state D. The condition of the mixture is repre- 
sented by point E. Part of this mixture is conditioned 
and leaves the cooling coils in the state represented by 
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point F. This conditioned air is now mixed with the 
balance of the air that has been bypassed, and which is 
still in the condition represented by point E. The con- 
dition of the new mixture is represented by point C. 
The air in the condition represented by point C is de- 
livered to the conditioned room where it heats up to the 
condition represented by point A. 

A flow diagram for Examples 5-29 and 5-30 is 
shown in Figure 5-M. The letters on the duct sections 


correspond to the letters on the psychrometric chart of 


Figure 5-L. The width of the duct sections in Figure 
5-M is related to the air quantity in each section. 
At section 1-1, 
Outdoor air = 896 + 204 
= 600 cfm 
This is the 25 percent outdoor air specified. 
Of the 1800 cfm of return air used, 1188 cfm (0.66 
x 1800) is cooled by the coil. The rest of the return air 
bypasses the coil so it is shown at the bottom of the 
sketch. 
Total return air = 1188 + 612 
= 1800 cfm 
Total air supply = outdoor air + return air 
= 600 + 1800 
= 2400 cfm 


RA. 


RA. 
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Now mix the air at section 2-2: 
1188 x 77 = 91,500 
396 x 95 = 37,600 


1584 129,100 

te = 129,100 

1584 
= 81.5F 

Now mix the air at section 3-3: 

204x95 = 19,380 
612 x 77 = 47,120 
816 66,500 
tmix = 81.5 F 


The 816 cfm is the quantity of bypass air found in 
(e) of Example 5-29. As seen in Figure 5-M the 816 cfm 
is not affected by the coil — it flows directly into the 
room. 


At section 4-4 three air streams are mixed: 
F: 1584 x 51.3 = 81,300 


D: 204x95 = 19,380 
A: 612x 77 = 47,120 
2400 147,800 
tmix = 61.6 F 


This is C on Figure 5-L. 


NOTE- LETTERS CORRESPOND TO 
FIGURE S-L 


COOLING COIL 


FIGURE 5-M 
FLOW DIAGRAM FOR EXAMPLES 5-29 AND 5-30 
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Occasionally more air is needed for ventilating pur- 
poses than is needed for the internal heat gains of the 
conditioned room. When this is the case, the outdoor air 
introduced for ventilating purposes should be cooled in 
two stages by means of two separate coils in series. All 
of the outdoor air should be cooled by the first coil to 
about the wet bulb temperature being maintained in 


TRANE AIR CONDITIONING MANUAL 


the conditioned room. Then, of the air leaving the first 
coil, only a part should flow through the second coil; the 
balance being bypassed. Only sufficient air should be 
chilled by the second coil to maintain the required dry 
bulb temperature and humidity in the conditioned 
room. 
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STEEP SHR LINE 


SHR Lines 


When sensible heat ratio lines are drawn on the 
psychrometric chart, they do not always intersect the 
curves of high humidity. This occurs when low relative 
humidities must be maintained, or when low sensible 
heat ratios are encountered in conditioned rooms. SHR 
lines for both of these conditions are illustrated in 
Figure 5-N. The line AB has been drawn for a room 
condition of 78 DB 50% RH, andaSHR = 0.55. The line 
CD has been drawn through the room condition 80 DB 
and 20% RH with SHR = 0.80. Notice that neither of 
these SHR lines intersect the higher humidity curves. 
Air conditioning equipment that is ordinarily selected 
in commercial work has one characteristic that must be 
kept in mind: Although the air leaving this equipment 
is low in moisture content, it is close to being saturated. 
The relative humidity is frequently about 90 percent. 


Although commercial air conditioning equipment 
can produce air with a low moisture content, it cannot 
ordinarily produce air with a low enough relative hu- 
midity to satisfy the requirements of SHR lines such as 
AB or CD of Figure 5-N. SHR lines that do not inter- 
sect relative humidity curves near 90 percent are in- 
frequently encountered in comfort cooling work. The 
SHR is usually low in rooms in which people are danc- 
ing or exercising. 

The latent heat liberated by people while exercis- 
ing is more than double the amount liberated while at 
rest; whereas the sensible heat remains practically con- 
stant, regardless of the degree of activity. Because of 
this, the sensible heat ratio in places like ballrooms may 
occasionally be so low that a steep SHR line, such as AB 
of Figure 5-N, will occur. (Point B represents the de- 
sired room condition.) 
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Chilled air ordinarily leaves the cooling coils in a 
nearly saturated condition. Therefore, the point rep- 
resenting the condition in which it is possible to obtain 
the air supply will not fall on a SHR line such as AB. 
If the condition of the air supply leaving the cooling 
coils is represented by a point such as E, it is necessary 
to reheat the air supply from this point to some other 
point located on the SHR line. Thus, in Figure 5-N, the 
air supply is reheated from point E to point F on the 
line AB. Reheating takes place along a horizontal line 
of constant dew point temperature. 

If the air supply were not reheated after leaving 
the conditioning equipment in the state represented by 
point E, it would heat up along the SHR line such as EG 
after being delivered to the conditioned room. As a 
result, the humidity in the conditioned room might be 
higher than specified. For rooms in which the SHR is 
low, reheating of the air supply is a necessity if low 
humidities are to be maintained. 

The refrigeration capacity required to cool the air 
from point B to point E is always greater than that 
needed to cool the air from point B to point F and the 
difference is equal to the amount of reheat used. 

Reheating the chilled air supply, for the unusual 
room having alow SHR can be accomplished in several 
ways. Steam or hot water can be used. Two other 
energy conserving methods of reheating an air supply 
are by: 

1. Using the warm water leaving the condensers. 

2. Using a runaround cycle. 

In the first method, warm water leaving the con- 
densers is circulated through a coil in the path of the 
chilled air leaving the cooling coils. This has the ad- 
vantage that the waste heat rejected from the refrig- 
eration system is used for reheating. This may 
eliminate the need for another heating source and 
thereby lower the energy and operating cost of the 
system. 

The runaround cycle, illustrated and described in 
Figure 5-O, also has the advantage of offering an op- 
erating cost savings over other conventional air heat- 
ing methods. This is because the refrigeration capacity 
needed to dehumidify the supply air is reduced by the 
amount of reheating done once the system is in opera- 
tion. Water is circulated continuously through the two 
coils. 

Sensible heat withdrawn from the warm air on its 
way to the cooling coils is carried by the circulating 
water to the reheating coils. These reheating coils then 
return the sensible heat to the chilled air leaving the 
cooling coils. Any sensible heat added to the flowing air 
by the reheating coils is exactly equal to the heat re- 
moved by the precooling coils. Consequently, there is 
a decrease in the required refrigerating capacity when 
using the runaround cycle to reheat a chilled air supply. 

When reheating, the smallest possible quantity of 
sensible heat should be added to the air supply in order 
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to hold the required additional refrigerating capacity to 
a minimum. When using the runaround cycle, the quan- 
tity of sensible heat added during reheating should also 
be kept as small as possible. The larger the amount of 
heat transferred from the precooling coils to the re- 
heating coils by the circulating water, the greater will be 
the required surface area and first cost of the coils, and the 
larger will be the quantity of circulating water needed. 

Theoretically, the chilled air supply leaving the 
cooling coils can be reheated by being mixed with air at 
a higher dry bulb temperature. Actually, however, this 
method works out poorly. In the average air condition- 
ing installation, air for reheating purposes can be ob- 
tained from only two sources: from outdoors or from 
the conditioned room. As is shown later, outdoor air is 
not always suitable for reheating purposes, and return 
air cannot be used for this purpose when the sensible 
heat percentage is low. 

Outdoor air should not be introduced into a condi- 
tioned room without first being cooled and dehumidi- 
fied. If outdoor air is to be used for reheating, it must 
of necessity be mixed directly with the chilled air 
supply without first being cooled and dehumidified. 
This introduction of unconditioned outdoor air usually 
results in lowering the sensible heat ratio of a room, 
thus aggravating the very condition that it was at- 
tempting to correct by reheating. 

Beyond this, there is another objection to the use 
of outdoor air for reheating. It may be in such a thermal 
condition that it is unsuitable. Referring to Figure 5-P, 
point A represents the desired room condition and AB 
the SHR line for the room. If a mixture of outdoor air 
and chilled air is used to condition the room, the point 
representing the state of this mixture should lie on the 
line AB. Suppose that, at some time, outdoor air is 
available in the condition represented by point D, and 
chilled air is available in the condition represented by 
point C. During such a time the outdoor air can be used 
for reheating the air supply because the line drawn 
from C to D crosses the SHR line AB; the lines inter- 
sect at E. The desired room dry and wet bulb temper- 
atures can be maintained with an air supply having the 
conditions represented by point E. Suppose, however, 
that at some other time the condition of the outdoor air 
is represented by point F. A straight line drawn from 
C to F does not intersect the SHR line AB. Therefore, 
air in the condition represented by point F cannot be 
used for reheating the chilled air supply. Outdoor air is 
not ordinarily satisfactory for reheating because there 
is no assurance that it will always be in a condition 
suitable for this purpose. 

Still another reason why outdoor air may not be 
suitable for direct reheating is the fact that environ- 
mentally speaking it may contain unsatisfactory pol- 
lutants or foreign particles which would, if mixed with 
return air and supply air, result in an unsatisfactory 
indoor air quality for the occupants of a conditioned 
space. 
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FIGURE 5-0 
RUNAROUND CYCLE 


From Figure 5-0 it is apparent that any heat removed 
from the air flowing through the precooling coils is returned 
to the same air as it flows through the reheating coil. 


Heat removed from air flow- )_{ Heat gained by air flowing 
ing through precooling coil -{ through reheating coil 


Temp. drop of air flowing )_ { Temp rise of air flowing 
through precooling coil ~ _ through reheating coil 


As the water surrenders all the heat in the reheating coil that it 
picks up in the precooling coil, the following relationship must be 
true: 


Temp rise of water flowing 


_§ Temp drop of water flowing 
through precooling coil -| 


through reheating coil 


The temperature of the water flowing in the various 
parts of the circulating pipes are determined as follows: 


Water temperature in pipe A = tz + tg 
2 


Water temperature in pipe B = t; + t4 
2 


The cycle that the air follows is illustrated on the psy- 
chrometric chart. Point A represents the air in the condi- 
tioned room, and point B represents the outdoor air. Line AG 
is the SHR line of the conditioned room. Point C is the 
condition of the mixture of return and outdoor air entering 
the precooling coils. The air mixture is cooled by the pre- 
cooling coils along a line of constant dew point temperature 
to point D. The air at D enters the cooling coils, and is cooled 
along curve DE to point E. Air at E is then heated by the 
reheating coils to point F. Point F represents the required 
condition of the air supply on the steep SHR line AG. The air 
supply at F is then delivered to the conditioned room where 
it absorbs heat and moisture, its final condition being rep- 
resented by point A. 


In designing any air conditioning system, point C can be 
selected in advance. Point F can also be selected anywhere 
on the line AG. This leaves only points D and E to be found. 
Point E is located at the point where the horizontal line of dew 
point temperature running through point F intersects 90 
relative humidity. Point D can then be located, as the length 
of line CD must be equal to the length of line EF. 
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TABLE 5-A 
National Primary Ambient-Air Quality Standards for 
Outdoor Air as Set by the U.S. Environmental Protection 
Agency (Ref ASHRAE Std 62-1989) 


Long Term Short Term 
Concentration Concentration 
Averaging Averaging 
Contaminant mg/m? ppm mg/m? _ppm 
Sulfur Dioxide 80 0.03 tyear 365 014 24hours 
Total Particulate 50 — Yyear 150 — 24hours 
Carbon Monoxide 40,000 35 1 hour 
Carbon Monoxide 10,000 9 8 hours 
Oxidants (ozone) 235* 012° 1 hour 
Nitrogen Dioxide 100 0.055 1 year 
Lead 15 — 3months? 


* Arithmetic means not to be exceeded more than once per year. 

© Standard is attained when expected number of days per calendar year 
with maximal hourly average concentrations above 0.12 ppm (235 
ug/m*) is equal to or less than 1, as determined by Appendix H to 
subchapter C, 40 CFR 50. 

4 Three-month period is a calendar quarter. 


In addition, return air from the conditioned space 
cannot be used for reheating purposes at any time. The 
final condition of a mixture of chilled and return air 
would be represented by a point on the line that can be 
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drawn from A to C in Figure 5-P. But the point rep- 
resenting the required condition of the air supply must 
lie on the line AB if the desired room condition is to be 
maintained. Therefore, return air cannot be used for 
reheating because the point of intersection of lines AC 
and ABis point A itself. Inasmuch as an air supply must 
have a lower dry and wet bulb temperature than is 
being maintained in the conditioned room, return air 
must be considered unsuitable for reheating purposes. 


When reheating air, in order to satisfy the require- 
ments of a steep SHR line, the quantity of sensible heat 
needed to accomplish the reheating is not fixed. A 
superficial examination of Figure 5-N might lead to the 
conclusion that the quantity of sensible heat needed for 
reheating cannot be varied because the temperature 
rise from E to F is fixed. This, however, is not the case 
— different quantities of sensible heat may be added to 
the air supply. The answer to the problem lies in the 
selection of point E. Where should point E be located 
in order to keep the quantity of sensible heat needed for 
reheating to a minimum? Also, how low should the 
temperature of the air leaving the conditioned equip- 
ment be cooled? 


SENSILE HEAT RATIO = Gi ~ Or 


$$. me gee cen gens alr? 6 tA las 4 
aw ‘ + 
‘ 


Al fin 
ty Phan 
: at: 
rt r ry 1 
: Fig 
ae ee a 
BEE ser 
oss H wiser 
SY - ft. 
. er ree: bie 
z ees % 5 Bhan = 
A nese I aedut 
= 2k z 2 
Be SLE Bledel 
Shei ae Smee, 
i Seis sty Se 3 
+o x este at i "s 
se = ae 2 
erecta H-48 z 8 $ 
Bites Se pce 
<= Livy te é 
a 3 
: "i 
Ty % 


4 
HUMIDITY RATIO -o 
ly Ay J 
as j 
OOM Oc ol bar fa aT AF 
SENSIBLE HEAT RATOE G-O #5 8 


sthenee: 


ENTHALPY - Bru cer te ot dry ae and uncoated mowure 


FIGURE 5-P 
FALLACY OF USING OUTDOOR AIR FOR REHEAT 
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The discussion that follows describes the method of 
finding the final temperature to which an air supply 
should be cooled in order to keep the sensible heat 
required for reheating to a minimum. Referring to 
Figure 5-Q, locate point A at the room of 78 DB and 50% 
RH. Draw line AB representing the SHR for the room. 
Assume that the air leaves the cooling coils at 90% RH. 
Draw line AD tangent to the 90% RH line. The vertical 
dry bulb temperature line running through the point of 
tangency D is the final dry bulb temperature to which 
the air should be cooled. In this instance, the final dry 
bulb temperature of the air leaving the cooling coils is 
34 F, as read at point D. The air should then be reheated 
from point D to point E located on the SHR line AB. 

The exact point at which line AD is tangent toa 
humidity curve is difficult to locate with any degree of 
precision. However, this method of locating the ap- 
proximate point of tangency on the psychrometric 
chart will be accurate enough for most engineering 
work. Because the point of tangency can be located to 
within a few degrees, the final result will be affected by 
only a small amount. 


Example 5-31: 

A conditioned room is to be maintained at 78 DB and 

50% RH. The sensible heat gain of the conditioned room 

is 250,000 Btuh and the latent heat gain is 282,000 Btuh. 

The air leaves the conditioning equipment at 90% RH. 

Find: 

(a) the required state of the air leaving the cooling coils 
in order that the sensible heat for reheating shall be 
a minimum 

(b) the required state of the air supply delivered to the 
conditioned room 

(c) the required volume of the air supply 


(d) the sensible heat needed to reheat the air after it 


leaves the cooling coils 
Solution: 
SHR = 250,000 
532,000 
= 0.47 


Locate point A in Figure 5-Q at 78 DB and 50% RH. 
Draw the SHR line AB. Draw line AD tangent to the 
curve of 90% RH. The point of tangency is at D. 


(a) The condition of the air supply leaving the cooling 
coils is 34 DB and 33 WB, as read at point D. 


(b) The air supply will be reheated from point D to 
point E located on the SHR line AB. The state of 
the air supply delivered to the conditioned room 
should be 52.3 DB and 43 WB, as read at point E. 


(c) Air quantity 


qs = 1.08x Qx TD (5-1a) 


= qs 
1.08 x TD 
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= 250,000 
1.08 (78 - 52.3) 
= 9,010 cfm 


(d) Reheat 
gs = 1.08 x Qx TD 
= 1.08 x 9010 x (52.3 - 34) 
= 178,100 Btuh 


If, in the preceding example, the air supply had been 
cooled to either a higher or lower dry bulb temper- 
ature than 34 F, a quantity of sensible heat greater 
than the 178,100 Btuh, found as the answer to the 
preceding problem, would have been required for 
reheating. The following example illustrates this 
statement for the condition that the final tempera- 
ture of the air leaving the cooling coils lies at some 
point above the point of tangency. 


Example 5-32: 
Take all of the conditions of the preceding example 
except that the air supply is to be chilled to 52.5 DB and 
90% RH, instead of 34 DB as required by the point of 
tangency. 


Solution: 


(a) Locate point F in Figure 5-Q at 52.5 DB and 90% 
RH. This point represents the condition of the air 
supply leaving the cooling coils. 


(b) The air supply will be reheated from point F to 
point G located on the SHR line AB. The state of 
the air supply delivered to the conditioned room 
should be 67.4 DB and 57 WB, as read at point G. 


(c) Air quantity 
Q= 250,000 
1.08 (78 - 67.4) 
= 21,840 cfm 


(d) Reheat 
qs = 1.08x Qx TD 
= 1.08 x 21,840 x (67.4 - 52.5) 
= 351,500 Btuh 


The quantity of sensible heat required for reheat- 
ing in Example 5-32 is about double the amount re- 
quired when the air supply is cooled down to the 
temperature corresponding to the point of tangency. 

The point of tangency is constant for any one as- 
sumed room condition, but varies, of course, for dif- 
ferent room conditions. The dry bulb temperature at 
the point of tangency is below the temperature to which 
air is customarily cooled. To cool the air to these low 
temperatures considerably increases the power re- 
quirements of the refrigerating apparatus. However, 
even if the air is not cooled to a temperature as low as 
is required by the point of tangency, the power re- 
quirements are still abnormally high for the following 
reasons: 
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FIGURE 5-R 


EFFECT OF BYPASS RETURN AIR ON ENTERING AIR 
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1. The supply air must be cooled to approximately 
90% RH leaving the equipment. As a result the 
actual refrigeration load is greater than the load 
that would be required if the air could be cooled 
directly to the supply air conditions. Also reheating 
is necessary to bring the supply air leaving the 
cooling coil to the desired entering conditions. 
2. Larger volumes of air must be circulated if the air 
is not cooled to the point of tangency. Compare the 
air volumes required in Examples 5-31 and 5-32. 
In addition, if the air is reheated by steam, the 
operating cost will be increased substantially because 
more steam will be needed for reheating if the air is not 
cooled to the point of tangency. 

When considering a particular installation, the 
temperature to which the air supply should be cooled 
can be selected only after considering the various fac- 


a Ss 
ENTHALPY - Bru per tb of dry av and asioccted monture 


TRANE AIR CONDITIONING MANUAL 


tors involved. Ordinarily, the temperature selected 
should be the one that results in the lowest total energy 
and operating cost. 


If the runaround cycle is used for reheating the air, 
the cost of the sensible heat needed for reheating may 
no longer be a factor. Furthermore, there will also be 
a decrease in the capacity and power requirements of 
the refrigerating apparatus. Therefore, the runaround 
cycle is especially suitable for reheating air when steep 
SHR lines occur, or when low humidities must be main- 
tained. 


Although large areas of heat transfer surface may 
sometimes be required for the runaround cycle, they 
are often justified by the saving in energy and oper- 
ating cost. 
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FIGURE 5-S 
CHEMICAL DEHUMIDIFICATION 


The Air Conditioning Cycle 

Now that the various processes that occur in air 
conditioning have been described, complete air condi- 
tioning cycles can be graphically illustrated and under- 
stood by means of the psychrometric chart. 

When coils are used to condition air, the cycle that 
the air follows is illustrated on the psychrometric chart 
of Figure 5-R. The condition being maintained in the 
room is represented by point A. Return air from the 
room, in the condition represented by point A, is mixed 


with outdoor air in the condition represented by point 
B. The resulting condition of the mixture is repre- 
sented by point C. The mixture of outdoor and return 
air then enters the cooling coils, and is cooled along 
curve CD to point D, at the intersection of the SHR line 
DA and the coil cooling curve CD. The air leaving the 
cooling coils at D is then delivered to the conditioned 
room. In the conditioned room the air supply heats up 
along the SHR line DA to point A, representing the 
room condition. 
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If bypassed return air is used, the air leaving the 
cooling coils at D is mixed with return air from the room 
at A. The resulting condition of the mixture of chilled 
and return air is represented by point E. The mixture 
of chilled and return air in the condition represented by 
point E is then delivered to the conditioned room where 
it heats up along the SHR line EA to point A. 

In contrast to the cycle just described is the one 
illustrated in Figure 5-S. This is the cycle that the air 
follows when a chemical dehumidifier, such as a silica 
gel unit, and water cooling coils are used. In this case, 
return air from the room in the condition A is mixed 
with outdoor air in the condition B. The resulting mix- 
ture represented by point C flows through the silica gel 
dehumidifier, leaving at the condition D. After leaving 
the dehumidifier, the air flows through the cooling coils 
where sensible heat alone is removed from the air, 
which is cooled from D to E along a line of constant dew 
point temperature. Point E is then delivered to the 
conditioned room where it heats up along the percent- 
age line EA to point A, representing the room condi- 
tion. (See ‘Chemical Dehumidification” in a later 
chapter.) 


Capacity of Refrigerating Plant 

Refrigerating apparatus is rated according to its 
capacity for removing heat. Apparatus that can remove 
heat at the rate of 12,000 Btuh is said to have a capacity 
of one ton of refrigeration. For example, a refrigerating 
system that can remove 144,000 Btuh is said to have a 
capacity of 12 tons of refrigeration. 

The refrigerating plant installed as part of an air 
conditioning system should have sufficient capacity to 
remove as much heat as is necessary to maintain the 
desired dry bulb temperature and humidity in the con- 
ditioned spaces. 

Ifa given volume of air enters a cooling coil at some 
wet bulb temperature and emerges with a lower wet 
bulb temperature, it is evident that the coil, and hence 
the refrigerating apparatus, must have absorbed all the 
heat lost by the air. Therefore, finding the refrigerating 
capacity resolves itself into calculating the total heat to 
be removed from an air stream in order to lower its wet 
bulb temperature by a given amount. Formula 5-4a can 
be used for this purpose. 


Example 5-33: 


Find the refrigerating capacity needed to cool 15,000 cfm 
of air from 85 DB 69 WB to 60 DB 53 WB. 


Solution: 

From the psychrometric chart we read enthalpies: 
Enthalpy at 85 DB 69 WB = 33.0 Btu per lb 
Enthalpy at 60 DB 58 WB = 21.9 

Change in Enthalpy = 11.1 Btu per Ib 


qs = 4.5Qh, (5-4a) 


= 4.5 x 15,000 x 11.1 
= 749,250 Btu per hr 


Required refrigerating = 749,250 
capacity 12,000 
= 62.4 tons 


Usually the problem is not stated in such simple form 
as in the preceding example. Ordinarily, the wet bulb 
temperatures of the air entering and leaving the 
cooling coils must be computed first. 


Example 5-34: 


A room to be conditioned has a sensible heat gain of 
88,000 Btuh and a latent heat gain of 22,000 Btuh. The 
room is to be maintained at 78 DB and 65 WB. An 
outdoor air supply of 1390 cfm at 95 DB and 75 WB, is 
to be introduced into the conditioned room for ventilat- 
ing purposes. This outdoor air is to be mixed with return 
air ahead of the cooling coil. The characteristics of the 
cooling coil are such that the air leaves it at 95% relative 
humidity. Find the total refrigerating capacity required. 


Solution: 


The first step is to find the condition and volume of 
the air supply necessary to maintain the desired 
room condition. 


SHR = 88,000 
110,000 
= 0.80 


Referring to Figure 5-T draw the SHR line AC. The 
air supply must be chilled by the cooling coils to 
conditions at B (56 DB 55 WB). Then compute the 
total volume of chilled air from Formula 5-1e. 
Q= qs 
1.08 x TD 
= 88,000 
1.08 (78 - 56) 
= 3704 cfm 


The next step is to find the condition of the air en- 
tering the cooling coil. In Figure 5-T, locate point D 
at the condition of the outdoor air, and draw a 
straight line from A to D. 


Proportion of outdoor = 1390 
air in mixture 3704 
= 37.5 percent 


The dry bulb temperature of the air mixture can now 
be found. 


Outdoor air, 0.375 x 95 = 35.6 
Return air, 0.625 x 78 = 48.8 
Final temp. of the mixture 

entering the cooling coils = 84.4 DB 
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Locate E at the intersection of 84.4 DB and AD. Now 
we read the enthalpy at E and B. Next, use Formula 
5-4a to get the heat flow rate. 


qa = 45xQxh 


a = 4.5 x Q x (hg - hg) 
= 4.5 x 3704 x (33.0 - 23.2) 


(5-4a) 


= 163,300 Btuh 
Required = 163,300 
refrigerating 12,000 
capacity = 13.6 tons 


In a system in which no outdoor air is introduced 
into the conditioned rooms, the capacity of the refrig- 
erating plant must be equal to the total heat gain of the 
conditioned rooms. The air that circulates from the 
cooling coils to the conditioned rooms, and from these 
rooms back to the cooling coils, is simply a carrier of 
heat. All the heat that is added to the circulating air in 
the conditioned rooms is removed from this same air 
when it returns to the coils. Obviously, the heat re- 
moved from the circulating air at the conditioning 
equipment is virtually equal in amount to the heat gain 
of the conditioned rooms if no outdoor air is supplied. 


Example 5-35: 
Take the conditions of Example 5-34, except that no 
outdoor air is to be introduced into the conditioned room. 
Find the required refrigerating capacity. 
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Solution: 
Total heat gain = 88,000 + 22,000 
= 110,000 Btuh 
Refrigerating Capacity = 110,000 
12,000 
= 9.2 tons 


If outdoor air is introduced into a conditioned room, 
additional refrigerating capacity is required to cool and 
dehumidify it. The additional cooling capacity is equal 
to the heat that must be removed in cooling this outdoor 
air from its initial enthalpy to the enthalpy of the air in 
the conditioned room. (In Example 5-30 we calculated 
the cooling capacity required for the bypassed outdoor 
air: 4040 Btuh sensible heat; 7800 Btuh latent heat.) 


When part of the air supply delivered to a condi- 
tioned room consists of outdoor air, the capacity of the 
refrigerating apparatus must be great enough to ab- 
sorb both the total heat gain of the conditioned room, 
and the heat removed from the outdoor air in cooling 
it to the enthalpy of the air in the room. The total 
refrigerating capacity required is found by adding to- 
gether the capacities needed to offset each source of 
heat. 
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FIGURE 5-T 
REFRIGERATING LOAD ON COIL 
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Example 5-36: 


Take the conditions of Example 5-34 and find the addi- 
tional refrigerating capacity required if outdoor air is to 
be introduced into the conditioned room. 


Solution: 


The outdoor air must be cooled from 95 DB 75 WB 
to 78 DB 65 WB. 


Enthalpy of outdoor air = 38.3 B per lb. 
Enthalpy of room air = 29.9 
a =45xQxh (5-4a) 
= 4.5 x 1390 (38.3 - 29.9) 


= 52,540 Btuh 
Refrigerating capacity ) = 52,540 
for cooling O.A. 12,000 

= 4.4 tons 


From Example 5-35 the refrigerating capacity re- 
quired for the total heat gain of the conditioned room 
is 9.2 tons. Therefore, 


Total refrigerating 
capacity required 


=92+44 
= 13.6 tons 


In Example 5-34 the load on the coil was found to 
be 13.6 tons. It is really no surprise that Example 5-36 
was also 18.6 tons. It would be surprising if the results 
were not the same. In Example 5-34 the air entering the 
coil already contained 1390 cfm outdoor air. So the load 
on the coil (hg - hg) was the room load plus the load of 
the outdoor air. In Example 5-36 we calculated the heat 
gain of only the outdoor air; then it was added to the 
total heat gain of the room. 

The outdoor air to be introduced for ventilating 
purposes to maintain acceptable indoor air quality is 
sometimes specified as a percentage of the total to be 
circulated. In such a case, the volume of conditioned air 
required to maintain the desired room condition must 
first be found. The actual volume of the outdoor air 
required can then be computed. 


Example 5-37: 


Take the conditions of Example 5-35, except that the 
outdoor air supply is 50 percent of the total volume 
delivered to the conditioned room. Find the total refrig- 


erating capacity required. 
Solution: 


From Example 5-34, a total conditioned air supply of 
3704 cfm is required. 


Required volume = 0.50 x 3704 
of outdoor air = 1852 cfm 


Use the enthalpies from Example 5-36. Thus 


qt = (4.5) (1852) (88.3 - 29.9) 
= 70,000 Btuh 


115 
Total heat gain of room = 110,000 Btu per hr 


Refrigerating capacity ) = 110,000 + 70,000 
required 12,000 
= 15.0 tons 


If, due to equipment limitations, it is not possible 
to obtain the desired conditions of the air supply to the 
room at the exit of the cooling coil, it may be necessary 
to use reheat. The refrigeration system must be able to 
cool the air through this extended range. The capacity 
of the refrigeration system will then be equal to the 
room load plus the sensible heat added by reheating. 

In Chapter III, the following general principle was 
demonstrated: 

Heat added to flowing air anywhere in the cir- 
cuit that it traverses must be removed by the cooling 
equipment. 

This principle is true regardless of how the heat is 
added to the air supply, whether by conduction through 
the walls of an air duct or by a heater placed inside the 
duct. If warm condenser water or steam is used for 
reheating the air, the refrigerating capacity of the 
system must be able to remove an amount of heat that 
is equal to that added to the air during the reheating 
process. 


Example 5-38: 
Take the conditions of Example 5-31 and find: 


(a) refrigerating capacity required for the total heat gain 
of the conditioned room. 


(b) refrigerating capacity required to offset the sensible 
heat added during the reheating process. 


(c) total refrigerating capacity required. 


Solution: 


(a) Refrigerating capacity 
required for total = 532,000 
heat gain of room 12,000 
= 44.3 tons 
(b) Refrigerating capacity 
required to offset = 178,100 
sensible heat added 12,000 
for reheating = 14.8 tons 
(c) Total refrigerating = 443 + 148 
= 59.1 tons 


capacity required 


Effect of Heat Gains in Ductwork 


As chilled air flows through a duct, there is an 
increase in its temperature because of the heat gain 
through the walls of the duct. Ordinarily, this increase 
is small. It is being discussed here only to illustrate how 
its effect is analyzed on the psychrometric chart. Inas- 
much as the heating of air in a duct takes place without 
any change in the moisture content of the air, the pro- 
cess can be represented by a horizontal line on the 
psychrometric chart. 
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FIGURE 5-U 
HEAT GAIN IN DUCTWORK 
Figure 5-U shows a SHR line AB drawn through = SHR for conditioned 
A which represents the assumed room condition. Point room and ductwork |= 103,700 + 19,500 
D represents the required condition of the air supply as a whole 103,700 + 57,000 + 19,500 


leaving the cooling coils, and point E the state of the air 
supply entering the conditioned room. The rise from D 
to E in the dry bulb temperature (4 degrees) takes place 
in the ductwork. The rise in temperature of the air 
while flowing through the ducts rarely amounts to 
more than a few degrees in properly installed systems. 

When air is reheated after leaving the cooling coils, 
two SHR lines can be drawn: one for the conditioned 
room alone, and one for the room and ductwork as a 
whole. The following example illustrates this. 


Example 5-39: 


A room has a sensible heat gain of 103,700 Btuh and a 
latent heat gain of 57,000 Btuh. The sensible heat gain 
through the ductwork amounts to 19,500 Btuh. Find the 
SHR for the conditioned room alone, and also for the 
system as a whole. 


Solution: 

SHR for conditioned ) = 103,700 

room alone 103,700 + 57,000 
= 0.645 


0.684 

The heat gain in the ductwork is shown as line DE 
in Figure 5-U. The required condition of the air supply 
leaving the cooling coils is represented by point D. In 
the duct, the temperature of the air rises to point E. 
The air at E is delivered to the conditioned room, and 
heats up along the SHR line AE to the room condition A. 

In figuring the required air volumes, either point 
E or D can be used. The same answer will be obtained 
in either case because different values of sensible heat 
gain are used. If the air volume is figured from point D, 
the sensible heat gain used should include the heat gain 
in the ductwork; if figured from point E, the sensible 
heat gain of only the room should be used. The air 
supply absorbs the conduction heat gain of the ducts by 
rising in temperature from D to E. The same volume 
of air then absorbs the sensible heat gain of the room 
by rising in temperature from E to A. 


Example 5-40: 


If the room conditions are to be maintained at 78 DB and 
50% RH, calculate the volume of air required for the 
conditions of Example 5-39 by using both points E and D. 
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Solution: 


Based on air at E: 


Q= 4 
1.08 TD 
= 103,700 
1.08 (78 - 55) 
= 4180 cfm 


Based on air at D: 


Q= 123,000 
1.08 (78 - 51) 
= 4220 cfm 

This agrees, for practical purposes, as it is within 
the accuracy of usual field measurements for this air 
quantity. 

The standard cooling load estimate sheet, illus- 
trated in Chapter ITI, includes space for listing the duct 
heat gain. When this duct heat gain is included in the 
totals, the sensible heat ratio line used in routine cal- 
culations will be line AC rather than line AB of Figure 
5-U. Line AC is to be preferred, because its use avoids 
any chance of error in selecting point D and the re- 
quired air volume. Although the use of line AC gives a 
slightly erroneous picture of the action occurring, its 
use does result in correct numerical results when fig- 
uring air volumes and the required condition of the air 
supply leaving the cooling coils. 


Process Air Conditioning 

Air conditioning for industrial or process work is a 
whole field in itself. In this section it will be possible to 
touch upon only a few applications of this work. 

All of the previous discussions in this chapter have 
dealt with calculations for comfort cooling installations. 
Although the calculations for industrial process work 
are exactly the same in most applications, they some- 
times differ in one major respect. Human beings in a 
conditioned room not only liberate moisture, but also 
provide the latent heat necessary to evaporate this 
moisture. In most process work, latent heat must be 
provided from an external source if moisture is to be 
evaporated from objects to be dried. 

For example, take a case where wet bottles are 
being dried in a conditioned room. IF the room has a 
low humidity, the moisture will soon be evaporated. 
The only place from which the necessary latent heat can 
be obtained is the surrounding air. In spite of this, the 
temperature of the surrounding air does not fall be- 
cause whatever heat it surrenders to the wet bottles is 
being constantly replenished by the sensible heat gain 
of the room. Therefore, indirectly, the latent heat 
needed for the evaporation of the moisture is obtained 
from the sensible heat gain of the room. However, if 
these bottles were set directly upon a metal drying 
table heated by gas, the latent heat needed for the 
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evaporation of the water would be supplied directly by 
the gas instead of by the surrounding air. Therefore, it 
is necessary in all process work to determine whether: 

1. The latent heat needed for the evaporation of the 

moisture is to be supplied directly to the wet 
objects from an exterior source. 

2. The latent heat needed for the evaporation of the 

moisture is to be supplied by the surrounding air. 

If the installation is of the first classification, all 
calculations can be carried out as they have been pre- 
viously in this chapter. If the installation is of the 
second classification, there will be a slight, but impor- 
tant, change in the calculations. 

The computations for the latent and sensible heat 
gains of the room are carried out in exactly the same 
manner as outlined in Chapter III. However, in this 
case, it is important to remember that the latent heat 
gains are not, strictly speaking, heat gains as such. 
Rather, the figure for the latent heat gains simply 
represents the amount of latent heat needed to vapor- 
ize the moisture to be evaporated in the conditioned 
space. Inasmuch as there is no source of latent heat 
except the surrounding air, the heat needed for the 
evaporation of the moisture must be obtained either 
from the sensible heat gain of the room, from the con- 
ditioned air supply to the room, or from both. 

In installations that fall in the second classification, 
and in which the sensible heat gain exceeds the heat 
necessary for evaporation, the total heat gain of the 
room is equal to the sensible heat gain alone. Further- 
more, the computed latent heat gain of the room is 
subtracted from the computed sensible heat gain in 
order to find the net sensible heat gain left to raise the 
dry bulb temperature of the air supply. The balance of 
calculations are then carried through in the same man- 
ner described in the preceding sections of this chapter. 


Example 5-41: 


A conditioned room in which solid objects are to be dried 
has a sensible heat gain of 150,000 Btuh. The objects to 
be dried are carried through the room at the rate of two 
hundred separate pieces per hour. Each piece to be dried 
carries 0.2 Ib of water which is to be evaporated. The 
best color and finish are obtained on this particular prod- 
uct when the conditions in the drying room are main- 
tained at 70 DB and 30% RH. If the air enters the room 
at 55 DB, find the required wet bulb temperature of the 
air supply and its volume. 


Solution: 

Total weight of water = 0.2 x 200 

to be evaporated = 40 Ibs per hr 
Latent heat needed to = 40 x 1050 
evaporate the moisture = 42,000 Btuh 
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FIGURE 5-V 
AIR CONDITIONING PROCESSES 


As the latent heat needed for the evaporation of the moisture is to be evaporated. When the latent heat gain 
product is obtained from the sensible heat gain ofthe exceeds the sensible heat gain, and the deficit must be 
room, the balance of the sensible heat gain left to provided by the air supply, the point representing the 
raise the dry bulb temperature of the room amounts required condition of the air supply must lie on some 


to: line such as AD of Figure 5-V. As the air supply heats 
150,000 - 42,000 = 108,000 Btuh up along the line AD, it surrenders sensible heat and 
; SHR = 108,000 at the same time absorbs the evaporated moisture. 
150,000 In some industries, products must be dried in a 
= 0.72 high temperature room. In such cases the conditions of 


. : ati As . the room may, for example, be kept at 140 DB, and 10% 
The SHR line for this condition is AB of Figure 5-V. RH. As there will be a loss of sensible heat through the 
The required wet bulb temperature is 43.5 F,asread  watis of the room, the air supply must provide both the 


at point C. The required air volume is: sensible heat required to offset these heat losses and 
Q = 108,000 the heat required to evaporate the moisture. At the 

1.08 (70 - 55) same time, this air supply must absorb the moisture 

= 6667 cfm evaporated from the product. In this case, the percent- 


In some types of process work the quantity of age line will also lie in a position similar to line AD of 
latent heat needed to evaporate the moisture may Figure 5-V, because the air supply must surrender 
exceed the sensible heat gain of the room. When such _ sufficient sensible heat to offset the heat losses from 
a condition is encountered, sensible heat is frequently the room, and at the same time carry off the moisture 
added to the air supply in order to provide sufficient evaporated from the product. 
heat for evaporating the required moisture in the room. In all the cases discussed in this section, one loca- 
In this case, the air supply must havea higher dry bulb _ tion is maintained for point A in Figure 5-V in order to 
temperature than that to be maintained in the condi- contrast the position of the different SHR lines. The 
tioned room. On the other hand, the dew point tem- exact location of the SHR line AD depends upon the 
perature of the air supply must be lower than the dew amount of sensible heat lost by the air supply, as com- 
point to be maintained in the conditioned room, if the pared to the latent heat that it gains. The SHR scale on 
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the psychrometric chart is usable only for plotting lines 
that represent the combined processes of cooling and 
dehumidifying or heating and humidifying. 
Occasionally, it may be necessary to simulta- 
neously cool and humidify a conditioned room. In such 
a case, the air supply must absorb sensible heat and 
surrender moisture. Therefore, the SHR line will lie in 
a position similar to line AE of Figure 5-V. Here also, 
the exact location of the SHR line depends upon the 
amount of sensible heat gained by the air supply, as 
compared to the latent heat that it surrenders. 
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In some industrial processes, particularly in the 
winter, the conditioned space must be heated and hu- 
midified. This is also true of comfort air conditioning 
where rooms occupied by people are heated and hu- 
midified for comfort as well as health. This case is a 
common one. The position of the SHR line under these 
conditions is similar to AF of Figure 5-V. As the air 
supply cools down from its initial condition, it surren- 
ders sensible heat and moisture in the conditioned 
room, thus heating and humidifying it. 
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5-1. 


5-2. 


5-3. 


5-4. 


5-5. 


5-6. 


TRANE AIR CONDITIONING MANUAL 
PROBLEMS 


Submit a separate psychrometric chart for each problem with 
all necessary lines drawn on it and all points plainly labeled. 


A room to be maintained at 78 DB and 54% RH has a sensible 
heat gain of 83,000 Btuh and a latent heat gain of 11,300 Btuh. 
The air is supplied at 95% RH. Find: 

(a) the dry bulb temperature of the air supply 

(b) the wet bulb temperature of the air supply 

(c) the volume of air to be supplied 


A conditioned room is to be maintained at 75 DB and 50% RH. 
The room has a sensible heat gain of 112,000 Btuh and a latent 
heat gain of 21,000 Btuh. An air supply of 5000 cfm is to be 
provided. Find: 

(a) the dry bulb temperature of the air supply 

(b) the wet bulb temperature of the air supply 


Air leaves a bank of cooling coils at 58 DB and 90% RH. Asa 
result of this air being supplied to the room, the dry bulb 
temperature of the room is 77 and its wet bulb temperature 67. 
Find the sensible heat percentage of the room. 


Air leaves a bank of cooling coils at 52 DB and 50 WB. The air 
is supplied to a room to be maintained at 80 DB. The room has 
a sensible heat gain of 42,000 Btuh and a latent heat gain of 
10,000 Btuh. Find the relative humidity that can be maintained 
in the conditioned room. 


A room with a sensible heat gain of 210,000 Btuh and a latent 
heat gain 32,000 Btuh, is to be maintained at 80 DB with an air 
supply of 8000 cfm. If the air leaves the cooling coils at 95% RH, 
find the relative humidity in the conditioned room. 


A room, the sensible heat gain of which is 73,000 Btuh and the 

latent heat gain 15,000 Btuh, is to be maintained at 76 DB and 

50% RH. Air comes off the coil at 95% RH. The specifications 

require a total air supply of 7200 cfm. A bypass is to be pro- 

vided only for return air. Find: 

(a) the required dry bulb temperature of the chilled air supply 

(b) the required wet bulb temperature of the chilled air supply 

(c) the quantity of air that should be chilled 

(d) the quantity of return air that should be bypassed 

(e) the required dry bulb temperature of the mixture to be 
delivered to the room 

(f) the required wet bulb temperature of the mixture to be 
delivered to the room 


5-7. 


5-8. 


5-9. 


5-10. 


A room, the sensible heat gain of which is 82,000 Btuh and the 

latent heat gain 18,000 Btuh, is to be maintained at 78 DB and 

50% RH. A total air supply of 6200 cfm is to be delivered to the 

conditioned room. Of this total, 2100 cfm is outdoor air and 4100 

cfm is return air. The outdoor air is at 97 DB and 76 WB. A 

mixture of return and outdoor air is to be bypassed around the 

cooling coils. Assume that the air leaves the cooling coils at 95% 

RH. Find: 

(a) the required dry bulb temperature of the total air mixture 
delivered to the conditioned room 

(b) the required wet bulb temperature of the total air mixture 
delivered to the conditioned room 

(c) the required dry bulb temperature of the chilled air leaving 
the cooling coils 

(d) the required wet bulb temperature of the air leaving the 
cooling coils 

(e) the quantity of air that should be chilled 

(f) the quantity of air that should be bypassed 


A conditioned room to be maintained at 82 DB and 50% RH has 

a sensible heat gain of 410,000 Btuh and a latent heat gain of 

330,000 Btuh. The chilled air leaves the cooling coils at 55 DB 

and 54 WB. Find: 

(a) the required dry and wet bulb temperatures of the air 
supply to the conditioned room 

(b) the required volume of the chilled air supply 

(c) the sensible heat needed to reheat the chilled air leaving the 
cooling coils 


A room has a sensible heat gain of 350,000 Btuh and the latent 
heat gain 75,000 Btuh and is to be maintained at 80 DB and 50% 
RH. The chilled air leaves the cooling coils at 90% RH. Of the 
total volume of air delivered to the conditioned room, 30 per- 
cent is taken from the outdoors at 96 DB and 76 WB. Find the 
total refrigerating capacity needed. 


A drying room is to be maintained at 90 DB and 30% RH. This 
room has a sensible heat gain of 150,000 Btuh. The total weight 
of moisture to be evaporated from the objects to be dried 
amounts to 35 lbs per hr. There is no direct source of heat inside 
the conditioned room to provide the latent heat necessary to 
evaporate the moisture. Chilled air can be delivered to this 
room at 55 DB. Find: 

(a) the required wet bulb temperature of the air 

(b) the volume of chilled air needed 


CHAPTER VI 


REFRIGERATION THEORY, 
COMPRESSORS AND REFRIGERATION CYCLE COMPONENTS 


This chapter is devoted to a general discussion of 
refrigeration theory, the types of compressors, other 
components of a refrigeration cycle and a “trouble- 
shooting” section. It includes the basic fundamentals of 
refrigeration, details about refrigerants, and provides 
information on types of compressors and other compo- 
nents of the refrigeration cycle. It also lists important 
accessories in the refrigeration cycle and explains some 
of the more common causes of problems in the cycle. 

The science of refrigeration is based upon the fact 
that a liquid can be vaporized at any desired temper- 
ature by changing the pressure above it. Water, under 
the ordinary atmospheric pressure of 14.7 psia, will boil 
when its temperature has been raised to 212 F. The 
same water in a closed tank under a pressure of 67.013 
psia will not boil until its temperature has reached 
300 F. This is shown in Table 1-3. 

If water in a closed tank is at a temperature of 
100 F, it will begin to boil if the pressure is reduced to 
0.9492 psia by a vacuum pump. In fact, water can be 
made to boil at temperatures lower than 100 F if the 
pressure is lowered sufficiently, for instance, at 40 F if 
the pressure is reduced to 0.1217 psia. 

Liquids boiling at low temperatures are desirable 
as a medium for removing heat. Comparatively large 
quantities of heat are absorbed when liquids are evap- 
orated (changed to a vapor). Some of the liquids used 
as refrigerants boil at temperatures below zero under 
ordinary atmospheric pressure. Refrigerant 134A boils 
at -14.92 F, Ammonia at -28 F, and R-22 at -41.4 F. 

Another environmentally responsible refrigerant 
for chilling water in large centrifugal chiller applica- 
tions is R-123 which at atmospheric pressure boils 
at 82.11 F. For normal applications the evaporator 
pressure with this application will be sub-atmospheric 
(approximately 5 psia). 

In the case of liquid refrigerants with sub-zero 
boiling points at atmospheric pressure, refrigeration 
can be obtained without any equipment whatsoever. If 
liquid ammonia is poured into an open container sur- 
rounded by ordinary air, under the ordinary atmo- 
spheric pressure of 14.7 it will immediately begin to boil 
at -28 F. There will be a continuous flow of heat from 
the warm surrounding air, through the walls of the 


container, to the boiling ammonia. Moisture from the 
air will condense and freeze on the exterior of the 
container. Such a system would work satisfactorily in- 
sofar as cooling alone is concerned. 

To eliminate the hazard to life, a drum of ammonia 
could be connected to a coil, as in Figure 6-A, and the 
vaporized ammonia piped to the outdoors. An instal- 
lation such as this, aside from the unacceptable nui- 
sance caused by the ammonia, might provide 
satisfactory refrigeration. But, the cost of replacing 
lost ammonia — though it is one of the less expensive 
refrigerants — would be absolutely prohibitive. 
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FIGURE 6-A 
SIMPLE COOLING SYSTEM 


Because of this, the ammonia, or any other refrig- 
erant, must be used over and over again. For this 
purpose, equipment is needed in addition to that shown 
in Figure 6-A. The refrigerant must be delivered to the 
evaporator or cooling coil as a liquid because it can 
absorb heat only by vaporizing. Inasmuch as the re- 
frigerant leaves the cooling coil in the form of a vapor, 
it must be reduced to a liquid before it can be used 
again. The simplest way of accomplishing this would be 
to condense the vaporized refrigerant as it leaves the 
cooling coil. To condense the refrigerant vapor, the 
latent heat surrendered by the vapor during conden- 
sation must be transferred to some other medium. For 
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this purpose, water or air is ordinarily used. The water 
or air must be at a temperature lower than the con- 
densing temperature of the refrigerant. At any given 
pressure the condensing and vaporizing temperatures 
of a fluid are the same. If a refrigerant which vaporized 
at 40 F is to be condensed at the same temperature, 
water at a lower temperature is needed for this pur- 
pose. Obviously, if water at this lower temperature 
were available, mechanical refrigeration would not be 
required. 

As the temperature of available water or air is 
always higher than the temperature of the boiling re- 
frigerant in the evaporator, the refrigerant cannot be 
condensed as it leaves the evaporator. In order to con- 
dense the vapor, its pressure must be increased to such 
a point that its condensing temperature will be above 
the temperature of the water or air available for con- 
densing purposes. For example, if the pressure of 
steam is 0.1475 psia then it will condense at a temper- 
ature of 45 F. In order to condense the steam with 
water at 70 F, the steam must be compressed to a 
pressure above 0.3631 psia, which corresponds to a 
boiling or condensing temperature of 70 F. In the same 
way, the refrigerant vapor leaving the evaporator must 
be compressed to some pressure at which its condens- 
ing temperature will be above the temperature of the 
available air or water. For this purpose a compressor 


SUCTION LINE 
|‘ oa 


TRANE AIR CONDITIONING MANUAL 


is needed. After the pressure of the refrigerant vapor 
has been increased sufficiently, it may be liquified in 
the condenser with comparatively warm air or water. 

The only reason that the compressor and con- 
denser are introduced into the system is to enable the 
same refrigerant to be used over and over again. The 
cost of compressing and condensing the vaporized re- 
frigerant is far less than the cost of continuously pur- 
chasing refrigerant to replace that which would be lost. 

A simplified refrigerating system is illustrated di- 
agrammatically in Figure 6-B. In this case, the re- 
ceiver, in which the liquid refrigerant is stored, 
replaces the drum of Figure 6-A. On leaving the re- 
ceiver, the liquid refrigerant flows through the expan- 
sion valve, which is essentially nothing more than a 
needle valve. The compressor maintains a difference in 
pressure between the evaporator and the condenser. 
Without the expansion valve this difference in pressure 
could not, of course, be maintained. The expansion 
valve separates the high pressure part of the system 
from the low pressure part. It acts as a pressure re- 
ducing valve because the pressure of the liquid flowing 
through it is lowered. Only a small trickle of refrigerant 
fluid flows through the valve into the evaporator. In 
fact, the valve is always so controlled that only as much 
liquid can pass through it as can be vaporized in the 
cooling coil. 
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MECHANICAL REFRIGERATION SYSTEM 
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COMPRESSORS AND REFRIGERATION CYCLE COMPONENTS 


The liquid that flows through the evaporator is 
entirely vaporized by the heat flowing through the 
walls of the evaporator. This heat has been removed 
from the air or other fluid being cooled. After leaving 
the evaporator, the vaporized refrigerant flows to the 
compressor where its pressure is raised to such a point 
that it can be condensed by relatively warm water. 
After being compressed, the vapor flows to the con- 
denser. Here the walls of the condenser are cooled by 
water and, as a result, the vapor is liquified. Latent 
heat is transferred from the condensing vapor to the 
water through the walls of the condenser. From the 
condenser the liquid refrigerant flows back to the re- 
ceiver and the cycle is then repeated. 


Refrigerants 


Many substances have been used as refrigerants. 
In past years the most common have been air, ammo- 
nia, sulfur dioxide, carbon dioxide, and methyl- 
chloride. Today new environmentally friendly 
refrigerants are being used almost exclusively in air 
conditioning systems. 

The first requisite for a refrigerant in air condi- 
tioning is that it should be neither poisonous nor in- 
flammable. There is always the possibility that a leak 
may develop in the evaporator or cooling coil; the air 
flowing through the coil may then carry the refrigerant 
into the conditioned spaces. It is therefore essential 
that refrigerants be as nontoxic and nonflammable as 
possible. 

ASHRAE Standard 34-1992 provides a simple 
means of referring to common refrigerants and estab- 
lishes a uniform system for assigning reference num- 
bers and safety classifications for their use. 

Fluorinated hydrocarbons are refrigerants de- 
rived from hydrocarbons and contain chlorine and flu- 
orine. They are noncorrosive, nonflammable, nontoxic, 
nonexplosive, clear water-white and have a slightly 
sweet odor. By building up a molecular structure of 
hydrocarbons to yield the proper molecular weight and 
physical properties, chemists can manufacture new re- 
frigerants with boiling temperatures that occur at vir- 
tually any design pressure. This has permitted the 
engineer to improve the design of the basic components 
of the refrigeration cycle by the development of more 
compact equipment at reduced costs. 

Until the decade of the 90’s, Refrigerant-11, 
Refrigerant-12 and Refrigerant-22 were considered the 
principal refrigerants for air conditioning. They oper- 
ate at moderate pressures and were easily handled. 
Refrigerant-22 was originally developed for low tem- 
perature applications since it has a boiling point of 
-41.36 F at atmospheric pressure. With Refrigerant-22, 
the cfm per ton is less than with Refrigerant-12, so 
design engineers have recently applied it extensively 
to refrigeration systems for comfort cooling to achieve 
greater compactness. 
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Different refrigerants can be used to vary the ca- 
pacity of a compressor. For example, a line of recipro- 
cating compressors may have capacity ratings of 5, 10, 
15, and 20 tons with Refrigerant-12. If Refrigerant-22 
is used, the capacity of the same compressors may be 
8, 15, 23, and 30 tons respectively. It is not recom- 
mended, however, that refrigerant in a system be 
changed without approval of the compressor or system 
manufacturer. 

Often times the decision to change refrigerants will 
necessitate other changes to the system to allow it to 
perform in an acceptable manner. Some, but not all, of 
the considerations that must be dealt with include such 
things as acceptable refrigerant velocity to insure 
proper oil return to the compressor, proper expansion 
valve operation due to different refrigerant mass flow 
through the expansion valve, and proper compressor 
oil and refrigerant compatibility with changes in the 
refrigerant properties. In addition the seals utilized in 
the compressor must be compatible not only with the 
refrigerant, but also the compressor oil that has been 
chosen because of its refrigerant compatibility. This is 
why it is mandatory to consult with the compressor and 
system manufacturer before changing refrigerants in 
the compressor or system containing a compressor. 


Tables of Refrigerant Properties 


The properties of the various refrigerants can be 
tabulated in exactly the same way as the properties of 
steam are tabulated in Tables 1-3 and 1-4. The prop- 
erties of saturated and superheated R- 12 are tabulated 
in Tables 6-1 and 6-2 and the properties of R-22 are 
tabulated in Tables 6-5 and 6-6. The properties of sat- 
urated R-123 and R-134a are shown in Tables 6-36 and 
6-37. In the first column of Tables 6-1, 6-5, 6-36 and 6-37 
are listed the boiling temperatures corresponding to 
the various pressures shown in the second column of 
each table. The density and enthalpy (heat content) of 
the vapor and liquid are also given in each of these two 
tables. The specific volume and enthalpy for super- 
heated Refrigerant-12 and -22 are given in Tables 6-2 
and 6-6. Note that the units of pressure in these tables 
are pounds per square inch absolute. Tables 6-1 
through 6-5 plus 6-36 and 6-37, are used in exactly the 
same way as Tables 1-3 and 1-4. 


Example 6-1: 


One pound of liquid Refrigerant-22 at 20 F is heated to 
70 F and then vaporized. Find the change in enthalpy for 
the refrigerant for these conditions. 


Solution: 

Referring to Table 6-5, 

Enthalpy of vapor at 70 F = = 110.414 Btu per Ib 
Enthalpy of liquid at 20 F 15.837 

Change in enthalpy = 94.577 Btu per Ib 


Il 
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Example 6-2: 


(a) The gauge on a receiver containing Refrigerant- 22 
reads 196 psig. What is the temperature of the sat- 
urated refrigerant in the receiver? 


(b) If the refrigerant is found to enter the condenser at 
a pressure of 205.3 psig and a temperature of 170 F, 
what is its enthalpy? 


Solution: 


(a) Referring to Table 6-5, 
the gauge pressure of 195.91 is found in column 3, 
and the saturation temperature corresponding to 
this pressure is found in column 1. Therefore, the 
temperature of the Refrigerant- 22 in the receiver 
is about 100 F. 


(b) Referring to Table 6-6, 

it will be noted that only absolute pressures are 
given. Assuming a barometric pressure of 14.7 
psia, the absolute pressure is: 205.3 + 14.7 = 220 
psia. Thus, the condition of the refrigerant vapor 
entering the compressor will be found in a column 
headed 220 psia and on the 170 F line. The en- 
thalpy of the refrigerant is 126.392 Btu per lb. 


The p-h Chart 


The p-h chart, or pressure-enthalpy chart, is quite 
helpful in the study of refrigeration cycles. The chart 
is convenient because columns of figures from several 
tables are shown graphically; thus it is easy to visualize 
the changes that take place as the refrigerant flows 
from one part of the cycle to another. On the p-h chart 
several of the physical properties of a refrigerant are 
plotted on the two scales of pressure (p) and enthalpy 
(h). Charts 6-1, 6-2, 6-7 and 6-8 in the appendix are p-h 
charts for Refrigerants-12, -22, -123 and 134A, while 
Figure 6-C is a skeleton p-h chart that will be used for 
discussion. 
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Horizontal lines on the p-h chart are lines of con- 
stant pressure and vertical lines are lines of constant 
enthalpy. The line marked “saturated liquid” is really 
a plot of the pressure and enthalpy of the saturated 
liquid. To draw the saturated liquid line on Chart 6-1, 
the values of columns 2 and 6 in Table 6-1 are located 
on the pressure and enthalpy scales and the points 
connected by a smooth curve. In exactly the same way, 
the line marked “saturated vapor” is a curve drawn 
through the points found by plotting columns 2 and 8 of 
Table 6-1 on the pressure and enthalpy scales on Chart 
6-1. 

In order for a refrigerant to boil at a given tem- 
perature, the pressure above the refrigerant liquid 
must be at a definite value. In Table 6-1, column 2 gives 
the boiling pressure corresponding to the temperature 
in column 1. It is also true that for each pressure in 
column 2, there is a corresponding boiling temperature 
(column 1). Some of these temperatures are shown on 
the saturated liquid and saturated vapor lines on the 
p-hcharts. In Table 6-1 as an example, at a temperature 
of -20 F, the pressure is 15.267 psia, the enthalpy of 
saturated liquid (column 6) is 4.2357 Btu per lb, and the 
enthalpy of saturated vapor (column 8) is 75.110 Btu per 
Ib. Referring now to Chart 6-1, -20 F is found at the 
intersection of the horizontal pressure line of 15 and the 
vertical enthalpy line of 4. On the saturated vapor line 
-20 F is found at the intersection of the pressure line of 
15 and the enthalpy line of 75. 

It should be noted that scale divisions of the p-h 
chart are such that exact values cannot be located. 
Thus, the merit of the p-h chart is the assistance it gives 
the reader in visualizing the refrigeration cycle. In 
addition it provides approximate data that are suffi- 
ciently precise for many problems. In instances where 
exact values are required, the data from the refrigerant 
tables should be used. 


The p-h chart is divided into three general areas by 
the saturated liquid line and the saturated vapor line. 
The area to the left of the saturated liquid line is called 
the subcooled region. The area to the right of the sat- 
urated vapor line is called the superheated region and 
the area between the saturated liquid and saturated 
vapor lines is called the “wet” region or mixture 
region. 

Temperature lines are horizontal within the mix- 
ture region. This can be illustrated by an example of 
Refrigerant-12 at a temperature of -20 F. It is clear 
from the p-h chart that -20 F on the saturated liquid line 
and -20 F on the saturated vapor line are on the hor- 
izontal pressure line of 15.267 psia. In the superheat 
region temperature lines are almost vertical at low 
pressures, but bend toward the left above the middle 
of the chart. In the superheat region the constant tem- 
perature lines are twenty degrees apart and are 
marked by numbers that go diagonally upward toward 
the right from 40 F to 700 F. Lines of constant volume 
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are indicated in the superheat region; these lines have 
a gentle slope upward to the right. Entropy is another 
physical property of refrigerants ; it is especially useful 
in analyzing the compression of refrigerants. Entropy 
is defined as the ratio of the heat added to a substance 
to the absolute temperature at which it is added. It is 
sufficient to remember that compression in a recipro- 
cating compressor is considered to occur at constant 
entropy. Lines of constant entropy are plotted on the 
p-h chart and slope sharply upward toward the right in 
the superheat region. 

Chart 6-2 is a p-h chart for Refrigerant-22 and is 
plotted from Tables 6-5 and 6-6. The general remarks 
in the above paragraph about areas of the p-h chart and 
the groups of lines for different properties apply to both 
Charts 6-1 and 6-2. 

Refrigerant to the left of or on the saturated liquid 
line is all liquid. Refrigerant to the right of the satu- 
rated vapor line is all superheated vapor. The temper- 
ature of any point on the saturated liquid line or 
saturated vapor line is the saturation temperature cor- 
responding to that pressure. If the refrigerant on the 
saturated liquid line — for example, point A in Figure 
6-C — absorbs heat with no change in pressure, it will 
begin to boil and evaporation will take place with no 
change in temperature. The refrigerant then moves 
into the mixture region and as heat is added — that is, 
as enthalpy increases — the liquid in the liquid-vapor 
mixture evaporates. The mixture becomes a saturated 
vapor as it reaches the saturated vapor line at point B. 
Any addition of heat at constant pressure moves the 
refrigerant into the superheat region — for example, to 
point C. 

In Figure 6-B there are four components of the 
refrigeration cycle: expansion valve, evaporator, com- 
pressor and condenser. The four components of the 
refrigeration cycle can be identified on the p-h chart by 
the four processes of expansion, evaporation, compres- 
sion, and condensation. 

The expansion process, termed a throttling pro- 
cess, takes place as the liquid passes through the ex- 
pansion valve. From the p-h chart it will be noted that 
the pressure is reduced from condenser pressure on the 
high side of the valve to the evaporator pressure on the 
low side of the valve. The enthalpy on both sides of the 
expansion valve is the same, hence, the throttling pro- 
cess appears as a vertical line JD, Figure 6-C, on the p-h 
chart. 

In the evaporation process the refrigerant enters 
the evaporator as a mixture of liquid and vapor, point 
D, Figure 6-C. As the refrigerant flows through the 
evaporator, it absorbs the heat necessary to vaporize 
it, and theoretically leaves as a vapor at point E, Figure 
6-C. 

Any point on the saturated vapor line represents 
refrigerant that has absorbed exactly the amount of 
heat required to transform it from liquid to vapor at 
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that pressure. If it absorbs more heat at the same 
pressure, the refrigerant is said to be superheated. 

In actual practice the refrigerant is superheated in 
the evaporator. This will be explained later under ex- 
pansion valve operation. The refrigerant will be further 
superheated while travelling between the evaporator 
and the compressor. This superheating is shown on the 
p-h chart by the line EF. 

The compression process requires energy to raise 
the vapor from the low pressure in the evaporator to 
a higher pressure. The refrigerant vapor absorbs this 
energy, called the heat of compression. This process is 
shown as line FH, Figure 6-C, on the p-h chart. The 
final process in the refrigeration cycle is condensation. 
This occurs at a constant pressure and is represented 
by line HJ, Figure 6-C, on the p-h chart. During con- 
densation the heat picked up in the evaporator plus the 
superheat and the heat of compression is transferred to 
water or air passing over or through the condenser and 
the refrigerant condenses. The liquid refrigerant then 
returns to the expansion valve to begin another cycle. 

To summarize the theoretical refrigeration cycle on 
the p-h chart, the four processes of the cycle are each 
represented by a line in which one of the physical prop- 
erties of the refrigerant is held constant. Referring to 
Figure 6-C, there are two lines of constant pressure 
(horizontal): one for the evaporator, D to F, and the 
other for the condenser, H to J. There is one line of 
constant enthalpy (vertical) representing the throttling 
process through the expansion valve, J to D. The fourth 
process is one of compression, and for the theoretical 
cycle is represented as a line of constant entropy, 
F to H. 


Unit of Capacity 

Before the era of mechanical refrigeration, ice was 
used for refrigeration. A ton of ice melting in 24 hours 
will absorb heat at the rate of 12,000 Btu per hr 
(144 x 2000). This figure was carried over into the 


field of mechanical refrigeration where a refrigeration 
system which could remove heat at the rate of 12,000 
Btu per hr (200 Btu per min), was said to have a capacity 
of one ton. Note that a ton of refrigeration is a heat 
flow rate. For example, a packaged air conditioning 
unit rated at 5 tons is capable of absorbing heat at arate 
of 60,000 Btu per hr (5 x 12,000) in its evaporator. 


Refrigerating Effect 

The quantity of heat that each pound of refrigerant 
absorbs while flowing through the evaporator is known 
as the refrigerating effect. Each pound flowing 
through the evaporator is able to absorb only the heat 
needed to vaporize it, if no superheating takes place. 
(The effect of superheating is discussed later.) If the 
liquid approaching the expansion valve were at exactly 
the temperature at which it was vaporizing in the coil, 
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the heat that the refrigerant could absorb would be 
equal to its heat of vaporization. In other words, the 
refrigerating effect would be the same as the heat of 
vaporization. However, the temperature of the liquid 
approaching the expansion valve is nearly always 
higher than the temperature of the vaporizing refrig- 
erant in the evaporator. Therefore, the refrigerating 
effect is always less than the heat of vaporization. 

In the theoretical refrigerating cycle, heat is added 
to the refrigerant liquid only as it flows through the 
evaporator. Actually, as the liquid flows through the 
pipeline on its way to the expansion valve and the 
evaporator, it may either lose or gain heat depending 
on whether the temperature of the air surrounding the 
pipe is higher or lower than the temperature of the 
liquid. The liquid flowing through the expansion valve 
can neither gain nor lose heat and, as mentioned pre- 
viously, the throttling process does not change the 
enthalpy of the refrigerant. 

The heat added to each pound of refrigerant in the 
evaporator is the difference between the enthalpy of 
the vapor leaving the evaporator and the enthalpy of 
the liquid-vapor mixture entering the evaporator. As 
no heat is added to the refrigerant during the throttling 
process, the heat added in the evaporator must be the 
difference between the enthalpy of the vapor leaving 
the evaporator and the enthalpy of the liquid approach- 
ing the expansion valve. 

The situation existing on the two sides of an ex- 
pansion valve is similar to those in the preceding para- 
graphs. In a system using R-22 as the refrigerant, 
suppose the pressure in an evaporator is 68.5 psig. The 
highest temperature at which it is possible to have 
liquid Refrigerant-22 in the evaporator at 68.5 psig is 
40 F (see Table 6-5). Suppose the liquid approaching the 
expansion valve is at 80 F. As it passes through the 
expansion valve, the liquid must cool from 80 F down 
to 40 F. Because of the sensible heat thus surrendered, 
a small part of the liquid vaporizes. The sensible heat 
lost by the liquid, as it cools from 80 F to 40 F, is 
converted into latent heat and a small part of the liquid 
flashes into vapor. The balance of the liquid will va- 
porize as soon as sufficient heat is provided; this occurs 
as it flows through the evaporator. For the conditions 
just mentioned, 14 percent of the liquid will be vapor- 
ized while flowing through the expansion valve. There- 
fore, for each pound of refrigerant flowing through the 
expansion valve, only 0.86 Ib of liquid is useful in ab- 
sorbing heat in the evaporator because the other 0.14 
Ib has already been vaporized and can no longer absorb 
heat as long as it is mixed with the liquid. For this 
reason, the refrigerating effect of a refrigerant is 
always less than its latent heat. In this case, the re- 
frigerating effect would be equal to 86 percent of the 
latent heat. 
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Example 6-3: 
What is the refrigerating effect of one pound of R-22 if 
the pressure in the evaporator is 68.5 psig and the tem- 
perature of the liquid approaching the expansion valve 
is 80 F? 


Solution: 


Referring to Table 6-5, 
Temperature of vaporizing 
refrigerant in the evaporator 


at 68.51 psig = 40F 

Enthalpy of each lb of 

vapor leaving the 

evaporator at 40 F = 108.142 Btu 

Enthalpy of liquid at 80 F = 33.109 

Refrigerating effect per lb = 75.033 Btu 
(See Table 6-7) 


Refrigerating effects for common conditions are 
found in Table 6-3 for R-12 and Table 6-7 for R-22. 


It is evident that the refrigerating effect depends 

upon: 

1. The temperature at which the liquid is vaporizing 
in the evaporator. 

2. The temperature of the liquid approaching the 
expansion valve. 

Although the enthalpy of a refrigerant does not 
change while it flows through an expansion valve, there 
is a change in the refrigerant itself — a small part of it 
is vaporized. It is important to remember that no sub- 
stance can remain liquid at a temperature higher 
than the boiling temperature corresponding to its 
pressure. Thus, under ordinary atmospheric pressure, 
water may exist as such, at any temperature up to 212 
F. However, if the temperature of the water is raised 
to 300 F in a boiler, and it is then discharged into the 
atmosphere through a valve, a part will immediately 
flash into steam while the balance, which remains 
liquid, will cool simultaneously from 300 F down to 212 
F. The sensible heat surrendered in cooling from 300 to 
212 F supplies the latent heat that vaporizes the small 
part that flashes into steam. 

Take another example: Water initially at 200 F is 
in a closed vessel at atmospheric pressure. A vacuum 
is pulled above the water surface until the pressure is 
reduced to 0.949 psia. During this process enough 
water will flash into steam to remove the sensible heat 
surrendered by the water as it cools from 200 F down 
to 100 F. 


Example 6-4: 
The pressure being maintained in an evaporator is 
65.640 psig. Refrigerant-22 liquid at 80 F enters the 
expansion valve. Find: 
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(a) the percent of liquid vaporized while passing through 
the expansion valve 


(b) the refrigerating effect of each pound of refrigerant 
flowing through the evaporator 


Solution: 


(a) Referring to Table 6-5, 
The vaporizing temperature 
in the evaporator 
corresponding to 65.640 psig = 38 F 


The heat that each pound of liquid surrenders 
when cooling from 80 to 38 F is found as follows: 


Referring to Table 6-5, 

Enthalpy of liquid at 80 F = 33.109 Btu per lb 
Enthalpy of liquid at 38 F = 20.856 Btu per lb 
Heat lost by liquid in cooling = 12.253 Btu per |b 


The heat lost by the liquid in cooling causes the 
vaporization of a small part of the liquid as it 
leaves the expansion valve. 


Referring to Table 6-5, 
Latent heat required 
to vaporize 1.0 lb of 


Refrigerant-22 at 38 F = 87.118 Btu 
But only 12.253 Btu are available for vaporization. 
Therefore, 
Weight of liquid that = 12.253 
is vaporized = 87.118 
= 0.1406 lb 


In other words, of each pound of refrigerant that 
leaves the expansion valve and flows into the evap- 
orator, 0.1406 lb will be vapor and 0.8594 lb will be 
liquid. Thus, 14.06 percent of the liquid was vapor- 
ized in flowing through the expansion valve. 


(b) The vaporization of only the remaining 85.94 per- 
cent of liquid is useful in producing the refriger- 
ating effect in the evaporator. Therefore, the 
refrigerating effect of each pound of refrigerant is 
found as follows: 


Referring to Table 6-5, 

Heat of vaporization at 38 F = 87.118 Btu per lb 

Refrigerating effect = 0.8594 x 87.118 
= 74.869 Btu per lb 


The refrigerating effect can be found either by the 
method of the preceding example or by reference to 
Table 6-7 for R-22. 


Weight of Refrigerant To Be Circulated 


The amount of heat absorbed by the refrigerant in 
the evaporator can be expressed by the following equa- 
tion 
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q = heat absorbed in the evaporator, Btu per min 
W = weight rate of flow of refrigerant, lb per min 
RE = refrigerating effect, Btu per lb of refrigerant 


Equation 6-1 is useful for determining the amount 
of refrigerant to be circulated when the capacity and 
operating conditions of a plant are known. As an illus- 
tration, suppose that for a given set of operating con- 
ditions the refrigerating effect is 50 Btu per Ib. The 
amount of refrigerant to be circulated for an evaporator 
capacity of 1,000 Btu per min is: 


W=q 


E 
= 1,000 
50 


= 20 lb per min 
It has been found convenient in design calculations 
to express the weight of refrigerant to be circulated in 
terms of pounds of refrigerant per ton. This is a handy 
yardstick to compare refrigeration plants. 
To determine pounds of refrigerant to be circulated 
per ton equation 6-1 is modified as follows: 


W = 200 
RE 
Where we have substituted 200 for q, the answer is in 
pounds of refrigerant circulated per ton. 


Example 6-5: 


The temperature of the vaporizing Refrigerant-22 in an 
evaporator is 34 F. The temperature of the liquid ahead 
of the expansion valve is 78 F. Find a. weight of liquid 
to be circulated per minute per ton; b. weight of liquid 
to be circulated in a 15 ton plant. 


Solution: 


Referring to Table 6-5, 

the enthalpy of saturated vapor at 34 F is 107.632 Btu 
per lb and the enthalpy of saturated liquid at 
78 F is 32,506 Btu per lb. Thus, 


W =200 
RE 
RE = 107.632 - 32.506 
= 75.126 Btu per lb 
W = 200 
75.126 


= 2.662 lb per min per ton 


W = Weight to be 
circulated in 
a 15 ton plant 


= 15 x 2.662 = 39.93 lb 
per min. 
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The discussion of the p-h chart earlier in this chap- 
ter dealt with the physical properties of the refrigerant 
and the various groups of lines on the chart. Charts 6-1 
and 6-2 in the appendix are much quicker to use for 
many problems than the tables of the properties of 
refrigerants. These charts have the advantage that all 
of the processes in the refrigeration cycle can be viewed 
at one time. The following example will illustrate the 
use of a p-h chart. 


REFRIGERANT-22 


ic] 


PRESSURE, PSIA 


39 108 118 


ENTHALPY, BTU PER LB 


FIGURE 6-D 
P-H CHART FOR EXAMPLE 6-6 
Example 6-6: 

A water chiller using Refrigerant-22 has a nominal 
rating of 60 tons when the evaporator temperature is 
40 F and the condensing temperature is 100 F. Assume 
the following conditions: 
1. No pressure drop in the condenser or the evaporator. 
2. No losses in the compression process. 
3. Saturated vapor leaves the evaporator and enters the 


compressor. 
4. Saturated liquid leaves the condenser. 


For the theoretical refrigeration cycle, compute: 

(a) Required refrigerant flow. 

(b) Change in enthalpy for the compression process. 
(c) Heat to be dissipated by the condenser. 


Solution: 


Figure 6-D shows a p-h chart for Refrigerant-22 
marked for this problem. It was drawn in four steps 
as follows: 


STEP 1: Point A represents the saturated liquid 
leaving the condenser and it is found at “+ 100” on 
the saturated liquid line. The condenser pressure 
corresponding to 100 F can be read from the chart as 
approximately 210 psia. The absorption of heat in the 
evaporator takes place on the constant temperature 
line of 40 F. The pressure corresponding to an evap- 
orator temperature of 40 F can be read from the chart 
as 84 psia. Thus, the vertical line drawn from point 


A to the evaporator pressure line, point B, repre- 
sents the throttling process of the refrigerant pass- 
ing through the expansion valve. 


STEP 2: The evaporator pressure can be read from 
the chart at ‘‘+ 40” on the saturated liquid line as 84 
psia. The horizontal line from B represents the heat 
the refrigerant gains as it passes through the evap- 
orator. Since saturated vapor leaves the evaporator, 
the process ends at point C on the saturated vapor 
line. 


STEP 3: Saturated vapor enters the compressor at 
point C. The compression process ends at some point 
on the 210 psia line, which is the condenser pressure. 
The theoretical compression process is one of con- 
stant entropy. Therefore, a curve beginning at point 
C, and drawn parallel to a constant entropy line, 
represents the compression process. Point D is found 
at the intersection of the constant entropy curve just 
drawn and the 210 pressure line. 


STEP 4: The refrigerant vapor enters the condenser 
at D. In the theoretical cycle there is no pressure 
drop in the condenser and the refrigerant leaves the 
condenser at 210 psia at point A on the saturated 
liquid line. 

Thus, in Figure 6-D, A-B represents the throttling 
process through the expansion valve, B-C represents 
the evaporation process, C-D represents the com- 
pression process, and D-A is the condensing process. 


(a) The refrigerating effect has already been seen to 
be the difference between the enthalpy of the 
refrigerant vapor as it leaves the evaporator 
minus the enthalpy of the liquid refrigerant as it 
enters the expansion valve. These values can be 
read from the bottom of the chart as: 


RE = 108- 39 
= 69 BTU per bb. 


The refrigerant flow rate per ton is 
W = 200 = 2.90 lb per min per ton 
69 
The refrigerant flow rate for a 60 ton system 


= 2.90 x 60 
= 174.0 lb per min. 


(b) The change in enthalpy during the compression 
process is the difference in the enthalpy of the 
vapor entering and leaving the compressor. Thus, 
Change in enthalpy = 118.0 - 108 
during compression = 10.0 Btu per lb 


(c) Theoretically, the heat dissipated in the condenser 
is the total of the heat pumped from the evapo- 
rator and the heat of compression. Thus, 

= (108 - 39) + (118.0 - 108) 
= 69+ 10.0 
= 79.0 Btu per lb 
q = 79.0 x 174 
= 13,746 Btu per min 
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In the actual case the condenser will be required to 
transfer more heat than given in part (c) as the heat 
caused by friction in the compressor was neglected. 
This is customary for the theoretical refrigeration 
cycle, but must be taken into account in the actual cycle. 
The theoretical compression process was assumed to be 
isentropic; that is, the compression process C to D of 
Figure 6-D was assumed to take place at constant en- 
tropy. Volumetric Efficiency and Power Require- 
ments of Compressors are later sections in this 
chapter that will discuss this subject in more detail. 

Reference to Table 6-5 will show that the p-h chart 
is quite accurate, providing care is exercised in reading 
values from this chart. For example, Table 6-5 gives the 
enthalpy of saturated liquid at 100 F as 39.267 Btu per 
Ib, whereas the chart provides 39; saturated vapor at 
40 F is 108.142 Btu per lb from Table 6-5, and 108 from 
the chart. The great utility of the chart occurs, how- 
ever, from the saving in time in finding the enthalpy at 
point D. The value of 118.0 Btu per Ib is read quickly 
from the chart, whereas the involved process of four- 
way interpolation is required to produce 117.984 Btu 
per lb from Table 6-6. 


Coefficient of Performance 


The coefficient of performance, abbreviated COP, 
is the ratio of the refrigerating effect to work supplied, 
with the refrigerating effect and work each expressed 
in the same thermal units. For the cycle in Example 6-6, 
the coefficient of performance is computed as follows: 


COP = RE (6-2) 
Work 


= 69 

10 

= 6.9 
Therefore, from a theoretical standpoint, 6.9 Btu 
can be removed from the evaporator for the expendi- 
ture of only 1.0 Btu in power. In the actual case, the 
COP will be somewhat less than this theoretical value 
of 6.9 due to throttling of the refrigerant passing 
through the compressor valves and friction in the work- 
ing parts of the compressor. The COP is a useful means 
of comparing the performance of various cycles. It is 
also valuable in predicting the effect of changing op- 
erating variables; for example, head pressure, evapo- 

rator temperature, and compressor speed. 


The Compressor As A Pump 


The function of the compressor is to pump refrig- 
erant vapor from the evaporator to the condenser. As 
compression device rotates, it draws refrigerant vapor 
from the evaporator into the compression chamber. As 
the compression device continues to rotate, it com- 
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presses the vapor until the volume of the vapor has 
been reduced and its pressure has been increased con- 
siderably. 

Obviously, the compressor must remove the re- 
frigerant vapor from the evaporator as fast as it is 
vaporized. If the refrigerant vaporizes faster than the 
compressor is able to remove it, the accumulated ex- 
cess of vapor will increase the pressure inside the evap- 
orator. If this occurs, the boiling point of the liquid will 
be raised. As a result, it may not be possible to maintain 
the air passing over the evaporator at the desired low 
temperature. 


Compression Device Displacement 


The refrigerant vaporizing at one certain temper- 
ature inside the evaporator has a definite volume. Be- 
cause the compression chambers of the compressors fill 
only during a portion of the compressor cycle, the com- 
pression chamber volume must be at least large enough 
to accommodate the weight of refrigerant vaporized in 
the interval between intake cycles. If the compression 
chamber is less than this, the vapor that remains 
behind in the evaporator will increase the evaporator 
pressure, and, hence, increase the boiling point of the 
liquid. Thus, the compression device having a volume 
of one cubic foot would have to make 100 cycles per 
minute in order to compress 100 cubic feet of vapor per 
minute (for a single-acting compressor). The total vol- 
ume swept by the compression device during every 
minute must be 100 cubic feet. The volume swept by the 
compression device during any certain interval of time 
is known as its displacement. The compressor just re- 
ferred to has a compression device displacement of 100 
cubic feet per minute. It is evident that the displace- 
ment must be at least equal to the volume of refrigerant 
vaporized. 

It is apparent, therefore, that the size of the com- 
pression device and its speed must be based upon the 
volume of vapor to be removed from the evaporator. 
The method of determining the weight of refrigerant to 
be removed from the evaporator and circulated 
through the refrigerating system was discussed in the 
preceding section. The next step consists in finding the 
volume of this weight of refrigerant. Column 5 of 
Tables 6-1 and 6-5 gives the density — that is, the mass 
of one cubic foot of saturated vapor — at various tem- 
peratures. In order to find the total volume occupied by 
any weight of refrigerant, it is only necessary to divide 
the weight evaporated by the density obtained from 
column 5 of either Table 6-1 or 6-5. 

Specific volume, the volume occupied by one pound 
of superheated refrigerant vapor, can be read directly 
from the superheat tables. For example, the specific 
volume of superheated Refrigerant-22 at a pressure of 
55 psia and a temperature of 70 F is 1.1232 cu ft per Ib. 
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Referring to the superheat tables for Refrigerant-22 
(Table 6-6), 1.1232 is found on a line of 70 F and in the 
pressure column of 55 psia. 


Example 6-7: 


A refrigeration system of one ton capacity has an evap- 
orator temperature of 40 F. Refrigerant-22 liquid at a 
temperature of 72 F is available ahead of the expansion 
valve. Find: 

(a) the refrigerating effect 

(b) weight of refrigerant to be circulated per ton 

(c) volume of vapor leaving the evaporator per minute 


Solution: 


(a) Referring to Table 6-5, the enthalpy of saturated 
vapor at 40 F is 108.142 Btu per lb and the en- 
thalpy of saturated liquid at 72 F is 30.710 Btu per 
Ib. 


Then, refrigerating effect, RE, is found as follows: 


RE = 108.142 - 30.710 
= 77.432 Btu per Ib 


(b) Weight of refrigerant circulated per ton — 
W = 200 
RE 
= 200 
77.432 
= 2.583 lb per min per ton 


(c) Referring to Table 6-5, 
Density of vapor 


at 40 F = 1.5208 Ib per cu ft 
Total volume of vapor 
leaving evaporator = 2.583 

1.5208 


= 1.698 cfm per ton 


As 1.698 cfm of refrigerant will be vaporized, the size 
and the speed of the compressor — the compressor 
displacement — must be such that it can remove this 
volume of vapor for each ton of refrigerating capacity 
desired. 


In a reciprocating compressor used for air condition- 
ing, the cylinder fills with refrigerant vapor only 
during the downstroke of the piston. In other words, 
the cylinder fills with vapor once during each revo- 
lution. In a compressor running at 100 rpm, the cyl- 
inder will fill with vapor 100 times per minute. 
Multiplying the cylinder volume by the revolutions 
per minute gives the piston displacement of a recip- 
rocating compressor. 


To determine the displacement of any single-acting 
reciprocating compressor the following formula may 
be used. 
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Q =D?xLxNx RPM 


2200 
where 
Q = Displacement in CFM 
D_~ = Cylinder bore in inches 
L = Length of stroke in inches 
N = Number of cylinders 


RPM = Speed in revolutions per minute 


The theoretical refrigerating capacity of a given 
compressor can be found by dividing its piston dis- 
placement by the volume of refrigerant to be circu- 
lated per ton of refrigeration. 


Example 6-8: 
Find the theoretical refrigerating capacity of a single 
cylinder reciprocating compressor operating under the 
conditions of Example 6-7. The compressor has a 2.75 
inch bore and a 2.0 inch stroke. The compressor runs at 


a speed of 1750 rpm. 


Solution: 


Q = D?x Lx Nx RPM 
2200 


2.75% x 2.0 x 1 x 1750 
2200 


12.03 efm 


According to Example 6-7, 1.698 cfm of vapor must 
be compressed for a refrigerating capacity of one ton. 
Therefore, for the compressor of this example, 
Capacity = 12.03 
1.698 


= 7.08 Tons 
Most reciprocating compressors are multicylinder, 


usually having two to eight cylinders. The total piston 


displacement of such a compressor is found by mulkti- 


plying the piston displacement of one cylinder by the 
number of cylinders. 


The above discussion and Examples 6-7 and 6-8 


have assumed that saturated vapor enters the com- 
pressor. That is, it was assumed that the vapor could 
be represented by point E in Figure 6-C. Now suppose 


that after the refrigerant leaves the evaporator at 


point E, it picks up 20 degrees of superheat when 


flowing from the evaporator to the compressor, thus 
enters the compressor at point F. This increase in tem- 
perature affects the operation of the compressor be- 
cause the vapor is less dense and the compressor 
requires more strokes to pump the same weight of 
refrigerant. This change is easy to calculate after lo- 
cating point F in the superheat tables. 

The saturation pressure corresponding to 40 F is 
found in Table 6-5 to be 83.206 psia. Since the vapor 
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picks up 20 degrees superheat before entering the com- 
pressor it will now be at 60 F and 83.206 psia. In Table 
6-6 the point F is located between the 80 and 85 psia 
columns and on the 60 degree temperature line. Here 
the specific volume is interpolated as 0.6974 lb per cu 
ft. Now from (b) of Example 6-7, the compressor must 
pump refrigerant vapor at a rate of 2.583 lb per min for 
each ton. The new volume rate of flow is found by 
multiplying the weight flow rate by the specific volume. 


Volume of vapor 
entering compressor = 2.583 x 0.6974 


= 1.801 cfm per ton 


Carrying this result to Example 6-8, the new 
capacity of the compressor is 


Capacity = 12.03 
1.801 


= 6.680 tons 
This is a decrease in capacity of approximately 
5.6 percent. 


Volumetric Efficiency 


In the preceding discussion, it was assumed that 
with each cycle of the compression device, it would fill 
completely with vapor at exactly the same pressure 
and temperature at which it left the evaporator. This 
is not true of actual compressors. The volume, and 
therefore the weight of refrigerant that flows into a 
compression chamber, is always less than this theoret- 
ical amount for several reasons. 

One of these is the fact that the walls of the com- 
pression chamber are considerably warmer than the 
cold vapor leaving the evaporator. The hot chamber 
walls raise the temperature of the vapor that flows into 
them. The heated vapor in the chamber expands and 
prevents additional cold vapor from entering. As a 
result, the weight of refrigerant that fills the chamber 
is less than the weight that the chamber could hold if 
the vapor remained at the same temperature at which 
it left the evaporator. 

Another reason is that the pressure inside the com- 
pression chamber is always somewhat lower than the 
pressure in the evaporator and in the suction pipe. The 
vapor inside the chamber expands because its pressure 
is lower than the pressure of the vapor in the suction 
pipe, and there is, therefore, a smaller weight of re- 
frigerant in each cubic foot of chamber space. 

Still another reason, in the case of reciprocating 
compressors, is that all compressors are built with a 
slight clearance between the top of the piston and the 
cylinder head. This clearance is approximately .015” to 
.030”. As the piston pin and the crank begin to wear, 
the top of the piston is able to approach closer to the 
cylinder head, and the clearance decreases. Clearance 
space must be provided in new compressors to elimi- 
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nate the chance of the piston striking the cylinder head 
after wear occurs. Referring to Figure 4-B, Chapter 4, 
if the piston could just touch the top of the cylinder at 
the end of each stroke, all of the vapor left in the 
cylinder would be forced out through the discharge 
valve. However, there is clearance space and a small 
amount of vapor remains in the cylinder after the 
piston reaches the top of its travel. As the piston starts 
on its downward stroke this trapped vapor expands. 
Thus, instead of having an empty cylinder, which can 
fill completely with vapor from the evaporator, the 
cylinder is already partially filled with vapor. Inasmuch 
as this trapped vapor always remains in the cylinder, 
it decreases the weight of vapor that can flow into the 
cylinder from the evaporator. 

For these reasons, in most compressors, the com- 
pressor cylinder cannot be filled with a volume of vapor 
— at the temperature and pressure in the evaporator 
— equal to its displacement. Although the effect of 
clearance volume can be computed, the total effect of 
the various factors that decrease the weight of refrig- 
erant vapor flowing into a compression chamber cannot 
be computed exactly. It is necessary to run tests on 
compressors in order to determine how much vapor ean 
actually flow into a compression chamber of any given 
size. From the results of such tests, it is possible to 
compute the weight of vapor that can flow into the 
compression chamber of any compressor. 

The effect of all the foregoing factors determines 
what is known as the volumetric efficiency of a com- 
pressor. Volumetric efficiency is the ratio of the actual 
weight of refrigerant in a compression chamber to the 
weight that the chamber can theoretically hold, or 

(6-3) 

Volumetric Eff = 100x Actual Weight 

Theoretical Weight 


The actual weight of vapor that can be compressed 
is found by multiplying the theoretical weight by the 
volumetric efficiency. As the refrigerating capacity of 
a compressor depends upon the weight of vapor that 
can be circulated, it is apparent that the actual refrig- 
erating capacity of a compressor can be obtained by 
multiplying the volumetric efficiency by the theoretical 
refrigerating capacity. 

The volumetric efficiency of any one compressor is 
not a constant quantity. It depends on what is known 
as the compression ratio, which is the ratio between the 
absolute head and suction pressures, or 

(6-4) 

Compression Ratio = Head Pressure, psia 

Suction Pressure, psia 


The average volumetric efficiency of reciprocating 
type compressors using Refrigerant -22 and running at 
1750 rpm is shown in Figure 6-E for various compres- 
sion ratios. These efficiencies will not fit all compres- 
sors exactly. However, the capacity of a compressor 
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computed by means of the volumetric efficiency ob- 
tained from this curve will generally be close enough 
for most practical purposes. 


= OVER ALL EFFICIENCY | _ 


EFFICIENCY, PERCENT 


COMPRESSION RATIO 


FIGURE 6-E 
AVERAGE EFFICIENCIES FOR RECIPROCATING COMPRESSORS 
USING R-22 


Example 6-9: 


A 3.66 x 2.75, 4-cylinder reciprocating compressor using 
Refrigerant-22 and running at 1750 rpm is operated 
against a condenser pressure of 220 psig with an evap- 
orator pressure of 68.5 psig. Liquid reaches the expan- 
sion valve at the same temperature at which it 
condensed. Find the theoretical and actual refrigerating 
capacities of this compressor. 

In each minute the cylinders will sweep out a certain 
displacement volume which can be converted to weight 
of vapor. This theoretical flow rate must be multiplied by 
the volumetric efficiency to give the actual weight of 
vapor pumped by the cylinder. Each pound of refrigerant 
so pumped produces a certain refrigerating effect and 
thus the capacity of the compressor is determined. 


Total piston displacement 
Q = 3.662 x 2.75 x 4 x 1750 
2200 
= 117.3 CFM 


This is converted to pounds of vapor per minute by 
multiplying by the vapor density of 1.5208 lb per cu ft 
(obtained from Table 6-5 at 68.5 psig). 

Theoretical weight of 


refrigerant pumped = 117.3 x 1.5208 


= 178.4 pounds per min 
The compression ratio must be calculated in order to 
determine the volumetric efficiency. 
Compression Ratio = 220 + 14.7 
68.5 + 14.7 
= 234.7 
83.2 


= 2.82 
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Using the compression ratio on the curve of Figure 6-E, 
the volumetric efficiency is found to be 83.2 percent. 
Therefore, the actual weight of refrigerant pumped is 


Waactuay = 178.4 x 0.832 
= 148.4 lb per min 


Now, each pound of refrigerant will produce a certain 
refrigerating effect for the operating conditions speci- 
fied. 


The enthalpies of saturated vapor leaving the evapora- 
tor at 68.5 psig and of saturated liquid leaving the con- 
denser at 220 psig are found in Table 6-5 to be 108.054 
and 41.804, respectively. Therefore, the refrigerating 
effect is 


RE = 108.142 - 41.804 
= 66.338 Btu per lb 


The amount of heat removed by the evaporator is merely 
the product of the refrigerating effect and the weight of 
vapor pumped by the compressor. Thus, 


Capacity of Compressor = 148.4 x 66.338 
200 


= 49.2 Tons 


Superheated Refrigerant Vapor 


When liquid refrigerant is admitted to a cooling 
coil, it will usually be completely vaporized before it 
reaches the outlet connection. Inasmuch as the liquid is 
vaporized at low temperature, the vapor is still cold 
after the liquid has completely evaporated. As the cold 
vapor flows through the balance of the coil it continues 
to absorb heat and becomes superheated. This super- 
heating takes place in exactly the same way as the 
superheating of steam described in Chapter I. 

The vapor absorbs sensible heat in the evaporator 
as it becomes superheated. Therefore, the refrigerat- 
ing effect. of each pound of refrigerant is increased. In 
other words, each pound of refrigerant absorbs not only 
the heat required to vaporize it, but also an additional 
amount of sensible heat which superheats it. However, 
although the refrigerating effect of each pound is in- 
creased as a result of the superheating, the density is 
decreased. Superheating of any vapor always de- 
creases its density. Thus, one cubic foot of saturated 
Refrigerant-22 vapor at 40 F weighs 1.5208 pounds. If 
this same cubic foot is superheated 30 degrees (to 70 F), 
its density will decrease to 1.3956 lb per cu ft — a 
decrease of approximately 8.2 percent. Interpreted 
practically, this means that the weight of vapor filling 
the compression chambers of a given compressor is 
decreased by superheating. 

On the one hand, the capacity of a refrigeration 
system is increased when superheating of the vapor 
takes place because the refrigerating effect of each 
pound of vapor removed has been increased by the 
sensible heat added during the superheating. On the 
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other hand, the refrigerating capacity of a system is 
decreased because of the decrease in density during 
superheating. The effect of these two opposing ten- 
dencies must be computed in order to determine 
whether or not the refrigerating capacity of a system 
is increased by superheating the vapor in the cooling 
coils. The various refrigerants are not alike in this 
respect — each one must be checked individually. 

The preceding discussion has dealt only with the 
superheating that takes place within the evaporator. 

However, superheating of the vapor often takes 
place after it leaves the evaporator. The vapor may 
absorb sensible heat while it is flowing through the 
suction line which connects the evaporator to the com- 
pressor. The sensible heat gained by the vapor while 
flowing through the suction line has no effect on the 
useful refrigerating load because this heat has not been 
removed from the material being cooled. Thus, if the 
vapor is superheated in a coil which is used to cool air, 
the sensible heat gained by the vapor is removed from 
the air being cooled. Useful cooling is done by the vapor. 
However, if the vapor is superheated in the suction line 
hung from a basement ceiling, no useful cooling is done 
by the vapor while superheating. As a rule, it is only the 
heat absorbed by the vapor while it is in the evaporator, 
that has any useful refrigerating value, and which may 
properly be credited to the refrigerating effect. Al- 
though a suction line may occasionally be so located 
that the heat absorbed by the vapor is useful, this is not 
generally the case. As a result, it is general practice not 
to credit sensible heat added in the suction line to the 
refrigerating effect. 

When superheating of the vapor takes place in the 
suction line, there is no increase in refrigerating ca- 
pacity to offset the loss due to the increase in the 
volume of the vapor. As a result, superheating of any 
refrigerant in the suction line decreases the capacity of 
the compressor in pounds pumped. For fluorinated hy- 
drocarbons, there is a theoretical loss in refrigerating 
capacity of one percent for each 4.3 degrees (approxi- 
mately) of superheat. Thus, if the vapor entering a 
compressor has been superheated 21 degrees in the 
suction line, the refrigerating capacity of the system 
will be decreased by almost five percent. For this 
reason, superheating of the vapor in the suction line of 
the system should be prevented. For this reason, the 
suction line between the evaporating coil and the com- 
pressor is normally insulated. 


Subcooling 


Subcooling is a term used to describe the cooling 
of a liquid refrigerant, at constant pressure, to a point 
below the temperature at which it was condensed. 
Thus, at 195.91 psig, Refrigerant-22 vapor condenses at 
a temperature of 100 F. If, after the vapor has been 
completely condensed, the liquid is cooled still further 
to a temperature of 76 F, it will have been subcooled 24 
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degrees. When a liquid refrigerant can be subcooled 
either by cold water or air external to the refrigeration 
cycle, the refrigerating effect of the system will be 
increased. This is because the enthalpy of subcooled 
liquid is less than the enthalpy of saturated liquid. The 
effect of subcooling will be illustrated in the following 
example. 


Example 6-10: 


Refrigerant-22 vapor is condensed at a temperature of 
100 F. The temperature in the evaporator is 0 F. Find 
the increase in refrigerating capacity due to subcooling 
the liquid from 100 F to 76 F. 


FIGURE 6-F 
SKELETON P-H CHART FOR EXAMPLE 6-10 


Solution: 


In Figure 6-F point A represents saturated liquid at 
100 F and point B represents subcooled liquid at 
76 F. Liquid throttled from A to the evaporator pres- 
sure will be at condition D while C represents liquid 
throttled from point B. Assuming that refrigerant 
leaves the evaporator as saturated vapor at point E, 
the refrigerating effect will be the difference in en- 
thalpies between E and D and between E and C. 
Using the appropriate values from Table 6-5 the re- 
frigerating effect is calculated as follows: 


RE «oo, = he - hp 
= 104.466 - 39.267 
= 65.198 Btu per lb 


RE ve) = he . he 
= 104.465 - 31.906 
= 72.559 Btu per Ib 


The increase in refrigerating effect due to subcooling 
is: 
RE gnc) = 72.559 - 65.198 
= 7.361 


7.361 
65.198 


= 11.2 percent 
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From these figures it is evident that worthwhile 
gains in refrigerating capacity can be obtained through 
subcooling of the liquid refrigerant. As a generaliza- 
tion, it can be said that a one percent increase in system 
capacity can be anticipated for each 2 degrees of liquid 
subcooling that is obtained from outside the refriger- 
ation cycle. This fact has been responsible for recent 
design changes in all types of condensers to provide 
significant amounts of subcooling. 

When subcooling is available to the system de- 
signer, in the condenser that he chooses to use, in 
addition to the benefit of added capacity he is permitted 
greater latitude in handling liquid line piping. Rises in 
the liquid line and pressure drop can be more readily 
coped with if the liquid is subcooled. Other piping lim- 
itations such as velocity must be observed, however. 

Further evidence of this is found in the consider- 
ations of pressure as related to the preceding example. 
Referring to Table 6-5, the condensing pressure at 
100 F is 195.91 psig, while the saturation pressure 
related to 76 F is 134.45 psig. The difference between 
these two pressures is 61.46 psig, which the system 
designer can use in overcoming liquid line rises (.5 psig 
foot rise), or line pressure drop, before flashing will 
occur. The designer, of course, should always allow a 
comfortable margin of from 5 to 10 psig for unseen 
contingencies. 

Subcooling from a condenser can also create some 
problems for the designer as will be discussed under 
the subject of condensers. 

It is also possible to subcool liquid by means of a 
heat exchanger using the cold vapor leaving the cooling 
coil, as illustrated in Figure 6-G. In some cases the 
actual gain in refrigerating capacity may be small since 
the refrigerating capacity gained by subcooling the 
liquid is partially offset by the loss in capacity due to the 
decrease in the density of the superheated vapor. 


EXPANSION 
VALVE 


LIQUID 
REFRIGERANT 


—_— 
REFRIG VAPOR 
TO COMPRESSORI “™YS fo a aaeCG eee 
LIQUID 
REFRIGERANT 
FROM RECEIVER 
a 


——— 
REFRIGERANT COOLING COIL 


VAPOR 


LIQUID VAPOR 
HEAT EXCHANGER 


FIGURE 6-G 
SUBCOOLING BY LIQUID-SUCTION LINE HEAT EXCHANGER 


The maximum exchange of heat that can theoret- 
ically take place between the refrigerant liquid and 
vapor is limited in a refrigeration system, because of 
the difference in their specific heats. For 
Refrigerant-22 the specific heat of the liquid is 0.335 
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and of the vapor, 0.084. Because of the lower specific 
heat of the vapor, its temperature rise is greater than 
the temperature drop of the liquid for each unit of heat 
exchanged. Thus, the greatest temperature range 
through which the liquid can theoretically be cooled in 
a counterflow cooler (with equal weights of gas and 
liquid) is 25.1 percent 0.084 x 100 of the difference 


0.335 
between the initial and final temperature of the vapor. 


In practice, the temperature range through which the 
liquid can be cooled is even less than 25.1 percent. This 
is because more of the heat that flows from the sur- 
roundings through the shell of the heat exchanger is 
absorbed by the coo! refrigerant vapor than by the 
liquid refrigerant. 

Actually, the gain in capacity with a liquid-suction 
line heat exchanger is dependent upon the refrigerant 
used. For a system using Refrigerant-12 a liquid- 
suction line heat exchanger will show some gain in 
capacity. The gain will be negligible for Refrigerant-22, 
however, because of a decrease in compressor capacity, 
due to decreased gas density. 

Subcooling by means of a liquid-suction exchanger 
does provide some benefit because of the increased 
capacity of the expansion valve. Each pound of liquid 
flowing through the expansion valve is able to absorb 
more heat. Therefore, the refrigerating capacity of an 
expansion valve, through which a given weight of liquid 
flows, increases as the temperature of the liquid is 
lowered. 

Frequently, owing to considerations of cost, suc- 
tion lines are not insulated, particularly in the smaller 
systems. In sucha case, the vapor flowing in the suction 
pipe would be superheated by the surrounding air. As 
a result, the density of the vapor and therefore the 
capacity of the compressor would be decreased. If a 
heat exchanger is used under these conditions, there 
will be a definite gain in refrigerating capacity, inas- 
much as the vapor would reach the compressor at the 
same temperature whether or not the exchanger is 
installed. The installation of the heat exchanger, under 
these conditions, would also avoid the condensation of 
moisture on the outside surface of the bare suction pipe, 
because the superheated vapor would be too warm to 
chill the surrounding air. 

Occasionally, in an effort to subcool the liquid with- 
out the use of a heat exchanger, the liquid and suction 
pipelines are run tightly strapped together and en- 
closed in one pipe covering. Even when the pipelines 
are fairly long, the area of contact is not large enough 
to appreciably subcool the liquid. Although this scheme 
may be desirable for installation economy, it should not 
be depended upon for subcooling the liquid. Another 
variation of this scheme is the use of a liquid line inside 
of an oversized suction pipeline. When the pipelines are 
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long enough, the liquid can be subcooled by this 
method. However, such pipelines are difficult to install 
and leaks in the liquid line can be neither detected nor 
repaired. 


Rating Compressors 


For a great many years, the refrigeration industry 
used an evaporator temperature of 5 F and a condens- 
ing temperature of 86 F as standard conditions for 
rating all compressors. While such conditions were rea- 
sonably common in former years in ice-making plants, 
they caused compressors serving cold room evapora- 
tors to be rated at an unfavorably high evaporator 
temperature and compressors serving air conditioning 
evaporators to be rated at an unfavorably low evapo- 
rator temperature. 

In more recent years, the members of the refrig- 
eration industry have adopted rating standards to 
which they have agreed to adhere. The sponsoring 
group, the Air-Conditioning and Refrigeration Insti- 
tute, commonly called ARI, has published standard 
rating conditions. An example of the standard rating 
points are reproduced in Table 6-A. 


TABLE 6-A — ARI STANDARD RATING CONDITIONS FOR 
REFRIGERANT-12 AND REFRIGERANT-22 
COMPRESSOR UNITS BASED ON 90 F AMBIENT 
TEMPERATURE AND NO LIQUID SUBCOOLING 


Saturated 
Refrigerant 
Vapor 
Temperature 
Leaving 
Compressor 


Saturated 
Refrigerant 
Vapor 
Temperature 
Entering 
Compressor 


Refrigerant 
Vapor 
Temperature 
Entering 
Compressor 


The suction temperature is determined from col- 
umn 2 and the condensing temperature from column 4. 
The difference between columns 2 and 3 is the degrees 
of superheat for each group. For example, suppose a 
manufacturer chooses to use the standard conditions of 
Group 4. The manufacturer runs performance tests 
with an evaporator temperature of 40 F, 15 degrees of 
superheat at the compressor inlet and a condensing 
temperature of 105 F. This basic information is then 
published. A refrigerant temperature of 55 F (40 + 15 
= 55) entering the compressor is often higher than 
actual operating conditions. For this reason the tabu- 
lated compressor capacity must be reduced to get the 
actual capacity of the system for the lower suction 
vapor inlet temperature. Generally, this is explained in 
the manufacturer’s catalog and a table or curve shows 
the correction factor for various temperatures. 
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In publishing the capacity rating for a line of com- 
pressors, the manufacturer may state the group num- 
ber upon which the ratings are based. The groups 
represent a sufficiently wide range of conditions so that 
the manufacturer can select the group or groups most 
nearly matching the operating conditions for each se- 
ries of compressors. 


Variation in Refrigeration Capacity 
with Suction Pressure 

The capacity of a system is not a constant quantity 
but depends on the temperature of the liquid ahead of 
the expansion valve and the temperature at which the 
liquid is vaporized in the evaporator. The change in 
capacity due to the first of these two factors was dis- 
cussed under Subcooling. The variation of system ca- 
pacity because of changes in suction pressure is 
discussed in this section. 

The higher the temperature of the liquid vaporiz- 
ing in the evaporator, the higher will be the pressure 
in the evaporator. Notice in the fifth column of Table 6-5 
that the density of the vapor increases rapidly with an 
increase in boiling temperature and pressure. This 
means that a pound of vapor at high pressure occupies 
a smaller volume than at low pressure. Therefore, for 
each cubic foot of compressor displacement, a larger 
weight of vapor will flow into the compression chamber 
when the pressure in the evaporator is high than when 
it is low. It is important to remember that the refrig- 
erating capacity of all compressor systems increases 
with an increase in suction pressure, if other factors 
remain constant. 


Example 6-11: 


An eight cylinder 2.75 x 2.00 Refrigerant-22 compressor 
is direct driven at 1750 RPM. The head pressure is 184.6 
psig and the temperature of the liquid at the expansion 
valve is 86 F. Find the theoretical and actual refriger- 
ating capacity of the system if the suction pressure in the 
evaporator is: 

(a) 43.0 psig 

(b) 74.5 psig 


Solution: 
(a) Piston displacement 
Q = D?x Lx Nx RPM 
2200 
=2.75" x 2 x 8 x 1750 
2200 


= 96.25 CFM 


Referring to Table 6-5, the enthalpy of the saturated 
vapor at 43.03 psig is 106.383 Btu per lb and the 
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enthalpy of saturated liquid at 86 F is 34.931 Btu per 
Ib. Therefore, 


W = 200 
RE 
7 200 
106.383 - 34.931 
= 2.799 lb per min per ton 
Referring to Table 6-5, the density of Refrigerant-22 
vapor at 43.03 psig is 1.0680 lb per cu ft. 
Volume to be compressed = 2.799 
1.0680 
= 2.62 cfm per ton 


Theoretical refrigerating capacity = 96.25 + 2.62 
= 36.787 tons 


Compression ratio = 184.6 + 14.7 
43.03 + 14.7 


= 199.3 
57.73 
= 3.452 
Referring to Figure 6-E, 


Volumetric efficiency = 79.5 percent 
Actual capacity = 0.795 x 36.737 
= 29.21 tons 


(b) Referring to Table 6-5, the enthalpy of saturated 
vapor at 74.481 psig is 108.472 Btu per lb which 
is close enough for this example. Therefore, 
Weight to be circulated = 200 

108.472 - 34.931 


= 2.72 lb per min per ton 


Referring to Table 6-5, the density of vapor at 
74.481 psig is 1.6274 lb per cu ft. Thus, 


Volume to be compressed = 2.72 
1.6274 


= 1.671 cfm per ton 


Theoretical capacity = 96.25 
1.671 
57.6 tons 


Compression ratio = 184.6 + 14.7 
74.5 + 14.7 


199.3 
89.2 


= 2.234 


From the curve in Figure 6-E the volumetric ef- 
ficiency is read as 87.5 percent. Thus, 


Actual capacity = 0. 875 x 57.6 
= 50.4 tons 


Notice in the previous example that, in spite of the 
fact that the weight of refrigerant to be circulated is 
very nearly the same in both cases, the volume per 
ton is quite different. The difference in refrigerating 
capacity of the system at the two suction pressures 
is due almost entirely to the difference in the volume 
of each pound of vapor. At the higher suction pres- 
sure, the vapor is more dense. There are more 
pounds in a cubic foot and, therefore, even though the 
compressor displacement remains the same, a 
greater weight of vapor fills the cylinder at the 
higher suction pressure. Figure 6-H shows the actual 
variation in system capacity with different suction 
temperatures for a given compressor operating 
against a constant head pressure. The actual capacity 
of a compressor in a system falls off more rapidly than 
is indicated by theoretical considerations. The reason 
is that the volumetric efficiency also falls off at the 
lower suction pressures when the compressor is op- 
erating against a fixed head pressure. 


_ 


SUCTION TEMPERATURE 


FIGURE 6-H 
VARIATION OF CAPACITY WITH SUCTION TEMPERATURE 


In order to maintain any given suction pressure, 
the evaporator must be so selected that it can vaporize 
as great a weight of refrigerant as the compressor can 
handle. If the load on the evaporator increases and the 
refrigerant vaporizes faster than the compressor can 
remove it, the suction pressure will rise because the 
excess vapor will remain in the evaporator. However, 
due to the rising suction pressure, the vapor becomes 
more dense and a point is soon reached where, even 
though the volume of vapor pumped by the compressor 
remains the same, the weight removed is equal to the 
weight evaporated. When this point is reached, the 
suction pressure will remain constant. 

On the other hand, if the compressor is removing 
a larger weight of refrigerant than is being vaporized 
in the evaporator, the suction pressure will fall. As the 
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pressure falls, the vapor expands and a smaller weight 
fills the cylinder at each succeeding stroke. Again a 
point will soon be reached where the weight removed 
is equal to the weight vaporized, and the suction pres- 
sure will then remain constant. 

The suction pressure of any given compressor is 
not a constant quantity. It is continually changing as 
the load on the system changes. In an air conditioning 
system, the load on the compressor will increase with 
an increase in the temperature of the air entering the 
evaporator. An increase in load may also be due to an 
increase in the quantity of air flowing over the evap- 
orator. The suction pressure will rise with an increase 
in load, and fall with a decrease. The compressor must 
be so selected that when operating at full load, it will 
maintain a suction pressure corresponding to the high- 
est evaporator temperature needed. If the compressor 
should be overloaded, the pressure will rise above this 
point. However, if the load should be lighter than that 
for which the compressor was selected, the suction 
pressure will fall. 


Power Requirements of Compressors 


In order to increase the pressure of a vapor, power 
must be applied to the shaft of the compressor. When 
the vapor is compressed, most of the energy expended 
is added to the vapor. Inasmuch as it is impossible to 
compress a vapor in any known kind of compressor 
without also increasing its temperature, all computa- 
tions for the required energy must be based upon the 
increase in both pressure and temperature. The power 
theoretically required for this purpose can be computed 
by making certain simplifying assumptions as to the 
action that takes place in the compression chamber 
during the compression process. 

The first assumption is that the compression takes 
place without any exchange of heat between the vapor 
and the compression chamber walls. This is known as 
adiabatic compression. However, during the compres- 
sion process of any actual compressor, some exchange 
of heat takes place between the compression chamber 
walls and the vapor. In any chamber in which the com- 
pressor device is cycling several times per second, each 
charge of vapor is in the compression chamber for only 
a fraction of a second. The vapor is not in contact with 
the chamber walls long enough to allow the exchange 
of more than a comparatively small amount of heat. 
Therefore, the assumption that adiabatic compression 
takes place may be used in computing the theoretical 
horsepower required. 

The second assumption is that the compression 
process is frictionless. It is evident that this is not 
possible. Some of the work applied to the shaft of the 
compressor must be used to overcome the friction be- 
tween the moving parts of the compressor. This friction 
results in an increase in temperature of the metal parts 
of the compressor, which tends to increase the heat 
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exchange between the compression chamber walls and 
the vapor as explained above. This theoretical friction- 
less adiabatic process is known as an isentropic or 
constant entropy process. 

The line of constant entropy drawn in STEP 3 
under Example 6-6 represents the theoretical compres- 
sion process. A constant entropy line will also be used 
in the illustrative problems in this section (Example 
6-12 and 6-13). 

In actual compressors the power required is 
greater than that computed theoretically because of 
the heat exchange between the vapor and the com- 
pression chamber walls, and also because of the inev- 
itable friction losses in the compressor. The power that 
must actually be applied to the shaft of a compressor 
is called the brake horsepower. The required brake 
horsepower for a compressor can be found from that 
computed theoretically by applying a factor called the 
overall efficiency. The overall efficiency of a compres- 
sor is defined by the following formula: 

(6-5) 
Overall Efficiency = Theoretical Horsepower 
Brake Horsepower 


These overall efficiencies must be determined by 
tests on actual compressors. The overall efficiency 
takes into account not only the exchange of heat be- 
tween the compression chamber walls and the vapor, 
but also the friction of the moving parts of the com- 
pressor. 

Figure 6-E gives the approximate average overall 
efficiencies that may be expected from modern recip- 
rocating compressors using Refrigerant-22. While the 
efficiency curves represent only the compressors of one 
manufacturer at 1750 rpm, they may be used for esti- 
mating purposes at other speeds and for other manu- 
facturer’s equipment. If more accurate performance 
data are required it is recommended that the compres- 
sor manufacturer be consulted. 

The power required to offset the friction losses of 
a compressor can best be determined by test. It is also 
possible to find by test both the mechanical efficiency 
and the compression efficiency. The mechanical effi- 
ciency is an index of the friction losses, and the com- 
pression efficiency is an index of the departure of the 
actual compression from isentropic compression. Mul- 
tiplying the mechanical efficiency by the compression 
efficiency gives the overall efficiency. The overall ef- 
ficiency is the only one that need actually be known in 
order to compute the brake horsepower required for a 
compressor. However, the performance of compres- 
sors is some times presented in terms of their mechan- 
ical and compression efficiencies and in such a case, it 
is necessary to use them in finding the overall effi- 
ciency. They are useful for analyzing the performance 
of compressors from test data. 
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Example 6-12: 
A 30-ton Refrigerant-22 compressor maintains an evap- 
orator temperature of 40 F while discharging against a 
head pressure of 210.3 psig. The liquid reaches the ex- 
pansion valve at the temperature at which it condensed. 
Find: 
(a) the total theoretical horsepower required. 
(b) the total brake horsepower required. 


Solution: 


(a) Referring to Table 6-5, the saturation pressure 
corresponding to 40 F is 83.206 psia. The enthalpy 
of saturated vapor can be read on the same line as 
108.142 Btu per lb. (Using Chart 6-2, the enthalpy 
of saturated vapor at 83.72 psia is 108 Btu per |b.) 
Assuming a barometric pressure of 14.7 psia the 
condenser pressure is 225 psia (210.3 + 14.7 = 
225). 


Referring to Chart 6-2, the enthalpy at the end of 
compression is found on the 225 psia line to be 119 
Btu per lb. The enthalpy of the refrigerant leaving 
the condenser is read on the saturated liquid line 
at 225 psia as 41.0 Btu per lb. 


From Equation (6-1) the weight flow rate is: 
q =WxRE 


Ul 


89.6 lb per min 


Change in enthalpy 
during compression = 109 - 108 


= 11 Btu per lb 


Theoretical power 


: = 11 x 89.6 
required a 
= 23.25 hp 
(b) Compression ratio = 225.0 
83.206 
= 2.7 


From Figure 6-E the overall efficiency for a com- 
pression ratio of 2.7 is found to be 78.0 percent. 
Thus from Equation (6-5) 


bhp = Theoretical hp 
overall eff 


= 23.25 
0.78 
=29.8 hp 


*The term 42.4 is the heat flow rate in Btu per minute equivalent to one 
horsepower. 
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A compressor operating under the conditions of the 
preceding example would have a 30 hp motor — the 
next larger commercial size available. Compressors for 
air conditioning duty are usually equipped with motors 
selected on the basis of one horsepower per ton of 
refrigeration. Such compressors have been rated on the 
assumption that the evaporator temperature will be 
40 F. 

When liquid refrigerant is subcooled after leaving 
the condenser, the horsepower required per ton of re- 
frigeration is reduced. This due to the fact that a 
smaller weight of refrigerant need be circulated and 
compressed in order to obtain one ton of refrigerating 
capacity. The following example will illustrate this 


point. 


Example 6-13: 


Using all the conditions of Example 6-12, except that the 
liquid is to be subcooled to 80 F after leaving the con- 
denser, find the total brake horsepower required. 


Solution: 


From Chart 6-2 the enthalpy of saturated liquid at 
80 F is read as 33 Btu per lb. The new weight flow 
rate is: 


W = 30 x 200 
108 - 33 
= 80 lb per min 


The theoretical power required to compress the re- 
frigerant vapor is still 11 Btu per lb since saturated 
vapor still enters the compressor at 83.206 psia and 
the head pressure remains at 225 psia. 


Theoretical power required = 11 x 80 
42.4 
= 20.75 hp 


= 20.75 
8: 
= 26.6 hp 


From the preceding two examples, it is apparent that 
subcooling reduces the required horsepower as long 
as the system capacity remains the same before and 
after subcooling. The refrigerating capacity can re- 
main the same only if the compressor speed is re- 
duced when subcooling. However, if, as is usually the 
case, the compressor speed remains unchanged, sub- 
cooling will increase the refrigerating capacity of the 
system. Under these conditions, there will be no 
change in the total horsepower required. As long as 
the weight of refrigerant pumped by the compressor 
remains the same, the horsepower required will not 
change. Subcooling does not affect the weight of 
vapor compressed by a given compressor; it only 
increases the heat absorbing capacity of each pound 
of refrigerant compressed. As a result, although sub- 
cooling provides an increase in the refrigerating ca- 


bhp 
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pacity of a given system, it does not affect the total 
horsepower requirements as long as the speed of the 
compressor remains unchanged. 


If the total horsepower required remains constant 
while the tonnage increases, it is evident that sub- 
cooling decreases the horsepower required per ton of 
capacity. The preceding example illustrates this 
point. 


In finding the brake horsepower required by a com- 
pressor, the actual tonnage should be used — not the 
theoretical tonnage. The energy required to com- 
press the vapor depends only upon the weight of 
vapor actually in the compression chamber; not the 
quantity that the chamber can theoretically hold. 


Example 6-14: 


A 6cylinder 2.75 x 2 compressor using Refrigerant-22 is 
driven at 1750 rpm. The condensing temperature is 90 
F and the evaporator temperature is 40 F. The liquid is 
subcooled 10 degrees before reaching the expansion 
valve. Find: 

(a) the actual refrigerating capacity of the system. 

(b) the brake horsepower required. 


Solution: 
(a) Referring to Table 6-5, 


Condenser pressure = 183.09 psia 
Evaporator pressure = 83.206 psia 
Enthalpy of liquid 

at 80 F (90 - 10) = 33.109 Btu per lb 
Enthalpy of saturated 


vapor at 40 F 
Density of saturated 
vapor at 40 F 
RE 


108.142 Btu per lb 


1.5208 lb per cu ft 
108.142 - 33.109 
75.033 Btu per lb 
From Equation (6-1) the weight flow rate is: 
W = 200 
75.033 
= 2.665 lb per min per ton 


Well 


The volume flow rate is: 
= 2.665 


1.5208 
= 1.752 cfm per ton 


= (2.75? x 2 x 6 x 1750 


2200 
= 72.20 cfm 


Theoretical capacity = 72.20 
1.752 
= 41.21 tons 


Compression ratio = 183.09 
83.206 
= 2.20 


Volume 


Displacement 
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From Figure 6-E the volumetric efficiency is read as 
87.5 percent for this compression ratio. Thus, 


Actual capacity = 0.875 x 41.21 
= 36.06 tons 


(b) The first step in calculating the brake horsepower 
is to find the change in enthalpy for the compres- 
sion process. The same procedure as STEP 3 of 
Example 6-6 will be followed with the exception 
that Chart 6-2 for R-22 will be used. 


Using the same subscripts as in Figure 6-D for 
this example, point C is on the saturated vapor 
line at the point on Chart 6-2 marked “40.” Start- 
ing at point C, draw a curve parallel to the heavy 
line marked “constant entropy 0.22.” The end of 
the compression process, point D, is at the inter- 
section of the curve just drawn and the 183.09 psia 
pressure line. The 183.09 psia pressure line, rep- 
resenting a condensing temperature of 90 F, is 
halfway between “100” and “80” on the saturated 
vapor line. 


The enthalpy at point D can be estimated from 
Chart 6-2 as 116.5 Btu per Ib. Thus, 


Change in enthalpy 
for compression = 116.5 - 108,142 


= 8.358 Btu per Ib 


Theoretical 
brake horsepower = 2.665 x 8.358 
required - 424 

= 0.525 bhp per ton 


Using the compression ratio of 2.20, the overall 
efficiency is found from Figure 6-E to be 81 per- 
cent. The actual brake horsepower can now be 
calculated from Equation (6-4). 


bhp = Theoretical hp 


overall eff 


= 0.525 
0.81 
= 0.648 bhp per ton 


= .648 x 36.06 
= 23.37 hp 


The total horsepower required for any one com- 
pressor may either increase or decrease as the evap- 
orator temperature changes. When using any one 
refrigerant, the total horsepower required by a com- 
pressor is determined primarily by only two factors: 

1. The weight of refrigerant vapor compressed per 
minute. 
2. The compression ratio. 

The first of these two factors is self-evident. The 
second factor is defined in the section on Volumetric 
Efficiency, where the method of computing it is also 
given. The horsepower required by any compressor 
increases as the difference in pressure between the 


Total bhp 
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condenser and the evaporator increases. However, as 
the pressure difference increases the compression ratio 
also increases. Hence, the larger the compression ratio 
of any compressor, the greater will be its power re- 
quirements. 

As the suction pressure rises, the weight of vapor 
compressed increases, but the compression ratio be- 
comes smaller if the condensing pressure is held con- 
stant. Any saving in power due to the smaller 
compression ratio is offset by the increased weight of 
vapor that is compressed. Whether the required total 
power will increase or decrease depends entirely upon 
which of these two factors has the greater effect. 


Compressors 

It was stated earlier that the compressor is a re- 
frigerant gas pump. As such it takes gaseous refrig- 
erant at a low pressure from the evaporator and raises 
it to a higher pressure. The gaseous refrigerant must 
be delivered to the condenser at a pressure at which the 
condensing process can take place at a reasonable tem- 
perature. 

Compression devices can take many forms. Until 
the 1980’s, the primary compression device for ton- 
nages below 200 nominal tons has been the reciprocat- 
ing compressor. The reciprocating compressor is a 
combination of pistons driven from a crankshaft to 
accomplish a reciprocating compression action inside of 
cylinders located in a radial position around the crank- 
shaft centerline. In the 1990’s, the use of reciprocating 
compressors on new installations has slowly been re- 
placed with other types of compression devices. The 
most common types of compression devices being built 
in this size range today are of the scroll and helical- 
rotary or “screw” type. 

Smaller systems and equipment under a nominal 
80-ton capacity are likely to utilize scroll type compres- 
sion devices. Systems and equipment larger than a 
nominal 150 tons of capacity will usually utilize either 
screw or centrifugal compression devices. Between 80 
and 150 tons units may utilize either scroll or screw 
compressors. 


Reciprocating Compressors 
Open and Hermetic 

The reciprocating compressor may have an exter- 
nal driver, such as an electric motor. It is then consid- 
ered an “open” compressor, Figure 6-J. If the electric 
motor is enclosed in the same housing as the compres- 
sor and operates in the refrigerant atmosphere, it is 
commonly considered to be a hermetic compressor, 
Figure 6-N. The open compressor includes a shaft seal 
that separates the refrigerant cycle from the atmo- 
sphere. The hermetic compressor has no external shaft 
so no shaft seal is required. 
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The term compressor is used in this manual to 
identify a unit, either open or hermetic, when the type 
of unit is not essential to the points being made. When 
it is necessary to be precise as to the type of recipro- 
cating compressor, the unit will be identified as open or 
hermetic. 

The early reciprocating compressors were all built 
for use with an external driver, so were open compres- 
sors. This type of compressor has been built in all sizes, 
from the smallest driven by fractional horsepower 
motors, to the largest driven by large integral horse- 
power motors, some as large as several hundred horse- 
power. While a limited number of open compressors are 
still being used, the trend is definitely away from this 
construction, except for highly specialized applications. 

The suction connection is made to the compressor 
through a strainer located along side the cylinder. The 
gaseous refrigerant passes from the strainer upward to 
the suction chamber in the head. From here it is drawn 
through the suction valves into the cylinder by move- 
ment of the piston downwards. In the bottom of the 
chamber that houses the suction strainer there is a 
small opening into the crankcase of the compressor 
which allows oil carried by the suction gas to drain back 
into the crankcase. 

The shaft seal of the open compressor in Figure 6-J 
may be a bellows type seal or a mechanical seal. The 
bellows seal is the older design, while the mechanical 
seal is more popular today and has largely replaced the 
bellows seal. In either case one part of the seal is 
attached to the compressor housing and the other part 
to the rotating crankshaft which drives the pistons. 
Each of these members has a face that is precision 
ground to an absolutely flat surface. One face is hard, 
usually of heat treated steel, and the other soft, usually 
of carbon. A spring that exerts a slight pressure on the 
carbon ring assembly holds the two surfaces together 
and the entire assembly is flooded with oil from the 
lubrication system and the seal between the refriger- 
ation cycle and the atmosphere is thus formed. 

The smaller open compressors of this type gener- 
ally employ a splash feed system of lubrication. In this 
arrangement the crankshaft dips into the oil in the 
crankcase as it rotates. The oil is picked up by the action 
of the crankshaft and is splashed around the inside of 
the crankcase, lubricating the main and connecting rod 
bearings. 

During compression the temperature of the gas- 
eous refrigerant rises because of the work being done 
on it. In an effort to hold down the temperature some- 
what, primarily to prevent overheating, the upper part 
of the cylinder walls and the cylinder heads are finned 
externally. This additional surface exposed to the sur- 
rounding air carries away part of the heat of compres- 
sion. In some cases the cooling is provided by water 
jacketing. This is commonly found in ammonia com- 
pressors. 
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A common version of the open compressor design 
is illustrated in Figure 64. This type of compressor is 
designed to operate at four pole, 60 cycle motor speed, 
1750 rpm, and is direct connected to the motor through 
a coupling. The cylinder arrangement in this case is in 
pairs and may be in a V, W or VV for four, six and eight 
cylinders, respectively. 


In this type of compressor design, a positive or 
forced feed lubrication system is essential. This is pro- 
vided through a pump directly driven by the crankshaft 
as described later. Because of the higher speed and the 
necessity for minimum vibration, lightweight pistons 
and connecting rods, usually of aluminum alloy, are 
used. The crankshaft must also be accurately counter- 
balanced. 


SUCTION 
VALVE 
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Clearance volume is reduced to a minimum by 
forming the piston face to fit the discharge valve as- 
sembly. This design results in a compressor with a high 
volumetric efficiency. Pistons are provided with com- 
pression rings and an oil ring. Close tolerances by 
modern, accurate machining enable several connecting 
rods to be assembled on a common bearing surface. 
Cylinder liners are easily removed and replaced with- 
out special tools should they ever become scored. The 
particular line of compressors illustrated in Figure 6-J 
is produced with components that have such close tol- 
erances that no preselective fit is required in assem- 
bling. Piston and connecting rod assemblies can be 
interchanged without measuring or adjusting for pis- 
ton clearances. Such production methods allow the use 
of standard stock replacement parts and greatly facil- 
itate field servicing. 


DISCHARGE 
VALVE 


FIGURE 6-J 
OPEN TYPE COMPRESSOR 


Valves 


There are two common types of valves used in 
reciprocating compressors, the nonflexing ring plate 
type and the flexing disc type. The compressor in 
Figure 64 uses nonflexing ring plate type suction and 
discharge valves. Figure 6-K shows these valves and 
Figure 6-L shows a discharge valve and valve cage. The 
ring plate is thin and is held closed over the circular 
discharge gas port in the top of the cylinder by small 
springs. The suction valve is a ring plate that fits 


around the outside of the cylinder a small distance 
below the top of the cylinder, and is held closed by small 
springs. When the refrigerant vapor pressure over- 
comes the spring tension, the valve opens to allow 
vapor to pass through the large ports. 


The suction valve opens on the downstroke of the 
piston when the cylinder pressure becomes less than 
the suction pressure. The pressure in the crankcase of 
the compressor is the same as the suction pressure on 
the left hand side of the compressor in Figure 6-J. 
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FIGURE 6-K 
VALVE CAGE AND RING PLATE VALVE 
SPRING TO PREVENT 
DAMAGE FROM SLUGGING 


FORMED PISTON FACE 


FIGURE 6-L 
COMPRESSOR WITH ONE CYLINDER HEAD REMOVED 


On the upstroke of the piston the increase in pres- 
sure forces the suction valve closed. As the piston con- 
tinues upward, the cylinder pressure opens the 
discharge valve. The high pressure vapor then passes 
into the compressor heads through the center holes as 
well as around the discharge valve cage. To avoid a 
metallic noise as the discharge valve opens, and to 
increase valve life, a plastic cushion is installed in the 
valve cage. The valve opens against this cushion rather 
than against metal. 

Flexing disc type valves operate similarly with the 
disc covering the discharge ports. The disc is fastened 
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in the center and the cylinder pressure causes the 
entire disc to flex around the center. 

This type of valve is generally less satisfactory 
because the flexing action causes high local stresses in 
the valve material that can cause early failure. 

Should a slug of liquid enter a cylinder, the head 
might be blown off when the piston is at the top of its 
stroke, because of the small clearance space. To pre- 
vent this from happening, this compressor is equipped 
with safety heads. The head of the cylinder is not fas- 
tened in position but is held firmly in place by a strong 
spring. If a slug of liquid enters the cylinder, the entire 
head will lift and pass the liquid into the discharge pipe. 
The pressure produced during ordinary operation, with 
only vapor in the cylinder, is insufficient to lift the 
safety head. 


Unloaders 


Many large compressors are provided with con- 
trols to provide variable capacity even though the unit 
operates at constant speed. The compressor in Figure 
6-J is provided with unloaders on the cylinders. Thus 
the compressor can start without load, and have its 
capacity automatically varied in several steps accord- 
ing to the load in the evaporator. The heart of this 
unloaded start and stepped capacity control is the ca- 
pacity control actuator. 

The capacity control actuator, mounted inside the 
crankcase, operates because of a difference between 
the refrigerant suction pressure and atmospheric pres- 
sure. If the demand for refrigeration in the evaporator 
decreases, the suction pressure drops and the capacity 
control actuator adjusts the oil pressure in a hydraulic 
valve mechanism. The function of the valving mecha- 
nism in the actuator is to supply each of the cylinder 
unloaders with oil under pump pressure when full com- 
pressor capacity is required, and to relieve this pres- 
sure when cylinders are to operate unloaded. 

The suction valves in each cylinder are held open, 
upon starting, until oil is up to normal operating pres- 
sure. Since the cylinders are unloaded, it is possible to 
use normal starting torque motors with these compres- 
sors, rather than high starting torque motors which 
must be used in most positive displacement type units. 

After the compressor is operating with full oil pres- 
sure, all the cylinders may be loaded. If the refriger- 
ation load on the system decreases, the refrigerant 
suction pressure also decreases. The capacity control 
actuator senses this decrease in suction pressure and 
reduces the oil pressure to the unloader mechanism of 
one cylinder. With reduced oil pressure the unloader 
mechanism raises the intake valve, and the cylinder 
merely idles, requiring only a slight amount of power 
to overcome friction. If the suction pressure continues 
to fall, the capacity control actuator, valving mecha- 
nism, and unloader mechanism all function to unload 
another cylinder. The process continues automatically 
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until the operating cylinders have just matched the 
load on the refrigeration system. Thus, at partial load, 
not all of the cylinders are pumping refrigerant. There- 
fore, the power consumption of the driving electric 
motor is less than normal full load requirements. 


HANDHOLE 
COVER 


HANDHOLE 
COVER 


CAPACITY CONTROL 
ACTUATER 


FIGURE 6-M 
TYPICAL 8-CYLINDER COMPRESSOR 


Arrangements 

A partial cutaway of an 8-cylinder compressor is 
shown in Figure 6-M. The cylinders are in pairs with 
one cylinder head covering two cylinders. Two hand- 
hole openings are provided for easy access to the crank- 
case for assembling and overhaul. The handhole covers 
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are of the same size as the cylinder heads and have bolt 
holes at the same locations. The capacity control actu- 
ator is just inside the left handhole cover. 

For many years household refrigerators have used 
hermetic compressors of both the reciprocating and 
rotary types. Since the 1950’s, the hermetic recipro- 
cating compressor in larger capacity ranges has been 
designed and built for air conditioning applications. The 
first hermetic compressors for air conditioning were 
used in packaged units and had capacities up to about 
five tons. 

The hermetic reciprocating compressor in Figure 
6-N is designed with four to six cylinders and a capacity 
range of 26 to 60 tons. The hermetic reciprocating com- 
pressor has several distinct advantages over the open 
compressor. There is no shaft seal; therefore, no leak- 
age of refrigerant between the crankshaft and the com- 
pressor housing. Lubrication is materially simplified 
because only two bearings are required to support both 
drive motor and compressor. Hermetic reciprocating 
compressors operate at a lower sound level than open 
compressors because the motor and compressor are 
sealed within a housing. Usually vibration is reduced to 
aminimum as alignment difficulties between motor and 
compressor are eliminated. The drive motor is cooled 
by the refrigerant vapor flowing toward the compres- 
sor suction valves. Other design features described for 
the modern open compressor are also found in the her- 
metic compressor. 


FIGURE 6-N 
HERMETIC COMPRESSOR 
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In recent years, the hermetic single orbiting scroll 
compressor has become increasingly popular for use in 
5-15 ton light commercial and 10-60 ton commercial 
equipment including both water chillers and direct ex- 
pansion packaged rooftop air conditioners. 


REVERSE VENT VALVE 


CHECK VALVE 


OIL PUMP 


FIGURE 6-0 
HERMETIC SCROLL COMPRESSOR 
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The single orbiting scroll compressor, which uses 
R-22 refrigerant, is a much simpler design when com- 
pared to the reciprocating compressor with about 64 
percent fewer parts for the same tonnage compressor. 
Fewer parts generally means significant reliability and 
efficiency benefits. As shown in Figure 6-0, the single 
orbiting scroll eliminates the need for pistons, connect- 
ing rods, wrist pins, and valves. Fewer moving parts, 
less rotating mass, and less internal friction generally 
means greater efficiency than the comparable tonnage 
reciprocating compressor. In addition, the scroll design 
generally allows liquid and dirt to pass through without 
damaging the compressor. 

Figure 6-0 is a cutaway view of a hermetic, scroll 
compressor, showing the relative positions of the prin- 
cipal components. Shown is a Trane 10-ton, 3600 rpm, 
scroll compressor as an example. 

The principle of operation of this example com- 
pressor is as follows: The suction gas is drawn into the 
compressor at A. The gas then passes through the gap 
between the rotor and stator, B, cooling the motor, 
before it enters the compressor housing, C. Here, the 
velocity of the gas is reduced, causing a separation of 
the entrained oil from the gas stream. The gas then 
enters the intake chamber, D, that encircles the scrolls. 

Finally, the suction gas is drawn into the scroll 
assembly where it is compressed and discharged into 
the dome of the compressor. The dome of this example 
compressor acts as a hot gas muffler which dampens the 
pulsations before the gas enters the discharge line, E. The 
Trane scroll compressor has a patented tip seal on the tip 
of each spiral. The tip seal acts like a piston ring to provide 
sealing between high and low pressure chambers without 
wearing the mating surfaces. 
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FIGURE 6-0 
TRANE HELIROTOR® COMPRESSOR 


Hermetic Helical-Rotary Compressors 


The helical-rotary compression device, commonly 
referred to as a “screw compressor” is not a new type 
of compression device. It has been used for years on 
high pressure air compression applications. A typical 
air compression application was and still is on today’s 
submarines. 

The use of screw compressors on air conditioning 
and refrigeration applications, however, is relatively 
recent and continues to gain in popularity on chilled 
water applications ranging from 70-450 nominal tons of 
capacity. 

The primary difference between todays modern 
helical-rotary compression device and the older screw 
air compressor is the simple fact that the newer and 
better designs are specifically designed and optimized 
for use with refrigerants such as R-22 in lieu of the 
adaption of an air compressor to use it with refriger- 
ants. The result is a more efficient refrigerant com- 
pressor with outstanding part load performance when 
compared against its predecessor, the hermetic recip- 
rocating compressor. Beyond this, the new screw de- 
signs have greatly improved reliability with new state- 
of-the-art oil separation which reduces the need for an 
elaborate external oil return system. 

Modern water chiller designs typically utilize ei- 
ther one or two helical-rotary compressors on separate 
refrigerant circuits each with their own evaporator and 
condenser as well as an electronic expansion valve for 
improved reliability and efficiency. In addition, modern 
chillers utilize microprocessors such as Trane’s Adap- 
tive Control” system with “on-board” diagnostics to 
further enhance reliability, control accuracy, and 
chiller efficiency. 


Electronic Expansion Valve 


An electronic expansion valve, coupled with mi- 
croprocessor, significantly improves part load perfor- 


mance by minimizing superheat in the evaporator and 
allowing a chiller to run at reduced condensing tem- 
peratures. Chillers using conventional thermal expan- 
sion valves (TXV’s) run at higher head pressures and 
consume more power at part loads. Additionally, the 
electronic expansion valve and its microprocessor con- 
trol provide better control stability of variable loads 
and pressure changes than a TXV. Under these con- 
ditions a conventional TXV may never achieve control 
stability, causing extended periods of TXV “hunting” 
and harmful “liquid slugging” in the compressor. 

Beyond this, the modern helical rotary chiller also 
may contain an electronic system interface that allows 
it to optimize its performance in concert with the other 
components that make up the total chilled water sys- 
tem(s). Figure 6-Q shows an illustration of today’s 
modern helical-rotary compressor design utilized in 
both air and water cooled condensing water chiller 
designs. 

Another benefit of helical-rotary design is that 
they have far fewer parts. This promotes improved 
reliability. 


Evaporators 


Evaporators, in which the refrigerant liquid is va- 
porized, consist of only two general types so far as air 
conditioning systems are concerned. These two types 
are the direct expansion coil, and the shell-and-tube 
water chiller. 


Direct Expansion Coil 


The direct expansion coil is widely used im cooling 
air. Such a coil is similar to the banks of tubes in a water 
tube boiler, in which the hot gases flowing across the 
outside of the tubes surrender their heat to the boiling 
water inside the tubes. Similarly, warm air flowing 
across the fins and tubes of a direct expansion coil 
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surrenders its heat to the boiling refrigerant inside the 
tubes. 

Where the direct expansion coil is used in a refrig- 
eration system, liquid refrigerant is delivered directly 
to the cooling coil through a float valve or an expansion 
valve. In the former case, the evaporator is known as 
a flooded type, whereas the use of an expansion valve 
classifies the coil as a dry expansion type. 
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A flooded coil is illustrated in Figure 6-R. Here a 
float valve maintains the liquid refrigerant at a con- 
stant level in the coil. In other words, as fast as the 
liquid refrigerant evaporates, more liquid is admitted 
by the float, and as a result, the entire interior of the 
evaporator is filled with liquid up to the level deter- 
mined by the float. This level is usually carried at such 
a point that the inside surface of the evaporator is 
almost entirely covered with liquid. Hence, the name 
flooded coil. This type of evaporator is most efficient 
because almost the entire inside surface of the tubes is 
in contact with refrigerant liquid. Vaporization of the 
refrigerant can take place only where liquid is in con- 
tact with the relatively warm walls of the tubes. In 
spite of their efficiency, flooded type evaporators are 
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little used in air conditioning. One of the reasons is that 
a larger refrigerant charge is required than for a dry 
expansion system. 

The most popular and widely used air evaporator 
is the direct expansion coil, as illustrated diagrammat- 
ically in Figure 6-S. The refrigerant is metered to this 
coil through an expansion valve. The common arrange- 
ment uses a thermal expansion valve that measures the 
temperature of the refrigerant gas as it leaves the coil 
and meters in just the correct amount to maintain the 
predetermined degree of superheat. 

From the preceding description, it is evident that 
the dry expansion coil must be filled with a mixture of 
liquid and gaseous refrigerant. At the inlet side of the 
coil the mixture is mostly liquid. As the refrigerant 
travels through the coil, picking up heat from the air 
passing over the outside of the coil, more and more of 
the refrigerant vaporizes. At the outlet of the coil all 
the refrigerant has evaporated and is slightly super- 
heated through the action of the expansion valve. 

The typical dry expansion coil, Figure 6-T, is a 
multicircuited coil with from two to 22 parallel circuits 
fed from one expansion valve. There is a metering 
device or refrigerant distributor between the expan- 
sion valve and the finned tube part of the coil. This 
distribution arrangement is illustrated in Figure 6-T by 
the conical shaped inlet devices connected to the small 
capillary type distributor tubes. The outlet, or suction 
gas headers, are clearly evident in the illustration. 


FIGURE 6-T 
DRY EXPANSION COIL 
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When designing fluorinated hydrocarbon evapora- 
tors, it is best to feed the liquid at the top and take the 
suction connection from the bottom. In this way, the oil 
released by the boiling of the liquid is carried to the 
bottom, where it is swept out of the evaporator by the 
high velocity vapor entering the suction pipe. 

The action of a finned coil that is used to cool air is 
fairly simple as long as no condensation of moisture 
from the air takes place on the cold surfaces. However, 
in most air conditioning work the evaporator must not 
only cool the air but must also condense moisture from 
the air. When condensation occurs, the action of the 
evaporator is changed considerably. In order for mois- 
ture to condense on the cold fins and tubes, the tem- 
perature of these fins and tubes must be lower than the 
dew point temperature of the air approaching the coil. 
Obviously, if the surface temperature is higher than the 
dew point temperature of the air, there can be no con- 
densation. Often, when air having a high dry bulb tem- 
perature enters a coil, the fin temperature is kept fairly 
warm by contact with the relatively warm air, in spite 
of the cold refrigerant inside the tubes. When this 
occurs, an initial portion of the coil will be dry. After 
the air has penetrated some distance into the coil and 
has been cooled, the fin temperature will drop to a point 
below the dew point temperature of the air, and con- 
densation of moisture will then take place on the bal- 
ance of the coil. 


COIL REFRIGERATING CAPACITY TONS 
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FIGURE 6-U 
VARIATION IN COIL CAPACITY WITH SUCTION TEMPERATURE 


Because of the fact that a single coil may often have 
both dry and wet surfaces, the computation of the cool- 
ing capacities of such coils is not simple; it is necessary 
to consult manufacturers’ rating tables. The following 
variables affect the capacity of a dehumidifying coil: 
wet bulb temperature, dry bulb temperature, velocity 
of the entering air, and the temperature of the vapor- 
izing refrigerant inside the coil. Figure 6-U shows the 
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cooling capacity of a wetted coil at various refrigerant 
temperatures. All other conditions such as the dry and 
wet bulb temperatures and the velocity of the entering 
air are assumed to be constant. 


Combinations of Compressors and Cooling Coils 


As shown earlier in this chapter, the refrigerating 
capacity of individual compressors and cooling coils 
varies considerably with changes in suction pressure. 
Although the capacity of separate coils and compres- 
sors can be computed without difficulty, it is quite 
another matter to find their refrigerating capacity and 
operating suction pressure when connected together. 

Every change in one affects the other. It is evident 
that an increase in the speed of a compressor would 
result in an increase in its pumping capacity. But, being 
connected to a coil having a fixed surface area, the 
suction pressure will fall as the speed increases because 
the cooling coil will be unable to vaporize sufficient 
refrigerant to maintain the original back pressure. As 
a result, the increase in compressor pumping capacity 
is less than it would have been were it possible to 
increase the coil area along with the compressor speed. 
Therefore, the capacity of a refrigerating system does 
not increase in direct proportion to the change in com- 
pressor speed — the increase is somewhat less. The 
actual capacity and suction pressure of a refrigerating 
system can be analyzed only by considering the com- 
pressor and cooling coil together. 

It is evident that the variation in the different 
factors affecting the operation of a cooling coil and 
compressor together produces results that may not be 
readily apparent. Various compensating factors offset 
changes due to other factors. For this reason the effect 
of change in load, suction pressure, or compressor 
speed is most easily determined by the graphical 
method about to be described. 

The curve of Figure 6-H clearly shows the decrease 
in refrigerating capacity of a compressor with falling 
suction temperatures. On the other hand, the refrig- 
erating capacity of a cooling coil increases with falling 
suction temperatures as illustrated in Figure 6-U. 
These two curves show the refrigerating capacity of an 
individual compressor and cooling coil, separated and 
unconnected. If the coil is connected to the suction of 
the compressor, what will be the refrigerating capacity 
of the system as a whole? At what suction temperature 
and pressure will it operate? These questions can be 
answered by drawing the curves of Figure 6-H and 
Figure 6-U on one diagram as shown in Figure 6-V. The 
refrigerating capacity of the system and the suction 
temperature and pressure at which it will operate can 
be read at Point 1 which is located at the intersection 
of the two curves. The tonnage capacity of the com- 
pressor and cooling coil must be exactly the same be- 
cause, with a steady suction pressure, the weight of 
refrigerant pumped by the compressor is always equal 
to the weight vaporized in the cooling coil. (The refrig- 
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erating capacity of the system depends only upon the 
weight of refrigerant circulated.) Combination dia- 
grams of this type are the only practical method for 
solving problems involving a given compressor and 
cooling coil connected together. 
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FIGURE 6-V 
COMPRESSOR AND COIL SYSTEM CHARACTERISTICS 


REFRIGERATING CAPACITY TONS 
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FIGURE 6-W 
VARIATIONS IN SYSTEM CHARACTERISTICS 


The cooling coil and compressor curves of Figure 
6-V are shown dotted in Figure 6-W. If, instead of using 
a coil whose capacity characteristics are represented by 
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the dotted line, A, suppose a different coil, whose char- 
acteristics are represented by the solid curve, B, is 
connected to the same compressor. 

The capacity of the system, as read at Point 2, will 
decrease from 19 tons to 16 tons, and the suction tem- 
perature in the evaporator will fall from 40 F to 33 F. 
Now, suppose that the compressor speed is reduced 
from 1750 rpm to 875 rpm. At any one suction pressure, 
the tonnage capacity of the compressor will change 
directly with the speed. Therefore, if the speed is 
halved, the capacity will also be halved. The capacity 
curve for the compressor running at half speed is shown 
by the solid curve of Figure 6-W. In other words, the 
curve of compressor capacity is lowered as the speed is 
lowered. If the compressor, running at low speed, is 
still connected to the evaporator whose capacity is re- 
resented by the solid curve, the capacity and suction 
temperature of the system — as read at Point 3 — will 
be 10 tons and 43 F, respectively. While variable speed 
is a method of compressor capacity control, it is not a 
common control method for modern compressors. The 
use of compressor unloading for this purpose will be 
discussed in a later paragraph. 

The refrigerating capacity of a cooling coil varies 
not only with the suction temperature but also with 
every change in either the temperature or the velocity 
of the entering air. Thus, both curves A and B of Figure 
6-W might represent the capacity of the same coil. The 
solid curve, B, would represent its capacity when 
either the entering air temperature or the velocity was 
lower than for the conditions represented by the dotted 
curve, A. Thus, if the compressor is always operating 
at the same speed, the refrigerating capacity of the 
system and the evaporator pressure at which it will 
operate can be read, for various entering air temper- 
atures, at points such as 1 and 2 of Figure 6-W. A 
different coil capacity curve, drawn for each different 
entering air temperature or velocity, would be needed 
to determine the capacity of the system for various 
entering air conditions. 

There are inherent economies in using a constant 
speed electric motor to drive a compressor. By design- 
ing a compressor with unloading capability, capacity 
control can be achieved while the compressor is oper- 
ating at constant speed. The effect of compressor un- 
loading on the combination of the compressor and 
cooling coil will now be illustrated. 

A cooling coil capacity curve, A, has been plotted 
in Figure 6-X. It is apparent that at a suction temper- 
ature of 30 F, the capacity is about 25 tons and that the 
capacity is about 12.5 tons when the suction tempera- 
ture is 50 F. Curve B is the refrigerating capacity for 
a compressor operating at 1750 rpm. The operating 
point for the coil and compressor will be at the inter- 
section of the two curves at Point |. The capacity of the 
combination is read as 19 tons at 39 F suction. 
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Now suppose the demand for refrigeration de- 
creases. The unloading mechanism will function and 
cause the compressor to pump less refrigerant vapor. 
Under these conditions curve C is the capacity of the 
compressor, and the operating point of the coil and the 
compressor partially unloaded is Point 2. At the new 
operating point the capacity is 17 tons and the suction 
temperature is about 42.5 F. If the refrigeration load 
continues to drop, the compressor further unloads and 
the operating points are shown as their respective 
curves cross the coil capacity line A. Thus, with the 
compressor at the third step of unloading, the cooling 
coil and compressor combination would have a capacity 
of 12.3 tons at a suction temperature of 50 F. 

In actual installations, two or more evaporators of 
different sizes may be connected to one compressor. 
Referring to Figure 6-Y, curve A represents the ca- 
pacity of one cooling coil, and curve B represents the 
capacity of a second coil. Obviously, at any one suction 
temperature, the total capacity of both cooling coils 
together will be the sum of their individual capacities. 
Thus, the capacity of the system when both coils are 
operating at 36 F is found by adding their individual 
capacities as read at Points 4 and 5 — resulting in Point 
7 as the total. The remaining points which locate the 
curve C are found in the same way. Therefore, curve 
C represents the total cooling capacity when the coils 
are operating together. With both coils connected to 
one compressor, the capacity and suction temperature 
of the compressor will be represented by Point 1. The 
capacities of the individual coils at this suction tem- 
perature will be represented by Points 8 and 9; Point 
1 is, of course, the sum of these individual capacities. 

Should coil A be valved off, while coil B is left 
connected, the capacity and suction temperature of the 
system will immediately fall to Point 2 on curve B. If 
coil A is left connected while coil B is shut off, the 
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compressor and coil A combination would have 3 as the 
operating point where the cooling capacity is about 9.5 
tons at a suction temperature just over 20 F. 
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FIGURE 6-Y 
TWO DIRECT EXPANSION COILS ON A SINGLE COMPRESSOR 


When coil B is shut off, frosting of coil A might 
occur because the evaporator temperature would fall 
below 32 F. In order to avoid this, it would be necessary 
to keep the suction temperature at some point above 
32 F. This higher temperature could then be main- 
tained by unloading the compressor as previously de- 
scribed in the explanation of Figure 6-X. 

So far this discussion has dealt only with a perfect 
system in which there is no drop in the pressure of the 
vapor while flowing from the cooling coil to the com- 
pressor. In actual installations, there is always a drop 
in pressure in the pipe connecting the cooling coil to the 
compressor. As a result, the pressure in the cooling coil 
will be slightly higher than the pressure at the com- 
pressor. However, regardless of this drop in pressure, 
the weight of vapor pumped by the compressor must 
still be equal to the weight vaporized in the coil; that 
is, their tonnage capacities must still be equal. There- 
fore, on a diagram such as Figure 6-Z, for a compressor 
system using Refrigerant-22, the capacity and satu- 
rated suction temperature of the coil can be repre- 
sented by Point 1. The capacity and the temperature 
corresponding to the actual pressure of the vapor at the 
compressor can be represented by Point 2. Thus, the 
saturated suction temperature at Point 1 is 35 F and at 
Point 2 it is 29 F. Referring to Table 6-5, the pressure 
at Point 1 is 61.5 psig, and at Point 2 it is 53.6 psig; this 
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means that the pressure drop in the suction pipe is 7.9 
psi. On a diagram such as Figure 6-Z, the drop in 
pressure is indicated by the horizontal dotted line 


drawn between Points 1 and 2. 
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Coil Performance 

Regarding coil performance, heat transfer from 
boiling refrigerant inside tubes to air passing over the 
outside of finned tubes involves a great many variables. 
Customarily, manufacturers test their coils and publish 
performance data. A coil of a particular tube diameter, 
fin spacing and circuiting that has been designed for 
Refrigerant-134A should not be used for Refrigerant- 
22. The loading in Btu per hour per square foot of face 
area will be different for each refrigerant, and some 
changes in circuiting may be necessary, even though 
basically, the same design can be used. 


Shell-and-Tube Evaporators 


There are two common types of shell-and-tube 
evaporators used to provide chilled water for air con- 
ditioning systems. There are the same two types as 
discussed previously with fin and tube coil evaporators; 
the flooded type and the direct expansion (dry) type. 
In the flooded type, the shell contains a tube bundle 
through which water to be chilled is pumped. Half to 
three-fourths of the tube bundle is immersed in liquid 
refrigerant, which boils because of the heat received 
from the water being cooled. 


WARM WATER IN 


FIGURE 6-AA 
A DIRECT EXPANSION SHELL-AND-TUBE EVAPORATOR 


A modification of the flooded evaporator is the 
semi-flooded type with only the bottom row of tubes 
being submerged in the liquid refrigerant. For this 
type, special consideration must be given to the uni- 
form distribution of refrigerant inside the shell to 
ensure wetting of all heat transfer surfaces. Otherwise, 
a larger shell must be used for a given capacity. In the 
full-flooded type, this is not a problem as the violent 
boiling of the refrigerant thoroughly wets the outside 
surface of all tubes. With the lower refrigerant level in 
the semi-flooded type, a trough, running the full length 
of the shell, is commonly employed to ensure good 
distribution of liquid refrigerant underneath the tube 
bundle. 


Laboratory tests have shown that externally 
finned tubes give much higher rates of heat transfer 
than smooth tubes. Thus, for a given capacity, an evap- 
orator having finned tubes will have a smaller shell and 
fewer tubes than an evaporator with externally smooth 
tubing. 

Liquid carryover from the flooded evaporator to the 
compressor may be a problem at some load conditions. 
It is customary to install eliminator plates near the re- 
frigerant vapor outlet to block liquid carryover. In some 
designs, the eliminator plates vary in resistance in order 
to equalize the pressure drop throughout the length of 
the evaporator. Such an arrangement promotes uni- 
form vapor flow and a high rate of heat transfer. 
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In the direct expansion (dry) evaporator of the 
shell-and-tube type, Figure 6-AA, liquid refrigerant 
boils and evaporates inside the tubes while water is 
circulated over the tube bundle. The shell contains 
several baffles so the water passes through the tube 
bundle numerous times. Tube bundles are of U-tube, or 
straight tube design. The advantage of the U-tube 
bundle is that it may be removed from the shell as a unit 
for cleaning the water side of the tubes. The advantage 
of the straight tube design is that individual tubes may 
be easily replaced if necessary. 

In building air conditioning and refrigeration units, 
manufacturers usually supply the direct expansion 
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type on their smaller equipment, say, up to about 200 
tons, and the flooded type for larger units. The direct 
expansion type has the advantage of a smaller pressure 
drop in the chilled water circuit and a smaller charge 
of refrigerant. All evaporators are provided with con- 
trols to prevent freezing, but should a control fail to 
function, the dry expansion evaporator is less likely to 
be damaged by temperatures a few degrees below 
32 F. The water freezing on the outside of tubes will not 
likely crush the tubes nor rupture the shell, whereas, 
in the flooded evaporator, the expansion of water freez- 
ing inside the tubes may cause them to burst. 


FIGURE 6-AC 
PACKAGED WATER CHILLER 


Cold Generator Performance Data, 44 F Leaving Chilled Water and 10 F Evaporator Water Temperature Drop 
Entering Condenser Water Temperature 


Unit 75 80 85 90 95 

Size Tons Kw EER Tons Kw EER Tons Kw EER Tons Kw EER Tons Kw EER 
20 21.5 147 17.4 21.1 15.5 16.2 20.6 16.4 15.0 20.1 17.4 13.9 19.6 18.3 128 
25 26.0 19.7 15.7 25.5 208 147 249 218 13.6 24.4 23.0 127 23.8 24.2 W7 
30 30.7 23.5 15.6 30.1 24.7 146 29.5 258 13.7 28.9 27.2 128 28.3 28.5 118 
40 43.0 29.6 17.3 42.1 313 16.1 412 33.0 14.9 40.3 349 13.8 39.3 36.8 12.8 
50 50.6 38.4 15.7 49.6 405 147 48.6 42.6 13.6 475 449 12.7 46.4 472 117 
60 61.6 47.4 15.5 60.5 49.8 146 59.3 52.2 13.6 58.1 549 12.7 56.8 57.6 118 

FIGURE 6-AD 
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Performance of Shell-and-Tube Evaporators 


Manufacturers of shell-and-tube evaporators run 
laboratory tests, under carefully controlled conditions, 
to determine the performance of their particular design 
configuration. If they sell the evaporators separately as 
water chillers, then the usual form of capacity data is 
a series of curves. One form of presentation is shown 
in Figure 6-AB, where capacity in tons is plotted 
against gpm/nominal ton for various different size chill- 
ers at varying ITD/ t,,, where: 


ITD = Initial temperature difference between the 
entering water to the chiller and the evap- 
orating refrigerant. 


t,, = The difference in temperature between the 
water entering the chiller and leaving it. 


If the chiller is to be combined with a compressor 
and sold as a package, Figure 6-AC, to produce chilled 
water, the capacity may be presented in tabular form. 
Figure 6-AD is a capacity table for several water chill- 
ers with water-cooled condensers. As can be seen, all 
the parameters of selection are indicated. The designer 
of the system into which this equipment is to be incor- 
porated merely refers to the table and finds the capac- 
ity. Pressure drop, through the water side of the chiller 
of the package, can be presented in tabular or chart form. 


Control of Evaporators 


Some means of automatically feeding the liquid 
refrigerant to evaporators is desirable for fluctuating 
loads. For evaporators of the direct expansion coil type, 
constant pressure and thermal or electronic expansion 
valves will automatically vary the amount of refriger- 
ant flowing to the direct expansion coil. 


Constant Pressure Expansion Valve 


The constant pressure expansion valve maintains 
the pressure in the evaporator and, therefore, at the 
suction of the compressor, at a constant point regard- 
less of the load. This valve, Figure 6-AE, is operated by 
either a bellows or diaphragm that is actuated by the 
pressure in the coil. If the pressure in the coil tends to 
rise, the bellows will close the valve slightly and reduce 
the flow of liquid into the coil. Because less liquid is 
vaporized in the coil, the pressure will drop to the point 
at which the valve is set. On the other hand, should the 
pressure in the coil fall, the spring will open the valve, 
admitting more liquid and thereby raising the pressure 
inside the coil. 

The suction pressure of a system tends to change 
only when the load changes. If the suction pressure on 
a compressor is constant, its refrigerating capacity will 
also be constant. Thus, the constant pressure expan- 
sion valve, because it holds the suction pressure steady, 
tends to keep the compressor operating always at the 
same load. It accomplishes this by regulating the 
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amount of liquid admitted to the coil, which, in turn, 
determines the area of effective surface — that is, the 
inside surface in contact with liquid refrigerant. 

Because the constant pressure expansion valve 
tends to keep the refrigerating system operating at the 
same capacity — regardless of the actual capacity 
needed — it is not suitable for continuously running 
compressors operating under variable load conditions. 
However, when the compressors are controlled by ther- 
mostats actuated by room temperature, the constant 
pressure expansion valve is satisfactory. When the 
compressor does run, its entire rated capacity is 
needed. A constant pressure expansion valve is satis- 
factory only for systems where the compressor is car- 
rying approximately full load while it is running. Thus 
it can be used for small systems where the compressor 
is operated intermittently. Constant pressure expan- 
sion valves cannot be used if more than one cooling coil 
is connected to a compressor. Should the load on one coil 
fall, the pressure in that coil would normally tend to 
decrease. However, due to the fact that both coils are 
connected to the same suction line, the pressure would 
equalize through the suction line, thus interfering with 
the operation of the individual valves. 


Thermal Expansion Valve 


Thermal expansion valves are widely used for air 
conditioning work because they have two important 
advantages over other types: 

1. They automatically adjust the amount of liquid ad- 
mitted to the coil in accordance with the refriger- 
ating load. 

2. They permit any number of evaporators to be op- 
erated in parallel on one compressor — each evap- 
orator having its own thermal expansion valve. 
The thermal expansion valve is actuated by the 

temperature and pressure of the refrigerant vapor 
leaving the evaporator. But it does not respond to 
either the temperature or pressure alone; it is actuated 
by a combination of the two which results in the valve 
being responsive only to the superheat of the vapor 
leaving the cooling coil. If enough refrigerant liquid is 
admitted to a coil to wet almost its entire inside surface, 
the temperature of the vapor leaving the coil will be 
close to the temperature of the boiling liquid. However, 
if the supply of liquid is reduced, it will all vaporize long 
before reaching the outlet of the coil. The remaining 
portion of the inside of the coil will then be dry as no 
liquid is in contact with it. This dry portion of the coil 
will superheat the vapor. The more the liquid supply is 
reduced, the more the vapor will be superheated. 

Since the valve is adjusted to maintain the vapor 
at a given degree of superheat, it will open and admit 
liquid only if the superheat is greater than the amount 
that it is adjusted to maintain. On the other hand, 
should the superheat be less, the valve will restrict the 
flow of liquid into the coil. 
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FIGURE 6-AF 
DIAGRAMMATIC ILLUSTRATION OF THERMAL EXPANSION VALVE 


In construction, the thermal expansion valve, Fig- 
ure 6-AF, is similar to the constant pressure valve. The 
only difference is that the thermal bulb and an addi- 
tional bellows are added and the location of the spring 
is reversed. Instead of the spring working against the 
suction pressure, it operates with the suction pressure. 
Both the suction and spring pressures tend to move the 
stem up to close the valve. The suction pressure is 
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exerted inside the lower bellows through the opening 
A, if no equalizing tube is installed. (For the present, 
disregard the equalizing tube and consider this opening 
in the valve to be plugged.) Counteracting this ten- 
dency of the spring and the coil pressure to close the 
valve is the pressure exerted by the refrigerant fluid 
in the thermal bulb. The bulb is either attached to the 
suction pipe or inserted into it. In either case, the liquid 
inside the bulb is always at approximately the same 
temperature as the superheated vapor leaving the 
evaporator. This liquid in the bulb is generally the same 
refrigerant that is being used in the system. 

Enough liquid is always vaporized inside the bulb 
to maintain the pressure in the connecting tube and 
bellows at the saturation pressure corresponding to 
the temperature of the liquid inside the bulb. Be- 
cause the temperature of the liquid inside the bulb is 
actually very close to the temperature of the super- 
heated refrigerant vapor leaving the coil, the pressure 
exerted by the vapor in the upper bellows is greater 
than the actual pressure inside the cooling coil and 
inside the lower bellows. Thus, if Refrigerant-22 boils 
at 40 F in the cooling coil and is superheated to 50 F 
before it leaves the coil, the pressure inside the upper 
bellows will be about 84 psig according to Table 6-5, 
while the pressure inside the lower bellows will be 
about 68.5 psig. In other words, there is a difference of 
about 15.5 psi that tends to open the valve. This 15.5 psi 
difference in pressure would, of course, be enough to 
open the valve and keep it wide open if it were not for 
the spring. By the proper setting of the adjusting 
screw, the spring makes up the difference in pressure 
and maintains the valve in a balanced position at all 
times. Thus, the valve admits just enough liquid so that 
the vapor leaving the coil will be superheated ten de- 
grees. However, if the temperature of the vapor leav- 
ing the coil increases, say to 60 F and the boiling 
temperature in the coil remains at 40 F, the valve would 
open. More liquid would be admitted in order to reduce 
the superheat, because the pressure in the upper bel- 
lows would increase to the saturation pressure corre- 
sponding to 60 F, that is, to about 102 psig. As the 
pressure in the lower bellows would still be about 68.5 
psig, the unbalanced pressure would be about 33.5 psi. 
This unbalanced pressure would move the stem down 
until the spring was compressed sufficiently to exert a 
balancing pressure in an upward direction. Because the 
spring would have to be compressed in order to achieve 
this balancing pressure, the valve would open wider, 
admitting more liquid and reducing the superheat to 
normal. Thus the thermal expansion valve always 
admits as much liquid as is required by the load on the 
coil. 

The suction pressure will not remain constant but 
will vary with the load. Any number of evaporator coils 
may be connected to one compressor, but each one must 
have its own expansion valve and sufficient length of 
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discharge line to accommodate the bulb of the expan- 
sion valve. The pressure at the suction of the compres- 
sor will be determined entirely by the composite loads 
on all the coils, but only enough liquid will be admitted 
to each individual coil to maintain the superheat for 
which each valve is set. In other words, the valve will 
admit just the amount of liquid required by the refrig- 
erating load on the coil. 

For any given adjustment of the expansion valve, 
pressure drop between the valve outlet and the coil 
outlet will cause the valve to reduce the supply of 
liquid. Inasmuch as there is some pressure drop 
through all coils, some method of compensating for this 
drop must be used. 

The best method for compensating for the pressure 
drop is to install equalizing tubes. A valve with an 
equalizing tube connection is illustrated in Figure 
6-AF. In such a valve, the opening A would be plugged, 
and the equalizing line would be run from the chamber 
of the lower bellows to a point in the suction pipe 
adjacent to the thermal bulb, as shown by the dotted 
tube. In this way the actual pressure of the super- 
heated vapor leaving the coil would be exerted in the 
lower bellows. If both the pressure and temperature 
are taken at the same point, it is possible to accurately 
maintain any desired superheat at the outlet of the coil. 
Thus, even though the pressure of the liquid leaving the 
valve of Figure 6-AF might be 83.5 psig, the pressure 
in the lower bellows would only be 68.5 psig if a 15 psi 
pressure drop occurred in the coil. With such an equal- 
izing connection, the valve will admit as much liquid as 
is needed to hold the superheat at the outlet of the coil 
at 10 degrees. Most valves are now made with sealed 
chambers and tappings for equalizing lines, and these 
should be used wherever possible. 


Suction Pressure Regulator 


The suction pressure regulator, Figure 6-AG, is 
used to keep the temperature of vaporizing refrigerant 
inside the cooling coil at a constant point regardless of 
the load on the coil. This is accomplished by maintaining 
the inside of the cooling coil at the saturated pressure 
corresponding to the desired temperature. The action 
is similar to that of the pressure reducing valve com- 
monly used for steam. The only difference between the 
two is that the action is reversed. The steam reducing 
valve maintains the low pressure at some constant 
point by automatically opening or closing. The suction 
pressure regulator, on the other hand, maintains the 
high pressure at some constant value. As the pressure 
in the cooling coil tends to drop, the valve will close 
slightly, thus increasing the friction drop in the suction 
line. As a result, the pressure in the coil will rise while 
the pressure at the compressor suction valve will fall. 
If the pressure in the coil should tend to rise, the valve 
would open slightly, allowing the compressor to pull the 
pressure back to the point for which the valve is set. 
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FIGURE 6-AG 
SUCTION PRESSURE REGULATOR (A. W. CASH CO) 
CONSTANT EVAPORATOR 


TEMPERATURE MAINTAINED BY 
SUCTION PRESSURE REGULATOR 


REFRIGERATING CAPACITY TONS 


SATURATED SUCTION TEMPERATURE 


FIGURE 6-AH 
CONTROL OF COIL BY SUCTION PRESSURE REGULATOR 


The action of the suction pressure regulator, when 
installed in the suction pipeline, can be analyzed by 
means of the diagram of Figure 6-AH. Curves A, B and 
C represent the capacity of one cooling coil at different 
entering air temperatures. The capacity and suction 
temperature of the system could be found at Points 1, 
2 and 3, if there were no restriction in the suction 
pipeline. However, if a suction pressure control valve 
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were installed and adjusted to maintain a pressure in 
the evaporator corresponding to the 42 F temperature 
represented by the vertical dotted line, the resulting 
capacities and suction temperatures would be differ- 
ent. Thus, when the capacity of the coil is represented 
by curve A, the tonnage capacity of the system could 
be read at either Point 4 or 5, as it is the same at both 
points. However, the pressure in the coil would be that 
corresponding to the suction temperature at point 4, 
while the pressure at the compressor would be that 
corresponding to the suction temperature at point 5. 
Similarly, if the entering air temperature were to fall 
and the tonnage capacity of the cooling coil were rep- 
resented by curve C, the capacity of the system would 
also fall, being read at either Point 8 or 9. The drop in 
pressure through the suction pressure regulator would 
be considerably larger, being represented by the line 
between Points 8 and 9. In both of the preceding cases, 
the suction temperatures inside the cooling coil would 
be the same, but the tonnage capacities and the suction 
pressures at the compressor would differ considerably. 
The suction pressure regulator automatically increases 
the pressure drop in the suction line as the load on the 
coil falls. 


The suction pressure regulator can also be used to 
maintain one constant suction pressure in any number 
of different coils, regardless of how many are in use. 
Even though the supply of liquid refrigerant to some of 
the coils is shut off, the suction pressure and temper- 
ature in the remaining coils will not fall because the 
suction pressure regulator is normally installed in the 
main suction line to the compressor. 


Float Valve 


A flooded coil or a flooded shell-and-tube evapora- 
tor may use a low pressure float valve instead of an 
automatic expansion valve. With the low pressure float 
valve, both top and bottom sections of the float cham- 
ber are connected to the evaporator. Thus, the liquid 
level in the float chamber matches the liquid level in the 
evaporator. An electric float switch in combination with 
a solenoid valve, as illustrated in Figure 6-R, may be 
used to maintain the liquid level at the desired point. 
When the liquid level falls, the float switch opens the 
solenoid valve, admitting liquid to the coil until the float 
switch again closes the solenoid valve. The cycle is 
repeated whenever sufficient liquid has vaporized to 
drop the liquid level in the coil below the desired point. 

Another float type control valve is the high pres- 
sure float valve which admits liquid refrigerant to the 
evaporator at the same rate it is pumped from the coil 
by the compressor. High pressure liquid refrigerant 
flows into the body of the valve and the float opens to 
pass refrigerant to the evaporator. 
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Condensers 


The primary purpose of the condenser is to liquefy 
the refrigerant vapor. As discussed earlier, the heat 
added to the refrigerant in the evaporator and com- 
pressor must be transferred to some other medium 
from the condenser. This medium is the air or water 
used to cool the condenser. Condensers using both 
water and air for cooling will be discussed in this sec- 
tion. 


Water-Cooled Condensers 


Condensing water must be noncorrosive, clean, in- 
expensive, below a certain maximum temperature, and 
available in sufficient quantity. The use of corrosive or 
dirty water will result in high maintenance costs for 
condensers and piping. Dirty water, as from a river, can 
generally be economically filtered if it is noncorrosive; 
corrosive water can sometimes be economically treated 
to neutralize its corrosive properties if it is clean. An 
inexpensive source of water that must be filtered and 
chemically treated will probably not be economical to 
use without some means of conservation, such as an 
evaporative condenser or a cooling tower. 

Water circulated in evaporative condensers and 
cooling towers must always be treated to reduce the 
formation of scale, algae, and chalky deposits. Over- 
treatment of water, however, can waste costly chemi- 
cals and result in just as much maintenance as 
undertreatment. The services of a water treatment 
specialist are, therefore, recommended for all cooling 
water problems. 

The four common types of water-cooled condensers 
are: 

1. Double-pipe 
2. Double-tube 
3. Shell-and-coil 


A. Shell-and-tube 


Double-Pipe Condenser 


In the early days of refrigeration, the double-pipe 
condenser was used extensively for ammonia and car- 
bon dioxide. The condenser consisted of 144-inch pipes 
inside 2-inch pipes. The water passed through the 1/4- 
inch pipe while the refrigerant vapor condensed within 
the annular space between the 2-inch and 14-inch 
pipes. The condenser pipes were normally arranged in 
vertical banks on pipe stands. 


Double-Tube Condenser 


Figure 6-AJ illustrates a double-tube condenser. It 
is a modern design of the double-pipe principle and is 
commonly used for condensers having capacities of up 
to about 74 tons. In most designs the water flows 
through the inside tube, which may be %4-inch or %-inch 
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copper or steel. A 1-inch or 14-inch steel or copper tube 
surrounds the inside tube and refrigerant flows 
through the annular space between the two tubes. 

The double-tube arrangement is sometimes formed 
into a coil 12 to 20 inches in diameter, as in Figure 6-AJ. 
A compact arrangement can be achieved by locating a 
hermetic compressor inside the double-tube coil, al- 
though this may be a service disadvantage for field 
maintenance. 


REFRIGERANT VAPOR 
FROM COMPRESSOR 
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FIGURE 6-AJ 
DOUBLE-TUBE CONDENSER 
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Shell-and-Coil Condenser 


A shell-and-coil condenser is simply a continuous 
copper coil mounted inside a steel shell. Water flows 
through the coil and refrigerant vapor from the com- 
pressor is discharged inside the shell to condense on the 
outside of the cold tubes. In many designs, the shell also 
serves as a liquid receiver. 

The shell-and-coil condenser has a low manufactur- 
ing cost but this is offset by the disadvantage that this 
type condenser is difficult to service in the field. If a 
leak develops in the coil, the head from the shell must 
be removed and the entire coil pulled from the shell in 
order to find and repair the leak. A continuous coil is 
a nuisance to clean whereas straight tubes are easy to 
clean with mechanical tube cleaners. Thus, with some 
types of fouled cooling water, it may be difficult to 
maintain a high rate of heat transfer with a shell-and- 
coil condenser. 


Shell-and-Tube Condenser 


The shell-and-tube condenser, illustrated in Figure 
6-AK, permits a large amount of condensing surface to 
be installed in a comparatively small space. The con- 
denser consists of a large number of 34 or 56-inch tubes 
installed inside a steel shell. The water flows inside the 
tubes while the vapor flows outside, around the nest of 
tubes. The vapor condenses on the outside surface of 
the tubes and drips to the bottom of the condenser, 
which may be used as a receiver for the storage of liquid 
refrigerant. Shell-and-tube condensers are used for 
practically all water-cooled refrigeration systems. 


WATER TUBES 


ne tyes 


‘ 
LIQUID REFRIGERANT 
TO RECEIVER OR 
EXPANSION VALVE 


FIGURE 6-AK 
SHELL-AND-TUBE CONDENSER 


In order to obtain a high rate of heat transfer 
through the surface of a condenser, it is necessary for 
the water to pass through the tubes at a fairly high 
velocity. For this reason, the tubes in shell-and-tube 
condensers are separated into several groups — the 


same water traveling in series through each of these 
various groups. A condenser having four groups of 
tubes would be known as a four-pass condenser, be- 
cause the water flows back and forth along its length 
four times. Four-pass condensers are common, al- 
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though any reasonable number of passes may be used. 
The fewer the number of water passes in a condenser, 
the greater will be the number of tubes in each pass. 

The friction of water flowing through a condenser 
with a few passes will be lower than in one having a 
large number of passes. This means a lower power cost 
in pumping the water through a condenser with a 
smaller number of passes. 

The allowable temperature rise in condenser water 
is an important factor in circuiting the condenser. 
Knowing the allowable temperature rise in the con- 
denser water determines the quantity of water re- 
quired. Once this is known, the condenser is then 
selected that is circuited to give the best pressure drop 
and heat transfer for this required water flow. 


Water Required 


The quantity of water required to carry away the 
heat surrendered by the refrigerant depends upon the 
allowable temperature rise of the water. The following 
discussion deals only with the problem of determining 
the required water quantity when the allowable tem- 
perature rise is known. The method of determining this 
allowable temperature rise is discussed later in this 
section. 

According to an early formula in Chapter I, for 
water, where the specific heat is unity, the formula is 
written, 


q =WxTD 
or, 
Wea: 
TD 
where 


W = weight of water required, lb per hr 


q_ = heat transferred from the condensing refrig- 
erant to the water, Btu per hr 


TD = temperature difference between the water en- 
tering and leaving condenser 


This last formula gives the weight of condenser 
water required. Usually the quantity of condenser 
water is expressed in gallons per minute. There are 
8.33 pounds of water in one gallon. Therefore, the pre- 
ceding formula can be modified to give the required 
quantity of water directly in gpm. 


Inasmuch as 
W = 60x 8.33 x V 


Therefore 
500 x TD 
where 


V = water quantity, gpm. 
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Example 6-15: 


A compressor pumping Refrigerant-22 for a 10 ton re- 
frigeration plant is operating with a suction temperature 
of 40 F and a condensing pressure of 220 psig. If the 
condenser water is allowed to rise 15 degrees, find the 
quantity of water required. 


Solution: 


Referring to the 40 degree line in Table 6-5, the 
enthalpy of saturated vapor is found to be 108.142 
Btu per lb and the saturated pressure 83.206 psia. 
Assuming the liquid ahead of the expansion valve is 
saturated at condenser pressure, its enthalpy is 
found opposite 220 psig in Table 6-5. This enthalpy is 
41.804 Btu per lb. 


Compression ratio = 220 + 14.7 
83.206 
= 2.82 


From Figure 6-E the overall efficiency is estimated 
as 77.7 percent. 


Referring to Table 6-8 in the appendix, the enthalpy 
difference of compression is found to be approxi- 
mately 11.074 Btu per lb. Thus, 


_11.074 
0.777 


14.25 Btu per lb 


Actual work 
of compressor } 


From Equation (6-1), 


= 10x 200 
66.337-(Table 6-7) 


= 30.1 Ib per min 


Heat transferred 
to condenser 
water 


_heat from evaporator 
~ + heat of compressor 


q = 10x 200 + 14.22 x 30.1 
= 2000 +- 428 
= 2428 Btu per min 
= 2428 x 60 Btu per hr 
= 145,680 Btu per hr 


Using Equation (6-6), 
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The enthalpy of the vapor leaving a compressor is 
generally close to the value computed by theoretical 
methods, because the relatively warm vapor is cooled 
by the compressor enclosure head at the end of the 
compression stroke. In spite of this, the power required 
to run a compressor is always greater than the amount 
computed by theoretical methods. This was discussed 
under the sections Volumetric Efficiency and Power 
Requirements of Compressors. 

For the most practical comfort air conditioning 
applications, a value of 240 Btu per min per ton (14,400 
Btu per hour) may be used as the total quantity of heat 
transferred to the condenser water. A difference of 10 
Btu from this figure amounts to an error of only 4 
percent in the final computed quantity of water. Using 
the figure of 14,400 Btu per hour, Equation (6-6) re- 
duces to: 


V= 14,400 
500 x TD (6-7) 
V = 28.8 gpm per ton 
TD 


Equation (6-7) gives the required water rate in 
units of gallons per minute per ton. This will be illus- 
trated by the following example. 


Example 6-16: 


Find the quantity of condenser water required for a 
60-ton refrigeration plant if the allowable temperature 
rise of the condenser water is 13 degrees. 


Solution: 
Substituting in Equation (6-7), 
V = 288 
TD 
= 28.8 
13 
= 2.22 gpm per ton 


Total condenser = 60 x 2.22 
water required 
= 133.2 gpm 


The preceding discussion has shown that, for a 
given heat load, the quantity of condenser water 
needed depends upon its allowable temperature rise. 
However, before the allowable temperature rise can be 
determined, both the head pressure to be maintained 
and the initial temperature of the condenser water 
must be known. Although the initial temperature of the 
condenser water is usually fixed by conditions beyond 
control, the head pressure to be maintained may, 
within reasonable limits, be selected. 
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The head pressure that will result is determined by 
the temperature at which the vapor is condensing. As 
will be shown by Example 6-17, it is desirable to main- 
tain as low a condensing temperature as is practicable. 

With the initial temperature of the condenser wa- 
ter known, the number of degrees by which the tem- 
perature of the condensing vapor will exceed the initial 
temperature of the water, is determined by two factors: 


1. The quantity of condenser water available. 


2. The amount of heat transfer surface installed in the 
condenser. 


The smaller the quantity of water used for con- 
densing purposes, the larger will be its temperature 
rise. But, the temperature rise of the condenser water 
is always less than the difference between the temper- 
ature of the condensing vapor and the initial temper- 
ature of the water. This can be noted from Figure 6-AL. 
The left of this chart shows a large temperature dif- 
ference and the right of the chart shows that the rise 
in water temperature is a little more than one-half the 
initial temperature difference for the particular oper- 
ating conditions of this condenser. The initial temper- 
ature difference represents the theoretical maximum 
temperature rise of the water. 
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FIGURE 6-AL 


TEMPERATURE RISE OF WATER FLOWING THROUGH 
SHELL-AND-TUBE CONDENSER 


In a given condenser, the temperature of the con- 
densing vapor will decrease as the water quantity in- 
creases. This will be illustrated in the following 
example. 


Example 6-17: 


Two identical shell-and-tube condensers are condensing 
Refrigerant-22 initially at the same condensing pres- 
sure. Condenser A is provided with cooling water at a 
rate of 1.92 gpm per ton and condenser B at a rate of 4.8 
gpm per ton. The cooling water enters both condensers 
at the same temperature. Compute the temperature 
rise of the cooling water in each condenser. 
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Solution: 
Solving Equation (6-7) for temperature difference, 


V = 288 
TD 
TD = 288 
Vv 
For condenser A, 
TD = 28.8 
1.92 
= 15 degrees 


For condenser B, 


TD = 28.8 
48° 


= 6 degrees 


As calculated in Example 6-17 and as illustrated in 
the top portion of Figure 6-AM, the 1.92 gpm per ton 
water rate results in a 15 degree rise in water tem- 
perature for condenser A. This means a final temper- 
ature difference between condensing refrigerant vapor 
and leaving water of 15 degrees. 
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FIGURE 6-AM 
AN INCREASE IN WATER RATE DECREASES HEAD PRESSURE 


Condenser B, as shown in the bottom part of 
Figure 6-AM, has the same initial temperature differ- 
ence of 30 degrees between entering cooling water and 
condensing refrigerant. As computed in Example 6-17, 
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however, the water rate of 4.8 gpm per ton for con- 
denser B has a temperature rise of only six degrees. 
Because of the greater average temperature difference 
between the refrigerant and water, more heat will be 
transferred to the water in a given time. This means 
that after operating for a short time the temperature 
of the condensing refrigerant will drop. The temperature 
drop will depend upon the amount of heat transfer sur- 
face but it might be as much as 12 or 15 degrees as shown 
by the broken line in the lower portion of Figure 6-AM. 


A 12 or 15 degree drop in condensing temperature 
has a beneficial effect upon the operating conditions of 
the refrigeration system. From Table 6-5 it will be 
noted that if the condensing temperature decreases 
from 108 F to 96 F (12 degrees), there will be a 35.5 psi 
drop in condenser pressure! For the same suction pres- 
sure at the compressor, this means a lower compression 
ratio. From Figure 6-E it will be noted that a lower 
compression ratio means a higher volumetric efficiency 
and a higher overall efficiency. The higher volumetric 
efficiency results in an increase in refrigeration capac- 
ity and a higher overall efficiency results in a lower 
brake horsepower. Thus, the condensing temperature, 
and therefore the head pressure, should be kept as low 
as feasible. 


Air-Cooled Condensers 


The use of dry air for condensing purposes is gain- 
ing in popularity. It now is being used in applications 
where the single unit load ranges up to 400 tons. The 
primary reasons for its popularity are (1) air is readily 
available and there is no disposal problem, (2) first cost 
is lower than other condensing means involving water 
conservation, and (3) maintenance costs are reduced. 

There are offsetting disadvantages that should be 
evaluated, such as (1) large volumes of air are required 
which may cause noise problems, (2) operating costs are 
relatively high because the power to drive the com- 
pressor at or near full load is high, (3) the air cooled 
condenser increases in capacity when the system load 
falls off creating possible operating problems at part 
load, and (4) start-up problems may be encountered at 
low outdoor temperatures. 

Very little can be done to overcome the first two 
disadvantages. The part load problem has had various 
solutions such as multiple fan motor cycling or multi- 
speed fan motors to vary the air flow over the con- 
denser coil and thus its capacity. Multilouvered 
dampers over the condenser coil are also available and 
provide a greater air quantity reduction that more 
nearly follows the capacity variation to a point. 

Probably the best solution of both part load and 
start-up problems is to back-flood the condenser sur- 
face with liquid refrigerant. There are many methods 
and devices to accomplish this back-flooding. 
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FIGURE 6-AN 


AIR-COOLED CONDENSER WITH PROPELLER TYPE FAN 


FIGURE 6-AO 


AIR-COOLED CONDENSER WITH CENTRIFUGAL TYPE FAN 


Type of Air Condensers 


The modern air condenser is available with either 
propeller or centrifugal type fans for moving the air 
through the condenser coil. Figure 6-AN illustrates a 
propeller type unit, while Figure 6-AO shows a unit 
with a centrifugal fan. When the air condenser can be 
installed out of doors, the propeller fan type unit is 
generally used. If for some reason the condenser is to 
be installed indoors, with ductwork to carry the air to 
and from the unit, the condenser with the centrifugal 
fan is more suitable. Either type unit can be built with 
a liquid subcooling circuit. 

Air condensers are available in sizes as large as 400 
nominal tons ina single unit. Multiple units may be used 
for higher tonnages, but it is always desirable to use a 
single condenser, if possible, because the piping for 
multiple units is more involved and requires greater 
care in design and installation. 
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Condenser Ratings 


Rating data is presented in two general ways by 
manufacturers of air condensers. One way is to present 
the condensing capacity at various temperature differ- 
ences between entering air and condensing tempera- 
tures. This data then is compared with compressor 
performance at the same condensing temperature and 
the designer of the system determines the balance of 
the two components. 


Nominal 30 Ton Compressor 
Nominal 30 Ton Nominal 40 Ton 


Condenser Condenser 

Suction Ambient Temperature Ambient Temperature 
Temp. 85° 95° 105° 115°] 85° 95° 105° 115° 
20° Net Tons 20.4 187 169 15.1{ 210 192 17.4 15.7 
Kilowatts 22.7 23.6 247 25.1 | 22.1 23.1 24.1 248 
30° Net Tons 25.3 23.55 215 194| 263 243 22.2 20.2 
Kilowatts 25.0 26.4 27.6 28.5] 242 256 27.0 28.1 
40° Net Tons 31.1 28.5 260 — | 32.4 298 27.2 246 
Kilowatts 276 29.3 309 — | 261 281 298 315 

50° Net Tons 365 338 313 — | 37.9 353 326 — 

Kilowatts 29.7 32.0 33.9 — | 27.7 302 325 — 

Table 6-B 


Recently, manufacturers have assumed the obli- 
gation of making this balance for components that they 
manufacture. By so doing, the benefit of subcooling in 
the condenser can be utilized to the advantage of the 
complete system. The resulting combinations of com- 
ponents thus matched will result in the lowest first cost 
as well as the lowest operating cost for normal air 
conditioning applications. In Table 6-B is found a nom- 
inal 30 ton compressor and two different size propeller 
fan condensers. Rating of centrifugal fan condensers is 
done in the same manner. The use of this table is il- 
lustrated in the following example. 


Example 6-18: 


a. Cooling Load 29.4 Tons. 
b. Outdoor Design Temperature 95 F. 
c. Suction Temperature at Compressor 40 to 45 F. 


Select condenser-compressor, and determine actual suc- 
tion temperature at compressor. 


Solution: 


Part “A” of the selection requirements has been com- 
pleted by the inclusion of the appropriate table. 
Through interpolation, the actual suction tempera- 
ture is found to be 41.7 F. Therefore, a nominal 30 ton 
compressor and a nominal 30 ton condenser will prod- 
uct the required capacity of 29.4 tons at 41.7 F suction 
temperature and 95 F ambient temperature. 


Where a manufacturer provides matched equip- 
ment combinations in published literature, they gen- 
erally will have individual component data available on 
request so a system designer can do his own component 
balancing if desired. 
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If an air conditioning system with an air-cooled 
condenser will operate only when the outdoor temper- 
ature is above 40 F, a simple fan cycling or multilou- 
vered damper control is usually adequate. The shutter 
control will follow the system load variations closely 
enough so there should be neither head pressure nor 
starting problems. The system piping can be simple, as 
illustrated in the piping diagram, Figure 6-AP. 
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As will be noted, this system does not employ the 
conventional liquid receiver. The air condenser has suf- 
ficient volume to hold the charge on a system where the 
components are reasonably close together. Since the 
accumulator between the condensing circuit and the 
subcooler of the air condenser can handle a small vari- 
ation in liquid volume, this would not be considered a 
critically charged system. 


Evaporator Piping — Direct Expansion Coil 


PRESSURE TAP 


BALL 
SHUTOFF /; 
VALVE 


“uid LIQUID DISTRIBUTOR 
EXPANSION VALVE 


* uoUID 
CHARGING VALVE 


FIGURE 6-AP 


TYPICAL PIPING ARRANGEMENT OF aioe WITH AIR 


IDENSER AND epoca NO HEAD PRESSURE CONTROL, 


-COOLED CON! 
HEAD PRESSURE CONTROL MAY BE WITH SHUTTE! 


Location and Air Supply 


An air condenser generally will be located on the 
roof of the structure being served. This is true in the 
case of buildings with flat roofs. If the roof is pitched, 
the air condenser may need to be located on the ground 
adjacent to the building. 

When selecting the location of the propeller fan 
air-cooled condenser, consideration must be given to its 
relationship to walls or other obstructions. It is nec- 
essary and important that both the inlet and.the outlet 
from the unit not be blocked or restricted in any 
manner. An air-cooled condenser should never be lo- 
cated in a light well or atrium of a building where the 


discharge air cannot move freely away from the unit. 
If a unit must be located near a wall, sufficient distance 
must be allowed between the wall and the unit so that 
the air flow will not be restricted. A good rule of thumb 
with a propeller type unit is to allow one foot of distance 
between the unit and the obstruction for each foot of fan 
radius. 


If there is to be a positive exhaust from the con- 
ditioned space, it would be helpful if this air were di- 
rected into the inlet of the air condenser. With a 
propeller type fan on the condenser, it will be difficult 
to make a direct connection between the exhaust from 
the building and the unit. 
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FIGURE 6-AQ 
EVAPORATIVE CONDENSER 


Evaporative Condensers 


The evaporative condenser is a form of water- 
cooled condenser that offers a means of conserving 
water by combining the condenser and the cooling 
tower into one piece of equipment. 

As shown in Figure 6-AQ, refrigerant vapor from 
the compressor enters the top of a coil and condenses 
to a liquid as it flows through the coil. The liquid re- 
frigerant then drains to an accumulator or receiver. 
Water is sprayed downward over the refrigerant coil 
with the spray water falling into a water tank to be 
picked up by a pump and returned to the spray nozzles. 
A fan at the top of the unit draws air into the bottom 
of the casing and up through the spray-filled interior, 
discharging it out the top. 

In the evaporative condenser, the function of the 
water is to keep the coil surface wet and transfer the 
heat to the air stream. Comparatively small quantities 
of water are needed to accomplish this. 

If the pipe surfaces were dry, the condensation of 
the refrigerant vapor would take place at a tempera- 
ture higher than the outdoor dry bulb. The air flowing 
through the condenser could absorb heat only by a rise 
in its dry bulb temperature — that is, only its sensible 
heat content would increase. However, by wetting the 
surface, the outdoor wet bulb temperature — always 
lower than the dry bulb — becomes the governing 
factor. Evaporation of the water takes place into the air 
and, as a result, there is not only an increase in the 
sensible heat of the air but also an increase in its latent 
heat content. The latent heat for evaporating the water 
from the pipe surface is supplied by the condensing 
refrigerant inside the tubes. The evaporated moisture 
is then carried off by the air. As a rule, the increase, if 
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any, in the dry bulb temperature of the air is small. 
Most of the heat of condensation is carried off by the air 
as latent heat. 

The spray water assumes some temperature be- 
tween the condensing temperature of the vapor and the 
initial wet bulb temperature of the air. For any one 
condensing and initial wet bulb temperature, the exact 
temperature that the spray water will assume depends 
upon the amount of air supplied as well as upon the coil 
design. As a rule, between 200 and 300 cfm of air are 
required per ton of refrigerating capacity. Increasing 
the air quantity beyond this has little effect upon the 
capacity of the condenser. 

For a given condenser, the capacity varies mark- 
edly with a change in either the initial wet bulb tem- 
perature of the air or the condensing temperature of 
the vapor. The greater the difference between the two, 
the greater will be the capacity of the condenser. 

An evaporative condenser may be located either 
outdoors or in an indoor equipment room. The outdoor 
location is recommended only when operation will be 
limited to outside ambient conditions above freezing, as 
it is impractical to run an evaporative condenser with- 
out spray water. The capacity of such a unit with a dry 
coil is only about 15 percent of what it is when wet. The 
more practical location for an evaporative condenser 
that must operate when outdoor ambient temperatures 
are below freezing is indoors. For an indoor application 
the fan must be selected to provide sufficient air flow 
against the resistance of the ductwork that is connected 
to it. To avoid the problem of low condensing pressures 
on winter operations the ductwork is set up so that 
some of the discharge air may be recirculated. Suitable 
dampers in the ducts with head pressure actuated con- 
trol will give satisfactory results. 

The air intake should be provided with a filter if the 
unit is in a dusty or dirty location; this will prevent the 
formation of slime in the water tank. More important 
however, is the necessity for water treatment. This 
should be considered in every application and should be 
done under the direction of water chemists who can 
recommend the proper treatment for the water condi- 
tions that exist. 

When an evaporative condenser is installed on the 
same level as a compressor, no special precautions need 
be taken beyond those commonly observed when con- 
necting any compressor to a condenser. However, when 
an evaporative condenser is installed on a roof at some 
distance above the compressor, three simple precau- 
tions should be observed: 

1. The discharge line between the compressor and the 
condenser should pitch down in the direction of 
refrigerant flow and either loop down immediately 
after leaving the compressor to form a “U”’ trap, or 
an oil separator should be installed. 

2. A check valve should be installed in the hot vapor 
line just before it connects into the condenser. 
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3. Liquid receivers or accumulators should be in- 
stalled as close to the unit as possible and in a shady 
location to avoid the direct rays of the sun. 


A certain amount of oil is entrained with the re- 
frigerant vapor leaving the compressor. When the com- 
pressor stops, this oil will drain toward the compressor 
chamber and, if allowed to accumulate at this point, 
may cause serious difficulty when the machine starts. 
The loop is needed, therefore, to trap oil at the bottom 
of “‘U”’ bend so it will not reach the compressor cham- 
ber. When enough oil accumulates, it will be carried up 
through the condenser and into the receiver or accu- 
mulator, where it will mix with the liquid refrigerant. 
To keep the amount of oil in the trap as small as pos- 
sible, the legs of the ““U” should be short. 

During periods when the compressor is shut down, 
there may be a flow of vapor from the receiver or 
accumulator up through the condenser and back 
through the discharge line. This is because the dis- 
charge line is in contact with the relatively cool air 
inside the building, whereas the receiver or accumu- 
lator is in contact with the warm outdoor air. As a 
result, some slight evaporation may take place in the 
receiver or accumulator while some slight condensation 
takes place in the relatively cool discharge line. A check 
valve in the discharge line at the condenser will prevent 
any back-flow of vapor. 

Liquid receivers or accumulators should not be 
exposed to the direct rays of the sun, as excessive 
pressures may develop. In addition, if the temperature 
of the liquid refrigerant stored in the vessel is raised by 
the heat of the sun, the refrigerating capacity of the 
system will be reduced. The receiver or accumulator is 
occasionally located in the water tank of the evapora- 
tive condenser to provide a small amount of subcooling 
for the liquid refrigerant. 

Most of the heat to be removed from the refriger- 
ant in the evaporative condenser coil is carried away as 
latent heat of vaporization of the water that is evapo- 
rated. The salt content of the water is increased by this 
evaporation. Therefore, corrosion and scale will 
present a serious operating problem in hard water re- 
gions, unless adequate control is provided by bleedoff 
and water treatment. The services of a water treat- 
ment specialist are recommended. 

Make-up water will be the sum of the water evap- 
orated, loss by windage, and the amount of bleedoff. 
The total make-up is generally about three gallons per 
hour per ton of refrigeration, which is ordinarily about 
five to ten percent of the water required for a water- 
cooled condenser. 


Condensers Compared 


Many factors should be considered before a final 
decision is reached on the best method of condensing 
the refrigerant vapor from a compressor. Condensing 
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methods available to the design engineer are: water- 
cooled condenser supplied with cooling water from a 
well, a cooling tower, or purchased from the city; air- 
cooled condenser; evaporative condenser. While cool- 
ing towers will not be described until a later chapter, 
afew general comparisons will be made because of their 
bearing upon condensing equipment just discussed. 

An economic study of a condensing means for a 
refrigeration system should give consideration to the 
following general statements: 


Water-Cooled Condensers 
1. Occupy the least amount of space except when a 
cooling tower is used. 


2. Require a cooling tower or an inexpensive source 
of water. 


3. Located indoors, with cooling tower outdoors. 


4. Require water treatment when used with cooling 
tower. 


5. Require pump and water piping large enough to 
handle total water flow. 


6. Unit sizes range from small to very large. 


7. High maintenance when cooling tower included. 


Air-Cooled Condensers 
1. Require no water and, therefore, normally have no 
problems of freezing, scaling, or corrosion. In in- 
dustrial atmosphere, corrosion may become a 
problem. 


2. Higher peak power requirement per ton than an 
evaporative condenser or water-cooled condenser. 


3. Lowest installation and maintenance cost. 


4. Usually located outdoors, but can be indoors with 
centrifugal fan models. 

5. No water piping or pump required. 

6. Capacities over 120 tons usually require multiple 
units. 

7. Longer refrigerant lines required. 


8. Requires additional controls if required to operate 
at low outdoor temperatures. 


9. Minimum maintenance. 


Evaporative Condensers 
1. Require much less circulating water than water 
condenser with cooling tower, therefore, uses a 
smaller water pump, and water lines of smaller size 
and shorter runs. 


2. Usually require less space than air-cooled condens- 
ers, or a water-cooled condenser with cooling 
tower. 


3. May be located indoors. 
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4. Require water treatment. 
5. Large sizes available. 
6. Medium maintenance. 


Direct Expansion System Piping 

This manual presents general piping recommen- 
dations for some of the more common applications of 
direct expansion, reciprocating or scroll equipment in 
the applied size range. 

The diagrams illustrate piping techniques that ac- 
commodate various system component arrangements 
and the application of refrigeration accessories. 


Compressor Piping 
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Piping Notes 
The principal concerns in refrigeration piping are: 
© Uniform oil return to the compressor. 
¢ Pressure drops and their effect on system capacity. 
¢ Pipe routing and isolation to avoid line breakage, 
excessive vibration and sound transmission to the 
conditioned space. 
e Location and piping of refrigeration accessories. 


With these concerns in mind, the most important 
points to observe when piping a reciprocating or scroll 
compressor refrigeration system are: 
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(Figure 6-AR) In the design of a built-up system, 
route the compressor suction and discharge piping as 
close to the crankshaft centerline as possible. Extend 
the lines 4 or more feet to an anchor point of sufficient 
mass to absorb the compressor torque and vibration. 

In addition, a hot gas muffler, installed as close to 
the compressor as possible, minimizes hot gas line vi- 
bration and sound induced by gas pulsation. 


(Figures 6-AS and 6-AT) A second example is the 
compressor piping of packaged equipment. The pieces 
selected are the Trane Model RAUC, 20 through 60 
ton, condensing units. 

The suction line(s) is piped in parallel with the 
vertical crankshaft of the hermetic compressor into the 
space beneath the unit, which is elevated by vibration 
isolators or blocks. The line(s) is then routed, as shown, 
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to parallel the liquid line(s). To produce the pipe flex- 
ibility required to absorb compressor torque and vi- 
bration, the line(s) is extended to provide no less than 
10 feet and, for proper support, no more than a 15 foot 
length between the compressor suction valve and an- 
chor point. 

The discharge lines of these particular packaged 
units contain a factory installed hot gas muffler. 


Suction And Discharge Lines 

Pitch all horizontal suction and discharge lines in 
the direction of gas flow at the rate of % inch for each 
10 feet of run. Pitching promotes oil movement away 
from the compressor discharge and toward the suction. 
In addition, pitching the suction line away from the 
evaporator prevents the trapping of oil at the remote 
bulb of the expansion valve. The trapping of oil in this 
area retards heat transfer to the bulb, resulting in 
erratic valve operation. 


Suction And Discharge Risers 

The basis for sizing suction and discharge risers 
with upward flow is gas velocity. Sufficient velocity 
must be maintained during all modes of operation to 
promote oil movement within the risers. However, be- 
cause of the limited number of line sizes available, this 
may not always be possible with a single riser. 

For example, there will be times when a line size 
selected to produce an acceptable gas velocity at the 
minimum stage of compressor loading will produce an 
unacceptably high velocity when the compressor is 
fully loaded. And, the next larger line size will produce 
a satisfactory full load velocity, however the minimum 
stage velocity is marginal. When this is the case, the 
construction of a double riser should be considered. 
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(Figures 6-AU and 6-AV) Two acceptable double 
riser designs are illustrated. In both, the horizontal 
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dimension “A” of the base trap is held to a minimum to 
prevent the trapping of an excessive amount of oil. In 
addition, the trap is offset to provide the pipe clearance 
at the top of the riser needed to make the inverted trap 
connection. Finally, the suction or hot gas lines are 
pitched into and away from the riser assembly, as 
shown. 
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FIGURE 6-AW 


(Figure 6-AW) An alternative to the discharge 
double riser assembly is the drain leg and oil return 
line. The drain leg is constructed of a capped, 10 inch 
length of line size pipe and the oil return line is a 5 foot 
length of % inch tubing. The drain line is taken from the 
side of the drain leg to prevent foreign matter from 
plugging the line, and is tapped into the top of the 
suction line approximately 4 to 5 feet from the compressor. 

With this arrangement, a part load discharge gas 
velocity that does not move oil adequately can be tol- 
erated. The oil simply drains into the leg from where 
the pressure difference forces it through the return line 
to the suction side of the compressor. The five foot 
length of return line provides the pressure drop needed 
to prevent excessive short circuiting of hot gas to suc- 
tion. Yet, the tube is large enough to drain oil and 
refrigerant from the riser. If the distance between the 
riser and suction line exceeds 5 feet, additional 14 inch 
tubing may be added to the original length of % inch 
tubing to bridge the gap. 

Finally, a solenoid valve is installed in the oil return 
line. The valve is wired in parallel with the compressor 
control relay, causing it to open at start-up and close 
prior to the system pumpdown cycle. 
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When single risers are used, the drainage of oil 
from the pipe walls during the “off” cycle must be 
considered. 

Normally, the pitch of the discharge and suction 
lines away from the compressor and evaporator is suf- 
ficient to prevent the oil drained from up to an 8 foot 


Evaporator Piping 


riser from reentering this equipment. However, if the 
height exceeds 8 feet, a short radius trap is required at 
the base of the riser. A trap will hold the amount of oil 
drained from up to 25 feet of rise. If the rise is greater 
than 25 feet, a second trap should be installed at the 
midpoint of the riser. 


FIGURE 6-AY 


(Figures 6-AX and 6-AY) These illustrate the rec- 
ommended piping and fittings for evaporators in single 
compressor systems. 

The important application considerations are: 

1. Filter Drier...size according to the manufac- 
turer’s recommendations for field built-up systems. 
Note that the filter drier can be isolated for service, 
in this example, by an angle valve and a ball shutoff 
valve, These were selected because they have the 
least pressure drop of the refrigeration valves. 

2. Expansion Valve...high quality, balanced port 
valves are recommended for systems with unload- 
ing compressors. Locate the sensing bulb on the 


lower quadrant of a straight, well drained section 
of suction line. In addition, tap the external equal- 
izer line into the suction line downstream of the 
sensing bulb. This will prevent any liquid that 
might leak through the equalizer line from influ- 
encing the operation of the expansion valve. 

3. Pressure Tap...located in the vicinity of the ex- 
ternal equalizer line connection, provides a point 
for accurate pressure sensing when checking the 
expansion valve superheat adjustment. 

4, Liquid Charging Valve...systems that require 
large amounts of refrigerant may take a substantia] 
amount of time to receive the full charge. To 
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speed-up the charging process, initially charge the (Figure 6-AZ and 6-BA) The individual evaporator 
system in accordance with the manufacturer’s in- circuits of dual compressor systems are similarly piped 
structions. When the equipment must be startedto With the addition of a charging valve to the second 
receive the balance of the refrigerant, it may be “Ircult. 

charged safely and quickly into the operating sys- Liquid Lines 

tem through a secondary charging valve, located Route the liquid lines as directly as possible, avoid- 
between the expansion valve and liquid distributor. ing extremely warm areas, such as those adjacent to 
With multiple circuit evaporators, the valve is in- boilers or other heat producing equipment. If these 
stalled in the liquid line that serves the circuit that areas cannot be avoided, the portions of line that are 
is first on and last off. exposed to the heat must be insulated. 
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Hot Gas Bypass the muffler and pipe anchor. If taken from the 


Certain piping techniques are important to proper bottom, the line becomes an oil trap. And, down- 
hot gas bypass design: stream of the muffler, the gas flow picked up by the 


1. (Figure 6-BB) Pipe the hot gas from the top or side bypass line is fairly uniform, free of much of the 
of the compressor discharge line, downstream of pulsation. 
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2. Locate the hot gas bypass valve as close as possible 
to the discharge line. Failure to do this can result 
in the trapping of a significant amount of condensed 
refrigerant in the bypass line connecting the dis- 
charge line and valve. This can result in the deliv- 
ery of a slug of liquid to the evaporator on the first 
call for hot gas bypass valve operation. An alter- 
native is to locate the valve above the compressor. 
This eliminates the problem by providing free 
drainage of the connecting line. 

3. Since the flow of hot gas is modulated, at times the 
velocity within the bypass line will fall below that 
needed for oil entrainment in vertical risers. There- 
fore, when the evaporator is above the compressor, 
a hot gas bypass-to-suction oil return line must be 
installed at the base of the bypass riser. (Note: The 
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drain leg and oil return line are constructed as 
described under “Suction And Discharge Risers.” 
However in this application, the solenoid valve is 
not required.) If the bypass line takes more than a 
single rise, the horizontal sections of line should be 
pitched back toward the base of the riser with the 
final horizontal run pitched toward the evaporator 
inlet connection. 

4. (Figure 6-BC) Only hot gas bypass to the evapora- 
tor inlet is recommended. To prevent oil trapping, 
hot gas should enter the top or side of the evapo- 
rator connection. 


Note: When hot gas bypass is used, the secondary 
liquid charging valve is installed in the bypass line near 
the evaporator inlet connection. 
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Condenser Piping 


When a Trane Model CAUC Air Cooled Condenser 
is located above the compressor and the total system 
refrigerant charge equals 50 percent or more of the 
CAUC published storage capacity, an inverted hot gas 
line trap is required to contain the charge within the 
condenser coil during the “‘off’’ cycle. 

(Figure 6-BD) Such a trap is installed at the con- 
denser and should equal the height of the condenser 
coil. 


FIGURE 6-BD 
Pipe Insulation 
Suction and hot gas bypass lines: Insulate the full 
length of the lines. 


Liquid and discharge lines: Insulate lengths that 
are exposed to extreme heat, such as within a boiler 
room, and the portions that are exposed to the weather. 


Refrigeration Pipe Sizing 

Tables 6-9 through 6-28 have been prepared to 
permit accurate selection of sizes for refrigeration 
piping and to allow existing piping systems to be cor- 
rectly analyzed. A brief summary of all the tables will 
be given first. This will be followed by several examples 
to illustrate the use of the various tables. Some general 
principles of refrigeration piping will then be discussed. 


Refrigeration Piping Tables 

Piping tables are presented for two refrigerants: 
Tables 6-9 through 6-18 for Refrigerant-12 and Tables 
6-19 through 6-28 for Refrigerant-22. The R-12 tables 
are provided although this refrigerant has been virtu- 
ally replaced by R-134A due to R-12 ozone depletion 
potential (ODP). Separate calculations for refrigerant 
pressure drop must be made for R-134A substitutions 
in current R-12 systems. 

Beyond this, care must be taken to use the proper 
tables for the respective refrigerants as an examination 
of the tables will indicate that higher pressure drops 
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are permitted when sizing R-22 piping than when sizing 
R-12 or R-134A piping. To make it easy for the reader 
to tell at a glance whether or not he is in the correct 
table, each page of refrigerant tables is marked R-12 or 
R-22 in the upper outside corner. 

All piping connecting the various parts of a refrig- 
erating system should be properly sized and installed. 
Piping that is either too small or improperly installed 
will cause operating troubles. The piping for all refrig- 
erating systems consists of at least three of four main 
sections: 

1. The liquid line connecting the liquid receiver to the 
cooling coil. 

2. The suction line connecting the cooling coil to the 
compressor. 

3. The discharge line connecting the compressor to 
the condenser. 

4. The condenser drain line connecting the condenser 
(that does not have an integral subcooler) to the 
liquid receiver. Note: when an integral subcooler is 
utilized, without a liquid receiver, this line becomes 
a liquid line from the condenser to the cooling coil. 


When a fluid flows in a pipeline, there is a loss in 
pressure due to the friction between the fluid and the 
pipe wall. This loss in pressure cannot be avoided, but 
its effect can be minimized by properly sizing the pipe. 
The greater the weight of fluid flowing in a given pipe- 
line, the higher will be its velocity and, therefore, the 
higher its pressure loss. In addition, the longer a pipe- 
line, the greater will be the pressure drop of the fluid 
flowing inside. Therefore, for a given capacity, long 
pipelines must have a greater diameter than short pipe- 
lines. 


Sizing Liquid Lines 

Liquid line sizing is considerably less critical than 
sizing other lines in the system. This line carries re- 
frigerant between the condenser subcooler outlet or 
receiver outlet (when used) and the evaporator and, 
handles only refrigerant in the liquid state. As such, the 
oil that circulates in the system is carried along without 
any problems. 

Pressure drop in the liquid line has a minimal effect 
on the operation of the overall system. There is no 
direct penalty on the compressor as to increased power 
or reduced capacity. High pressure drop in the liquid 
line will, however, reduce the available pressure at the 
inlet of the expansion valve and, therefore, may affect 
its sizing. 

At the same time the pressure drop in a liquid line 
must be held to a reasonable value to prevent problems 
from flash gas. Therefore, the length of the line, the 
amount of refrigerant flowing through the line and the 
difference in elevation between the condenser sub- 
cooler or receiver and the evaporator all have a bearing 
on whether or not flash gas will be a problem. For this 
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reason, it is desirable to have a reasonably close- 
coupled system to reduce the length of run and thus 
minimize pressure drop. 

It is generally considered good practice to limit the 
total pressure drop in liquid lines without subcooling to 
a value equivalent to a 1 F temperature change. When 
designing an air conditioning system this is approxi- 
mately 2 psi for R-12 and 3 psi for R-22. 

When sizing the liquid line, consideration must be 
given to velocity. Good practice dictates that the liquid 
velocity be kept below 300 feet per minute. This limit 
has been established because of the possibility of liquid 
hammer and resultant vibration and noise caused by 
the action of solenoid valves or other snap-acting 
valves. 

Another consideration in sizing liquid lines is the 
effect of reduced pressure due to difference in elevation 
between the receiver, when required, and evaporator. 
If the pressure difference due to change in elevation is 
too great, without subcooling present flash gas occurs. 
This is detrimental to life and the capacity of solenoid 
valves and expansion valves. As discussed earlier in 
this chapter, subcooling is often mandatory to prevent 
flash gas in the liquid line when differences in elevation 
are encountered. 


Sizing Suction Lines 


The most critical line in the piping system is the 
suction line, which carries refrigerant vapor from the 
evaporator to the compressor. It must have a velocity 
sufficiently high to carry the oil back to the compressor 
in both horizontal lines and vertical, upward-flow lines. 
At the same time it must have a minimum pressure 
drop to prevent penalties in compressor capacity and 
horsepower. 

Pressure drop in the suction line increases the 
volume of refrigerant gas that must be handled by the 
compressor for a given tonnage. Since the reciprocat- 
ing, scroll and screw compressors are constant volume 
machines, pressure drop means reduced capacity. Ca- 
pacity is affected in another way too. At a fixed con- 
densing temperature the compression ratio increases, 
as the suction pressure drops. As earlier noted, as the 
compression ratio increases, the volumetric efficiency 
drops, which results in a drop in compressor capacity. 
The power required to drive the compressor also in- 
creases as the compression ratio increases. This also is 
illustrated in Figure 6-E. 

The pressure drop therefore must be held to a 
minimum, but the economies of increasing the line size 
must also be considered. For the normal air condition- 
ing application, with suction temperatures in the 40 F 
to 50 F range again, it is good practice to use a total 
pressure drop of 2 psi when selecting R-12 or R-134A 
suction lines and 3 psi for R-22 lines. This is a temper- 
ature penalty of approximately 2 F. 
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When sizing lines for lower suction temperatures, 
it is recommended to maintain the maximum 2 degree 
temperature penalty. At 0 F suction this would mean 
limiting the suction line pressure drop to 1 psi for R-12 
and 1% psi for R-22. 

Gas velocity is another consideration in sizing suc- 
tion lines. It has been found in practice that the min- 
imum velocity required to move oil in horizontal suction 
lines is 500 feet per minute. Where the suction line 
rises, higher velocities are required to carry the oil 
upward. The minimum velocity in vertical upflow sue- 
tion lines, to assure oil flow with gas flow, has been 
found to be 1000 feet per minute. Vertical upflow risers 
should be checked for part load minimum tonnages and 
the velocity determined at this condition. If the velocity 
at minimum load falls below 1000 feet. per minute, it will 
be necessary to go to a double riser as described earlier. 

The final consideration in suction line sizing is max- 
imum velocity. It has been found in practice that if 
excessive noise is to be eliminated it will be necessary 
to keep velocities in all suction lines below 4000 feet per 
minute. This should be checked whenever it is neces- 
sary to size suction lines. 


Sizing Discharge Gas Lines 

In sizing refrigerant lines running between the 
discharge valve of the compressor and the condenser 
(hot gas lines), somewhat the same considerations ap- 
ply as discussed under sizing of suction lines. The pres- 
sure drop is not as critical but the velocity must be 
adequate to ensure oil flow with the refrigerant vapor. 

Pressure drop in the discharge line increases the 
compression ratio and thus increases power required to 
drive the compressor. At the same time the volumetric 
efficiency drops with increased compression ratio 
which results in reduced compressor capacity. 

When considering all these factors good practice 
dictates that discharge gas lines can be sized on a 
greater pressure drop than suction lines. For R-12 and 
R-134A the accepted maximum total pressure loss is 4 
psi and for R-22 it is 6 psi. The temperature penalty, if 
these limits are adhered to, is approximately 2 F. 

Discharge gas lines should be checked for velocity 
also. The same minimum velocities for proper oil move- 
ment in suction lines apply for discharge gas lines. 
These are 1000 feet per minute in vertical upflow risers 
and 500 feet per minute in horizontal lines. The max- 
imum acceptable velocity range, based on noise con- 
siderations, is 4000 feet per minute. These velocities 
should be checked when sizing discharge gas lines. 


Sizing Condenser Drain Lines 


A condenser drain line will not be found on any 
system that has a subcooler built into the condenser. In 
this case the condenser drain line is part of the assem- 
bly. It carries refrigerant liquid from the condenser 
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surface to a small accumulator that provides the liquid 
seal ahead of the subcooling section. Even though an 
auxiliary receiver may be used in a system with a 
condenser having a built-in subcooler, the line out of 
this unit is a liquid line and is sized as such. 

The line between the condenser and a liquid re- 
ceiver, when such an arrangement is used, must be 
carefully sized. While it is almost impossible to oversize 
such a line, undersizing is to be avoided. An undersized 
line can restrict the flow of refrigerant to the extent 
that some of it is held in the condenser. If some of the 
condenser surface is flooded, the capacity will be re- 
duced. This will cause the head pressure to rise, de- 
creasing the overall system capacity. At the same time 
the power to drive the compressor will rise. 

There are a few points that the piping designer 
should keep in mind. 

1. The distance between the condenser and receiver, 
when used, should be kept as short as possible. 

2. The condenser must be located above the receiver. 
The minimum heights are shown in the Pipe Sizing 
Tables 6-12 and 6-22. It is desirable to stay as much 
above these minimums as possible. 

3. If the system has an air-cooled condenser, it is pre- 
ferred practice to locate the receiver, when used, 
inside the building being served. Some positive 
means should be provided of isolating the receiver 
from the condenser during extended periods when 
the equipment is shut down during cold weather. 


Pipe Sizing, General 


The basic pipe sizing tables are set up to show 
capacity in tons for standard copper pipe sizes based on 
total pressure drop or equivalent length of run. The 
equivalent length of run is an average means of allow- 
ing for pressure loss in valves and fittings. A table has 
been prepared to cover the regular valves and fittings 
that are encountered in piping systems. 

Charts have been prepared to show velocity in 
lines carrying refrigerant vapor as compared to the 
standard capacity of the system in tons. All charts and 
tables have been set up for the standard conditions of 
40 F suction and 105 F condensing temperatures . If it 
is necessary to size pipe and check velocities for other 
suction and condensing conditions, correction factor 
tables are provided for each table and chart. 


Liquid Line Sizing Tables 

Tables 6-9 for R-12, and 6-19 for R-22 are to be used 
for sizing liquid lines. If the problem is based on other 
than 40 F suction and 105 F condensing temperatures, 
it will be necessary to correct the design tonnage. This 
can be done by using the appropriate factor, based on 
the actual operating conditions as determined from 
Table 6-13, or 6-23, before entering the pipe sizing 
table. 
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Note that in each table there are horizontal rows 
of boldface type. These are tonnage carrying capacities 
of the different lines at the maximum recommended 
total pressure drop. These recommended pressure 
drops are 2 psi for R-12 and 3 psi for R-22, which are 
equivalent to a 1 F liquid line loss. Lines selected on or 
near the boldface values will be economical from a first 
cost and operating cost standpoint. 

There are certain areas of the table that are un- 
shaded. It is recommended that pipe sizes be selected 
from the unshaded area, since shaded areas are for 
general information only. This will ensure that the 
liquid velocities will be at or under 300 feet per minute. 
Problems from liquid hammer due to operation of so- 
lenoid valves will thus be eliminated. 

In the use of the tables, the designer is permitted 
some personal leeway in selecting pipe sizes as there 
are values both above and below the recommended 
values as shown by the boldface type. Very little need 
will be found to use higher than recommended pressure 
drops, so only one set of higher values is included in 
each table. However, lower pressure drops will often be 
used, since the boldface type shows the maximum rec- 
ommended design values and it will not always be pos- 
sible to select right at this value. Lower values will also 
be used when it is important to minimize pressure drop 
at the expense of increased initial cost of the line. It will 
also be possible to make a reasonably accurate evalu- 
ation of the pressure drop in liquid lines by interpola- 
tion between values in the tables. 

Suction Line Sizing Tables 

When sizing suction lines, use Table 6-10, for R-12 
systems and Table 6-20, for R-22 systems. There is a 
correction factor table (6-14 and 6-24) for each listing of 
other than standard conditions. These tables have a line 
of boldface type. Selections should be made at or below 
the tonnage values shown in boldface type, since these 
values give the maximum recommended tonnage at a 
pressure drop calculated to minimize suction line tem- 
perature penalty. The temperature penalty in the case 
of either refrigerant is 2 F. 

Velocity is an important consideration when sizing 
suction lines. The suction line tables, therefore, have 
been shaded in areas where the velocities are below the 
recommended minimum of 500 feet per minute. When 
low velocity areas occur, they are found on the left hand 
side of the table. There may be other shaded areas on 
the right hand side of the tables also, but these denote 
velocities above 4000 feet per minute. The tables should 
not be used in these shaded areas as the values shown 
there are only for informative purposes. 

Down through the unshaded section of the table 
there may be a heavy line. All unshaded areas to the 
left of this line denote suction gas velocities between 
500 and 1000 feet per minute. This area of the table 
must not be used when sizing vertical upflow risers as 
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the oil will not be carried along with the refrigerant. To 
the right of the heavy line, in the unshaded area, the 
velocities are between 1000 and 4000 feet per minute. 
Suction lines sized from the data in this area will be 
economical in first cost with a minimum temperature 
penalty to the compressor. 

If, in selecting pipe sizes for conditions other than 
40 F suction and 105 F condensing, the selection falls 
near these points of critical velocity, it is recommended 
that the actual velocity be checked from the appropri- 
ate chart. Chart 6-3, with its correction factor Table 
6-17, has been prepared for R-12. Chart 6-5, and cor- 
rection factor Table 6-27, has been prepared for R-22. 

The correction factors for the velocity charts are 
different from those for the pipe sizing tables. The 
velocity chart corrections are simply based on weight 
of refrigerant flowing and the specific volume of the gas 
at the conditions indicated. The correction factors for 
the pipe sizing tables take into account those factors 
related to the velocity correction and the other factors 
related to the physical properties of the gas such as 
viscosity, a quality of inside surface of the pipe and area 
of the wetted surface of the pipe. 


Hot Gas Discharge Line Sizing Tables 

Tables 6-11, for R-12 and 6-21, for R-22 are to be 
used in sizing hot gas or discharge lines. With each is 
a correction factor table (6-15 and 6-25) for conditions 
other than 40 F suction and 105 F condensing temper- 
atures. These tables have been set up exactly in the 
same form as the tables previously described for sizing 
suction lines. The boldface type is at 4 psi pressure drop 
for R-12 and 6 psi pressure drop for R-22. This is the 
maximum recommended pressure drop for design 
based on the general factors discussed earlier in this 
chapter. 

It is important to remember that the velocity areas 
indicated in the tables apply only to the 40 F suction and 
105 F condensing temperature conditions for which the 
tables were prepared. If the system for which piping is 
being selected will operate at other conditions, veloc- 
ities may be checked by using Chart 6-4, for R-12 and 
Chart 6-6 for R-22 and their respective Correction 
Factor Tables (6-18 and 6-28). 

The correction factors for the velocity charts are 
different from those for the pipe sizing tables. The 
velocity chart corrections are simply based on weight 
of refrigerant flowing and the specific volume of the gas 
at the conditions indicated. The correction factors for 
the pipe sizing tables take into account those factors 
related to the velocity correction and the other factors 
related to the physical properties of the gas such as 
viscosity, a quality of inside surface of the pipe and area 
of the wetted surface of the pipe. 


Condenser Drain Line Sizing Tables 


Tables 6-12, for R-12 and 6-22, for R-22 are to be 
used in sizing the line that runs between any type of 
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condenser, without an integral subcooler and a liquid 
receiver. The tonnage values have been established for 
a standard condition of 40 F suction and 105 F con- 
densing. If other conditions are encountered, correct 
the tonnage before entering the table using the same 
correction factors as for regular liquid lines. Table 6-13, 
for R-12 and Table 6-23, for R-22 provide the proper 
correction factors. 

Equivalent lengths are determined from Table 
6-16. 

Unlike the other pipe sizing tables there are blank 
spaces in these condenser drain line sizing tables. 
Wherever a blank space occurs, it means that the com- 
bination of equivalent length and pipe size is not rec- 
ommended for use. This is because the condenser and 
receiver are too widely separated. If this condition is 
encountered in the design of a piping system, the de- 
signer must change the contemplated arrangement to 
eliminate the wide separation of condenser and re- 
ceiver. 

While it is impossible to size any line without pres- 
sure drop, the condenser drain line tables have been set 
up on the basis of the lowest practical pressure drop, 
with the line flowing full of liquid refrigerant. The 
height indicated next to the tonnage rating of the line 
is the minimum vertical height that is needed to over- 
come the existing pressure drop. In laying out a piping 
system, care should be exercised not to reduce this 
dimension. 

If condenser drain lines are sized on the basis of 
this data, in cases where there is more than 10 feet of 
horizontal run, it will be necessary to provide a pres- 
sure equalizer line between the top of the receiver and 
the top of the condenser liquid header. This is necessary 
since the horizontal refrigerant line will fill entirely so 
there is no opportunity for equalization through the line 
itself. The recommended equalizer line size, based on 
the size of the line itself is: 


Size of Line Size Equalizer Line 


%” OD - 7” OD incl. %” OD 
1%” OD - 21” OD incl. 36” OD 
254” OD - 4%” OD incl. %” OD 


When sizing condenser drain lines, it is important 
that: 


1. Receiver be kept close to the condenser. 

2. If there is any doubt about the line size, the larger 
of the two line sizes should be used. 

3. The minimum vertical dimension required to over- 
come friction should always be adhered to. 


Examples Using Piping Tables 


The following examples illustrate the use of the 
pipe sizing tables. In all the examples the answer is 
read in the tables from the line printed in boldface type. 
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Example 6-19: 
A refrigerating system using R-22 has a capacity of 50 
tons. The suction temperature is 40 F and the condens- 
ing temperature is 105 F. Find the required size of the 
compressor discharge line if its equivalent length is: 
(a) 47 ft 
(b) 133 ft 


Solution: 


(a) Referring to Table 6-21, 
The nearest listed pipe length is 50 ft. For a ca- 
pacity of 50 tons, a 15 in. OD pipeline is required. 
(b) Referring to Table 6-21, 
The nearest listed pipe length is 125 ft. For a 
capacity of 50 tons, a 24% in. OD pipeline is re- 
quired. 


Example 6-20: 
A refrigerating system using R-22 has a capacity of 50 
tons when the suction temperature is 35 F and the con- 
densing temperature is 120 F. Find the required size of 
the liquid line between the receiver and evaporator if its 
equivalent length is 100 ft. 


Solution: 
In solving this example the correction factor given in 
Table 6-23 must be used. The actual capacity for 
which the piping is being sized is multiplied by a 
correction factor in order to find the corrected ca- 
pacity. The corrected capacity is then used in Table 
6-19 to find the pipe size. Thus, for a suction tem- 
perature of 35 F and a condensing temperature of 120 
F, the correction factor is 1.09. 
Corrected tonnage = 1.09 x 50 tons 

= 54.5 tons 
In using Table 6-19 the pipe is sized exactly as though 
its carrying capacity were to be 54.5 tons. For an 
equivalent length of 100 ft and a capacity of 54.5 tons, 
a 1% in. pipe is required. 


Example 6-21: 


A refrigerating system using R-22 has a capacity of 50 
tons and operates with a suction temperature of 5 F and 
a condensing temperature of 105 F. Find the required 
size of the suction line if its equivalent length is 100 ft. 


Solution: 
Referring to Table 6-24, the correction factor is 1.52. 


Corrected capacity = 1.52 x 50 

= 76 tons 
Referring to Table 6-10, for an equivalent length of 
100 ft and a pressure drop of 2.0 psi, a 3% in. pipeline 
is required. 
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Example 6-22: 
The suction line to a compressor pumping R-22 has a 
straight pipe length of 30 ft and contains three short 
radius elbows and a line-flow tee. The compressor is 
operating with a suction temperature of 15 F, a con- 
denser temperature of 115 F and has a capacity of 40 
tons. Determine the proper size for the suction line. 


Solution: 


From Table 6-24 read the correction factor in the 
15 F column and on the 115 F line as 1.41. 
Corrected capacity = 1.41 x 40 

= 56.4 tons 
Assume an equivalent length of 40 ft. Enter Table 
6-21 and on a line of 3.0 psi pressure drop read the 
capacity of a 2% in. line as 56 tons. 
The equivalent length should now be checked by 


using Table 6-16 in order to recheck the selected pipe 
size. 


3 elbows, long radius 3x 5.2 = 15.6 
1 tee, line flow 1x38 = 38 
30 ft straight pipe = 30.0 

Total equivalent length = 49.4 


Following horizontally across the table on the line 
of 3.0 psi total pressure drop it will be noted that the 
2%” OD pipe is short of the required capacity of 56.4 
tons. It is therefore necessary to go to the next larger 
size 256” OD. The selection, however, is ina shaded area 
that indicates the velocity may be over 4000 feet per 
minute. This next must be checked as the shaded area 
velocity indication is correct only for the standard con- 
ditions of 40 F suction and 105 F condensing. As ex- 
plained in the earlier descriptive data the velocity 
check must be made by referring to Chart 6-5. 

Before entering Chart 6-5 the new correction fac- 
tor must be determined that will be used with the 
velocity chart. Table 6-27 contains this information and 
the correction to be used is 1.72. 

Corrected capacity = 1.72 x 40 

= 68.8 tons 

Enter Chart 6-5 on the lower scale at 68.8 tons and 
read upward to the 25” OD line follow the intersections 
of these two lines to the lefthand scale showing a ve- 
locity of just over 4000 feet per minute. If the job in 
question is not critical from a noise standpoint the 
256” OD line would be okay. If on the other hand this 
line must run through occupied spaces it would be well 
to use the 314” OD line to avoid noise problems. 


Example 6-23: 
A refrigerating system has a capacity of 30 tons with 
R-22. The suction pressure is 49 psig and the head pres- 
sure is 243 psig. A 25%” OD pipeline with an equivalent 
length of 102 ft connects the cooling coil to the compres- 
sor. 
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Find: 
(a) the pressure drop in the suction line. 


(b) the pipe size required to keep the pressure drop down 
to 2.0 psi. 


Solution: 


(a) From Table 6-5 the suction and discharge tem- 
peratures are found to be approximately 25 F and 
115 F. From Table 6-14 the correction factor for 
these operating conditions is read as 1.25. 


Corrected capacity = 1.24 x 30 
= 37.5 tons 


Enter Table 6-20 with an equivalent length of 100 
ft and in the column for a 2% in. pipe look for a 
capacity of 37.5 tons. The capacity is found to be 
39.5 tons at a pressure drop of 4.0 psi and 33.9 tons 
at 3.0 psi drop so the pressure drop by interpola- 
tion is approximately 3.64 psi when the corrected 
capacity is 37.5 tons. 


(b) In order to reduce the pressure drop to the re- 
quired 2.0 or less for this line, a 254 in. pipe would 
have to be used. 


Piping Principles 


Copper pipe and copper fittings are used almost 
exclusively for R-12, R-1384A and R-22. The use of 
copper eliminates the difficulty with scale and grease 
frequently encountered when steel piping and fittings 
are used. 

Although both cast and wrought fittings are avail- 
able, wrought fittings are generally used. Leakage oc- 
casionally occurs through the fine pores of cast fittings. 
If cast fittings are used, they should be fine-grained 
castings in order to eliminate the danger of leaks. Sol- 
dered rather than threaded fittings are generally used 
for refrigeration work. In such fittings, the pipe slips 
into the fitting, and the joint is then sweated with a high 
temperature solder. 

All leakage of refrigerant should be prevented. A 
frequent source of leaks is the packing around valve 
stems. To eliminate this, packless valves, such as the 
two illustrated in the left-hand side of Figure 6-BE are 
frequently used. In these valves either a diaphragm or 
bellows is used to seal off the valve stem. The larger 
valves all have stem packing. In the larger valves, the 
possibility of leakage is eliminated by using back-seated 
valves with stem caps, as illustrated by the right-hand 
valve of Figure 6-BE. Back-seated valves have two 
seats — the one normally found in valves and a second 
one which prevents the refrigerant from coming in 
contact with the packing when the valve is wide open. 
In order to prevent leakage through the packing of 
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back-seated valves, they must either be tightly closed 
or wide open; they should not be left in an intermediate 
position. 

Piping should always be tested for leaks before the 
refrigerant is charged into the system. One procedure 
is to evacuate the piping system with a vacuum pump, 
charge it with the refrigerant being used to a pressure 
of about 10 psig, and then admit dry nitrogen until the 
pressure is 150 psig. If there is no drop in pressure over 
a period of several hours, the system is tight. A drop 
in pressure in a short time indicates one or more major 
leaks in the system. These can easily be located by 
coating joints with a soap solution. The escaping gas 
will “blow” bubbles. 

If no major leaks are detected, the entire refrig- 
erant system should be checked for small leaks. This 
can be done with an electronic leak detector, commonly 
referred to as a “snifter,” or a halide leak detector. All 
parts of the system under refrigerant pressure should 
be slowly and systematically tested. In the case of the 
halide torch, the presence of escaping refrigerant will 
color the flame green if the leak is small or a dense blue 
with reddish tip if the leak is large. 

Air should never be used, as moisture will be con- 
densed inside the piping when the air is compressed. 
This moisture will be difficult to remove. Acetylene or 
oxygen, which are usually available during installation, 
should never be used because of the great danger of 
explosions. Dry nitrogen is cheap, safe, and can easily 
be removed from the system. 


Refrigerant Charge 

When repairs are to be made to a refrigerating 
plant, the refrigerant must be removed from the sys- 
tem or isolated in the condenser or the receiver. For 
this reason the receiver or condenser should have suf- 
ficient volume, when 80 percent full, to hold the entire 
charge of liquefied refrigerant. A reasonable estimate 
of the refrigerant charge can be made by using the 
tables described in the following paragraphs. 


Weight of Refrigerant Required 

Table 6-29 provides a means of estimating the ap- 
proximate amount of refrigerant remaining in various 
parts of the system during normal operation. To use 
this table first determine the internal volume of a com- 
ponent of the system in cubic feet and multiply by the 
appropriate factor from the proper column in the table. 
The result will be the weight of refrigerant required for 
that particular component. 

Table 6-30 will be useful in calculating the internal 
volume of direct expansion cooling coils. 

Table 6-31 shows the approximate weight of re- 
frigerant held in pipes. The weight depends upon the 
pipe size, the particular components connected by the 
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pipe, and the type of refrigerant. Note that the table 
gives directly the weight of refrigerant per 100 ft of 
pipe. 

The weight of refrigerant held in the condenser of 
standard condensing units is readily available from the 
manufacturer’s catalog. Table 6-32 gives the normal 
operating charge, that is, the weight of refrigerant held 
by the condenser during operation, for a line of water- 
cooled condensers by one manufacturer. 

Table 6-33 lists the weight of refrigerant in a 
normal operating charge for a line of air-cooled con- 
densers by one manufacturer. 

Table 6-34 provides the maximum storage weight 
and the approximate operating weight for various re- 
ceiver sizes listed. 
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If a system includes an evaporative condenser, the 
charge for the condenser coil can be estimated from 
Table 6-30. The weight of refrigerant in the compressor 
discharge line can be estimated from Table 6-31, and 
the weight of refrigerant in the receiver estimated 
from Table 6-34. 

The data provided by the various tables are based 
on a suction temperature of 40 F and a condensing 
temperature of 105 F. For other than these operating 
conditions the appropriate correction factor can be read 
from Table 6-35. The weight of refrigerant estimated at 
standard conditions is multiplied by the correction 
factor to obtain the weight of refrigerant at the new 
operating conditions. 


STEM CAP 


5 
7~— VALVE STEM 


|BACK SEAT 


FIGURE 6-BE 


TYPICAL VALVES USED IN REFRIGERATION SYSTEMS 
(Mueller Brass Co., Kerotest Co.) 


Storage Capacity 


When the approximate total amount of refrigerant 
in the system has been determined, the capacity of the 
condenser or receiver must be checked. If the entire 
charge cannot be pumped down and stored in 80 per- 
cent of the condenser or receiver volume, additional 
storage capacity should be provided. More than 80 per- 
cent of the condenser or receiver volume should not be 
used because some space must be left for the expansion 
of the liquid. 


Example 6-24: 


A refrigeration system using R-22 is made up of the 
following equipment: a 4-row 24 in. x 60 in. direct ex- 
pansion coil, a 4-cylinder 2.75 x 2 compressor, a CDS 
nominal 20 ton condenser, 40 ft of 25 in. suction line, and 
45 ft of % in. liquid line. 


(a) Estimate the operating charge of refrigerant re- 
quired. 


Solution: 


(a) First estimate the internal volume of the cooling 
coil by using Table 6-30 as follows: 


Cubic Feet 
Headers:.-3jc:3.atee sa boeed ci eck ort 0.0232 
Return bends................00eeeee 0.0282 
Tubes, 0.1260 x 5 = 0.6800........... 0.6300 

Total internal volume ............. 0.6764 


The weight of refrigerant in this volume is found 
by multiplying the total internal volume by the 
factor from Table 6-29. 


Weight of refrigerant in 
direct expansion coil = 0.6764 x 9.5 


=6 Alb 


The operating weight of R-22 in the condenser can be 
determined directly from Table 6-32 as 41 Ib. 
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The weight of refrigerant in the suction and liquid 
lines can be calculated by using the data from Table 
6-31 as follows: 


Suction: 40 x 49 = 1.96 tb 
100 

Liquid: 45 x 24.0 = 10.80 lb 
100 


The estimated operating weight of R22 in the system 
is the total of the weights found above: 


Component Weight, lb 
COIs. eFoscectiect OAs ed ed oh sahes vA eee 6.40 
Condenser ............ 0c cece cee eee ees 41.00 
Suction line............. 02. c eee eee ees 1.96 
Liquid line ......... 20. cece eee eee 10.80 
Total io stote Sos hid te nee ie ha eee 60.16 Ib 
Accessories 


Several different accessories are required for the 
complete installation of a refrigerating system. For the 
most part, the physical dimensions and the cost of these 
accessories are small. Nevertheless, they are essential 
to the proper functioning of the refrigerating plant. 


STRAINER 
SCREEN 


FIGURE 6-BF 


LIQUID STRAINER 
(Henry Valve Company) 


Strainers and Filters 


Many of the difficulties that occur in refrigerating 
systems are due to the presence of dirt, particles of 
solder from fittings, and pipe compound. No matter 
how thoroughly the system is cleaned, this foreign 
matter cannot be removed entirely. It will be carried 
through the pipelines by the refrigerant, and if it 
reaches either the solenoid or expansion valves, it will 
interfere with their operation. Dirt lodging on the seat 
of a solenoid valve will prevent it from closing tightly. 
Thermal expansion valves have small orifices and seats 
which are easily clogged by any foreign material. For 
this reason, a strainer should always be installed in the 
liquid line ahead of both the solenoid and thermal ex- 
pansion valves. 
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A typical liquid line strainer is illustrated in Figure 
6-BF. The fine-mesh screen basket — usually made of 
bronze or monel — can be removed for cleaning without 
disconnecting any piping. In order to permit cleaning 
these screens, stop valves should be installed ahead of 
the strainer and after the thermal expansion valve. 


Scale Traps 


A scale trap should always be provided on the 
suction side of the compressor. This consists of nothing 
more than a screen for catching any solder or dirt that 
may be carried through the suction line. 

If this material is allowed to enter the compressor, 
it may be damaged. The scale trap is built as an integral 
part of many compressors. However, for those com- 
pressors that are not regularly provided with this 
device, a separate scale trap should be installed in the 
suction line as close to the compressor as possible. 


Evaporator Pressure Regulators 


In some refrigeration systems the suction pressure 
at the evaporator must not drop below a certain value. 
This value must be maintained to prevent frosting of 
coils, freezing of the water in a chiller, or to maintain 
a certain minimum temperature of the air flowing over 
a coil surface. It will be recalled that the suction pres- 
sure drops as the load on a refrigeration system de- 
creases. An evaporator pressure regulator is used in 
some systems, therefore, to prevent the evaporator 
pressure from dropping below a predetermined point. 

Ina refrigeration system having several coils, each 
held at a different temperature, an evaporator pres- 
sure regulator can be installed in the suction line from 
each coil. This will permit a different evaporating tem- 
perature to be maintained in each coil. Sometimes an 
evaporator pressure regulator is installed in the com- 
mon suction line to which several coils are connected. 
In this case the regulator will prevent the evaporating 
temperature of the refrigerant from going below a set 
value, in the event that the refrigeration load falls 
sharply. This will happen if one or more coils shut off 
completely. The evaporator pressure regulator could. 
also be placed in the suction line of a high temperature 
coil of a multiple coil installation. Thus, the tempera- 
ture in the high temperature coil could be maintained 
at a safe temperature regardless of the suction pres- 
sure in the remaining coils and at the compressor. 

The evaporator pressure regulator, see Figure 
6-BG, is essentially a spring loaded, pressure operated 
valve. This particular type has an internal connection 
from the evaporator side of the suction line to a pilot 
valve. The pilot valve regulates the main valve of the 
evaporator pressure regulator to control the amount of 
vapor the valve will pass. If the evaporator pressure 
regulator is set for a suction pressure of 37 psi, the 
valve will be wide open at all pressures above 37 psi. 
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As the pressure approaches 37 psi, the valve will start 
to throttle. When the suction pressure on the compres- 
sor side of the valve goes below 37 psi, the evaporator 
pressure valve will throttle a sufficient amount to keep 
the pressure on the evaporator side at 37 psi. Notice 
particularly that the evaporator pressure regulator has 
absolutely no effect on pressures above the setting of 
the valve. Until the suction pressure is pumped down 
to the setting of the valve the system operates as 
though the valve did not exist. 


FIGURE 6-BG 


TYPICAL EVAPORATOR PRESSURE REGULATOR 
{Alco Valve Company) 


Solenoid Valves 


Solenoid valves are used extensively in air condi- 
tioning systems for controlling the flow of liquid re- 
frigerant to cooling coils. They are operated by means 
of a coil of wire wound on a soft iron spool, forming an 
electric magnet. When current flows through the coil 
the valve stem is lifted, thus opening the valve. When 
current is interrupted, the valve is closed either by 
gravity or by a spring. 

Solenoid valves are generally installed directly 
ahead of the expansion valve. When only one cooling 
coil is connected to a compressor, the valve generally 
opens whenever the compressor starts and closes when 
it stops. In this way, no liquid refrigerant can enter the 
evaporator during periods when the compressor is shut 
down. 

If the compressor is to be started and stopped 
automatically, it is best not to have the room thermo- 
stat start and stop the compressor directly. A better 
method is to have the thermostat open and close the 
liquid solenoid valve. With the liquid supply to the 
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cooling coil shut off by the solenoid valve, the compres- 
sor will soon pull a low pressure inside the cooling coil. 
When a sufficiently low pressure has been reached, a 
low pressure switch (described later) stops the com- 
pressor. In this way all of the liquid is pumped out of 
the evaporator every time the compressor is stopped, 
thus eliminating any chance of liquid reaching the com- 
pressor when it starts again. The thermostat simply 
opens the solenoid liquid valve when cooling is re- 
quired. With liquid admitted to the evaporator, the 
pressure will almost immediately increase to a point 
where the low pressure switch will start the compres- 
sor. 

The method of control described in the preceding 
paragraph can also be used where several separate 
cooling coils are connected to one compressor. In this 
case, if a separate thermostat is provided for each coil, 
the thermostats open and close the individual liquid 
solenoid valves to which they are connected. If the 
liquid supply to a sufficient number of coils is shut off, 
the pressure will soon be pulled down to a point where 
the low-pressure switch will stop the compressor. 


FIGURE 6-BH 


SMALL SOLENOID VALVE 
(Automatic Products Company} 

In order to eliminate any danger of refrigerant 
escaping into the atmosphere, packless-type valves 
should be used. In such valves, the solenoid and the 
valve are built as a unit — being totally enclosed. Such 
solenoid valves are illustrated in Figures 6-BH and 
6-BJ. The valve in Figure 6-BH is typical of the smaller 
valves, and the valve in Figure 6-BJ is typical of the 
larger valves. Large valves are usually pilot-operated, 
because too large a solenoid and too much current 
would be required to operate them. In the pilot type, 
a small solenoid valve is built into the valve itself, 
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admitting high-pressure refrigerant liquid to a small 
piston which operates the main valve. The main valve 
itself is kept closed by a spring. The high pressure 
liquid forces the piston down, thus opening the main 
valve. 


STRAINER 
SCREEN 


SEAT OF 
MAIN VALVE 


Dual Pressure Control 


The dual pressure control is commonly used as a 
low pressure control and high pressure cut-out on com- 
pressors. This instrument has two bellows and one set 
of contacts. The larger bellows is connected to the 
suction manifold of the compressor. The smaller bel- 
lows is connected to the discharge manifold. The switch 
is normally closed, but either bellows can cause it to 
open. The high pressure bellows will open the switch if 
the discharge pressure from the compressor ap- 
proaches a dangerous limit. It will then stay open until 
manually reset. The low pressure bellows will cause the 
switch to open whenever the suction pressure falls 
below the “cut-out” setting. The switch will close, with- 
out manual resetting whenever the suction pressure 
rises above the “‘cut-in” setting. 


Oi Pressure Failure Control 


The oil pressure failure control is used to stop 
operation of pressure lubricated refrigeration equip- 
ment when the oil pressure falls below a safe limit for 
longer than a predetermined period. This control pro- 
vides both a differential pressure control and a time 
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delay relay in one unit. The differential pressure con- 
trol measures the useful oil pressure while the time 
delay relay prevents nuisance cut-outs of the compressor. 

In pressure lubricated compressors, the useful oil 
pressure is the difference in pressure between the 
pump discharge and the suction pressure. Thus, to 
guard against oil failure, the oil pressure must be re- 
lated to the suction pressure. In the differential pres- 
sure control this is done by using two pressure bellows 
opposed to each other. The oil pump discharge pressure 
is exerted on one bellows while the suction pressure is 
exerted on the other. The difference between these two 
pressures is the usable oil pressure. 

The time delay relay typically permits the com- 
pressor to operate for a period of about 120 seconds 
before the proper oil pressure differential has been 
established. If the pressure differential does not come 
up to the cut-in point within this prescribed time, the 
compressor motor will be shut off. 

If during operation the usable oil pressure drops 
below the cut-out point, the oil pressure switch will 
close, causing the time delay relay to function and in 120 
seconds stop the compressor. 


Water Regulating Valves 


Unless the flow of water to a water-cooled con- 
denser is automatically regulated, a considerable 
amount of water will be wasted. To provide this reg- 
ulation, a number of water regulating valves have been 
developed. A typical water regulating valve is shown 
in Figure 6-BK. 
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The water regulating valve is generally installed in 
the water supply line to the condenser. The capillary 
control from the valve bellows is connected to the com- 
pressor discharge manifold, or the top of the condenser. 
As pressure builds up in the condenser, this pressure 
will be transmitted to the valve bellows where it works 
against the spring holding the water regulating valve 
closed. As the pressure in the capillary tube overcomes 
the spring tension, the valve opens and passes more 
water which acts to lower the discharge pressure. Cor- 
rectly set or adjusted, the valve will open and close 
automatically, in response to condensing pressure, and 
maintain the set condensing pressure. 


Safety Valves and Fusible Plugs 


Safety valves (pressure relief valves) or fusible 
plugs are necessary on either condensers or liquid re- 
ceivers. A safety valve or fusible plug is always needed 
because of the possibility that the dual pressure switch 
may be wired incorrectly or may fail to function. Safety 
valves are spring-loaded and should be sealed to pre- 
vent tampering with the spring adjustment. 


FIGURE 6-BL 


FUSIBLE PLUG 
(Superior Valve and Fittings Company) 


A fusible plug, shown in Figure 6-BL, is often used 
in the smaller refrigerating systems instead of a safety 
valve. They are installed in one end of the liquid re- 
ceiver. Fusible plugs are made of soft metal and will 
release when the temperatures exceed the value for 
which the plug is rated. Should the pressure and tem- 
perature inside the receiver build up past a safe point, 
the fusible plug will “blow” and release the entire 
charge of refrigerant to the atmosphere. 

Many localities require that the discharge from 
safety valves and fusible plugs be piped to the outdoors 
for possible recovery so that the released refrigerant 
cannot diffuse through the building. The building codes 
of different cities vary not only in regard to the instal- 
lation of safety valves and fusible plugs, but also in 
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regard to other items of refrigerating plant installation. 
The requirements of local codes should always be de- 
termined. 


Liquid Indicators 

Liquid indicators consist of a glass bull’s-eye in- 
stalled in the side connection of what looks like a ‘‘tee”’ 
fitting. When used, they are installed in the liquid line 
between the receiver and the expansion valve. Their 
use is desirable because they are of help in detecting a 
shortage of refrigerant in the system. If there is a 
shortage of refrigerant, the level of the liquid in the 
receiver will be low enough so that some vapor can 
escape into the liquid line. This vapor will be carried 
along in the form of bubbles with the liquid flowing to 
the expansion valve. These vapor bubbles will be vis- 
ible through the glass bull’s-eye. If a system is ade- 
quately charged with refrigerant, no bubbles will 
ordinarily be visible, although bubbles of noncondens- 
able gases may sometimes be carried along. 

An improved type of liquid indicator has two bull’s- 
eyes. Holding a light at one glass will provide sufficient 
illumination to make any bubbles readily visible 
through the other glass. 


Leak Detectors 


Although not strictly a part of the refrigerating 
system, a leak detector is an accessory that is essential 
in assuring a tight refrigerant system. There are two 
types of leak detectors, the halide lamp and the elec- 
tronic detector. 

Halide lamps are made for use with either alcohol 
or acetylene. The lamp normally burns with a blue 
flame, however, if even a minute quantity of refrigerant 
vapor is drawn thru the sampling tube to the flame, it 
will turn an unmistakable green. 

The electronic leak detector is arranged so that 
when refrigerant vapor is encountered, either a visible 
signal or an audible signal is generated by the device. 
Even the smallest of refrigerant leaks can be detected 
with the aid of either of these detectors. 


Oil Separator 


It is the purpose of an oil separator to return oil to 
the compressor crankcase so the oil level can be main- 
tained within safe limits. The oil separator finds its 
greatest use on systems, with capacity modulation, 
where gas flow and velocity may vary considerably. 
The oil separator will also serve as a muffler in reducing 
pulsations. Whenever compressors are connected to- 
gether, an oil separator should be used on each com- 
pressor. An oil separator should also be used if the 
discharge line from the compressor is long. 

An oil separator should be located where the tem- 
perature during an “off’’ cycle will not be lower than 
the temperature at the receiver or condenser. Should 
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the temperature be lower, there is a tendency for the 
refrigerant to migrate to and be condensed in the oil 
separator. 


Mufflers 


Pulsations, created by piston operation, can cause 
objectionable noises in the compressor discharge gas 
line. Whenever the noise level is an important consid- 
eration, mufflers can be used to minimize the trans- 
mission of “pulsations.” A muffler is shown in Figure 
6-BM. The perforations in the muffler chamber have a 
dampening effect on the refrigerant gas. The muffler 
should be installed as close as possible to the compres- 
sor discharge. Since an oil separator is also an effective 
muffler, an oil separator and a muffler are normally not 
used in series. 


FIGURE 6-BM 
HOT GAS MUFFLER 


Where an evaporative condenser, an air-cooled con- 
denser, or a tube-within-a-tube condenser, not provid- 
ing sub-cooling, is employed, a receiver is necessary to 
collect the condensed refrigerant used by the system. 
The receiver also stores the entire charge of refriger- 
ant during the period when the system is pumped 
down. The receiver is usually nothing more than a small 
steel tank with the proper shut-off and relief valves. 

Under ordinary conditions, a separate receiver is 
not needed on systems having shell-and-tube, water- 
cooled condensers. The shell-and-tube condenser usu- 
ally has ample volume to store the refrigerant charge 
from the average system. If, however, the volume of 
the condenser is not sufficient to hold the charge from 
an unusually large system, a separate auxiliary re- 
ceiver should be used. The auxiliary receiver should be 
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valved off and not used except at the time the system 
is pumped down. 
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FIGURE 6-BN 


TYPICAL GAUGE GLASS FOR RECEIVER 
(Henry Valve Company} 


Receivers, except on small systems, should be 
fitted with a gauge glass so that the amount of refrig- 
erant can be easily determined. Figure 6-BN shows a 
typical gauge glass suitable for a receiver. Top and 
bottom valves, with ball checks, should be provided to 
prevent the escape of refrigerant if the glass is broken. 
A deep well should be provided at the lower end to 
facilitate the removal of the glass for cleaning or re- 
placement of a broken glass. 

The liquid supply line leaving the receiver should 
come out the bottom of the receiver, or, if it enters the 
top of the receiver, it should extend all the way to the 
bottom. 


Air Condenser Head Pressure Control 


It is a well known fact, supported by manufactur- 
ers’ performance data, that the capacity of an air con- 
denser increases as the difference between the 
entering air temperature and the condensing temper- 
ature increases. Compressor capacity will increase as 
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condensing temperature drops, all other factors re- 
maining constant. These facts coupled with the fact 
that as outdoor temperature drops the average air 
conditioning load drops, confront the system designer 
with problems. The problems may be compounded by 
a constant internal load requiring system operation 
even when outdoor temperatures fall to a range well 
below freezing. To cope with these factors, there must 
be some way to reduce the condenser capacity so that 
the overall system capacity is reduced as outdoor tem- 
perature drops and the load drops. 

Many methods have been devised to accomplish 
this with varying degrees of effectiveness. On smaller 
air cooled condensing applications (typically 10-15 ton 
R-22), operation down to 45-50 degree outdoor ambient 
is often accomplished by fan control. This normally 
consists of cycling multiple fans on and off as well as 
varying the speed of a portion of the condenser fans to 
modulate condensing capacity. 

On this size range of equipment operation to 0 F 
normally requires fan speed modulation plus, in some 
cases, the use of Hot Gas Bypass. 

On larger air cooled condensing applications (20 
tons and larger) operation down to 30 F can normally 
be accomplished with fan modulation controls. For 
lower outdoor ambient operation (typically down to 0 F) 
the use of modulating dampers; on the condenser fan(s) 
in response to condenser head pressure is utilized. 

The use of condenser refrigerant flooding as a 
means of reducing condenser capacity at low outdoor 
ambients has been virtually abandoned due to the ex- 
pense of large increases in refrigerant charge needed 
and the risk of charge loss due to leaks. 

In addition to the fan speed control and fan damper 
modulation for head pressure control, the use of elec- 
tronically controlled expansion valves to allow opera- 
tion with lower pressure drops across the valve(s) 
during light loads and at low ambient temperatures has 
increased in popularity. With the advent of system 
controls that utilize direct digital control (DDC) to link 
electronic expansion valve operation to outdoor ambi- 
ent and compressor operation, it is now possible to 
manage the total air conditioning system control more 
accurately and reliably during light loads and/or low 
ambient operation. 


Service and Diagnostics 

In spite of the fact that the work of installing a 
refrigerating system may be of the best quality, diffi- 
culties requiring service are likely to occur. Although 
it is impossible to discuss every conceivable source of 
difficulty, it is possible to discuss a few of the more 
common ones. With experience, it should not be diffi- 
cult to handle almost any situation. Very often diffi- 
culties may be due not just to one of the causes 


described below, but rather to a combination of several 
of them. In such cases, these difficulties must be elim- 
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inated one at a time until the plant is functioning as it 
should. The most common sources of operating diffi- 
culties likely to be encountered are listed in the fol- 
lowing table. 


SOME COMMON SOURCES OF OPERATING DIFFICULTIES 

. Shortage of refrigerant. 

. Expansion valve obstructed. 

. Expansion valve closed completely. 

Leaking power element on expansion valve. 

Expansion valve stuck in open position. 

Solenoid valve leaking. 

. Strainer clogged with dirt. 

. Valve on liquid receiver partially closed. 

. Obstruction in liquid line. 

. High pressure drop through cooling coil. 

11. Orifice in expansion valve too small. 

12. Shortage of condenser water. 

18. Expansion valve improperly adjusted. 

14. Too much oil in crankcase. 

15. Air in condenser. 

16. Insufficient water or air over evaporative con- 

denser. 

17. Coil too large for cooling load. 

18. Too much refrigerant in system. 

19. Scale trap at suction of compressor clogged. 

20. Thermal overload elements in motor starter too 
small. 

. Low-pressure control set too high. 

. High-pressure control set too low. 

. Valves in compressor broken. 

. Suction valves leaking. 

. Compressor bearings frozen. 

. Moving parts of compressor sticking. 


1. Shortage of Refrigerant. 

Shortage of refrigerant usually manifests itself by 
a warm liquid line. There should always be sufficient 
liquid in the receiver, when utilized, to completely sub- 
merge the inlet of the liquid pipeline. If there is a 
shortage of refrigerant, the liquid level in the receiver 
will drop below the inlet of the liquid pipe and, as a 
result, a mixture of vapor and liquid will pass into the 
liquid line. Often with this problem there will be a 
hissing noise at the expansion valve. The cooling coils 
and the suction pipe will be warm while the suction 
pressure will be low, due to little or no liquid being 
supplied to the cooling coil. If a liquid indicator has been 
installed in the liquid line, bubbles will be visible if 
there is a shortage of refrigerant. 


rr" 
SOHDARTRWNHE 


2. Expansion Valve Obstructed. 


Sometimes the expansion valve may stick in a 
nearly closed position. Occasionally frozen moisture or 
dirt will also obstruct the flow of refrigerant liquid 
through the valve. In any event only a small trickle of 
refrigerant liquid may be flowing through the valve. In 
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such a case, the compressor may short-cycle, starting 
and stopping at frequent intervals, because insufficient 
liquid is admitted to the coil. The compressor is able to 
pull the pressure down faster than the vaporizing pro- 
cess can build it up. As a result, the compressor stops 
when the pressure in the coil has reached the setting 
of the low pressure switch. While the compressor is off, 
the pressure builds up again to the point where the 
pressure switch can close and start the compressor. 
Other symptoms are a warm cooling coil and suction 
line with some sweat or frost at the outlet of the ex- 
pansion valve. 


3. Expansion Valve Closed Completely. 


Occasionally an expansion valve may stick in the 
closed position, or frozen moisture or dirt in the valve 
may prevent the flow of any liquid at all into the evap- 
orator. In such a case, the compressor will pull the 
pressure in the coil down to the point where the low 
pressure control will stop the compressor. The suction 
pressure will be low, but the cooling coil and suction line 
will be warm. If, as frequently happens, a small amount 
of leakage is taking place through the valve, the com- 
pressor may run for a very short time at infrequent 
intervals (short cycling). 


4. Leaking Power Element on Expansion Valve. 


The power element of an expansion valve consists 
of the thermal bulb, connecting tubing, and the bellows, 
or diaphragm, which opens the valve. If the power 
element is leaking, the valve will either maintain an 
almost closed position or may even close completely. If 
the valve is slightly open, all of the symptoms will be 
exactly the same as in 2; if the valve is completely 
closed, the symptoms will be as in 3. 

One way of testing for a leaking power element is 
to remove the bulb from the suction pipe. If the bulb is 
heated by holding it tightly in the hand, the valve will 
open if the power element is not defective. If the valve 
opens, the low-pressure switch will start the compres- 
sor. Ifa power element has lost its charge the expansion 
valve will close tightly. 


5. Expansion Valve Stuck in Open Position. 


If the expansion valve is stuck in an open position, 
there will be an excessive amount of sweating on the 
suction line due to an excess amount of liquid being 
admitted to the low side of the system. Occasionally the 
valve may open excessively because the contact be- 
tween the thermal bulb and the suction pipe is poor or 
even because the thermal bulb is not insulated. In 
either case, the bulb will be warmer than the cold 
suction vapor. 


6. Solenoid Valve Leaking. 


If the solenoid valve leaks while in the closed po- 
sition, the compressor will usually short-cycle. The 
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liquid line leaving the valve will feel cooler than the 
inlet side, and in some cases there may be some sweat 
or frost at the outlet side. Otherwise all symptoms are 
the same as described in 2. 


7. Strainer Clogged with Dirt. 


Occasionally a strainer in the liquid line may be 
clogged with dirt. When this occurs, the liquid line on 
the outlet side of the strainer will feel cooler than the 
liquid line entering it. Occasionally, if it is badly 
clogged, some sweat or frost may make its appearance 
at the outlet. All other symptoms will be the same as 
in 2. 


8. Valve on Liquid Receiver Partially Closed. 


If the main liquid line valve, located at the liquid 
receiver, is partially closed, the liquid line will feel 
cooler than the liquid in the receiver. Other symptoms 
will be as described in 2, except that sweat or frost will 
make their appearance only if the valve is closed almost 
completely. 


9. Obstruction in Liquid Line. 

When there is an obstruction in the liquid line, the 
portion of the pipe after the obstruction will feel cooler 
than the pipe ahead of it. In extreme cases, there may 
even be some sweating or frosting after the obstruc- 
tion. The compressor will usually short-cycle. The cool- 
ing coil and the suction pipeline will be warm. 


10. High Pressure Drop Through Cooling Coil. 


If there is a high pressure drop through a cooling 
coil, the expansion valve will reduce the flow of liquid. 
In such a case, part of the coil and the suction line will 
be warm. An equalizer connection installed between 
the expansion valve and the point on the suction line at 
which the temperature bulb is located will allow the 
valve to admit enough liquid to cool the entire coil 
surface. In addition, because of the smaller pressure 
difference available, a larger orifice may be needed for 
the expansion valve. 


11. Orifice in Expansion Valve Too Small. 


If the pressure drop available for the expansion 
valve has been incorrectly computed, the orifice in the 
expansion valve may be too small. In such a case, in- 
sufficient liquid will be admitted to the coil and a part 
of the cooling coil and the suction line will be warm. The 
suction pressure will also be low. 


12. Shortage of Condenser Water. 


When there is a shortage of condenser water due 
to the main water valve being partially closed, an au- 
tomatic valve being stuck in an almost closed position 
or improperly adjusted, or a lack of pressure in the 
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water mains, the head pressure in the condenser will 
rise and the condenser will feel warm. The liquid line 
will also feel warm. The condenser pressure may even 
rise to the point where either the high-pressure switch 
or the thermal overload elements in the motor starter 
will stop the compressor. 

If the high-pressure switch stops the motor and the 
high pressure switch is not a manual reset type, the 
compressor will short-cycle. During the intervals when 
the compressor is off, the smal] amount of water avail- 
able will reduce the head pressure to the point where 
the pressure switch, if it is the automatic reset type, 
can start the motor again. However, if the motor over- 
loads sufficiently for the thermal overload elements in 
the motor starter to stop the compressor, there will be 
no shortcycling, but the compressor will start again 
after the thermal overload elements are reset. 


13. Expansion Valve improperly Adjusted. 


If the expansion valve is adjusted to pass too much 
liquid to the coil, all of the symptoms will be as de- 
scribed in 5. If the expansion valve is adjusted to pass 
too little liquid to the coil, all of the symptoms will be 
as described in 2. Occasionally a valve may be out of 
adjustment only slightly, in which case none of the 
symptoms described above will be apparent. But if the 
valve is admitting too little liquid to the coil, a small 
part of the coil may be too warm. If it is admitting 
slightly too much liquid to the coil, some sweating of the 
suction line may occur. 


14. Too Much Oil in Crankcase. 


If there is too much oil in the crankcase, there may 
be some pounding in the compressor due to slugs of oil 
being thrown about. In reciprocating compressors, this 
may result in valve damage. 


15. Air in Condenser. 


If air or other noncondensable gases are present in 
the condenser, the head pressure may rise to a point 
considerably above the pressure corresponding to the 
temperature at which the vapor is condensing. In ex- 
treme cases, the pressure may rise to a point where 
either the high pressure switch or the thermal overload 
elements in the motor starter may stop the compressor. 
One way of determining whether or not there is air in 
the system is to allow the compressor to stand idle long 
enough for it, and all other parts of the refrigerating 
system to cool down to the temperature of the sur- 
rounding air. The water supply to the condenser should 
also be shut off, and it is desirable to drain all the water 
from the condenser. 

After the entire system has cooled to the temper- 
ature of the surrounding air, the reading of the high 
pressure gauge should not be more than about 10 psi 
above the saturation pressure corresponding to the 
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surrounding air temperature. For example, if the tem- 
perature of the air surrounding a R-22 system is 94 F, 
the corresponding pressure should be 179.1 psig ac- 
cording to Table 6-5. Therefore, the reading of the 
high-pressure gauge should not be higher than about 
189 psig. If the gauge reads higher than this, there is 
an abnormal amount of air and other noncondensable 
gases which should be purged from the system. 

In order to purge a fluorinated hydrocarbon con- 
denser, all of the refrigerant should be condensed and 
pumped over into a receiver and/or condenser. The 
compressor should then be stopped, but the condenser 
water should be allowed to flow through the condenser 
for an hour or two in order to condense as much of the 
refrigerant vapor as possible. At the end of this time, 
the purge valve, usually provided at the top of con- 
densers, should be cracked open for an instant, and 
then closed. After an interval of several minutes, the 
purge valve should be cracked again. The purge valve 
may be opened and closed several times at intervals as 
described above. 

There is no way of completely separating the air 
from the vapor. Refrigerant vapor always escapes with 
the air. The method of operating the purge valve de- 
scribed above is suggested in order to minimize the loss 
of vapor. There is another method of purging which still 
further reduces the loss of vapor. This method, how- 
ever, requires extra equipment as a direct expansion 
coil is used to condense the vapor from the mixture of 
gases escaping to the atmosphere. Because such extra 
equipment is usually not readily available, this method 
is not often used in air conditioning systems. 

There is no reliable index for determining when to 
stop purging a fluorinated hydrocarbon condenser. 
Only by operating the refrigerating system again can 
it be determined whether or not the purging has been 
successful. 


16. Insufficient Water or Air Over Evaporative 
Condenser. 


If there is a shortage of water or air over an evap- 
orative condenser, all of the symptoms described in 12 
will make their appearance. Insufficient water may be 
due to a dirty suction screen in the condenser, dirty 
spray nozzles, leakage at pump packing glands, a float 
on a make-up water being stuck in a closed position, 
pump motor trouble, or some obstruction in the pipe- 
line. Insufficient air may be due to dirty filters, too high 
a resistance in the ductwork, or to some obstruction, 
such as a damper being closed. 


17. Coil Too Large for Cooling Load. 


If too large a cooling coil has been installed, the 
expansion valve may admit so little liquid to the coil 
that the compressor will short-cycle. In such a case, 
increasing the differential spread on the low-pressure 
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COMPRESSORS AND REFRIGERATION CYCLE COMPONENTS 


switch may sometimes be of help. The compressor will 
run for longer intervals and be off for longer intervals. 
There is no objection to having the compressor stop 
when the pressure falls to a point as low as 10 or 15 psig, 
but the suction pressure should not be allowed to go 
much lower than this. The pressure switch can be ad- 
justed to start again when the suction pressure rises to 
about 45 psig. 


18. Too Much Refrigerant in System. 


An overcharge of refrigerant in the system will 
cause high head pressures. Liquid will back up into the 
condenser, and decrease the area of surface available 
for condensing purposes. As a result, the head pressure 
will rise. In extreme cases, it may rise to the point 
where either the thermal overload elements in the 
motor starter, or the high-pressure switch, will stop the 
compressor. 


19. Scale Trap at Suction of Compressor 

Clogged. 

When the scale trap at the suction of the compres- 
sor becomes clogged, the suction pressure may fall to 
a point where the duplex pressure switch will stop the 
compressor. However, the suction pressure gauge may 
still show normal suction pressure, failing completely 
to show the low pressure that is opening the switch and 
stopping the compressor. This will happen if the suction 
pressure gauge is connected into the suction pipeline 
ahead of the scale trap. When the scale trap is clogged, 
the suction pressure will be low only beyond the scale 
trap, not ahead of it. However, if the suction gauge is 
connected into the crankcase, it will indicate the actual 
low pressure existing there. Suction gauges should 
always be connected to the crankcase through the same 
tubing that connects the low-pressure element of the 
duplex switch. 


20. Thermal Overload Elements in Motor Starter 
Too Small. 


If the thermal overload elements in the motor 
starter are too small, the starter will open and stop the 
compressor almost immediately after it is started. This 
is because the heater elements cannot carry the normal 
running current of the motor. 
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21. Low-Pressure Control Set Too High. 


If the low-pressure control is set at too high a point, 
the compressor will short-cycle continuously. 


22. High Pressure Control Set Too Low. 


If the high-pressure control is set at too low a point, 
the compressor will cycle off on the high pressure con- 
trol. 


23. Vaives in Compressor Broken. 


If valves are broken, there will be considerable 
noise in the compressor. The suction pressure will be 
high while the discharge pressure will be low. In multi- 
cylinder reciprocating compressors, the temperature 
of the cylinder heads will differ if the valves in one of 
them are broken or defective. 


24. Suction Valves Leaking. 


If the compressor suction valves are leaking, the 
suction connection and perhaps a small part of the 
suction line will be warm, while the balance of the 
suction line is cool. This is due to a small amount of hot 
gas leaking back from the compressor chamber through 
the suction valve and into the suction line. 


25. Compressor Bearings Frozen. 


If the compressor bearings are frozen because in- 
sufficient oil is supplied to them, they will bind the shaft 
and prevent the compressor from running. 


26. Moving Parts of Compressor Sticking. 


Occasionally the moving parts of the compressor 
will stick due to corrosion or accumulated dirt, and 
prevent the compressor from running. 


Finally, 

The analysis of operating troubles is difficult. The 
ability to analyze them correctly can be acquired only 
through thought and experience. Although the causes 
of a number of operating difficulties have been listed in 
the preceding paragraphs, such a list can serve only as 
a guide: It cannot replace thought and experience. 
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6-1. 


6-2. 


6-7. 
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Find the enthalpy of Refrigerant-22 for the following condi- 
tions: 

(a) saturated liquid at 92 F 

(b) saturated vapor at 22 F 


What is the density of Refrigerant-22 for the 
following conditions: 

(a) saturated vapor at -28 F 

(b) saturated vapor at 38 F 

(c) saturated liquid at 38 F 

(d) saturated liquid at 104 F 


. Ina Refrigerant-22 refrigerating system, the evaporator tem- 


perature is 12 F. The condensing temperature is 106 F, and the 
temperature of the liquid ahead of the expansion valve is 90 F. 
Find: 

(a) the refrigerating effect 

(b) the weight of refrigerant to be circulated per minute per ton 
(c) the piston displacement theoretically required for a 10-ton 

plant 
(d) the piston displacement actually required for a 10-ton plant 


. Explain why the volumetric efficiency of a compressor drops as 


the compression ratio increases. 


. A test was run on a 4-cylinder (2% x 2) compressor at 1750 rpm 


and a suction temperature of 40 F. The compressor pumped 
59.1 lb of Refrigerant-12 per minute. Calculate the volumetric 
efficiency. 


. A compressor using Refrigerant-22 has an actual refrigerating 


capacity of 35 tons and operates at 1750 rpm. The head pres- 
sure against which it is operating is 195.91 psig, and the suction 
is 68.51 psig. The temperature of the liquid ahead of the ex- 
pansion valve is 90 F. Find the speed at which the compressor 
must operate if its refrigerating capacity is to be 50 tons with 
all other conditions remaining the same. 


A 2-cylinder 2.75” x 2” compressor using Refrigerant-22 runs 
at 1750 rpm. The head pressure against which it operates is 193 
psig, and the temperature of the liquid at the expansion valve 
is 86 F. Find the actual capacity of the compressor if the suction 
temperature is: 

(a) 18 F 
(b) 42 F 


. A 4cylinder 3.67” x 2.75” compressor using Refrigerant-22 


runs at 1750 rpm. The head pressure is 220 psig and the suction 

pressure is 67 psig. Find the actual refrigerating capacity and 

the brake horsepower required if: 

(a) the liquid reaches the expansion valve at the same tem- 
perature at which it condensed 

(b) the liquid is subcooled to 82 F 


6-9. Certain changes were made in a machinery room that required 


a new and longer discharge line for a compressor. Unfortu- 
nately, not enough attention was given to sizing the new 
piping. A check of the original drawings of the old piping layout 
shows there was a pressure drop of 2.4 psi between the com- 
pressor and condenser. A check of the new piping in place 
disclosed a pressure drop of 11.6 psi. 

(a) How will this affect the performance of the compressor? 


6-10. A five cylinder 2% x 2 compressor operates at 1750 rpm. Its 


refrigerating capacity at different suction temperatures is 

listed in the following table. This compressor is connected to 

a cooling coil whose capacity at various suction temperatures 

is also given in the following table. 

(a) What is the refrigerating capacity and suction temperature 
for the system? 

(b) What will be the evaporator temperature and the cooling 
capacity of the compressor-cooling coil combination if one 
cylinder is unloaded? If two cylinders are unloaded? 


EVAPORATOR COMPRESSOR COOLING COIL 
TEMPERATURE, CAPACITY, CAPACITY, 

F TONS TONS 
16 8.2 _ 

20 9.4 - 

24 11.0 - 

28 12.3 22.0 
32 13.5 19.7 
36 14.9 17.5 
40 16.3 15.4 
44 17.6 13.2 
48 19.1 11.0 


6-11. An R-22 refrigerating system having a capacity of 45 tons 


operates at a suction pressure of 21 psig and a condensing 
temperature of 105 F. The equivalent length of three lines is 
given below. What is the proper size for each line? 


Compressor discharge line ................-...0000 75 ft 
Liquid line: <i: ..ss co ec ec ce teee ped is eceeiaen ee cee 135 ft 
Suction line... 6.ccce cde see awiec cadens see acwen 100 ft 


6-12. A refrigerating system consists of two direct expansion cooling 


coils each 30 in. wide and 6 ft long and 5 rows deep; an evap- 
orative condenser with a volume of 3.5 cu ft; a RH 12 x 40 liquid 
receiver; a compressor discharge line, 2% in., having a scaled 
length of 30 ft; a liquid line, 1% in., from the condenser 20 ft 
long, a liquid line, 15% in., from the receiver 30 ft long; and, a 
3% in. suction line 30 ft long. 

(a) Estimate the operating charge of Refrigerant-22 required. 


CHAPTER VII 


REFRIGERATION AND COOLING APPARATUS 


The previous chapter dealt with the fundamentals 
of refrigeration including the behavior of common re- 
frigerants, a vapor-compression refrigeration cycle, its 
components and accessories. 


Reciprocating, scroll and screw compressors were 
described in detail as well as some of their operational 
characteristics when combined with other equipment 
to form a complete refrigeration plant. 


A given air conditioning system may use any one 
of several refrigeration plants. It is the purpose of this 
chapter to briefly describe several of the common re- 
frigeration plants, other than those using reciprocat- 
ing, scroll or screw compressor types. 


In planning sizable air conditioning systems, a de- 
tailed economic study should precede the actual design. 
Such a study will point out the advantages of various 
systems so the best one can be selected. In addition to 
discussing refrigeration systems, this chapter points 
out the important factors that should be considered in 
a meaningful economic study. 


Centrifugal Refrigeration System 


This section will discuss a refrigeration system 
employing a centrifugal compressor plus condenser, 
evaporator, and control devices assembled to operate 
as an integral unit. From a thermodynamic standpoint 
the centrifugal refrigeration cycle is identical to the 
vapor-compression system employing reciprocating, 
scroll or screw compressor types. However, the means 
of compressing the refrigerant is basically different. 

For example, a reciprocating compressor is a pos- 
itive displacement machine. It provides compression 
through the action of the piston squeezing gas in a 
cylinder. The centrifugal compressor is a variable dis- 
placement machine. It has one or more impellers, spin- 
ning in specially formed housings, that impart 
centrifugal force to the gas. The velocity energy re- 
sulting from this centrifugal force is then converted to 
pressure. 

A centrifugal refrigeration machine is a relatively 
large capacity unit that handles large volumes of re- 
frigerant gas. These machines are not ordinarily built 


in capacity ranges under 50 tons because of the man- 
ufacturing limitations and efficiency losses involved. 

Consider first the manufacturing limitations. 
Within a fixed set of design specifications, a centrifugal 
refrigeration machine can be built to attain minimum 
capacities only if impellers small enough to meet the 
design of the machine can be manufactured. In smaller 
impellers, gas passages are narrower. This presents 
problems in casting these impellers and also in cleaning 
up the narrower gas passages. 

Then, there is the overall efficiency of small ca- 
pacity machines. With two machines, one large and one 
small — of a fixed design and operating at a fixed speed 
— the efficiency losses of the smaller capacity impeller 
will be almost as great as those of the larger capacity 
impeller. 

The final result is a minimum acceptable capacity 
from both the standpoint of manufacturing limitations 
and efficiency losses in centrifugal refrigeration ma- 
chines. 

Fortunately, the designer has not been limited to 
a single refrigerant in designing a line of centrifugal 
refrigeration machines. There have been several re- 
frigerants, with varying physical properties, that have 
permitted the designer sufficient leeway to design a 
relatively efficient compressor line over a range of ca- 
pacities from approximately 50 tons minimum to 3,000 
or 4,000 tons maximum in a single machine. 

In the past, Refrigerants-11, -12, -118, and -114 
have been used successfully in centrifugal compres- 
sors, with Refrigerants-11 and -113 being the most 
widely used. 

The decade of the 90’s brought new environmental 
concerns for protection of the ozone layer above the 
earth and concerning “global warming” due to dis- 
charge into the atmosphere of high chlorine based re- 
frigerant compounds such as R-12 and R-11 that, in the 
past, were the refrigerants of choice for most centrif- 
ugal compressor designers. In current designs, the re- 
frigerants most commonly utilized have been HCFC 
123, HCFC 22, and HFC 134A. In general, HCFC 123 
has been the replacement for R-11 and HFC 134A has 
been chosen as the replacement for R-12 in centrifugal 
compressor designs utilized in large water chiller ap- 
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plications (typically above 165 tons). HCFC 22 contin- 
ues to be applied in applications for smaller water 
chillers (typically 10 to 450 tons). 

Because of the environmental concerns with use of 
ozone-depleting CFC’s, new ASHRAE Standards for 
Number Designation and Safety Classification of Re- 
frigerants (Std. 34-1992) and a Safety Code for Me- 
chanical Refrigeration (Std. 15-1992) have now been 
adopted into building codes and regulations to protect 
the environment for future generations. 


Components of a Centrifugal Refrigeration 
System 


Compressor 


The centrifugal compressor has a rotating impel- 
ler(s) that imparts a high velocity to the refrigerant 
vapor and thus increases its kinetic energy. This en- 
ergy is then converted to static pressure in the ex- 
panding section of the impeller housing and thereby 
develops the head necessary for the refrigeration cycle. 

Centrifugal compressors are classified as open and 
closed. In the open type the driver and compressor are 
separated with the driver exposed to the atmosphere. 
The closed type, commonly called “hermetic,” has the 
compressor and driver enclosed within a sealed casing. 

The open type centrifugal compressor can be 
driven by an electric motor, a steam turbine, a gas 
engine or a gas turbine. The choice of driver depends 
upon an economic study, the chief factors of which are: 
availability and cost of steam, cost of gas, location of 
refrigeration equipment in the building, type of elec- 
trical loads in the plant, plant power factor and the cost 
of electric power. It should be recognized that the cost 
of electric power includes not only the charge for elec- 
tric energy but a demand charge as well which normally 
constitutes a significant portion of the total electric bill. 

In the open compressor, a shaft seal is required 
between the driver and compressor. This seal fits 
snugly on the compressor shaft in order to prevent 
refrigerant leaks along the shaft. In addition to sealing 
refrigerant within the compressor casing, the shaft seal 
must also prevent air from leaking into the casing. Air 
and moisture that make their way into the system 
reduce the capacity of the unit and increase the horse- 
power required to produce a given refrigeration ca- 
pacity. 

As mentioned previously, the hermetic centrifugal 
compressor and its drive motor are completely en- 
closed within a sealed casing. The motor in this design 
must be of the polyphase, squirrel cage, constant speed 
type. A lightweight, compact design is achieved by 
mounting the impellers and drive motor on the same 
shaft. Motor cooling can be accomplished by circulating 
chilled water in a jacket surrounding the motor or by 
refrigerant vapor. A three-stage hermetic type unit is 
shown in Figure 7-A. The impellers are arranged in 
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such a manner as to balance the thrust of each against 
the others. The vapor drawn from the evaporator into 
the first stage impeller is compressed by the first stage 
and discharged into the suction side of the second stage 
where it is again compressed and discharged into the 
third stage suction and then discharged into the con- 
denser. 


FIGURE 7-A 
THREE-STAGE CENTRIFUGAL REFRIGERATION UNIT 


For applications requiring 165 to 1400 tons, the 
hermetic multi-stage centrifugal chiller offers: 
¢ Superior efficiency compared to single stage and gear 
driven designs. 

e Stable, surge resistant operation. 

e Exceptionally quiet operation . 

© Economizer designs to provide up to seven percent 
efficiency increase and similar energy cost decrease. 

¢ Environmentally approved HCFC-123 compatibility 
to meet requirements of ASHRAE Standards 15- 
1992 and 34-1992. 

e Near zero refrigerant emission designs. 

e Flexible chiller and evaporator selections to more 
exactly meet capacity needs. 

The multi-stage chiller operates more efficiently 
over a wide range of capacities, virtually eliminating 
the need for energy wasting hot gas bypass. 

The radial component of velocity determines the 
ability of the chiller to resist interruption of smooth 
refrigerant flow when operating at light loads and with 
high condensing temperatures. This interruption in 
flow and unstable operation, called ‘“‘surge, ” is avoided 
with the multi-stage design. 


Inlet Guide Vanes 


Inlet guide vanes improve performance by throt- 
tling refrigerant gas flow to exactly meet part load 
requirements and by prerotating refrigerant gas for 
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optimum entry into the impeller. Prerotation of refrig- 
erant gas minimizes turbulence and increases effi- 
ciency. 


Two-Stage Economizer 


A three-stage chiller such as the CVHE CenTra- 
Vae* has a two-stage economizer — providing up to 
seven percent greater efficiency than designs with no 
economizer. Since this design uses three impellers, it is 
possible to flash refrigerant gas at two intermediate 
pressures between the evaporator and condenser pres- 
sures, significantly increasing chiller efficiency. This 
improvement in efficiency is not possible in single-stage 
chillers since all compression is done by one impeller. 

Direct drive compressors operate without speed 
increasing gears, thus eliminating gear energy losses. 
Compressors using gears suffer mesh losses and extra 
bearing losses in the range of three to five percent at 
full load. Since these losses are fairly constant over the 
load range, increasingly larger percentage losses result 
as load decreases. 


CenifraVac P-H Diagram 
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FIGURE 7-8 


THREE-STAGE P-H DIAGRAM 


Three-Stage P-H Diagram 


The pressure-enthalphy (P-H) diagram (Figure 
7-B) describes refrigerant flow through the major 
chiller components. 

Evaporator — A liquid-gas refrigerant mixture 
enters the evaporator at state point 1. Liquid refrig- 
erant is vaporized to state point 2 as it absorbs heat 
from the system cooling load. The vaporized refriger- 
ant then flows into the compressor first stage. 

Compressor First Stage — Refrigerant gas is 
drawn from the evaporator into the first stage com- 
pressor. The first stage impeller accelerates the gas 
increasing its temperature and pressure to state point 3. 
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Compressor Second Stage — Refrigerant gas leav- 
ing the first stage compressor is mixed with cooler 
refrigerant gas from the low pressure side of the two- 
stage economizer. This mixing lowers the enthalpy of 
the mixture entering the second stage. The second 
stage impeller accelerates the gas, further increasing 
its temperature and pressure to state point 4. 

Compressor Third Stage — Refrigerant gas leav- 
ing the compressor second stage is mixed with cooler 
refrigerant gas from the high pressure side of the two- 
stage economizer. This mixing lowers the enthalpy of 
the gas mixture entering the third stage compressor. 
The third stage impeller accelerates the gas, further 
increasing its temperature and pressure to state point 
5, then discharges it to the condenser. 

Condenser — Refrigerant gas enters the condenser 
where the system cooling load and heat of compression 
are rejected to the condenser water circuit. This heat 
rejection cools and condenses the refrigerant gas to a 
liquid at state point 6. 

Two-Stage Economizer and Refrigerant Orifice 
System — Liquid refrigerant leaving the condenser at 
state point 6 flows through the first orifice and enters 
the high pressure side of the economizer. The purpose 
of this orifice and economizer is to preflash a small 
amount of refrigerant at an intermediate pressure 
called P1. P1 is between the evaporator and condenser 
pressures. Preflashing some liquid refrigerant cools 
the remaining liquid to state point 7. 

Refrigerant leaving the first stage economizer 
flows through the second orifice and enters the second 
stage economizer. Some refrigerant is preflashed at 
intermediate pressure P2. Preflashing the liquid re- 
frigerant cools the remaining liquid to state point 8. 

Another benefit of flashing refrigerant is to in- 
crease the total evaporator refrigeration effect from 
RE’ to RE. The two-stage economizer provides a seven 
percent energy savings compared to chillers with no 
economizer. 

To complete the operating cycle, liquid refrigerant 
leaving the economizer at state point 8 flows through 
a third orifice system. Here, refrigerant pressure and 
temperature are reduced to evaporator conditions at 
state point 1. 


Condenser 


The condenser, a shell-and-tube heat exchanger, 
receives compressed refrigerant vapor from the com- 
pressor. The vapor condenses inside the shell and is 
collected as a liquid before being fed to the evaporator. 
The condenser water that carries away the heat of 
condensation is carried in tubes inside the shell. 

To distribute vapor evenly over the entire con- 
densing tube bundle, so all the tube area will absorb 
heat, a perforated baffle plate is placed directly oppo- 
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site the discharge opening from the compressor. This 
baffle spreads the vapor throughout the length of the 
shell, and is an effective method of preventing impinge- 
ment of the vapor on the condenser tubes. 

There is another baffle installed in the condenser. 
The purpose of this baffle is to create a quiet zone at the 
end of the path of vapor travel. It is in this area that 
the noncondensible gases are accumulated to permit 
most effective purging. Noncondensible gases and wa- 
ter vapor must not be allowed to accumulate as they 
will decrease the cycle efficiency. 


Evaporator 


The evaporator here is of the semiflooded type, 
with the bottom rows of tubes submerged in refriger- 
ant. Water to be chilled is pumped through the tubes. 
Heat is transferred from the water to the liquid re- 
frigerant, causing it to boil and vaporize. A high rate of 
heat transfer is obtained under full load since the entire 
tube bundle is wetted with rapidly boiling refrigerant. 

Just as the distribution of refrigerant vapor over 
the length of the condenser is important in condenser 
design, so is the distribution of liquid refrigerant over 
the entire length of the evaporator important to the 
efficient operation of the evaporator. To accomplish this 
there is a metal baffle in the bottom of the evaporator. 
The purpose of this baffle is to distribute the liquid 
refrigerant uniformly. Since it is practical to draw re- 
frigerant vapor off the evaporator at only one point, it 
is necessary to provide a means above the evaporator 
surface to ensure uniform flow of refrigerant from the 
surface to the suction connection of the compressor. 
This is accomplished by the use of eliminators. Elimi- 
nators separate any liquid refrigerant that may be car- 
ried by the refrigerant vapor when boiling is most 
violent under full load. Thus only dry vapor reaches the 
suction side of the first stage compressor. 

The vapor density of refrigerant leaving the evap- 
orator is quite low. It is customary, therefore, to make 
the connection between the evaporator and the com- 
pressor as short as possible and of a size to minimize 
pressure drop. 


Control of Centrifugal Refrigeration Systems 


The subject of controls for centrifugal refrigeration 
systems can logically be divided into capacity control 
methods and safety control devices. 


Capacity Control Methods 


The typical air conditioning system requires max- 
imum cooling only a few consecutive hours from time 
to time during a cooling season. Other load conditions 
for typical air conditioning systems are generally one 
of the following: 


1. Long periods of almost constant partial load. 
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2. A load varying from minimum to maximum in a 
relatively short time. 


In any capacity modulating system it is desirable 
for the horsepower required to drive the compressor to 
be reduced at the same rate as the decrease in load. In 
other words, it would be desirable for the power re- 
quired to be 80 percent of full load power when the 
machine is operating at 80 percent capacity. 

Various methods of accomplishing capacity control 
have been used and are currently available. There are 
considerable variations in their effectiveness and the 
resulting efficiency at part load. The following methods 
of capacity control will be discussed from these two 
points of view. 

1. Off-and-on control 

2. Hot gas bypass control 

3. Condenser water regulation 
4. Butterfly dampers 

5. Speed control 

6. Variable inlet guide vanes 


Off-and-On Control 


The manufacturer of centrifugal refrigeration sys- 
tems would like to design each machine in its series 
with enough flexibility to operate satisfactorily during 
periods of almost constant partial load, and also when 
loads vary from minimum to maximum in a relatively 
short time. A simple solution would be to have the 
machine operate at its maximum output until the load 
was satisfied, then shut itself off and automatically 
continue on-and-off operation. If a centrifugal compres- 
sor were to operate only at rated capacity, it would 
have to start and stop frequently as the load varied. 
Even though the motor of a centrifugal compressor 
starts unloaded, starting and stopping a large motor, of 
say five hundred horsepower, six or eight times an hour 
would be prohibitive for satisfactory motor life. It 
would also be expensive from an operating and main- 
tenance standpoint. Some small reciprocating or scroll 
compressors can operate with off-and-on control, but 
this is an unsatisfactory means of capacity control for 
a centrifugal compressor. 

Since off-and-on control is not satisfactory for cen- 
trifugal refrigeration compressors, some means must 
be sought to vary the output from nearly zero load to 
full load and still keep the machine running. The stable 
range of a centrifugal refrigeration compressor is from 
full load to the surge point, which is normally about 
one-half to two-thirds capacity. Thus, the design engi- 
neer seeks ways to widen the stable operating range of 
the impeller. In other words, the engineer is looking for 
a means of lowering the surge point to as low a capacity 
as possible. 
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Hot Gas Bypass Control 


A bypass can be installed between the discharge 
and suction side of the compressor. When the load is 
reduced to almost the surge point, a valve begins to 
open the bypass and permits high pressure vapor from 
the discharge side of the compressor to enter the evap- 
orator. As the load is reduced further, the bypass opens 
wider so as to maintain a fixed minimum volume flow 
rate to the compressor. Theoretically, the stable range 
is extended to zero load, although in practice the com- 
pressor may become too hot when all the vapor is 
recirculated through the bypass. 

Bypass control is uneconomical as there is no re- 
duction in power input to the compressor once the 
bypass starts to open. 


Condenser Water Regulation 


A curve of Head vs Capacity for a constant impeller 
speed is quite flat for a centrifugal compressor. This 
means that a small increase in head will be accompanied 
by a large decrease in capacity. One of the means avail- 
able to increase the discharge head is to increase the 
pressure in the condenser. This is easily accomplished 
by reducing the amount of condenser water. 

To reduce the amount of condenser water, a ther- 
mostatic control is used to sense the chilled water tem- 
perature change leaving the evaporator. A decrease in 
chilled water temperature signifies a drop in load and 
this information is used to reduce the amount of water 
being delivered to the condenser. As the water quan- 
tity supplied to the condenser drops, the temperature 
of the leaving condenser water will rise and cause the 
condenser pressure to rise. This method of capacity 
control is attractive if city water is purchased for con- 
densing because the operating charge for condenser 
water is reduced under partial load. There may be a 
disadvantage in using this control method for certain 
types of condensing water. With a rise in temperature, 
certain dissolved compounds, referred to as temporary 
hardness, will deposit on the inside of the condenser 
tubes at an accelerated rate. This will materially reduce 
the heat transfer coefficient between tube wall and the 
condensing water. 

Control of condenser water as a means of capacity 
control is not in general use because of the high oper- 
ating costs. The accelerated fouling of the water side of 
the tubes increases maintenance costs because more 
frequent cleaning is required. Power costs are high also 
as the increase in head pressure requires more power 
for a given load than other control systems. The stable 
range of the compressor is artificially shortened by 
raising head pressure, which is also undesirable. 


Butterfly Damper 


A butterfly damper is a simple device for reducing 
load. If located in the discharge line of the compressor 
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it will not change the surge point. On the other hand, 
if located in the suction line, as is customary, the surge 
point will be lowered. As has been explained, for a 
given set of operating conditions a certain minimum 
volume flow through the impeller is required to pre- 
vent surging. With a butterfly damper at the suction of 
the compressor there is a pressure drop across the 
butterfly damper and this causes the specific volume of 
refrigerant gas entering the impeller to increase. This 
is reflected in an increase in the volume flow. This 
increase in volume flow means that the required min- 
imum volume flow to prevent surging can be attained 
with refrigerant gas of less mass or density. Since a 
lower mass flow rate means less refrigerant is vapor- 
ized, the compressor is actually operating at a lower 
load. The butterfly damper thus permits stable oper- 
ating range, down to about 40 to 50 percent of full load 
capacity. 

The butterfly damper is readily adapted to auto- 
matic control devices, but it is not, however, a partic- 
ularly economical means of capacity control. The 
decrease in horsepower for a butterfly damper control 
system follows a falling load reasonably well, but be- 
cause of the resistance the damper introduces in the 
suction line, the power required does not fall off as fast 
as the capacity is reduced. A brake horsepower of ap- 
proximately 50 percent, at a capacity of 40 percent, is 
about the best that can be expected from a butterfly 
damper. 


Speed Control 


Speed control is another means of regulating the 
capacity of a centrifugal compressor. This is based on 
reducing the impeller speed to lower the volume rate 
of flow at the surge point, thereby extending the stable 
range of the compressor to a lower load. However, the 
inherent characteristics of the compressor are such 
that the head drops quite rapidly with small changes in 
speed. In the usual air conditioning application, load 
varies over such a wide range that the surge point is 
reached before a sufficient decrease in capacity is at- 
tained. The head vs capacity characteristic is such that 
a unit selected from performance curves with a high 
efficiency at full load may only have a 20 to 30 percent 
capacity variation by means of speed control. If the 
original selection of the machine were poor, that is, a 
larger machine operating at a lower efficiency, then the 
variation of capacity with speed control might be as 
much as 50 percent before surge. While this technique 
improves the stable range there are two penalties: a 
higher first cost because of the larger compressor and 
drive, and a higher operating cost because of the lower 
efficiency. 

Despite the above difficulties, speed control of 
open centrifugal compressors is fairly common. This is 
accomplished by direct drive from a steam turbine or 
constant speed electric motor with variable speed drive 
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unit. In the case of steam turbine drive, the initial 
sensing device is generally a temperature controller in 
the chilled water leaving the evaporator. A decrease in 
load causes a drop in temperature and this is trans- 
mitted to a valve regulating the flow of oil to the turbine 
hydraulic governor, thereby resetting the controlled 
speed to a lower value. The governor then reduces the 
steam supply to the turbine and the speed drops. This 
arrangement will yield satisfactory capacity modula- 
tion of the compressor for high load levels, say 80 to 100 
percent load. For capacity control below this range, 
variable speed is combined with one of the other means 
of capacity control, usually inlet guide vanes. 

Wound rotor motors have been used for speed con- 
trol, but the result is only step control rather than a 
smooth, modulating control. This is true because the 


reduced speed is obtained by introducing fixed incre- 
RnR aRee 
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ments of resistance into the rotor circuit, usually by a 
drum controller. The use of a wound rotor motor for 
speed control has the disadvantage of a higher first cost 
because of a required air circuit breaker for starting 
and motor protection. As mentioned, a drum controller 
is also required for introducing resistance to the rotor 
circuit. Another disadvantage is that from a practical 
standpoint it is limited to manual control. This method 
of speed control is not as efficient as it would appear, 
because of the power wasted in the resistors to accom- 
plish the reduced speed. 

A constant speed motor, with hydraulic coupling, 
has the disadvantages of a high first cost and it is also 
not as convenient to adapt to automatic control com- 
pared to other means of load regulation. The power cost 
does not drop greatly with reduced speed because of 
the losses in the hydraulic coupling. 
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FIGURE 7-C 
VARIATION IN CAPACITY OF CENTRIFUGAL COMPRESSOR WITH SPEED CONTROL 


The performance of a typical two-stage centrifugal 
compressor with speed variation is shown in Figure 
7-C. Please note that there are three capacity-head 
curves — one each for 100 percent, 90 percent, and 80 


percent speed. The stable range of the compressor at 
each speed terminates at the left-hand end of the curve 
indicated as A for 100 percent speed, B for 90 percent 
speed, and C for 80 percent speed. The line through 
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these points is designed as the surge line. Plotted 
across the capacity-head curves, in the effective per- 
formance range of the compressor, are the lines of 
constant compressor efficiency. Also plotted is a sys- 
tem head characteristic line that will be discussed later. 

On the 100 percent speed curve, the compressor 
selection point has been designated as SP. This is con- 
sidered to be at 100 percent capacity and head. The 
point SP has been selected for a reasonably high com- 
pressor efficiency of 75 percent. The stable range at the 
fixed speed is from 80 percent capacity at the surge 
point A to 100 percent at the selection point SP. If the 
speed is reduced 10 percent to 90 percent, the minimum 
capacity at the surge point B is 73 percent of full ca- 
pacity. At 80 percent speed, the minimum capacity at 
surge point C is 67 percent. As the minimum capacity 
is reduced by speed reduction, it is evident from Figure 
7-C that the compressor efficiency drops off rapidly 
from 77 percent at point A to 68 percent at point B and 
58 percent at point C. This is a reduction of 25 percent 
in efficiency with a 20 percent speed reduction. 

The above discussion relates only to compressor 
performance and is true if the compressor were oper- 
ating alone. In a refrigerating machine, however, the 
compressor must operate with an evaporator and a 
condenser, which affects the compressor performance. 
In any chilled water system, the evaporator and con- 
denser operate at a fairly constant temperature which 
means that the head against which the compressor 
must operate is relatively constant. A system head 
characteristic can be determined for any machine and 
a given set of operating characteristics. Such a typical 

Typical R123 Centrifugal Chiller 


KW vs % Load 
(Condenser Relief at 2.5 F per 10%) 


0 10 20 30 40 50 60 70 80 90 100 
% Load 
Energy Reduction 


The view taken by some drive manufacturers is 
that, as with fans and other variable torque loads, a 
centrifugal compressor will follow the affinity (or fan) 
laws where horsepower is directly proportional to the 
cube of the speed. 
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line has been plotted through the selection point SP and 
it is quickly evident that the system governs, to a large 
extent, what can be done with speed control. The in- 
tersection of the system head characteristic curve and 
the surge line is at approximately 95 percent speed. 
This means that very little can be accomplished with 
speed variation alone to increase the stable range of the 
machine. 

Another method often used is to select an oversize 
compressor for full load capacity. This means a lower 
efficiency, but it does increase the reduced capacity 
range with the limited speed regulation permitted by 
the system characteristics. This may be likened to sliding 
to the right on the 100 percent speed curve to some such 
point as E in Figure 7-C. Here the efficiency is lower, and 
if the head were enough to satisfy full load, it can be 
seen that a wider stable operating range would result. 

Speed control theoretically looks attractive, but 
sometimes it has limitations that make it less desirable 
or inadequate as the complete answer to part load 
performance. When speed control is combined with one 
of other means of capacity control, it can be quite helpful. 

The primary reason for changing the speed of the 
compressor motor by modifying its power source is to 
save energy. However, in addition to energy reduction, 
adjustable frequency drive (AFD) speed control when 
coupled with multiple stage compressor inlet guide 
vane control can offer increased unloading capability 
with stable operation, softer starts for lower electrical 
demand charges, increased motor life with slower 
speeds plus less load point cycling, and quieter oper- 


ation. 
Kw/ton curves for inverter 
and non-inverter use 
Cond relief at 2.5 F per 10% 


Kw/ton 
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This projection, however, does not consider the 
characteristics of the system, the changes in refriger- 
ant density, nor the efficiency characteristics of the 
specific equipment. By extrapolating the horsepower- 
/speed phenomenon and disregarding the importance of 
the above factors, many drive suppliers have claimed 


194 


that a centrifugal compressor follows the fan laws — 
even though they have never tested or measured for 
accuracy a chiller controlled by an electronic adjustable 
frequency drive. 

In reality, unlike a centrifugal fan which is basically 
a single system of static pressure and air flow, a cen- 
trifugal chiller has separate systems in which speed 
reduction alone does not account for a part load cubic 
reduction in power. Lift reduction is required for a 
drive application, both to keep the chiller out of surge 
at part loads and to achieve optimum energy savings. 
This lift reduction as well as the reduced load — even 
without speed reduction — will result in lower kW. 

The above graph indicates that a squared relation- 
ship exists between load and kW even with only guide 
vane control and condenser relief. 


Also one must be careful not to confuse efficiency 
improvement at part load vs. energy use at part load. 
In other words, kW/ton is the industry standard for 
measuring energy efficiency. The part load efficiency 
curve demonstrates the difference. These clarifications 
aside, the good news is that measurements taken 
during lab and field testing by The Trane Company 
have proven that multiple stage centrifugal compres- 
sors use significantly less power when operated with an 
AFD. 

Due to its wider operating map and the ability to 
meet lift requirements, a multiple stage centrifugal 
chiller can reduce its motor speed further than a single- 
stage compressor and stay out of surge. A good rule of 
thumb is that on a three-stage centrifugal chiller, the 
APLV* is improved between 20-25 percent when an 
AFD is applied. 


Unloading 


Multiple stage compressors have always been able 
to unload either with or without condensing tempera- 
ture relief beyond where a single-stage chiller can 
unload. However, even with three stage compressors, 
hot gas bypass has occasionally been necessary to keep 
the chiller on line in facilities where excessively light 
loads existed. Hot gas bypass operation is not only 
extremely inefficient from an energy perspective but 
also from a system control response perspective. 

Today however, with AFD speed reduction control 
strategy, it is possible to unload the chiller at least an 
additional 50 percent below where it can be unloaded 
without AFD. Better unloading also minimizes cycling 
of chillers which both increases the life on the machine 
as well as minimizes unnecessary chiller start-up en- 
ergy demand costs. 

*APLV — Application Part Load Value is a single number, calculated by 


an ARI procedure to indicate part load performance (see ARI Standard 
550-92). 
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Soft Start 


Centrifugal starters can be described by their 
torque/speed and their inrush current/time character- 
istics as they accelerate through start-up. The most 
common motor starters that have been used on mul- 
tistage centrifugals are either star-delta or across-the- 
line designs. Just recently solid-state reduced voltage 
starters have been introduced as a starter option. 
These devices, while connecting the motor to the AC 
power; line, are rated to operate with start-up inrush 
currents above the full load amperage of the motor. 

Across-the-line starting (locked rotor) at rated volt- 
age and horsepower produces an inrush current (600- 
700 percent of the full load current) while producing 
torque generally 20 to 50 percent greater than full load 
torque. While star-delta and the new solid-state start- 
ers operate with a reduced inrush current, compared to 
full voltage starters, in both cases it is still an “uncon- 
trolled acceleration.” 

In AFD applications, large starting currents are 
avoided by utilizing the principle that, given constant 
volts/frequency ratio, the torque and current charac- 
teristics of the motor at different frequencies are rel- 
atively similar. At start-up, power is initially applied to 
the motor at a very low frequency (2 Hz) and as the 
frequency is gradually increased, the motor slip re- 
mains low (within the normal operating region of the 
motor). Since the slip remains low during start-up, the 
torque per amp values remain high. Therefore the amp 
requirements to start the motor remain low as long as 
the ramp time during the starting process is kept as a 
reasonable value such that excessive acceleration does 
not cause torque to go beyond the breakdown value. 

Therefore by controlling the frequency of incoming 
power to the motor during acceleration we control the 
torque so that it follows and exceeds the load torque 
requirements and the slip speed is maintained in the 
operating speed range (that is at speeds above maxi- 
mum torque where the torque per amp ratio is larger). 
Larger motor slips are not encountered and therefore 
torque capacity remains high given a small inrush cur- 
rent. 


Increased Life and Quiet Operation 


When the speed of the chiller is reduced, the stress 
of the motor is likewise reduced. This translates into 
longer times between compressor maintenance and 
less downtime through the lifetime of the machine. A 
good rule of thumb is that the life expectancy of the 
chiller can be increased by five to ten years and lifetime 
maintenance cost reductions of approximately ten per- 
cent are possible. 

Beyond this, vibration and acoustic measurements 
taken during lab testing indicate lower dB character- 
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istics in critical audible frequencies exist for a chiller 
running with an AFD both at start-up and during 
normal operation. 


Variable Inlet Guide Vanes 


The butterfly damper on the suction side of a cen- 
trifugal compressor reduces the mass flow through the 
compressor by introducing pressure drop. It does this 
inefficiently, however, because of the turbulence cre- 
ated. If the losses due to turbulence could be elimi- 
nated, an efficient means of capacity reduction would 
result. The variable inlet guide vane damper or pre- 
rotation vane damper, as it is often called, accomplishes 
the reduction in volume in an efficient manner. 


FIGURE 7-D 
ADJUSTABLE INLET GUIDE VANE FOR CAPACITY CONTROL 
OF CENTRIFUGAL COMPRESSOR 


In place of a single damper blade, the variable inlet 
guide vane consists of a number of wedge-shaped 
center pivoted dampers that divide the gas stream into 
several segments. Figure 7-D illustrates a typical 
damper assembly of this type. The vane shaft is in the 
center of each vane and extends through the damper 
housing where it is connected to an actuator ring. A 
control device, through an operator and linkages, ad- 
justs the position of the actuator ring and thereby po- 
sitions all guide vanes simultaneously. The reduction in 
area between the vanes as they are moved from the 
fully open position toward the closed position causes a 
pressure drop which in turn increases the specific 
volume of the gas entering the impeller and thus re- 
duces the mass flow. The guide vanes serve another 
purpose. They impart a spin to the gas flowing into the 
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impeller in the direction of impeller rotation. This re- 
duces the tendency for stall at the inlet edge of the 
impeller blades and provides greater stability. There 
also is a velocity component in the direction of rotation 
at the impeller inlet that may be considered to push the 
impeller, the effect being to reduce horsepower as well 
as capacity. 

In order to illustrate how variable inlet guide vanes 
affect typical compressor performance, a capacity vs 
head curve is shown in Figure 7-E. If the 90 degree 
vane position curve in Figure 7-E is examined care- 
fully, it is seen that it is identical to the 100 percent 
speed curve of Figure 7-C. The other capacity vs head 
curves in Figure 7-E have been plotted for various 
reduced vane angles. Thus, there is a family of curves 
with each lesser vane angle producing a curve having 
less capacity and less head. Just as there is a stable 
range and a surge point for the 90 degree vane angle, 
there is a similar stable range and surge point for each 
curve in the family. If the various surge points are 
connected by a line, we have the surge line for this 
particular compressor. This surge line and the 90 de- 
gree vane opening line set the boundaries of the stable 
operating range of the compressor. 

Curves of constant compressor efficiency have also 
been plotted on Figure 7-E. It is clearly evident that 
the efficiency falls off very slowly with the closing of the 
inlet vanes. The system head characteristic line can 
also be determined for any combination of compressor, 
evaporator and condenser and it has been plotted here 
through an arbitrary selection point SP. 


The key problem in selecting a particular compres- 
sor for a job, or determining capacity ratings for lit- 
erature, is where to make the compressor selection for 
full load. Practically, it can be on the 90 degree vane 
opening line as long as it is just far enough away from 
the surge line so that the flatter, system characteristic 
curve does not intersect the surge line at a point above 
the minimum capacity at which the machine must op- 
erate. The selection point can be to the left of the 90 
degree curve as long as the efficiency is not sacrificed 
appreciably, and as long as the system characteristic 
satisfies the minimum stable capacity range as men- 
tioned above. 

The use of variable inlet guide vanes is the most 
economical means of capacity control for centrifugal 
compressors. They not only move the surge point to a 
lower load and increase the stable operating range of 
the compressor, but they yield almost a direct relation- 
ship between reduction in capacity and power. This 
method of capacity control is the only one that permits 
the centrifugal compressor to operate as low as ten 
percent of rated capacity and still maintain stable and 
efficient performance. Experience has shown that the 
best control and economy is obtained by providing all 
stages of a multi-stage machine with variable inlet 
guide vanes. 
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FIGURE 7-E 
VARIATION IN CAPACITY OF CENTRIFUGAL COMPRESSOR WITH INLET GUIDE VANE CONTROL 


Safety Control Devices 


A load limit control should be an integral part of the 
control system with electric drive, to limit the current 
drawn by the motor, and an overspeed governor should 
be furnished with the steam turbine. In addition, elec- 
tric motors should be provided with a magnetic starter 
with under-voltage protection and thermal overload 
relays. 

The lubrication system should contain safeguards 
that prevent the operation of the compressor unless the 
bearings have adequate lubrication. Provision for the 
proper pressure and temperature of the lubricating oil 
should be included with the chilled water system 
shipped from the chiller supplier. 

A proper sequence of starting any refrigeration 
system is important. In the case of the centrifugal 
refrigeration system under discussion, the compressor 
should not start until the chilled water pump is circu- 
lating water through the evaporator, the condenser 
water pump is circulating water through the condenser 
and cooling tower, the cooling tower fan is running, and 


the oil pump is delivering oil to the compressor motor 
bearings. Thus, lockout devices should be incorporated 
in the design of the system to ensure that these aux- 
iliaries are functioning before the starting circuit to the 
compressor is closed. By the same token, the compres- 
sor motor should stop immediately upon failure of any 
of the auxiliaries or through action of the safety con- 
trols. Thus, the system is protected against mechanical 
failure and improper operating procedure. 

In order to control the circulation of chilled water 
through the oil cooling coil and the motor jacket, when 
a water-cooled motor is used, a solenoid valve should be 
provided in the inlet water line supplying chilled water 
to these auxiliaries. The use of chilled water, in the oil 
cooling coil and motor jacket, is recommended as it will 
diminish fouling that can occur when cooling tower 
water is used. It is desirable to use chilled water in the 
purge condenser also as this ensures more effective 
separation of noncondensable gases and refrigerant. 
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Control of Chilled Water at Coils 


Some mention should be made regarding the con- 
trol of the air conditioning unit as it affects the oper- 
ation of the centrifugal water chiller. Flow through the 
chiller must be constant at all times for best operating 
results. 

There are two common methods of controlling the 
output of the air conditioner coil to keep it balanced 
with the load. First, the water flow through the coil can 
be throttled as the load drops. Second, the water flow 
through the coil can be varied by bypassing the coil 
partially as the load drops. 

In the first case, the total amount of water circu- 
lating drops as the load drops. This is undesirable as far 
as the chiller is concerned. This can be corrected par- 
tially by employing a bypass between the supply and 
return chilled water main. In this line, a spring-loaded 
valve must be installed to allow bypassing from the 
supply to the return when the differential pressure 
reaches a predetermined point. The net result will be 
a minimum variation in total water flow which should 
not cause operating problems with the chiller. 

Throttling the chilled water flow upsets evapora- 
tor performance, since the heat transfer rate is reduced 
as the velocity drops off. This results in a drop in 
evaporator temperature with falling load, instead of an 
increase in evaporator temperature experienced with 
constant water flow. The drop in evaporator temper- 
ature at light load, due to reduced water velocity, will 
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result in increased power requirements and can cause 
nuisance cutouts of the low temperature safety controls. 


Control of Multiple Water Chillers 


Where multiple installations of large water chillers 
exist, the most common control method utilized to con- 
trol them involves the use of a decoupler variable flow 
system. 

Simply stated, the decoupler system functions to 
balance the quantity production of chilled water with 
that needed to satisfy the system cooling demand. 

The distribution side of the system consists of mul- 
tiple chilled water coils which are controlled by two- 
way valves and served by a water distribution pump. 
Variations in system load cause the two-way valves to 
modulate the flow rate of water through the chilled 
water coils. 

The resulting variation in flow rate is sensed by a 
flow switch or flow measuring device within a bypass 
line that connects the output of the production pumps 
and the input of the distribution pump with the return. 
The direction of flow and the flow rate in the bypass 
indicates to the controllers whether the distribution 
system is using more or less water than is being pro- 
duced by the production units at any given moment. In 
response, the controllers either start or stop produc- 
tion pumps as necessary to balance the production of 
chilled water with that used by the distribution pumps. 


FIGURE 7-F 


MULTIPLE WATER CHILLER DECOUPLER VARIABLE FLOW SYSTEM 
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A flow imbalance within the bypass causes the flow 
switch or flow measurement device to actuate a re- 
versible motor within a step controller which, in turn, 
operates a series of switches. The opening and closing 
of these switches controls the on-off cycling of the pro- 
duction pumps. 

In operation, an increased flow rate within the 
distribution system — a flow rate that exceeds the 
combined output of the operating production pumps — 
causes a right to left flow in the bypass pipe, see Figure 
7-F. This closes the contacts of the flow switch, com- 
pleting the circuit to the control relay CR1 and its 
associated pilot light. In turn, relay contacts CR1, be- 
tween the R and B terminals of the step controller open 
and contacts CR1 between terminals R and W close, 
activating the ‘make’ winding of the step controller 
motor. This drives the motor in a direction that pro- 
gressively closes the step contacts of the controller, 
starting one production pump (CWP) after another 
until sufficient pumping capacity is added to the pro- 
duction side to balance or exceed the gpm flow rate of 
the distribution pump. Once this takes place, the flow 
switch opens, stopping the step controller motor. The 
controller then holds its position until a new signal is 
received. 

At the time each production pump (CWP) is ener- 
gized, a time delay relay (TR) is energized which holds 
the compressor of that unit off the line for approxi- 
mately 10 seconds. The delay permits water to circulate 
through the evaporator and gives the unit temperature 
controller time to sense the existing system load con- 
ditions. Consequently, when the compressor is started, 
it comes on the line at the stage of loading needed to 
balance the load. This time lapse control scheme helps 
to prevent unnecessary and undesirable compressor 
cycling. 

Following the start-up of a production pump and 
the closing of its flow switch, the temperature control- 
ler of the individual water chiller assumes control. The 
active chillers then balance out to maintain the desired 
chilled water temperature. 

A reduced water flow rate within the distribution 
system — a flow rate that is less than the combined 
output of the production pumps — causes flow from left 
to right in the bypass. This is termed ‘“‘normal flow.” 
Since the production pump outlets are fixed, a no-flow 
condition in the bypass is unlikely except for very short 
intervals. The flow metering device should be adjusted 
to close a set of contacts, energizing control relay CR2, 
when the left to right flow exceeds 115 percent of the 
flow rate of one production pump. Energizing CR2 
opens contacts CR2 between terminals R and W of the 
step controller and closes contacts CR2 between ter- 
minals R and B, activating the “break” winding of the 
step controller motor. This drives the motor in a di- 
rection that progressively opens the step contacts of 
the controller, de-energizing production pumps until 
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normal flow is restored within the bypass. Once normal 
flow is restored — a flow rate that is less than 115 
percent of the flow rate of one production pump — the 
step controller is stopped. It then holds its position 
until a new signal is received. 

The diagram in Figure 7-F also includes sequenc- 
ing switches. Their sole purpose is to alternate the 
starting sequence of the chillers to equalize running 
time and thereby equalize compressor wear. 

An adjustable flowmeter that has a control range 
equal to 90 to 120 percent of the design bypass flow rate 
should be selected. (In this example, design bypass flow 
is 115 percent of the flow rate of one production pump.) 
This 115 percent control point is theoretical and may be 
improved upon through field experience. 


Heat Pump 


Heat is energy; it is a property of substances. It is 
not something like a brick that can be picked up in the 
hand or something like water that can be poured into 
ajar. Heat can be moved from one place to another, but 
to do so, except as radiant energy, it must be absorbed 
by a substance. Then the substance is moved to the 
point of delivery and the heat released. The end result 
is the same as moving the heat from one place to an- 
other, but an intermediate substance is essential to 
move the heat. The intermediate substance, known as 
arefrigerant, has been discussed in an earlier chapter. 

The fundamentals of the refrigeration cycle were 
discussed earlier and the basic components of the cycle 
illustrated. The same components of the fundamental 
cycle are shown in a little different form in the sketch 
of Figure 7-G. The items of equipment in the two il- 
lustrations are identical but in Figure 7-G the direction 
of heat flow is stressed. 

The function of the usual refrigeration system is to 
pick up heat from a place where it is not wanted and 
pump it to some rejection point. In other words, the 
only justification for the ordinary refrigeration system 
is to remove heat and hold, or create, a lower temper- 
ature. Heat is absorbed by the refrigerant, as it va- 
porizes from a liquid to a vapor, in the evaporator, 
Figure 7-G. Then the vaporous refrigerant is pumped 
from the evaporator to the condenser by the compres- 
sor. Work is done on the refrigerant to accomplish this, 
and heat added as a result. In the condenser, the re- 
frigerant releases its total heat as it changes from a 
vapor to a liquid. The rejection of heat from the con- 
denser, in the usual refrigeration system, is just an 
incidental part of the cycle. 

In some refrigeration systems, the heat rejected 
from the condenser is equally or more important then 
the refrigeration effect produced by the evaporator. 
This type of refrigeration system is commonly referred 
to asa heat pump. A heat pump operating on the cooling 
cycle is illustrated in Figure 7-G. Note that the refrig- 
erant absorbs heat in the evaporator. If the evaporator 
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is maintained at 44 F as shown, air or water can flow 
over the outside of the evaporator and be cooled as the 
air or water gives up heat to the refrigerant. The re- 
frigerant is then pumped to the condenser. The refrig- 
erant gives up its heat of condensation to some cooling 
medium (air or water) carrying heat from the con- 
denser. The heat pump operating on the cooling cycle 
is identical to a refrigeration plant. This is evident from 
the discussion in this paragraph as well as an exami- 
nation of Figure 7-G. At this point the question might 
well be asked: Since a refrigeration system pumps heat 
from one place to another, why is it not called a heat 
pump? The refrigeration system could be called a heat 
pump but it is customary to use this term only for those 
refrigeration systems having special provisions to uti- 
lize the heat rejected from the condenser. 

A heat pump operating on the heating cycle is 
illustrated in Figure 7-H. Note that in the evaporator 
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heat is absorbed by the refrigerant, and that the re- 
frigerant in the condenser discards heat. This proce- 
dure is repeated, with the same components 
functioning in the same manner as in the cooling cycle, 
Figure 7-G. On the heating cycle, however, the empha- 
sis is upon the heat rejected from the condenser. 

In the usual application of the heat pump, the heat 
available to vaporize the refrigerant in the evaporator 
is at a temperature level much too low for heating. 
After the refrigerant is pumped to the higher temper- 
ature level of the condenser, however, the heating 
medium (water or air) absorbs heat from the condenser 
for space heating or industrial process use. The heat 
leaving the refrigerant in the condenser is the total of 
the heat pumped from the evaporator plus the heat 
equivalent of the work necessary to compress the re- 
frigerant. 
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FIGURE 7-G 
BASIC REFRIGERATION CYCLE AND HEAT PUMP ON COOLING CYCLE 


Changeover 


In order to perform its function, a heat pump nor- 
mally is capable of operating on either the cooling cycle 
or the heating cycle, and the methods of changing from 
one to the other thus must be relatively simple. 

Changing from heating to cooling, or cooling to 
heating, is commonly called changeover. It can be ac- 
complished either manually or automatically. Manual 
changeover is usually a matter of turning valves, set- 
ting dampers or flipping switches. With automatic 
changeover, control devices alternate the heat pump 
between cooling and heating in response to demands 
from the conditioned space. 

Changeover can be readily accomplished, whether 


the heat pump has a fixed refrigerant circuit or a 
variable refrigerant circuit. An example of a fixed 
refrigerant circuit can be seen in Figures 7-G and 7-H. 
In these figures, it is obvious that the evaporator, con- 
denser and compressor do not change their relative 
positions or functions from the heating cycle to the 
cooling cycle. In both cases, the refrigerant flows in the 
same direction. Since the refrigerant circuit in this case 
is fixed, the air flow must be altered in order to facil- 
itate changeover. The components of the heat pump in 
Figures 7-G and 7-H are shown schematically, with no 
attempt being made to show how the direction of air 
flow is shifted to accomplish changeover. Figure 7-I is 
an arrangement showing how this can be achieved. 
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(a) HEAT PUMP WITH VARIABLE REFRIGERANT CIRCUIT 
— COOLING CYCLE 


On the cooling cycle, dampers C and D are open so 
return air from the conditioned space passes over the 
evaporator and is cooled on its way back to the condi- 
tioned space; dampers E and F are open so outside air 
will pick up heat from the condenser and be exhausted 
outside. For operation on the heating cycle, dampers C, 
D, E and F close, and G and H open, to allow return 
air from the occupied space to pass over the condenser. 
This air picks up heat from the condenser and is then 
sent into the occupied space. Dampers J and K are open 
in order that the outside air will pass over the evapo- 
rator. This outside air, even though cold, surrenders 
sufficient heat to evaporate the refrigerant before 
being exhausted to the outside. 

The refrigerant cycle in Figure 7-I remains exactly 
the same whether the heat pump is operating on the 
heating or cooling cycle. The dampers can be operated 
manually. Damper motors (M) can also be provided so 
that, in response to a controller, the dampers are au- 
tomatically set to the opposite cycle. For some cross 
connected damper arrangements, such as Figure 7-I, 
only two damper motors are required; in other arrange- 
ments, four damper motors are used. 


Changeover with the variable refrigerant circuit is 
accomplished by a four-way valve illustrated in Figures 
7T-J (a) and (b). The heat pump is operating on the cooling 
cycle in Figure 7-J (a). Hot refrigerant vapor from the 
compressor flows through the four-way valve to the 
condenser. Here the refrigerant vapor condenses to a 
liquid, opens the check valve, and flows through the 
expansion valve to the evaporator. The refrigerant va- 
porizes and absorbs its latent heat of vaporization from 
the air passing over the evaporator coil. The low pres- 
sure refrigerant vapor is then directed by the four-way 


(b) HEAT PUMP WITH VARIABLE REFRIGERANT CIRCUIT 
— HEATING CYCLE 


valve through the accumulator, which will be explained 
later, to the suction side of the compressor to complete 
the circuit. 

In this cycle, the important end product is the 
cooled air that gave up its latent heat in vaporizing the 
refrigerant in the evaporator. This air is then sent to a 
distributing system for comfort cooling. 

When the automatic changeover thermostat se- 
lects the heating cycle, the four-way valve switches its 
position. As shown in Figure 7-J (b), the flow of refrig- 
erant reverses in all parts of the system except the 
accumulator and compressor. The hot vapor discharged 
from the compressor flows through the four-way valve 
to the coil that was formerly the evaporator, but now 
functions as the condenser. Air from the space to be 
heated passes over the condenser tubes and absorbs 
heat from the refrigerant vapor to condense it. After 
the liquid refrigerant leaves the condenser, it lifts the 
lower check valve and flows through the expansion 
valve to the coil that was formerly the condenser, but 
now functions as the evaporator. After evaporation, the 
refrigerant flows through the four-way valve to the 
accumulator on its way to the compressor to complete 
the circuit. 

The important end product in this cycle is the 
warmed air that absorbed heat from the condensing 
refrigerant vapor. This air is then sent through the 
distribution system to warm the conditioned space. 

The accumulator is placed in the suction line to trap 
any liquid going to the compressor. Under steady op- 
eration, the refrigerant picks up sufficient heat in the 
evaporator to vaporize any liquid in the suction line. 
However, in changing from the cooling cycle to the 
heating cycle, the coil which has been functioning as a 
condenser contains a certain amount of liquid refrig- 
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erant. This liquid refrigerant should be allowed time to 
drain from the coil into a holding receiver before the 
system operates on the heating cycle. However, since 
there is no interruption in compressor operation when 
the four-way valve changes to the heating cycle, the 
accumulator must trap liquid refrigerant and prevent 
it from entering the compressor. The liquid refrigerant 
in the accumulator is then metered in small quantities 
back into the suction line where it is evaporated — 
usually by a suction to liquid line heat exchanger. 


Coefficient of Performance and 
Performance Factor 


The coefficient of performance of the heat pump, 
operating on a cooling cycle (COP,), is the same as the 
coefficient of performance discussed in an earlier chap- 
ter. 

COP, = Heat Pumped from Evaporator 


Energy Input to Compressor 


= Refrigeration Effect 
Work 


For the heating cycle the definition of coefficient of 
performance (COP, must be altered, since the empha- 
sis is upon the heat rejected from the condenser rather 
than the heat pumped from the evaporator. Thus, 


COP;, = Heat Rejected from Condenser 
Energy Input to Compressor 


The heat rejected from the condenser will always 
be greater, by the heat equivalent of the work input to 
the compressor, than the heat absorbed in the evapo- 
rator. Using the proper operating data, the values for 
the above equations can be determined from tables or 
a p-h chart for the appropriate refrigerant in the 
manner illustrated in an earlier chapter. The heat re- 
jected from the condenser would be figured in Btu per 
hour, and the energy input to the compressor read from 
a wattmeter and converted from watts to Btu per hour. 
Data for such calculations are generally obtained from 
instantaneous values, or instrument readings of one or 
two minutes, converted to a time of one hour. 

The coefficient of performance may be computed 
for an extended period of time, such as a week or a 
season. In such instances, the term performance factor 
is used in place of coefficient of performance since other 
than instantaneous values are used. Performance fac- 
tor also includes the other forms of heat in the system, 
in addition to the heat rejected from the condenser. 
These forms of heat are the power required to drive 
fans and other auxiliaries, in addition to the energy 
input to the compressor. Thus, the performance factor 
is really an index of the effectiveness of the complete 
heat pump system and not merely the compressor- 
evaporator-condenser combination. 
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Sources of Heat 


The first consideration in designing a heat pump 
installation is the selection of an economical, convenient 
and satisfactory source of heat in the winter and heat- 
sink, or depository for heat in the summer. There are 
three universal media which can be used: air, water and 
earth. 

Air 

The primary advantage of using air as a heat source 
in winter and heat sink in summer is that it is easy to 
obtain and is available in a never-ending supply. The 
unit capacity at both summer and winter outdoor 
design temperatures must be carefully considered for 
the air-to-air heat pump. If the winter design temper- 
ature is too low, the unit will not pick up enough heat 
from the air. If the summer design temperature is too 
high, the air will not carry enough heat away from the 
condenser and the capacity of the refrigeration system 
will be reduced. 

A disadvantage of air as a heat source in the winter 
is that the coefficient of performance of the refrigera- 
tion system decreases as the outside temperature 
drops. In other words, when the weather is the coldest, 
the output of the heat pump is the lowest. 

Another problem with the air source heat pump is 
frosting of the evaporator coil. This requires particular 
attention since the evaporator coil must be free of frost, 
especially during the coldest weather when the maxi- 
mum capacity of the evaporator is desired. 


Water 


Much of the material on water in Chapter 8 will be 
of interest in this discussion, since water is a popular 
heat source for a heat pump. Well water is generally 
used, as city water is too expensive. Usually the tem- 
perature of well water will be two or three degrees 
above the average annual temperature for a given lo- 
cality. Thus, the output and coefficient of performance 
of a heat pump using water as a heat source does not 
decrease markedly during cold weather as is the case 
of a heat pump using air as a heat source. 

The operating expense for well water may be more 
than just the pumping cost. Some water causes corro- 
sion or scale on heat transfer surfaces and the cost of 
the resulting maintenance should be charged to the use 
of well water. The disposal of water from the heat pump 
may also be an operating expense. This may take either 
of two forms: a sewer tax based on the quantity of 
water used, or providing and maintaining a recharging 
well — one that supplies both water to and accepts 
water from the heat pump. 

Lake or river water can also be used as a heat 
source for a heat pump installation. A detailed eco- 
nomic study is recommended, however, to determine 
the cost of pumping, cleaning, and treating each avail- 
able source of water. 
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Earth 


The ground is a very adequate and unique source 
of heat; the main problem is how to utilize it. The 
average ground temperature is fairly well established 
in most localities, and the physical properties of soils 
are known. Installation and maintenance costs are the 
largest deterrents to the use of the earth as a heat 
source and sink. For example, a typical evaporator coil 
requirement is 250 lineal feet of 1-inch pipe per ton of 
refrigeration; a 5 ton heat pump requiring 1,250 ft of 
pipe. If this pipe is laid on four foot centers at a 4 ft 
depth, it represents an area of 5,000 sq ft and would be 
a coil bed 50 ft by 100 ft. Obviously, the installation of 
a coil bed for 250 ton unit (50,000 sq ft) would be a major 
excavation project and would require special engineer- 
ing and installation techniques. According to 
ASHRAE, estimated service life for a commercial 
water-to-air heat pump is 19 years. This is 25 percent 
longer than air-to-air heat pumps. 

Figure 7-K (a and b) show a water flow schematic 
of a typical standard as well as earth-coupled water 
source heat pump multiple unit system using the earth 
as a heat source. Growing in popularity, it has been 
estimated that this type of system has the potential of 
reducing system heating and cooling costs by as much 
as 30 percent over conventional heat pump systems. 


Classification of Heat Pumps 


Heat pumps are generally grouped according to 
their method of assembly into three classifications: 
1. Room 
2. Unitary 
3. Field-assembled 
Heat pumps are also classified according to the 
source of heat and the method of distributing the heat 
during the heating cycle. The common classifications 
are as follows: 


Source of Heat Means of Distributing 


Air to Air 
Air to Water 
Water to Air 
Water to Water 
Earth to Air 
Earth to Water 


A room heat pump is a unit having compressor, 
evaporator, condenser, fans, filter, and controls, all 
compactly arranged within a housing small enough to 
fit in the normal window. Room units rarely exceed 
20,000 Btu per hr on the cooling cycle and are generally 
limited to residential or small commercial applications. 
Room heat pumps are generally of the air-to-air type 
and accomplish changeover by the variable refrigerant 
circuit method. Installation rarely requires more than 
suitable plywood filling and caulking between the unit 
and window framing. Usually a separate electric circuit 
will be required for supplemental electric heat. 
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The unitary or packaged heat pump, like the 
room heat pump, is a self-contained unit. It is manu- 
factured in capacities up to 50 tons on the cooling cycle 
and finds its greatest application in residences, offices, 
shops, and other small commercial establishments. 
Unitary heat pumps use either air or water as a heat 
source and may use either air or water on the distri- 
bution side of the unit. A water-to-air heat pump is 
illustrated in Figure 7-J (a and b). 

A field assembled heat pump is one in which the 
components are individually selected by the design en- 
gineer to meet the specific requirements of the partic- 
ular installation. The main components are shipped to 
the job as individual pieces and then assembled, piped, 
and wired to form the complete heat pump system. 

It is only since World War II that room heat pumps 
and unitary heat pumps have been installed in appre- 
ciable numbers. Field assembled heat pumps, on the 
other hand, have had a longer history. Many office 
buildings, department stores, and industries have been 
using heat pump installations successfully for many 
years. Standard compressors, condensers, evapora- 
tors, controls, and other components are available from 
equipment manufacturers to allow the design engineer 
to lay out a field assembled heat pump system to meet 
exactly the load of a building or industrial process. Just 
as with air conditioning equipment, there is no sharp 
dividing line between unitary and field assembled 
equipment. A 50 ton cooling load might be handled by 
one or several unitary heat pumps or by a single field 
assembled unit. Each situation must be carefully stud- 
ied to determine which heat pump system will give the 
best overall economy. 


Absorption Systems 

The fundamentals of absorption refrigeration were 
formulated about 1777, but it was 1850 before a suc- 
cessful absorption machine was developed. In 1860 a 
United States patent was issued to Ferdinand Carre 
for the first commercial absorption refrigeration ma- 
chine in our country. By 1890 the absorption machine 
had been developed for large refrigeration plants and 
from 1890 to about 1900 many large units were in- 
stalled, especially in the petroleum industry and in 
plants manufacturing bulk chemicals. Other large re- 
frigeration plants used steam jet units and huge, slow 
speed reciprocating compressors. By 1911, engineers 
were no longer afraid to operate reciprocating com- 
pressors above 50 rpm, and many compressors were 
operating in the range of 100 to 300 rpm. At this point 
the development and refinement of absorption refrig- 
eration machines was almost at a standstill, as most 
efforts were concentrated on improving the compres- 
sion refrigeration system. 

However, as the demand increased for refrigera- 
tion systems of larger capacity, electric power costs 
became increasingly important as an economic factor. 
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It was only logical that attention was given to substi- 
tutes for electric power to operate large refrigeration 
equipment in areas where the cost of electricity was 
relatively high. Steam jet units and steam turbine 
driven centrifugal compressors were heat-motivated 
refrigeration systems but these were available only for 
large loads. So in searching for methods to produce 
refrigeration with by-product steam or natural gas, 
interest in the absorption refrigeration cycle was re- 
vived. In about 1936 considerable research and devel- 
opment work was begun on low pressure absorption 
refrigeration equipment to be used for air conditioning. 
Absorption units consisted of large heat exchangers, a 
maze of piping and were great consumers of space. 
Thus, in the research and development programs par- 
ticular attention was given to the development of more 
compact units and the improvement in cycle perfor- 
mance. 

At the present time, the unit sizes of absorption 
refrigeration equipment covers a capacity range of 3 
tons to 1660 tons. For residential and small commercial 
applications, a limited number of unit sizes are avail- 
able from 3-25 tons. These units are of an all-year design 
furnishing heating in the winter and cooling in the 
summer by using natural gas as the source of power. In 
the smaller sizes a fan moves air over the heat transfer 
surfaces. This air then heats or cools the conditioned 
space. The larger unit sizes (up to 25 tons) produce hot 
or chilled water which is used as the heating or cooling 
medium for the conditioned space. The absorbent, 
which will be discussed later, is lithium bromide. Water 
is used as the refrigerant. The use of water as a re- 
frigerant will also be explained later. 

Larger absorption units, rated at 100 to 1660 tons, 
all use water-cooled condensers and all produce chilled 
water. The chilled water is then available for industrial 
process use or for air conditioning by any of the water 
distribution systems commonly employed for air con- 
ditioning. 

Considerable research has been done on absor- 
bents and refrigerants to determine combinations best 
suited for the absorption refrigeration cycle. In most 
air conditioning applications, especially in the larger 
sizes, water is used as the refrigerant with lithium 
bromide as the absorbent. 


Fundamental Absorption Cycle 


Before discussing the absorption refrigeration cy- 
cle, certain terms should be defined: 

Absorbent: a substance readily capable of taking in 
and retaining moisture from the atmosphere. 

Absorber: a vessel containing liquid for absorbing 
refrigerant vapor. 

Concentrator: a vessel containing a solution of 
absorbent and refrigerant to which heat is supplied for 
the purpose of boiling away some of the refrigerant. 
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Concentrated Solution: a solution with a large 
concentration of absorbent and only a small amount of 
dissolved refrigerant. 

Dilute Solution: an absorbent solution, diluted by 
a large amount of dissolved refrigerant. 

Condenser: a vessel in which vaporized refriger- 
ant is liquefied by removal of heat. 

Evaporator: a vessel in which refrigerant is va- 
porized to produce a refrigerating effect. 

Heat Exchanger: a device used to transfer heat 
between two physically separate fluids. 

Heat of Condensation: the heat released when a 
vapor condenses to a liquid. 

Heat of Dilution: the heat released when two liq- 
uids are mixed. This is sometimes referred to as the 
heat of absorption since in the mixing process one liquid 
may absorb the other. 

Sensible Heat: heat used to raise or lower the 
temperature of a substance. 

Basically, the absorption water chiller is not too 
different in operation from the more familiar, mechan- 
ical compression water chiller. Both machines accept 
heat to evaporate a refrigerant at low pressure in the 
evaporator, and thereby create a cooling effect. Both 
also condense the vaporous refrigerant, at a higher 
pressure and temperature in the condenser, in order 
that the refrigerant can be reused in the cycle. 

In both cases, the capacity of the machine depends 
upon the pressure that exists in the evaporator since 
this determines the evaporator temperature. 

In mechanical compression systems, the vapor 
formed when the liquid refrigerant absorbs heat to 
provide the refrigerant effect and is drawn to a lower 
pressure area created by the mechanical movement of 
the compression device. In an absorption machine this 
vapor is also removed to a lower pressure area. How- 
ever, the low pressure area in the absorption machine 
is created by controlling the temperature and concen- 
tration of a water-lithium bromide solution. This will be 
explained later in a discussion of the absorber. 

In a compression system the refrigerant vapor is 
mechanically compressed and moved from the low pres- 
sure to the high pressure side of the system. In an 
absorption system the vapor is first condensed and 
mixed into a solution of lithium bromide. This solution 
is then pumped to a higher pressure area and heat 
applied. Heat causes the solution to boil, driving off the 
refrigerant vapor at the higher pressure. 

It is therefore evident that exactly the same func- 
tion — that of taking low pressure refrigerant vapor 
from the evaporator and delivering high pressure re- 
frigerant vapor to the condenser — has been performed 
in both the compression and absorption cycles. The only 
difference here has been in the method of transporting 
the vapor from the low to the high pressure side. 


206 
Operating Equipment 
The fundamental single-stage absorption cycle 
shown in Figure 7-L illustrates the relationship be- 
tween the main components of the absorption cycle. In 
the actual cycle the components are not lined up side by 
side as in Figure 7-L. The flow diagram, Figure 7-L, 
only shows how the refrigeration effect is produced and 
how the refrigerant and absorbent move through the 
cycle. Grouping the components simplifies the physical 
layout and arrangement of the connecting piping. To 
examine the components of the cycle in more detail, and 
to discuss certain refinements of the cycle that improve 
its performance, the flow diagram of a one-shell ab- 
sorption unit shown in Figure 7-M will be used. 


Evaporator 


Water returns from an air conditioning system at 
about 55 F, is cooled to about 45 F in the evaporator, 
and is then pumped to the air conditioning units where 
it picks up heat from the conditioned space. 

The chilled water pump is external to the refrig- 
eration machine and is not shown in Figure 7-M. Liquid 
refrigerant in the bottom of the evaporator flows by 
gravity into a sump mounted on the side of the shell. 
The evaporator pump takes refrigerant from this sump 
and delivers it to spray trees in the evaporator. The 
spray provides a higher rate of heat transfer between 
the water in the tubes and the refrigerant on the out- 
side of the tubes than tubes simply immersed in the 
refrigerant. This high rate of heat transfer is, of course, 
desirable since the purpose of the evaporator is to 
remove heat from the water used for air conditioning 
and thereby boil the refrigerant. 


Absorber 


The refrigerant vapor produced in the evaporator 
flows to the absorber because of the lower pressure in 
this area. This low pressure exists because the con- 
centrated absorbent solution (lithium bromide) exerts 
a strong attractive force on the molecules of refrigerant 
(water) vapor. The molecules of refrigerant vapor con- 
dense into a liquid as they come in contact with the 
molecules of the absorbent solution. 

The absorbent solution is sprayed into the ab- 
sorber, to expose the greatest area of the solution to the 
molecules of refrigerant vapor, and thus speed the con- 
densing process. 

In the absorber, three quantities of heat are re- 
leased: the heat of condensation from vapor condensing 
into the absorbent; the heat of dilution as the vapor 
goes into solution with the absorbent; and sensible 
heat. In order to remove this heat and maintain a con- 
stant temperature in the absorber, the absorbent so- 
lution falls over a cooling coil after being sprayed into 
the absorber. Cooling water is supplied to this coil to 
remove the three quantities of heat from the absorber. 
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If this heat were not removed, the temperature and 
pressure in the absorber would rise, and flow from the 
evaporator would stop. 

After falling over the cooling coil, the solution of 
refrigerant and absorbent drops into the bottom of the 
absorber shell. 

Noncondensable gases may be present in the re- 
frigeration system. These gases must be removed to 
permit continuous operation of the machine. The sur- 
face of the solution in the bottom of the absorber is 
relatively quiet and noncondensable gases tend to col- 
lect in this location. These gases are then removed by 
a large capacity vacuum pump, or by providing an aux- 
iliary absorber and a smaller vacuum pump. Purging of 
these gases is of tremendous importance to the suc- 
cessful operation of the absorption refrigeration ma- 
chine, regardless of whether the components are 
arranged into a 1, 2, or 3 shell design. Without proper 
purging, the pressure in the absorber will increase to 
a point that the flow of refrigerant vapor from the 
evaporator will stop. 


Concentrator 


A concentrator pump continually takes part of the 
solution from the absorber and delivers it through a 
heat exchanger-flash chamber combination, which will 
be explained later, to the concentrator. Here steam 
coils supply heat to boil away the refrigerant from the 
solution, leaving the concentrated absorbent in the 
bottom of the concentrator. The boiling away of the 
refrigerant from the solution while the absorbent re- 
mains in the concentrator is possible because the re- 
frigerant and absorbent are carefully selected, with the 
refrigerant having a lower boiling temperature than 
the absorbent. The concentrator is never at a temper- 
ature high enough for the absorbent to boil. As the 
refrigerant vapor boils away from the solution, the 
absorbent left in the bottom of the unit has a higher 
percentage of absorbent than it does refrigerant. The 
solution is said to be “‘concentrated;”’ hence, the name 
concentrator for this component of the machine. 

Hot water can also be used in the concentrator as 
a source of heat for the cycle. 


Condenser 


The refrigerant vapor boiling from the solution in 
the concentrator flows upward to the condenser. Here 
it comes into contact with coil tube surfaces filled with 
condenser water. The condenser piping should contain 
a bypass for control purposes. This will permit adjust- 
ing the water flow rate through the condenser to give 
the optimum condenser temperature for the most ef- 
ficient operation. The refrigerant vapor condenses and 
drops to the bottom of the condenser from which it 
flows to the evaporator through a regulating orifice. 
This completes the operating cycle. 
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Heat Exchanger 


The efficiency of the cycle is substantially im- 
proved by the use of a heat exchanger external to the 
shell. Note that the concentrator, for a certain opera- 
tion condition, has a temperature of 210 F', whereas the 
temperature of the absorber is about 105 F. The heat 
exchanger is used to transfer heat from the hot solution 
leaving the concentrator to the lower temperature so- 
lution going to the concentrator. After passing through 
the heat exchanger, the concentrated solution enters 
the flash chamber. Here a small part of the water in the 
concentrated solution flashes, or evaporates, due to the 
lower pressure. This flashing cools the remaining so- 
lution. The flash vapors then move into the absorber, 
while the remaining solution flows to mix with the 
solution being pumped to the absorber spray tree. The 
use of a heat exchanger results in a twofold gain: a 
lower steam consumption for the same amount of re- 
frigerant evaporated from the concentrator; and, less 
heat to be removed from the absorber by the cooling 
water. 


Operating Techniques 


Heat is released within the absorption machine in 
two places: the absorber and the condenser. Condenser 
water is used to carry away this heat energy. The 
piping arrangement shown in Figure 7-M — pumping 
the cooling water in series first through the absorber 
and then through the condenser — is the most econom- 
ical method of using this water. 

Sources of condenser water and methods of cooling 
this water are treated in detail in the next chapter. 
Water is an operating expense that should be a part of 
any economic survey of different refrigeration sys- 
tems, or the same general machine types produced by 
different manufacturers. In the design of some absorp- 
tion machines this matter has been considered by pro- 
viding a three-way valve and control system to reduce 
the cooling water requirements at part load conditions. 
For example, when the unit is operating at 90 percent 
of the refrigeration capacity, the water requirement is 
only 68 percent of full load water flow. When the 
number of hours that a machine operates at part load 
is considered, it is apparent that this control will result 
in a significant reduction of operating costs. 


Control 


Good capacity control can be attained, in an ab- 
sorption machine, from 100 percent to 10 percent of full 
load. Thus, the machine will automatically meet virtu- 
ally any changing load condition from full load down to 
ten percent load. If the demand for chilled water de- 
creases further, the machine will shut itself down. 

One particular control method is simple and com- 
pletely reliable. It consists of a control element that 
senses the temperature of chilled water leaving the 
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evaporator and, if it is below the set temperature, 
throttles the quantity of steam supplied to the concen- 
trator. The reduced amount of steam boils a smaller 
quantity of refrigerant out of the solution in the con- 
centrator. Therefore, the solution flowing from the con- 
centrator to the absorber would contain less absorbent. 
The solution sprayed over the tubes in the absorber 
would be less concentrated and the ability to absorb 
refrigerant vapor would be reduced. Thus, less cooling 
effect would be produced in the evaporator. 


Applicati 

There are no pulsative parts on the absorption 
machine; in fact, the only moving parts are the solution 
pumps and a vacuum pump. Thus, the machine is vi- 
brationless and operates quietly. Absorption machines 
are ideal for hospitals, hotels, apartment buildings, and 
office buildings. They can be placed in basements, on 
intermediate floors, or on the roofs of such buildings. 

An ideal application for absorption equipment is in 
combined energy source systems. These hybrid gas/ 
electric systems allow the operator to make system 
choices based on building energy demand patterns and 
variable pricing for alternative energy sources. Hybrid 
systems make sense where there are low-priced but 
interruptible gas or steam resources or high on-peak 
electrical demand penalties. Often absorption systems 
are chosen for ice-making applications, either alone or 
in combination with electric chillers. 


Two-Stage Steam or Hot Water Indirect Fired 
Absorption Chillers 

Two-stage steam or hot water fired absorption 
chillers are designed for comfort cooling or process 
applications where a continuous and reliable supply of 
40 F to 50 F chilled water is needed. These machines 
are normally applied where there is an economic jus- 
tification that supports lower operating cost. Their pri- 
mary advantage is the ability to provide cooling using 
an available alternate energy source (non-CFC). The 
two-stage machine can be applied with steam pressures 
to 115 psig or hot water to 370 F and is generally 
available in sizes ranging from 350 to 1000 nominal tons 
in one machine. A schematic flow diagram with tem- 
peratures in degrees F for a two-stage absorption 
system is shown in Figure 7-N. 


First-Stage Generator 


Steam at 115 psig, or hot water up to 370 F, is 
introduced into the first-stage generator to provide the 
heat necessary to boil refrigerant (water) from a dilute 
solution of deionized water and lithium bromide (LiBr) 
salt. The refrigerant vapor, at a pressure of approxi- 
mately 13 psia, is used to heat the second-stage gen- 
erator. The partially concentrated LiBr solution is sent 
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through heat exchangers before entering the second- 
stage generator. The condensate is also sent through 
two heat exchangers before it is returned to its supply 
source. 


Second-Stage Generator 

Partially concentrated LiBr solution is piped to the 
second-stage generator. Hot refrigerant vapor created 
in the first-stage generator flows through tubes in the 
second-stage generator, thus boiling the LiBr solution 
and concentrating it further. The vapor then flows to 
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the condenser. The hot vapor created in the second- 
stage generator also flows to the condenser. 


Condenser 


Refrigerant vapor from the first and second-stage 
generators is condensed by cooling tower water coming 
from the absorber section. The condensed water is at 
approximately 99 F and at 1/10 of an atmosphere. At 
the bottom of the condenser the water is pushed 
through an orifice into the evaporator section, which is 
at a pressure of about 1/100 of an atmosphere. 


TWO STAGE STEAM-FIRED ABSORPTION UNIT 


FIGURE 7-N 
TWO-STAGE STEAM OR HOT WATER ABSORPTION CYCLE 


Evaporator 


When the refrigerant flows through the orifice into 
the evaporator, part of the refrigerant immediately 
evaporates because of the pressure differential, cooling 
the remaining refrigerant down to 39 F. Building 
system water flows through the evaporator tubes and 


is cooled to the chiller setpoint by spraying the refrig- 
erant water over the tube bundle. Transfer of heat from 
the system water to the refrigerant causes the refrig- 
erant to vaporize. The refrigerant vapor formed in the 
evaporator is drawn into the absorber section by a 
small pressure differential. 
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Absorber 


In the evaporator and absorber, low pressure is 
maintained because refrigerant vapor is drawn to, and 
absorbed by, the solution of lithium bromide in the 
absorber. When refrigerant is absorbed, heat is given 
up; it is removed by the circulation of cooling tower 
water through the absorber tube bundle. Since absorp- 
tion occurs only at the surface of the lithium bromide 
solution, an intermediate solution is constantly sprayed 
over the entire tube bundle. As water vapor from the 
evaporator is absorbed by the solution, the solution 
becomes increasingly diluted and is transferred back to 
the first-stage generator for concentration. 


LiBr Low Temperature Heat Exchanger 


In the LiBr low temperature heat exchanger, heat 
from the concentrated solution leaving from the 
second-stage generator is transferred to the dilute so- 
lution en route from the absorber to the first-stage 
generator. This conserves energy by preheating the 
dilute solution prior to concentration in the first-stage 
generator, and by reducing the amount of heat rejected 
to the cooling tower in the absorber section. 


LiBr High Temperature Heat Exchanger 


The high temperature heat exchanger transfers 
heat from the partially concentrated solution leaving 
the first-stage generator to the dilute solution en route 
to the first-stage generator. 


Condensate High Temperature Heat Exchanger 


Condensate from the first-stage generator trans- 
fers heat to the dilute LiBr solution en route to the 
first-stage generator. The condensate then flows to the 
low temperature condensate heat exchanger. 


Condensate Low Temperature Heat Exchanger 


On systems using open condensate returns, the low 
temperature condensate heat exchanger minimizes 
flashing losses in the return system by subcooling the 
condensate. In the process, the partially concentrated 
LiBr solution is preheated prior to entering the second- 
stage generator. 


Direct-Fired Double-Effect Absorption Chiller 


The direct-fired double effect absorption chiller is 
very similar to the conventional steam and hot water 
fired absorption chillers that have been manufactured 
for over 30 years. Typically, the design of the direct- 
fired absorption machine is based on traditional ab- 
sorption and burner technology. In place of the 
conventional steam/hot water generator, a burner — 
which is an integral part of the chiller — uses natural 
gas or other fuels to fire the absorption refrigeration 
cycle. The refrigeration cycle uses the proven, safe and 


TRANE AIR CONDITIONING MANUAL 


environmentally compatible lithium bromide and water 
combination. The direct-fired absorption system is gen- 
erally available in sizes ranging from 100 to 1100 tons 
of chilled water capacity. The units generally have the 
ability to produce both chilled water for space cooling 
and hot water for space heating. For some applications, 
the direct-fired absorption chiller can replace the tra- 
ditional combination of chiller plus boiler, saving the 
owner a significant amount of floor space. (See Figure 
7-0 for unit photos and system flow diagram cycle.) 


Cooling Cycle Overview (Figure 7-O) 


The absorbent/refrigerant combination is a tradi- 
tional lithium bromide/water solution. The dilute solu- 
tion is first pumped from the absorber to the low 
temperature concentrator where it is partially concen- 
trated. A heat exchanger transfers heat from the con- 
centrator and preheats the incoming solution. 

Part of the solution is then pumped to the direct- 
fired (high temperature) concentrator where it is fur- 
ther concentrated, while the rest of the flow from the 
low temperature concentrator is mixed with the strong 
solution from the direct-fired concentrator. This pro- 
cess forms the mixed concentration absorber spray. 
Refrigerant for the cycle is produced in both concen- 
trators and is condensed in the condenser and flows to 
the evaporator through orifices. 


Evaporator/Absorber 


Liquid refrigerant (water) enters the evaporator 
from the condenser orifice. As refrigerant passes to the 
low pressure evaporator, flashing occurs, cooling the 
remaining liquid refrigerant to the evaporator satura- 
tion temperature. This chilled refrigerant falls to the 
evaporator pan and is circulated continuously to the 
evaporator sprays by the refrigerant pump. The trans- 
fer of heat from the system water to the refrigerant 
causes the refrigerant to vaporize, cooling the system 
water. This refrigerant vapor flows to the lower pres- 
sure absorber. 

In the absorber, refrigerant is absorbed by the 
lithium bromide solution, because it has a high affinity 
for water vapor. This is the fundamental principal of the 
absorption process. The pressure in the absorber is 
determined by the temperature and concentration of 
the solution sprayed over the tubes. A mixed concen- 
tration is used to provide a greater quantity of solution 
in the absorber for more effective tube wetting. As the 
refrigerant vapor is absorbed by the solution, it trans- 
fers the heat acquired in the evaporator to the cooling 
water which is pumped through the absorber tubes. 
The dilute solution is then pumped through heat ex- 
changers by the solution pumps to the concentrators for 
regeneration. 
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FIGURE 7-0 
DIRECT-FIRED DOUBLE-EFFECT ABSORPTION CHILLER SCHEMATIC AND DIAGRAM 
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Low Temperature Concentrator 


The dilute solution is pumped into the low tem- 
perature concentrator after being preheated by the low 
temperature heat exchanger. The primary purpose of 
this concentrator is to produce refrigerant vapor for 
this cycle. To achieve this, vapor from the direct-fired 
concentrator is used as the energy source to boil the 
solution. This vapor condenses inside the tubes and 
flows to the condenser sump. The intermediate con- 
centration solution leaving the low temperature con- 
centrator has two paths: the first is to the concentrator 
pump and on to the direct-fired concentrator; the sec- 
ond is mixed with a strong concentrated solution, form- 
ing a mixed concentration for the absorber spray. 


Solution Heat Exchangers 


The low temperature heat exchanger recovers 
heat from the mixed concentration and preheats the 
dilute solution going to the low temperature concen- 
trator. Preheating the dilute solution reduces the heat 
energy required to induce boiling within the low tem- 
perature concentrator. In turn, the reduction in mixed 
solution temperature decreases the load on the cooling 
tower. 

The high temperature heat exchanger recovers 
heat from the strong concentration solution and pre- 
heats the intermediate concentration solution going 
into the direct-fired concentrator. Less heat is needed 
in the direct-fired concentrator to further concentrate 
the preheated intermediate solution. Preheating the 
solution results in improved cycle efficiency. 


Direct-Fired Concentrator 


The direct-fired concentrator uses combustion of 
natural gas, No. 2 fuel oil or LP gas as an energy source. 

The intermediate concentration solution enters at 
the bottom of the concentrator after being preheated 
by the high temperature heat exchanger. Heat from 
combustion and the flue gas economizer are used to 
produce refrigerant vapor for the low temperature con- 
centrator. 

The solution then flows into a chamber where 
liquid and vapor are separated. From there, the re- 
frigerant vapor flows to the low temperature concen- 
trator, and the concentrated solution returns to the 
absorber through the high temperature heat ex- 
changer. 


Condenser 


Refrigerant is introduced into the condenser from 
two sources: Liquid refrigerant from the tube side of 
the low temperature concentrator; and refrigerant 
vapor produced by the low temperature concentrator. 

All refrigerant vapor condenses and returns to the 
evaporator through an orifice. The orifice further re- 
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duces temperature and pressure as the refrigerant 
enters the evaporator. The cycle is now completed. 

The cooling water within the condenser bundle is 
the same water that flowed through the absorber. The 
absorber/condenser cooling water crossover pipe is in- 
tegral to the design. 


Heating Cycle 


By simply turning the cooling/heating switch 
valve, hot water can be delivered in a heating mode by 
the same system line used to supply chilled water in a 
cooling mode. 

The evaporator becomes a condenser in the heating 
mode, condensing refrigerant vapor produced by the 
direct-fired concentrator. While condensing on the tube 
bundle, heat is transferred to the system water and 
condensed refrigerant falls to the evaporator pan and 
overflows into the absorber. The dilute solution flows 
through the low temperature concentrator and heat 
exchangers on its way to the direct-fired concentrator. 
No boiling occurs in the low temperature concentrator 
because no condenser/absorber water is being circu- 
lated during the heating mode to remove heat. The 
dilute solution coming from the heat exchangers enters 
the direct-fired concentrator where refrigerant is va- 
porized and flows through the low temperature con- 
centrator on to the evaporator to repeat the process. 


Well Water for Air Conditioning 


Well water may be used for air conditioning if avail- 
able in sufficient quantity and at a low enough tem- 
perature. (See Chapter VIII for more complete 
discussion of well water.) When used in a water coil, 
well water will ordinarily cool air passing over the coil 
to within 7 F of the entering temperature of the well 
water. For example, with the proper coil surface and 
water and air velocities, a leaving air temperature of 62 
F can be expected for an entering water temperature 
of 55 F. This may meet the sensible heat load in the 
space, but may not provide sufficient dehumidification. 
Well water at 52 F to 55 F will ordinarily be satisfactory 
for air conditioning spaces having only high sensible 
heat ratios. 

Well water that is not quite cold enough for com- 
plete dehumidification can, in most instances, provide 
a sufficient amount of cooling to warrant its use; the 
balance of the cooling and dehumidification can be ob- 
tained by mechanical refrigeration. The use of the 
water in this way often permits a substantial reduction 
in the size of the mechanical refrigeration plant. In such 
an arrangement the air flows first over the water cool- 
ing coils and then over a direct expansion coil (or chilled 
water coil), where the final cooling and dehumidifica- 
tion is accomplished. 

For example, if well water is available at 60 F it can 
be used in coils placed just after the recirculated air and 
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outside air are mixed, and thus provide quite a reduc- 
tion in dry bulb temperature and some dehumidifica- 
tion. Instead of wasting the water discharged from the 
precooling coil, it can usually be used for condensing 
purposes in the refrigeration system and then used 
again for lawn sprinkling and/or roof spraying. Bypass 
piping should be provided to ensure the best secondary 
use of the water, as such secondary demands for water 
will -vary from time to time. 
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Even though available well water is not cool, its use 
may still be economical. For instance, 70 F well water 
can be piped to precooling coils in the outside air duct. 
Here it can lower the dry bulb temperature of the 
make-up air by 10 to 20 degrees which will be very 
worthwhile in reducing the refrigeration load. The 
water leaving the precooling coil is often still valuable, 
in some cases, for secondary uses of condenser cooling, 
lawn sprinkling and roof spraying. 


FIGURE 7-P 
A COMMERCIAL ICE STORAGE INSTALLATION 


Use of Ice for Air Conditioning 

Building air conditioning in summer daylight hours 
is one of the largest contributors to electrical utility 
demand peaks. Typically between 2-4 PM in the after- 
noon when solar loading peaks, more air conditioners 
are needed to maintain comfortable environments in 
buildings. Add to this the electricity utilized by light- 
ing, computers, building subsystems plus other equip- 
ment and the utility is faced with a peak load condition 
dictating that it bring on-line additional, more costly 
peak power generating sources to handle the load. 

Large commercial users whose air conditioning 
loads contribute to the utility peaking problem are 
assessed an added charge typically based on their high- 
est 15 minute window of peak demand for electricity. 
This is called a “demand charge” which in many areas 
of the country can account for as much as 40 percent of 
the building owner’s total electrical bill. 

The use of ice storage to minimize peak energy 
usage is not a new or experimental idea. It has been 


used for years on applications with short peak energy 
usage such as churches, meeting facilities and theaters. 
On these applications, however, the longer peak uses 
were handled by conventional rooftop cooling or water 
chilling/air handling systems. 

Now, however, there is renewed interest in a broad 
use of ice making and storage systems by both users 
and utility companies as the best way of offsetting 
rising demand loads and resulting utility cost increases. 

Ice storage systems can not only cut operating 
costs substantially, but they can also reduce capital 
outlays when systems are properly applied for both 
new and existing buildings of the commercial and in- 
dustrial types. Simply stated, engineers can specify 
smaller chillers operating 24 hours a day rather than 
larger chillers operating 10-12 hours a day and cut the 
capital outlay for air conditioning equipment substan- 
tially. 

An ice storage system can utilize either a load 
shifting or a load leveling strategy to significantly 
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lower demand charges during the cooling season. Be- 
cause this lowers energy demand, it substantially low- 
ers the total energy costs. It typically utilizes a 
standard packaged chiller to produce ice at night or 
during off-peak periods when the building’s electrical 
needs are at a minimum. The ice is stored in modular 
tanks, as shown in Figure 7-P to provide cooling ton- 
hours to help meet the buildings cooling load require- 
ments the following day. By doing so, it minimizes the 
peak energy usage during the utility daylight peaking 
period. 


Full Storage or Partial Storage? 


Two load management strategies are possible with 
ice storage systems. When utility rates call for com- 
plete load shifting, a conventionally sized chiller can be 
used to shift the entire load into off-peak hours. This is 
called a full storage system and is used most often in 
existing building renovation or retrofit applications 
using existing installed chiller capacity. 

In new construction, a partial storage system is 
usually the most practical and cost effective load man- 
agement strategy. In this load leveling method, the 
chiller is sized to run continuously except for scheduled 
preventive maintenance down time. It usually charges 
the ice storage tanks at night and cools the load directly 
during the daytime peak hours with help from stored 
cooling capacity. 

By extending the hours of chiller operation from 
say 14 to 24 hours a day, the lowest possible average 
load will exist over the 24 hour period. This, in turn, will 
greatly reduce over the 24 hour period. This, in turn, 
will greatly reduce the installed chiller capacity and its 
required capital expenditure, as well as the demand 
charge for electricity to run the chiller during utility 
peaking periods. Typically reductions can be 50 percent 


or more. 


Supply Headers 
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How the Ice Storage System Works 


A common ice storage system is a modular, insu- 
lated polyethylene tank containing a spiral-wound plas- 
tic tube heat exchanger surrounded with water. Tanks 
are typically available in several ton-hour rated sizes. 
Typically at night a mild concentration of glycol-water 
solution (typically 25 percent ethylene glycol based in- 
dustrial coolant such as Dow Chemical Company 
Dowtherm SR-1 or Union Carbine Corporation’s 
UCAR Thermofluid 17) from a standard packaged air 
conditioning water chiller system circulates through 
the heat exchanger and extracts heat until eventually 
all the water in the tank is frozen solid. The ice is built 
uniformly throughout the tank because of closely 
spaced counterflow heat exchange tubes (see Figure 
7-Q). Water does not become surrounded by ice during 
the freezing process and can move freely as the ice 
forms, thus preventing stress that would cause damage 
to the containment tank. 

Typical schematic flow diagrams for a partial stor- 
age system are shown in Figure 7-R. 

At night, the water-glycol solution circulates 
through the chiller and the ice bank heat exchanger, 
bypassing the air handling coil that supplies condi- 
tioned air to occupied building spaces. The fluid is at 
26 F and freezes the water surrounding the tubes in the 
heat exchanger. 

During the day, the solution is cooled by the ice 
bank from 52 F to 34 F. A temperature modulation 
valve set at 44 F in a bypass loop around the ice bank 
permits a sufficient quantity of 52 F fluid to bypass the 
ice bank, mix with the 34 F fluid, and achieve the 
desired 44 F temperature. The 44 F fluid then enters 
the coil, where it cools air from approximately 75 F to 
55 F. The fluid then leaves the coil at an elevated 
temperature (approximately 60 F) and enters the water 
chiller where it is cooled from 60 F to 52 F. 


FIGURE 7-0 
TYPICAL STORAGE TANK WITH INTERNAL HEAT EXCHANGER TUBE ARRANGEMENT 
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Charge Cycle 
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Discharge Cycle 


Teniperatsre 
Madulating Valve: 


FIGURE 7-R 
TYPICAL FLOW DIAGRAMS FOR A PARTIAL ICE STORAGE SYSTEM 


Ine Bank 


Temperature 
Mortutating Valve 


Automatic: Deveeting Valve: 


FIGURE 7-S 
TYPICAL FLOW DIAGRAM FOR A PARTIAL ICE STORAGE SYSTEM — WITH ALL COOLANT THROUGH THE BYPASS LOOP 


It is important to note that while making ice at 
night, the chiller must cool the water-glycol solution 
down to 26 F, rather than producing 44 F water re- 
quired for conventional air conditioning systems. 

This has the net effect of “derating” the nominal 
chiller capacity by a substantial amount (typically 25-30 
percent). The compressor efficiency at this time is only 
slightly reduced because the lower nighttime outdoor 
ambient wet bulb temperatures result in cooler con- 
denser water from the cooling tower which lowers the 
condensing temperature to keep the chiller operating 
efficiently. Similarly, chillers with air-cooled condens- 
ing also benefit from cooler outdoor ambient dry bulb 
temperatures to lower the system condensing temper- 
ature at night. 

The temperature modulating valve in the bypass 
loop has the added advantage of providing excellent 
capacity control. During mild temperature days, typ- 
ically in the spring and fall, the chiller will often be 
capable of providing all the necessary cooling capacity 
for the building without the use of cooling capacity from 
the ice storage system. When the building’s actual cool- 
ing load is equal to or less than the chiller capacity at 
the time, all of the system coolant will flow through the 
bypass loop as shown in Figure 7-S. 


It is important that the coolant chosen be an eth- 
ylene glycol-based industrial coolant, such as 
Dowtherm SR-1 or UCAR Thermofluid 17, which is 
specially formulated for low viscosity and good heat 
transfer properties. Either of these fluids contain a 
multi-component corrosion inhibitor which is effective 
with most materials of construction including alumi- 
num, copper, silver solder and plastics. Further, they 
contain no anti-leak agents and produce no films to 
interfere with heat transfer efficiency. They also per- 
mit use of standard pumps, seals and air handling coils. 
It should be noted, however, that because of the slight 
difference in heat transfer properties between water 
and the mild glycol solution, the cooling coil capacities 
will need to be increased by approximately 5 percent. 
It is also important that the water and glycol solution 
be thoroughly mixed before the solution is placed into 
the system. 


The use of ice storage system technology opens 
new doors to other economic opportunities in system 
design. These offer significant potential for not only 
first-cost savings but also operating cost savings that 
should be evaluated on a life cycle cost basis using a 
computerized economic analysis program such as the 
Trane Air Conditioning Economics (TRACE’) program. 
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Low Temperature Air Distribution 


The use of 42 F rather than 55-60 F supply air dry 
bulb on system air can result in substantial savings not 
only in first cost but also in operating cost. The low 
temperature air is achieved by piping 34 F water-glycol 
solution from the ice storage tanks directly to the air 
handling coil, instead of mixing it with bypassed solu- 
tion as shown in Figure 7-R. The 42 F air is then used 
as primary air and is distributed to motorized terminal 
induction units located in the conditioned space. In the 
induction units the air is then blended with room air to 
maintain the desired room temperature. 

The 42 F primary air requires much lower CFM 
than the conventional 55-60 F air normally delivered by 
other conventional systems. Consequently, the size and 
cost of both the air handlers and ducting can be sub- 
stantially reduced. Energy savings from the smaller air 
handler motors can also be substantial (20 percent or 
more), even figuring the additional energy consumed 
by the small terminal air blenders or powered induction 
units. 


Heating With Chillers 


Freezing water to ice in the ice storage system 
removes 144 Btu per pound of ice generated by the 
chiller. This is why the ice storage system designed 
with a heat recovery loop, as shown in Figure 7-T, can 
also make the chiller into a water source heat pump for 
cold weather heating. 


Exthaust Alt, 
—-=Waste Heat 
or Solar Heat 


Heating 
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FIGURE 7-T 


ICE STORAGE SYSTEM SCHEMATIC WITH HEAT RECOVERY LOOP 


With the advent of ASHRAE Standard 90.1-1989 
and the use of better building envelopes, the loads are 
such on office buildings that on the great majority of 
winter days the only heating required is for morning 
warm-up. During the afternoon, because of the heat 
build-up from lights, people, computers, solar loading, 
etc., cooling will normally be required. Ice made in the 
morning to provide heating, can then supply free af- 
ternoon cooling and in the process, melt to be ready for 
the next day’s warm-up cycle. Even on the coldest 
days, low temperature waste heat, solar, or off-peak 
electric heat can be used to melt the ice. Because of this, 
in some cases, oil or gas connections to the building can 
actually be eliminated. 


TRANE AIR CONDITIONING MANUAL 


Evaporative Coolers 


A typical evaporative cooler is illustrated in Figure 
7-U. It is a metal housing with three sides containing 
porous material kept saturated with water. A pump 
lifts water from the sump in the bottom of the unit and 
delivers it to perforated troughs at the top of the unit. 
The fan draws outside air through the saturated ma- 
terial and discharges it directly into the conditioned 
space or into a duct system for distribution into several 
rooms. The porous material is generally spun glass 
fibers, aspen excelsior pads or tinsel made of copper or 
aluminum. The discharge line from the pump is usually 
plastic tubing although copper tubing or iron pipe are 
sometimes used. A float valve is normally provided to 
replenish the water evaporated into the air passing 
through the unit. 

Generally, this valve is set to waste a fixed amount 
of water at al! times. This ensures there will be a 
continual dilution of the natural minerals in the water 
that are left behind due to evaporation. This is com- 
monly called "blowdown” and provides protection 
against a sticking float valve. Blowdown is fully de- 
scribed in Chapter VIII in the discussion of cooling 
tower maintenance. 

Variations in the above design are offered by sev- 
eral manufacturers for applications, primarily in dry 
climates with a low design wet bulb temperature. 


FLOAT VALVE 


FIGURE 7-U 
TYPICAL EVAPORATIVE COOLER 


Operation 

As air flows through the evaporative surface its 
dry bulb temperature drops and its humidity ratio 
rises. The decrease in dry bulb temperature of the air 
is brought about by a conversion of sensible heat to 
latent heat. The air looses sensible heat, which causes 
the dry bulb temperature to drop, and gains latent 
heat, which causes the humidity ratio to rise. If no heat 
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is lost or gained through the sides of the unit, and if the 
sump water is recirculated, the enthalpy of the air 
leaving the evaporative cooler is nearly the same as the 
enthalpy of the air entering the unit. In this case the 
evaporative cooling process may be considered to be 
approximately parallel to the wet bulb temperature 
lines. In an evaporative cooler with a large amount of 
wetted surface and a low air velocity, the air would 
theoretically leave in a saturated condition (100 percent 
relative humidity). 

The skeleton psychrometric chart in Figure 7-V 
illustrates the evaporative cooling process with A rep- 
resenting the condition of the entering air, B the water 
temperature, and C the condition of the air leaving the 
unit. 

Humidifying “effectiveness” is defined as the ratio 
of the actual decrease in dry bulb temperature of the 
air passing through the unit to the theoretical decrease 
in dry bulb temperature. 


HUMIDITY RATIO 
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FIGURE 7-V 
PSYCHROMETRIC CHART FOR EXAMPLE 7-1 


Example 7-1: 


Air enters an evaporative cooler at 100 DB and 68 WB 
and leaves at 72 DB. A centrifugal pump recirculates 
sump water to the evaporative surface of the cooler. 


What is the humidifying effectiveness of the unit? 


Solution: 
The leaving wet bulb temperature and the water 
temperature will also be 63 F. 
Humidifying 
Effectiveness = actual dry bulb change 
theoretical dry bulb change 
— 100-72 
100 - 68 


= 28 
37 


= 75.6 percent 
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Most manufacturers design their equipment to have 
a humidifying effectiveness of about 80 percent un- 
der usual operation conditions. 


It is common practice to drive the supply fan of 
evaporative coolers with a two-speed motor. This 
permits the selection of two air quantities for the air 
distribution system. It is convenient to use the high 
speed setting during the hottest part of the day and 
run the unit on low speed for evening and night 
operation. 


Applicati 

An evaporative cooler will provide comfort air con- 
ditioning successfully only if local wet and dry bulb 
temperatures are right for the application. The me- 
chanical refrigeration systems discussed in an earlier 
chapter will usually not be in serious trouble for those 
days when the wet bulb temperature exceeds the 
design value for the locality. An evaporative cooling 
system, on the other hand, is at the mercy of the wet 
bulb temperature. The performance of the unit will 
likely be unsatisfactory when design conditions are 
even slightly exceeded. 

As a general rule evaporative coolers for comfort 
air conditioning are only satisfactory in the arid South- 
west, and for applications having a high sensible heat 
gain and a low latent heat gain. Thus crowded areas, 
such as department stores and theaters, are generally 
served adequately and more economically by other 
types of air conditioning equipment. 

The saturated air, or nearly saturated air, delivered 
by evaporative coolers to the conditioned space, should 
be 10 to 12 degrees below the dry bulb design temper- 
ature for the room. Otherwise, a tremendous quantity 
of air will need to be circulated to absorb the room 
sensible heat gain. Evaporative cooling systems are 
designed for 100 percent outside air, and, therefore, 
provisions must be made for exhausting close to this 
same quantity of air from the conditioned spaces. If the 
exhaust openings are too small, the space will become 
pressurized, the quantity of supply air will be reduced, 
and there will be a noticeable increase in humidity. 


Maintenance 


Dust, pollen, and other particles will normally be 
stopped by the wet evaporative pads of an evaporative 
cooler. The dust becomes mud and, in a continual wet 
state, some of the foreign matter will decompose and 
generally cause objectionable odors. Therefore, the 
porous material requires maintenance. Some porons 
materials can be cleaned in hot water with a detergent, 
others are cleaned in a solvent bath, while still others 
are of the throwaway type. The material should be 
cleaned or discarded a minimum of one time during 
each cooling season. 
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In some evaporative coolers, water is delivered to 
a perforated distributing trough along the tops of the 
evaporative pads and then runs down over the pads. 
The water that drips from the lower end of the pads into 
the bottom of the cooler is drained to a waste line. In 
order to conserve water, some designs (such as Figure 
7-U) have a pump that recirculates water from the 
sump to the distributing trough. Evaporation of the 
water increases the concentration of magnesium and 
calcium salts in the sump water. Eventually, these salts 
will accumulate on the evaporative pads and reduce the 
quantity of air flowing through them. The performance 
of the evaporative cooler then decreases. 

This problem is identical to the evaporation of 
water from a cooling tower (described in Chapter VIID 
and the method of control is the same. Experience has 
shown that by continually wasting water (blowdown) 
from the sump the mineral concentration can be con- 
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trolled. The amount of blowdown can be estimated from 
Equation 8-2, Chapter VIII. The evaporation rate, 
however, cannot be estimated in the same manner as in 
a cooling tower. Experience has shown that a blow- 
down of 1.0 gph per 1000 cfm is satisfactory for the 
usual operating conditions in most locations. 


Air Washers 

For many years prior to the advent of the finned 
cooling coil, water sprays were used almost exclusively 
for conditioning air. This was accomplished by bringing 
air and water into contact with each other in a spray 
chamber through which the air was drawn by a fan. 
Such spray chambers together with the water tank, 
eliminator plates, and other auxiliary equipment are 


constructed as complete units and are known as air 
washers. 


FLOODING FLOODING 
NOZZLES 


HEADER ELIMINATORS 
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A typical completely assembled air washer is il- 
lustrated in Figure 7-W. It consists primarily of a spray 
chamber in which a number of spray nozzles and risers 
are installed. The washer illustrated has one bank of 
spray nozzles. Sometimes two, and occasionally three, 
banks are installed. Nozzles used for air washers or- 
dinarily have a capacity of approximately 144 to 2 gpm 
per nozzle. The quantity of water delivered by each 
bank can be varied by installing a larger or smaller 
number of nozzles. 

Eliminator plates are installed at the outlet of the 
washer to prevent droplets of water from being carried 
away by the air. They will also pick up dirt particles. 
The eliminator plates are designed and installed so that 
the direction of air flow is changed a number of times 
while flowing through them. In this way, the air im- 
pinges against the wet surfaces of the plates and the 
dust particles and water droplets are deposited on the 
plates. The plates then are washed by a continuous 
stream of water from flooding nozzles. Air washers will 
not always remove greasy particles and soot. In addi- 
tion, tobacco smoke will ordinarily pass through an air 
washer. 

Some odors can be removed from air passing 
through an air washer. The odor is usually due to the 
vapor from some compound mixed with the air. Many 
of these vapors will dissolve in water. Of course as the 
water becomes saturated with the soluble vapors, it 
becomes less and less able to remove undesirable odors 
from the air. Furthermore, the water itself acquires an 
odor due to the materials in solution; therefore, under 
these conditions it must either be changed frequently 
or continuous overflow used. 


SECOND STAGE 


HOT OR COLD 
WATER SUPPLY 


SINGLE BANK 
AIR WASHER 


TWO-STAGE 
AIR WASHER 


FIRST STAGE 
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Air washers are designed to be installed on the 
suction side of a fan. They should never be installed on 
the discharge side unless they have been specially built 
for this purpose. There will little difficulty with water 
leaking through the joints of a washer installed on the 
suction side of a fan. However, if a washer is installed 
on the discharge side of a fan, the air pressure devel- 
oped by the fan is likely to cause water leakage through 
the joints, in spite of the rubber gaskets usually in- 
stalled. 

If a set of eliminator plates is installed after each 
bank of sprays, a washer having two spray banks is 
known as a two-stage washer. A two-stage washer is 
illustrated to the center and right-hand of Figure 7-X. 
Sometimes a two-stage washer may have multiple 
banks of sprays in each stage. 

The total cross-sectional area of air washers is usu- 
ally based on an air velocity of approximately 500 fpm. 
If higher air velocities are used, trouble may be expe- 
rienced with entrained moisture being carried from the 
washer (moisture carryover). 


Ordinarily, the water in air washers is recirculated. 
When the air is to be humidified, either the air or the 
water, or sometimes both, are heated before entering 
the washer. If the air is to be cooled and dehumidified 
in the washer, the water must first be cooled. Heating 
or cooling of the water can be accomplished by supply- 
ing either hot or chilled water to the heat exchanger 
shown in the water spray piping in Figure 7-X. 


TWO-STAGE COUNTERFLOW 
AIR WASHER 


FIGURE 7-X 
TYPES OF AIR WASHERS 
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Air Washer Computations 


In a single-stage washer the flow of water and air 
are parallel to each other, hence both the initial and 
final temperatures of the water must be lower than the 
final dew point temperature of the air. This is true only 
for a single-stage washer. When a two-stage washer is 
used, the situation is somewhat different. In many such 
washers, the chilled water is divided equally between 
each bank of sprays, as in the center illustration of 
Figure 7-X. The water is then supplied to each stage at 
the same temperature. 

Problems involving such two-stage washers can be 
solved by considering each stage as a separate, single- 
bank washer. Thus, for a two-stage washer, the prob- 
lem is solved exactly as though the air flowed through 
two washers in series. The temperature of the water 
supplied to each washer is exactly the same, but the 
temperature of the air entering the second washer has 
been lowered because it has already been cooled in the 
first stage. 

With a given amount of heat to be transferred to 
the water, temperature rise of the water is determined 
by the quantity of water supplied. Sufficient water 
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should be supplied to a single-stage washer so that its 
final temperature will be lower than the final dew point 
temperature to which the air is cooled. To provide a 
slight safety factor the final water temperature should 
be about one degree lower than the required final dew 
point temperature. 

If the cooling water is obtained from a city main or 
a deep well, its initial temperature is fixed. If the water 
is cooled by mechanical means it should be cooled to 
such a temperature that the rise in water temperature 
in the spray chamber will be from 8 to 14 degrees. A rise 
of 10 degrees is a good average. 

The quantity of water to be circulated through an 
air washer for a given heat load can be computed from 
the following equation: 


500 x TD 
where 
V_ = water flow rate, gpm 
q_ = heat transferred from air to water, Btuh 


TD = temperature rise of water, F 
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FIGURE 7-Y 
SPRAY WATER-AIR CHART 
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The reverse problem is also common, that is, de- 
termining the quantity of heat that can be removed 
from the air flowing through a washer when the water 
available is limited either because its cost is high, or 
because the yield of a well is fixed. The chart of Figure 
7-Y has been prepared to aid in calculating the final 
condition of water and air in a washer. 


Primarily, this chart is based on the fundamental 
fact that the heat surrendered by the air is equal to the 
heat gained by the water. Also, when air and water are 
brought into intimate contact with each other in an air 
washer, the final temperature of the water will be 
equal to the final wet bulb temperature to which the 
air is cooled. Actually, the final temperature of the 
water will be lower than the final wet bulb temperature 
of the air. Nevertheless, this chart enables many prob- 
lems involving washers to be solved, by first finding the 
theoretical solution and then applying a correction 
factor. 


Cooling 


Examples 7-2 and 7-3 illustrate the use of the chart 
of Figure 7-Y for cooling applications of washers. 
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Air initially at 96 DB and 74 WB is to be cooled with 
water having an initial temperature of 55 F. The quan- 
tity of air to be cooled is 10,000 cfm and the quantity of 
water available is 80 gpm. Find the final temperature to 
which the air can theoretically be cooled. 


Solution: 


The water-to-air ratio at the left of Figure 7-Y is 
expressed as water in gallons per minute and air in 
1000’s of cubic feet per minute. Therefore, 
V= 80 
10,000 
1000 
= 8.0 gpm per 1000 cfm 
Referring to Figure 7-Y, connect the two points 55 
on the scale marked initial water temperature and 8.0 
on the scale marked gpm of water per 1000 cfm of air 
with a straight line. Locate 74 initial wet bulb temper- 
ature; follow 74 WB until it intersects the line just 
drawn and read 64 at the intersection. This is the final 
wet bulb temperature of the air. 
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FIGURE 7-Z 
CHART FOR EXAMPLE 7-2 
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Figure 7-Z shows the solution to this example. The 
air can theoretically be cooled to 64 WB. This will also 
be the final temperature of the water. 


In an actual washer the final water and air tem- 
peratures will not be the same, and the air will not be 
cooled to as low a temperature as determined from 
Figure 7-Z. In actual washers somewhat less heat can 
be transferred from the air to the water than is indi- 
cated by the theoretical computation. How much less 
depends upon the construction of the washer, the quan- 
tity of water supplied, the length of the washer, and 
atomization of the water. 
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The use of a correction factor is one method of 
predicting the performance of the washer. The correc- 
tion factor is defined as follows: 


Correction 


Factor = Actual Change in Enthalpy 


Factor Theoretical Change in Enthalpy 


For most commercial equipment under the usual 
operating conditions, the correction factor is about 
0.85. The following example illustrates the method of 
using the correction factor in air washer calculations. 
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FIGURE 7-AA 
PSYCHROMETRIC CHART FOR EXAMPLE 7-3 


Example 7-3: 
Estimate the final conditions of the air and the final 


water temperature of Example 7-2 by using a correction 
factor of 0.85. 


Solution: 


Locate the initial condition of the air entering the 
washer on the psychrometric chart, shown as A on 
Figure 7-AA. Connect 38 on the left enthalpy scale 
with 38 on the right enthalpy scale. Then through 
Point A draw an enthalpy line, AB, parallel to the 38 
enthalpy line just drawn. 


The enthalpy of all points on line AB is read at B as 
37.4 Btu per lb. 


Theoretically the air would leave the washer satu- 
rated at 64 WB. This would be Point C located at 64 
WB and 100 RH. 


Through point C draw line CD parallel to the 29 
enthalpy line. The enthalpy at D is read as 29.4 Btu 
per lb. The theoretical change in enthalpy of the air 
flowing through the washer would be: 

Initial enthalpy at 96 DB, 74 WB = 37.4 

Final enthalpy at 64 WB, 100 RH = 29.4 
Theoretical change in 


enthalpy of air = 8.0 Btu per Ib 
Estimated actual change in 
enthalpy of air = 0.85 x 8.0 

= 6.8 Btu per lb 
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The final enthalpy of the air is found as follows: 
Initial enthalpy at 96 DB, 74 WB = 37 4 

Change in enthalpy of air = 6.8 

Final enthalpy of air = 30.6 Btu per Ib 


The air enters the washer at point A; so a line is 
drawn between A and C. The air might leave at C, 
but, actually, the enthalpy of the leaving air has been 
found to be 30.6 Btu per lb. Therefore, the intersec- 
tion of EF and AC is a fair approximation of the 
condition of the air leaving the washer. The condi- 
tions at the intersection H are: 


Enthalpy = 30.6 Btu per lb 
Dry bulb = 69.0 

Wet bulb = 65.8 F 

Dew point = 64.0 

Relative humidity = 85 percent 
Humidity ratio = 90 grains per lb 
Specific volume = 13.60 cu ft per lb 
Vapor pressure = 0.61 in. Hg 


Next, the leaving water temperature can be esti- 
mated. Theoretically, the water would be heated 
from 55 F to 64 F, or 9 degrees. Evidently, if it 
absorbs only 85 percent of the theoretical quantity of 
heat, its temperature rise will be 7.7 degrees (9 x 0.85 
= 7.7). Therefore, the leaving water temperature can 
be estimated as 


Leaving water temperature = 55 + 7.7 
= 62.7F 


The leaving water temperature can be represented 
by G on Figure 7-AA. 


In Example 7-3 the air was cooled from a dry bulb 
temperature of 96 F, point A, to a dry bulb temper- 
ature of 69 F, point H. The dew point temperature of 
the entering air was 64.2 F and the dew point tem- 
perature of the leaving air was 64 F. It should be 
noted that while the air was cooled 27 degrees (96 - 
69 = 27) in flowing through the washer it was not, for 
all practical purposes, dehumidified because the leav- 
ing water temperature was so close to the dew point 
temperature of the entering air. 


Cooling and Dehumidification 


In order to cool and dehumidify air simultaneously 
as it flows through a washer, the water must be taken 
from the washer tank several degrees below the re- 
quired dew point temperature of the leaving air. The 
water must then be cooled outside the washer, and an 
amount of heat equal to the heat absorbed from the air 
must be removed before the water is returned to the 
nozzle bank. The spray water can be cooled by a heat 
exchanger furnished with chilled water as shown in 


Figure 7-X. In some installations the heat exchanger is 
omitted and the spray water circulated through the 
evaporator of any one of several types of refrigeration 
machines. 

The following example will illustrate calculations 
for an air washer used for cooling and dehumidification. 


Example 7-4: 

An auditorium is supplied with 60,000 cfm of conditioned 
air to maintain inside design conditions of 78 DB and 50 
percent relative humidity (RH). A total of 20,000 cfm of 
outside air at 95 DB and 76 WB is used. The auditorium 
is served by two air handling units each having a pre- 
cooling coil and a double-bank single stage air washer. 
Each washer operates with a correction factor of 0.87. 
Figure 7-BB shows one of the two air handling units. 
Well water used for condensing water in the refrigera- 
tion machine flows through the precooling coil and re- 
duces the temperature of the outside air by 6 degrees. 
Each washer is supplied with 300 gpm of water at 42 F. 
Locate the point on the psychrometric chart represent- 
ing the condition of the air leaving the washer. 


Solution: 


On the Psychrometric Chart of Figure 7-CC locate 
points A, B, and C with the conditions given. Connect 
points B and C with a straight line. Point D, the 
mixture of air at condition B and C, will lie on the line 
BC. The dry bulb temperature at point D can be 
calculated as follows: 


Precooled air: 10,000 , 99 — 99.67 


30,000 
Return air: 20,000, 78 ~ 59.00 
30,000 ct 
Dry bulb 
temperature of mixture = 81.67 


Locate point D at 81.67 DB on line BC. Note that the 
wet bulb temperature of point D is 68.4 F. 


The final temperature of the spray water can now be 
calculated. On the left scale of the spray waterair 
chart in Figure 7-Y locate a water-to-air ratio of 10 
gpm per 1000 cfm (300 gpm = 10 gpm per 1000 cfm). 
30,000 cfm 

On the right scale locate the initial spray water tem- 
perature of 42 F. Draw a straight line between 10 on 
the left scale and 42 on the right scale. Where this line 
intersects the initial wet bulb temperature of 68.4 F, 
read the final wet bulb temperature of 52 F. Locate 
52 DB and 52 WB on Figure 7-CC and mark this as 
point G. Draw a straight line from D to G. Theoret- 
ically, the air would leave the washer in a saturated 
condition at 52 F, or at point G. However, the cor- 
rection factor must be applied as only 87 percent of 
the possible heat absorption by the spray water will 
actually be lost by the air. 
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RETURN AIR 
20.000 CFM 


95 DB 89 DB 78 DB 81.67 DB CHILLED 22.9 BTUILB. 
76 WB 105.5 HR SORH 68.4 WB WATER 56.0 DB 
105.5 HR 82.0 HR 61.0 HR 
FIGURE 7-BB 


EQUIPMENT ARRANGEMENT FOR COOLING AND DEHUMIDIFYING WITH AN AIR WASHER. (UNDERLINED FIGURES HAVE BEEN CALCULATED OR 
DETERMINED FROM THE PSYCHROMETRIC CHART. SEE EXAMPLE 7-4 FOR DETAILS,) 
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FIGURE 7-CC 


COOLING AND DEHUMIDIFYING, EXAMPLE 7-4 


Enthalpy of entering air = 32.6 Btu per Ib 


Enthalpy at 52 WB = 214 
Theoretical drop 
in enthalpy = 11.2 Btu per lb 


Actual drop inenthalpy = 11.3 x 0.87 

= 9.8 Btu per Ib 
Actual enthalpy of air 
leaving washer = 82.6 - 9.8 

= 22.8 Btu per lb 


This establishes that the air leaving the washer will 
have an enthalpy of 22.8 Btu per lb. It is also known 
that some point in the curve DG must represent the 
condition of the air leaving the washer. This point is 
E, that is, where the 22.8 enthalpy line crosses the 
line DG. 


In example 7-4 the air is cooled from 81.67 to 56 F, 
or about 25 degrees, in flowing through the washer. 
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FIGURE 7-EE 
PSYCHROMETRIC CHART FOR EXAMPLE 7-5 
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Simultaneously, it was dehumidified 21 grains (82 
-61 = 21). The air when delivered to the auditorium will 
absorb sensible and latent heat to maintain the space 
at design conditions. 

Occasionally, it is necessary to find the initial tem- 
perature at which a given quantity of water should be 
supplied in order to cool the air to some final temper- 
ature. The spray water-air chart, Figure 7-Y, can be 
used to find the initial water temperature theoretically 
required. In an actual washer, because the water can 
never rise to the final air temperature, the initial water 
temperature must be lower than that found theoreti- 
cally. The method of estimating the actual conditions by 
use of the correction factor, is illustrated in the follow- 
ing example. 


Example 7-5: 
Air initially at 87 DB and 72 WBis to be cooled to 54 WB. 
Water at arate of 15 gpm per 1000 cfm of air is to be used. 
Find: 
(a) the initial temperature that the water must theoret- 
ically have. 


(b) the actual initial temperature if the correction factor 
is 85 percent. 


(c) an estimate of the final condition of the air leaving the 
washer. 


Solution: 


(a) Referring to Figures 7-Y and 7-DD, locate the 
point in the network where the initial wet bulb 
temperature line of 72 F intersects the final wet 
bulb temperature line of 54 F. Lay a straightedge 
on the chart so that it passes through this point 
and also through the water rate of 15 gpm. Read 
the required initial water temperature at the 
other end of the straightedge as 46.5 F. 


(b) The initial condition of the air entering the washer 
is represented as A in Figure 7-EE. The enthalpy 
is determined as 35.5 Btu per Ib by line AB in the 
same manner as in Example 7-4. 


Initial enthalpy of air = 35.5 Btu per lb 
at 87 DB, 72 WB 


Final enthalpy of air = 22.6 
at 54 WB, 100 RH 


Actual heat to be 
surrendered by air = 12.9 Btu per lb 


Since the correction factor is 85 percent and the actual 

heat lost by the air amounts to 12.9 Btu per |b, it is 

evident that the problem must be solved as though 

the air were to surrender 12.9 or 15.18 Btu per lb. 
0.85 

The theoretical final wet bulb temperature for which 

the problem should be solved can now be found. 
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Initial enthalpy of air = 35.5 Btu per Ib 


at 87 DB, 72 WB 
Theoretical quantity of heat 


to be surrendered by the air = 15.18 
Theoretical final 
enthalpy of air = 20.32 Btu per lb 


Next, an enthalpy line of 20.32 Btu per Ib is drawn, 
as line EF, Figure 7-EE. From a theoretical view- 
point the air would have an enthalpy of 20.32, that is, 
lie on line EF and would be at 100 percent relative 
humidity, or point J. The wet bulb temperature at J 
is 50 F. Returning now to Figure 7-DD, connect 15 
gpm with the intersection of initial 72 WB and final 
50 WB. Extend the line to the right ordinate to read 
an initial water temperature of 41 F. This may be 
represented by W in Figure 7-EE and is the initial 
water temperature that will actually cool the air to 
a final wet bulb temperature of 54 F. 


Theoretically, the rise in water temperature will be 
9 degrees (50 - 41 = 9). As the correction factor is 85 
percent, the actual rise in water temperature will be 
9 x 0.85, or 7.7 degrees. Therefore, the final temper- 
ature of the water will be 41 + 7.7, or 48.7 F. This is 
designated as G in Figure 7-EE. 


(c) The final conditions of the air leaving the washer 
can be estimated as follows: 


The wet bulb temperature of the leaving air was 
specified as 54 F. 


Draw line AJ. The intersection of AJ and the 54 
WB line, point H, is an approximation of the con- 
ditions of the air leaving the washer. 


Heating and Humidifying 

Air supplied to conditioned spaces normally re- 
quires humidification during the heating season. Prop- 
erly operated, an air washer is an effective method of 
adding moisture to air. 

The chart of Figure 7-FF has been prepared to aid 
in determining the final air and water temperatures 
when a washer is used for heating and humidifying air. 
The following example will illustrate the use of this 
chart. 


Example 7-6: 
An air quantity of 15,000 cfm enters a washer at 70 DB 
and 50 WB. The washer is supplied with 150 gpm of 
water at 90 F. For a correction factor of 0.85 determine 
the water temperature in the tank and the condition of 
the air leaving the washer. 


Solution: 


The water-to-air ratio is 10 gpm per 1000 cfm. On 
Figure 7-FF set the right end of a straightedge on the 
right scale at 10 gpm per 1000 cfm; set the left end 
of the straightedge on the initial water temperature 
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of 90 F. Where a line between these two points 
crosses the initial wet bulb temperature of the en- 
tering air, read the final water temperature as 73.5 F. 
See Figure 7-GG for the solution to this example. 
This is also the final wet bulb temperature of the air. 
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Draw line CD at an enthalpy of 34.65 Btu per Ib. The 
intersection of AB and CD is the estimated condition 
of the air leaving the washer. This intersection is 
point E. The dry bulb temperature, relative humid- 
ity, and other conditions of the leaving air can be read 


from the chart at point E. 


A water-to-air ratio of 5 gpm per 1000 cfm is 
common for a single-bank washer, while approximately 
10 and 15 gpm per 1000 cfm are usual ratios for two-and 
three-bank washers. Water temperatures will vary 
within the range of 60 to 120 F depending upon the inlet 
and outlet air temperatures. Ordinarily, the operator 
has the following items he can vary to control the per- 
formance of the air washer: 

1. Inlet air temperature: by changing the amount of 
steam to the preheat coil. 

2. Inlet water temperature: by controlling the amount 
of steam to the heat exchanger. 

3. Water quantity: by taking a bank of nozzles out of 
service. 


The following example will illustrate the effect of 
raising the water temperature and reducing the water 
quantity. 


Example 7-7: 
An air quantity of 15,000 cfm enters a washer at 70 DB 
and 50 WB. The washer is supplied with 75 gpm of water 
at 110 F. For a correction factor of 0.85 determine the 
water temperature in the tank and the final conditions 
of the air leaving the washer. 
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Referring to the psychrometric chart in Figure 
7-HH, point A represents the condition of the air 
entering the washer at 70 DB and 50 WB. The en- 
thalpy at A is read as 20.2 Btu per lb. 


Point B represents the final water temperature of 
73.5 F. Theoretically, the air could be heated and 
humidified to saturation at 73.5 F and the line AB 
represents the condition of the air as it flows through 
the washer. The enthalpy of saturated air at point B 
is read as 37.2 Btu per lb. 


Theoretical change 

in enthalpy = Final enthalpy - Initial enthalpy 
= 37.2 - 20.2 
= 17.0 Btu per lb 


Actual change 


in enthalpy = Theoretical change in enthalpy 


x Correction Factor 


= 17.0 x 0.85 
= 14.45 Btu per lb 


Actual enthalpy 
of air leaving 
washer 


= 202 + 1445 
= 34.65 Btu per lb 
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FIGURE 7-HH 
PSYCHROMETRIC CHART FOR EXAMPLES 7-6 AND 7-7 
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Solution: 


The water-to-air ratio is 5.0 gpm per 1000 cfm. On 
Figure 7-FF, set the right end of the straightedge on 
the right scale at 5 gpm per 1000 cfm and the left end 
of the straightedge on the initial water temperature 
of 110 F. Where a line between these two points 
crosses the initial wet bulb temperature of the en- 
tering air, read the final water temperature as 75 F. 
This is also the final wet bulb temperature of the air. 
See Figure 7-JJ for the solution of this problem. 


Referring to the psychrometric chart in Figure 
7-HH, point A represents the condition of the air 
entering the washer at 70 DB and 50 WB. Point F 
represents the final water temperature of 75 F and 
line AF represents the condition of the air as it passes 
through the washer. The enthalpy of saturated air at 
point F is read as 38.5 Btu per Ib. 


INITIAL WATER TEMPERATURR.F 


Theoretical 
change in enthalpy = 38.5 - 20.2 


= 18.3 Btu per lb 
Actual change in enthalpy = 18.3 x 0.85 


= 15.56 Btu per Ib 
Actual enthalpy of air 
leaving washer = 20.2 + 15.56 

= 35.76 Btu per lb 


Draw line GH at an enthalpy of 35.76 Btu per lb. The 
intersection of AF and GH is the estimated condition 
of the air leaving the washer. The intersection is J 
and shows the dry bulb temperature to be 74.8 F and 
the humidity ratio to be 112 grains per lb. 


INITIAL WET BULB TEMP. OF AIR 
410 


00 gp 


GPM OF WATER PER 1000 CFM OF AIR 


FIGURE 7-J 
CHART FOR EXAMPLE 7-7 


In example 7-6 suppose that the inlet air conditions 
of 70 DB and 50 WB and the water-to-air ratio of 10 
were maintained, but the inlet water temperature were 
raised from 90 to 110 F. The theoretical outlet wet bulb 
temperature would be 83.5 F. The point K would then 
represent the actual outlet air conditions after the 0.85 
correction factor has been applied. Here the dry bulb 
temperature is 82.5 F and the humidity ratio is 154.5 
grains per pound of dry air. 


These examples illustrate that raising the water 
temperature 20 degrees (from 90 to 110 F) increases the 
dry bulb temperature of the leaving air almost 10 de- 
grees, and, at the same time, the moisture content 
increases 45.5 grains (from 109 to 154.5 gr per Ib). On 
the other hand, reducing the water quantity has the 
effect of decreasing the amount of heating and humid- 
ification. This is illustrated by the fact that points E and 
J are quite close together and yet J is the result of 
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increasing the water temperature 20 degrees and re- 
ducing the water-to-air ratio from 10 to 5 gpm per 1000 
cfm. 

It will be noted that in Examples 7-6 and 7-7 the dry 
bulb temperature of the air entering the washer was 70 F. 
Air entering a washer should always have a WB tem- 
perature above freezing. For this reason, a steam heat- 
ing coil is placed ahead of the washer to preheat the 
incoming outside air during the heating season. The air 
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leaving a washer will be humidified to a satisfactory 
condition, but usually its temperature will be too low 
for efficient space heating. A steam heating coil is 
placed after the washer to reheat the supply air to the 
desired temperature. The following example illustrates 
the functioning of preheat and reheat coils in an air 
conditioning installation using an air washer for heat- 
ing and humidification. 


5 DB 40 DB 70 DB 62.5 DB 35.49 BTU/LB 115 DB 
SO RH 3.55 HR 40 RH so WB 1 L 
3.55 HR 
FIGURE 7-KK 


EATING AND HUMIDIFYING WITH A 


Hi PREHEAT COIL, 
(UNDERLINED FIGURES HAVE BEEN CALCULATED OR DETERMINED FROM THE PS' 


Example 7-8: 


The air conditioning installation in an office building, see 
Figure 7-KK, has 4,500 cfm of outside air entering a 
preheat coil at 5 F and 50 percent relative humidity. The 
air flows through preheat coils and is heated to 40 F. The 
air then mixes with 13,500 cfm of recirculated air at 
70 DB and 40 percent relative humidity and then flows 
through a washer. The washer is supplied with 90 gpm 
of water at 110 F and has a correction factor of 0.83. 
The air is then reheated to 115 F and a supply fan 
delivers it to a duct system for distribution throughout 
the building. 


Assume a standard barometric pressure of 14.696 
psia and assume that the water vapor pressure in the 
air at 5 DB and 50 percent relative humidity is 
0.01198 psia. 


(a) What is the moisture content and relative humid- 
ity of the air leaving the reheat coil? 


(b) Suppose the heat exchanger supplying heat to the 
spray water were turned off so that the water in 
the washer were recirculated without any heat 
being added. In determining the humidifying ef- 
fectiveness use the correction factor 0.83 to the 
theoretical dry bulb depression. What is the mois- 


AIR WASHER AND REHEAT COIL 
YCHROMETRIC CHART. SEE EXAMPLE 7-8} 


ture content and relative humidity of the air leav- 
ing the reheat coil for the same dry bulb 
temperature of 115 F? 


Solution: 


The humidity ratio of the outside air can be calculated 
by the following equation: 
HR = 4354p, 
P,- Py 


(7-2) 


where 
HR = humidity ratio, grains per lb dry air 


P,, = partial pressure of water vapor, psi 
P, = atmospheric pressure, psia 

4354 = constant 

HR = 4354 x 0.01198 


14.696 - 0.01198 
= 3.55 gr per |b dry air 


The air leaving the preheat coil can now be shown on 
the psychrometric chart of Figure 7-LL at the inter- 
section of 40 DB and 3.55 gr per |b dry air, point B. 
Locate the condition of the return air on the psy- 
chrometric chart at 70 DB and 40 RH, point C. With 
a straightedge draw a line between points B and C. 
The dry bulb temperature of the mixture of air at 
conditions B and C is calculated as follows: 
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outdoor air: 4500 x 40 = 10.0 
18,000 
return air: 13500 x 70 = 52.5 
18,000 


mixture temperature = 62.5 


The mixture of outside air and return air must lie on 
the line BC. It can now be located, as point D, since 
the dry bulb temperature has been deter minted as 
62.5 F. 


The washer performance can now be calculated. The 
air enters the washer at condition D (62.5 DB and 50 
WB). The water-to-air ratio is 5 gpm per 1000 cfm 
(90). 

18 

Refer to the spray water-air chart, Figure 7-JJ, 
where a line was drawn between the water-to-air 
ratio of 5 gpm per 1000 cfm and the initial water 
temperature of 110 F for example 7-7. At the inter- 
section of this line, and the line representing the 
initial wet bulb temperature of 50 F, the final water 
and wet bulb temperature of 75 F can be read. Point 
E, representing the condition of the air leaving the 
washer is located as follows: 


Locate the theoretical condition of the air leaving the 
washer at the intersection of 75 WB and 100 percent 
relative humidity (RH), point F. The condition of the 
air leaving the washer, point E, will have a rise in 
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enthalpy equal to the theoretical rise in enthalpy 
times the correction factor. 


Theoretical, final 
enthalpy, point F = 38.6 Btu per lb 
Initial enthalpy, point D = 20.3 


change in enthalpy = 18.3 
actual rise in enthalpy = 18.3 x 0.83 

= 15.19 Btu per lb 
actual final enthalpy = 20.3 + 15.19 

= 35.49 Btu per Ib 


Draw line G on the enthalpy line of 35.49 Btu per lb. 
Draw curve DF. The intersection of G and DF locates 
point E, the condition of the air leaving the washer. 


The air passes through the reheat coil and is heated 
to 115 F at constant humidity ratio. This process is 
represented by the horizontal line EL. At point L the 
moisture content is read as 114.5 grains per lb and the 
relative humidity as 26 percent. 


(b) With no heat being supplied to the spray water, 
the water will quickly assume the same temper- 
ature as the wet bulb temperature of the air en- 
tering at condition D. This is true whether the 
water is 110 F or 75 F when heat is no longer 
supplied to the heat exchanger. With the spray 
nozzles operating, the condition of the air passing 
through the washer can be represented by a line 
of constant wet bulb temperature, line DH. 
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FIGURE 7-LL 
HUMIDIFYING WITH AIR WASHER. SEE EXAMPLE 7-8. 
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Theoretically, the air would leave the washer satu- 
rated at 50 F, with a decrease in dry bulb tempera- 
ture of 12.5 degrees (62.5 - 50 = 12.5). 


However, the washer correction factor of humidify- 
ing effectiveness factor, 0.83, must be applied to the 
theoretical dry bulb depression to determine the 
actual leaving dry bulb temperature: 


12.5 F x 0.83 = 10.4 


The final dry bulb temperature is: 
62.5 F - 10.4 F= 52.1 F 


The air leaves the washer at 52.1 DB and 50 WB, 
point J. The air then passes through the reheat coil 
and is heated to 115 F along the line JK. At point K 
the moisture content is 51 grains per Ib of air and the 
relative humidity is 12 percent. 


Chemical Dehumidification 

Dehumidification by the use of chemicals is not 
widely applied to comfort air conditioning systems. 
Certain types of air conditioning loads, however, could 
employ chemical dehumidification. Chemical methods 
of removing moisture from air are used in many in- 
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dustrial processes requiring a low dew point temper- 
ature. Thus it is well for the air conditioning engineer 
to understand the principles of chemical dehumidifica- 
tion and some of the general situations where its use 
might be advantageous. 

Definitions 

Sorbent: A sorbent is a substance capable of ex- 
tracting water vapor from the air, or releasing it to the 
air, in relatively large amounts in relation to its weight 
and volume. 

Adsorbent: A sorbent which does not change phys- 
ically or chemically as it extracts water vapor from or 
releases it to the air. 

Absorbent: A sorbent that changes physically or 
chemically as it extracts or releases water vapor. 

Heat of Reaction: The quantity of heat released 
when certain chemical substances come into contact 
with each other. 

Reactivate: adding heat to an adsorbent to drive 
out moisture so the adsorbent can be reused. 

Regenerate: adding heat to an absorbent-water 
solution to evaporate some of the water so the absor- 
bent can be reused. 
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FIGURE 7-MM 


TYPICAL SOLID ADSORBENT DEHUMIDIFIER 
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Adsorption 


Silica gel, activated alumina, and activated char- 
coal are the most common adsorbents. These materials 
are also called desiccants. Usually the term desiccant 
is reserved for the use of small quantities of the adsor- 
bent in a closed container for a batch drying operation. 

Silica ge) is a glassy, granular material having an 
appearance much like clear quartz sand. It can be pur- 
chased in several sizes from 4 inch to 40 mesh. The 
porosity of silica gel is phenomenal as, depending upon 
its size, the internal and external surfaces may be as 
much as 1200 times the total area of the external sur- 
faces. On a weight basis silica gel will ordinarily adsorb 
water vapor up to 40 percent of its own weight. Some 
manufacturers treat silica gel so that it becomes blue 
when nearly saturated with moisture and upon reac- 
tivation it assumes a pinkish hue. This makes it easy to 
adjust the adsorption and reactivation phases of the 
operating cycle. 

The process of adsorption is merely a mass migra- 
tion of the vapor molecules from the air to the adsor- 
bent because of a higher vapor pressure in the air than 
within the pores of the adsorbent. Some adsorbents are 
selective regarding the vapors they will attract. For 
example, silica gel exposed to a mixture of vapors will 
invariably adsorb the water vapor from the mixture. 
Thus, silica gel is especially useful for dehumidification. 
Charcoal, on the other hand will ordinarily adsorb odor 
bearing vapors and is, therefore, well suited for puri- 
fying air, especially the removal of body odors and for 
the canisters of gas masks. 

The desirable qualities of an adsorbent are as fol- 
lows: high adsorptive capacity for usual operating con- 
ditions; physical stability, so it will not break up with 
normal handling or melt at normal reactivation tem- 
peratures; chemical stability, so it will not react with 
contaminants in the air; and a reasonable cost. 
Adsorption Dehumidifier 

The components of an adsorption dehumidification 
apparatus are a tray or rack to contain the adsorbent, 
a blower to force moist air through the bed, and a 
source of heat to reactivate the adsorbent. 

A silica gel adsorption machine of the continuous 
type is shown in Figure 7-MM. The gel bed is formed 
by a drum rotating 5 to 8 revolutions per hour. A single 
motor drives two blowers: one draws moist air through 
the gel bed and discharges dehumidified air to the 
distribution system; the other draws heated air 
through the gel bed for reactivation and exhausts hot 
moist air. The reactivation process leaves the bed hot. 
Therefore, unless the dehumidifying process requires 
hot dry air for dehydration, it is customary to subject 
the bed to a cooling cycle in order not to add any 
residual reactivation heat to the conditioned air. Suit- 
able drag seals are provided on both the inside and 
outside of the drum in order to separate the drying, 
reactivation, and cooling processes. 
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Water vapor condenses within the pores of the 
adsorbent and heat is released. The amount of heat 
released is equal to the sum of the latent heat of con- 
densation of the vapor, plus the heat of reaction. The 
heat is released in the form of sensible heat and causes 
the air temperature flowing through, or over, the ad- 
sorbent bed to rise. 

Adsorption dehumidifiers are also of the intermit- 
tent type. In this style two stationary gel beds are 
provided. One operates in the adsorption cycle while 
the other is being reactivated and cooled. The flow of 
dehumidifying air is interrupted only momentarily 
while the dampers change the beds from one cycle to 
the other. Gas and steam are the most common heat 
sources for reactivation. Suitable controls must be pro- 
vided for the heat source in order that the reactivation 
cycle is sufficiently long to reactivate the gel bed prop- 
erly and yet not so long as to waste heat or limit the 
cooling phase of the cycle. 

The weight of water vapor adsorbed by a given 
material depends upon the relative humidity of the air 
flowing through or over the bed, the vapor pressure of 
the water in the adsorbent bed, the temperature of the 
bed, the amount of internal and external surface of the 
adsorbent bed, and the timing of the phases of the cycle. 


Adsorption on the Psychrometric Chart 


As previously mentioned, the adsorption process 
releases the heat of condensation and the heat of re- 
action. These latent heat quantities are converted into 
sensible heat which warms the air passing through or 
over the adsorbent. Therefore, the latent heat lost by 
the air-vapor mixture is equal to the sensible heat 
gained by the air. Theoretically, the final wet bulb tem- 
perature of the air leaving an adsorption dehumidifier 
should be equal to its initial wet bulb temperature. The 
process would then appear as a straight line AB in 
Figure 7-NN, coinciding with the initial wet bulb tem- 
perature of the air. As the air is dehumidified, its tem- 
perature increases, and it theoretically leaves the 
dehumidifier in the condition represented by B. The 
exact location of B depends upon the construction and 
operating cycle of the dehumidifier. The lower the final 
dew point temperature of the air, however, the higher 
will be its final dry bulb temperature. 

In actual operation the adsorption process does not 
exactly follow a line of constant wet bulb temperature. 
The two principal reasons for this are: The heat of 
adsorption is greater than the heat of condensation (by 
an amount equal to the heat of reaction); and, the cool- 
ing phase of the cycle seldom leaves the reactivated bed 
at the same temperature it was before reactivation. 
Since the air picks up these additional heat quantities 
in flowing through the apparatus, the dry bulb tem- 
perature is actually higher than would be expected for 
a given dew point temperature. The final dry bulb 
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FIGURE 7-PP 
ADSORPTION FOLLOWED BY COOLING 


FIGURE 7-00 
ENERGY RECOVERY WHEEL WITH PURGE AIR TO MINIMIZE CROSS-CONTAMINATION 


Sensible and Latent Energy Recovery Wheels 


With the introduction of ASHRAE Standard 62- 
1989 (Ventilation for Acceptable Indoor Air Quality) 
requirements into major building codes, system de- 
signers view it as a minimum ventilation standard that 
must be met, in addition to local codes, to insure indoor 
air quality compliance of their building system designs. 
Among other things, in its prescriptive approach to 
indoor air quality, the standard prescribes minimum 
outdoor air (ventilation air) quality and quantity that 
must be introduced into the building occupied zones to 
ensure adequate air quality in them. 


When ventilation air is introduced into a building, 
the cooling and heating equipment must be sized to 
handle both the building load and the ventilation load 
at the extremes of summer and winter design condi- 
tions. To provide comfort above or below these outdoor 
temperatures that normally occur only about 2% per- 
cent of the occupied year, oversizing of equipment is 
often the norm rather than the exception. This adds 
significantly to the capital cost of the heating and cool- 
ing installed equipment. 

One of the methods of reducing the ventilation air 
system sensible and latent loads is through the use of 
heat recovery between the exhaust and intake air of the 
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building heating, ventilating, and air conditioning sys- 
tem. Several methods of accomplishing this are 
through the use of “heat pipes,” “coil run-around 
loops,” or “energy recovery wheels.” Of these, perhaps 
the most commonly applied is the “energy recovery 
wheel” which is quite easily introduced into the system 
ductwork and in many cases into the air handling equip- 
ment itself on new system installations. 

The energy recovery wheel or “heat wheel,” as it’s 
commonly called, is very simple in its design 
(Figure 7-QQ). These usually consist of wheels of var- 
ious diameters that are typically segmented into pie- 
shaped energy transfer segments that provide 
selective adsorption through the application of a three 
angstrom molecular sieve desiccant material. The 
spokes, rim and hub of the wheels are typically of a 
nonferrous material such as aluminum and are mounted 
on two bearings and an aluminum or steel shaft. The 
heat transfer segments usually snap in place between 
the spokes of the wheel or are easily cleanable in place 
at the entering and leaving edges of the transfer media. 
Such buildup can usually be vacuumed, purged with 


Effectiveness (E) is defined as the amount uf energy recovered (ie. 
sensible, latent, or enthalpy) divided by the maximum amount that 
could theoritically be recovered. 


E= Vs (X1-X2) E= 
Vmin (X1-X3) oe 


Vr (X4-X3) 

Vmin (X1-X3) 
therefore 

Supply Air Condition (X2) Exhaust Air Condition (X4) 

= X1-E (Vmin/Vs) (X1-X3) = X3+E (Vmin/Vr) (X1-X3) 


where 
Vs - supply air volume, Vr - return air volume 
XI, 2, 3, 4, - dry bulb termperature (Tdb), 
moisture content (W) or Enthalpy (H) of airstreams 
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compressed air or wiped from the rotor surface. In rare 
cases where a more thorough cleaning is required, low 
temperature steam or hot water and detergent is typ- 
ically used. 

When rotating through the counterflowing ex- 
haust and supply air streams, the heat wheel absorbs 
both sensible and latent heat from the warmer air 
stream and transfers this energy to the cooler air 
stream during the second half of its rotating cycle. In 
this manner, the wheel provides a constant flow of 
energy from the warmer to the cooler air stream. Gen- 
erally speaking, because of the large energy transfer 
surface and the slow laminar air flow through the 
wheel, the recovered energy can be as high as 82 per- 
cent of the difference in total energy contained within 
the two air streams involved. The effectiveness (E) of 
the energy wheel is generally a function of the supply 
and return air volume of the air streams, the dry bulb 
temperatures and enthalpies of the air streams. (See 
Figure 7-RR for effectiveness as defined by ASHRAE.) 
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*NOTE: If supply airflow is being monitored upstream of the 
energy wheel module, allowances should be made to account for 
the air exhausted through the purge system (purge volume). 
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ENERGY RECOVERY WHEEL EFFECTIVENESS AS DEFINED BY ASHRAE 


How Does The Energy Recovery Wheel Work? 


As the transfer core slowly rotates (approximately 
20 RPM) between the outdoor and return air streams, 
the higher temperature air stream gives up its sensible 
energy to the aluminum. This energy is then given up 
to the cool air stream during the second half of the 
revolution. 

Just as the temperature is captured and released, 
so is the moisture (latent energy). This is accomplished 
by the wheel’s desiccant coating, which has an enor- 
mous internal surface area and a strong attraction for 


water vapor. Since the opposing air streams have dif- 
ferent temperatures and moisture contents, their va- 
por pressures differ. This vapor pressure differential 
and temperature change provide the driving force nec- 
essary for the transfer of water vapor. 

The ability to recover latent energy is of para- 
mount importance in both the heating and cooling sea- 
sons. During the cooling season when the latent load is 
typically greater than the sensible load, the outdoor air 
is dehumidified. In the heating season, the costly hu- 
midification load is reduced through moisture recovery. 


CHAPTER Vil — REFRIGERATION AND COOLING APPARATUS 


Latent recovery virtually doubles the energy sav- 
ings potential recognized with the use of sensible only 
technology. It also allows for sizable cuts to be made in 
the chiller and boiler capacity, which usually offset the 
initial cost of the total energy recovery addition. 

Since the exhaust air stream is dried as it is cooled, 
frost formation can be avoided with latent recovery. 
Applications that involve humidity contro! during the 
heating season (above 30% RH) and when the outdoor 
air temperature is frequently below 15 F, preheating 
the outdoor air to avoid frost formation is usually the 
most energy efficient approach. This is because the 
total energy wheel is allowed to operate at full recovery 
on very cold days, thereby providing for maximum 
humidification recovery. (Note: Reducing the wheel 
speed to cut temperature recovery also reduces latent 
recovery.) 
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On applications where humidification is not pro- 
vided during the heating season (below 30% RH during 
cold days) and where the number of hours below 15 F 
are few, varying wheel speed to avoid frost formation 
is usually the best choice. 


Exhaust-to-Intake Air Cross Contamination — 
Use Of A Purge Section 


As rotary heat exchangers move from the exhaust 
air stream into the supply air stream, a small amount 
of the exhaust air is traversing the flutes of the transfer 
media as it passes by the seal separating the two air 
streams. If this volume of exhaust air were allowed to 
mix with the clean supply air stream, “cross contam- 
ination” would occur. 
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Such cross contamination is virtually eliminated by 
a “purge section” which is an integral part of the casing 
design. The purge section utilizes the pressure differ- 
ence which exists between the outdoor and return air 
streams to purge the transfer media with clean outdoor 
air prior to its rotation into the supply air stream. 

The purge section is normally field adjustable 
which allows for optimizing the required purge volume 
during system start-up, regardless of the pressure dif- 
ference between the outdoor and return air streams 
(provided that the return air pressure is lower than 
that of the outdoor air). 

In a good design, the purge section and labyrinth 
sealing system combine to limit cross contamination to 
.04 percent of the exhaust air concentration by volume. 
Providing for a blow-through supply fan and draw- 
through exhaust fan may limit cross contamination 
even further, and is recommended for critical applica- 
tions involving airborne contaminants. 


Selective Adsorption Capability 

With the adoption of ASHRAE Standard 62-1989 
into building codes to help enhance indoor air quality 
through proper ventilation practices, it becomes of par- 
amount importance to ensure that the energy recovery 
wheel that helps to reduce the energy penalty associ- 
ated with larger quantities of outdoor ventilation air 
utilized does not serve as a receptacle for airborne 
contaminants. This is where the term “Selective Ad- 
sorption” becomes important. Selection adsorption is 
the ability to transfer water vapor to and from the 
exhaust air stream while allowing the airborne con- 
taminants to pass unabsorbed. This is an absolute ne- 
cessity for most all energy recovery applications of this 
nature. 

Recirculating some portion of these contaminants 
back to the space is undesirable since it reduces the 
dilution ventilation efficiency (requiring from ventila- 
tion air), can cause buildup of odors and, in some ap- 
plications, result in an unhealthy environment. 

It is important to note that most desiccants such as 
silica gel, activated alumina, oxidized aluminum, and 
even some types of molecular sieves, do not provide 
selective adsorption. 

Adsorbents trap water vapor and/or other compo- 
nents within their complex internal surface area, which 
is comprised of a network of holes or pores. Molecular 
sieves are different than all other desiccants. Their 
pore diameter is completely uniform and, in the case of 
a 8A molecular sieve, can be controlled to precisely 3 
angstroms. This configuration excludes the adsorption 
of molecules that have a kinetic diameter greater than 
3 angstroms (practically all contaminants) while having 
a strong affinity for and absorbing water vapor (2.8 
angstroms). 
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Pollutant Tested Concentration | Measured by GTRI 
Methyl Isobuty! Ketone | 1840 ppb | None 
Xylenes (0, M & P} 7100 ppb | ss None 


[ Carbon Dioxide | 500 ppm _| 
[Propane |S BZ ppm 
[ Sulfur Hexafloride | 212 ppm _| 


Asummary of independent testing conducted by the Georgia Tech 

Research Institute confirming the ability of the EXCLU-SIEVE™ 

wheel to avoid contaminant cross-contamination. For more infor- 

mation, request a copy of the GTRI cross-contamination report. 

*Concentrations selected by GTRI to reflect worst case for typical 
application. 


Absorption 

Solid absorbents, such as calcium chloride, are not 
used in commercial absorption machines, since the 
physical or chemical change of solid absorbents is a 
distinct disadvantage during the sorption process or in 
attempted reactivation. For example, a tough crust 
forms on the outside of each particle of calcium chloride, 
upon absorption of water vapor, and this prevents fur- 
ther absorption even though the interior of the particle 
is unsaturated. Liquid absorbents, on the other hand, 
are extremely effective for dehumidification. They can 
be used to extract moisture from the air or release 
moisture to it, just by changing the temperature and 
concentration of the solution. 

The most important liquid absorbents include lith- 
ium bromide, lithium chloride, and ethylene glycol. The 
desirable qualities of a liquid absorbent are the ability 
to have its vapor pressure easily controlled to facilitate 
wide range of vapor flow either to or from the solution. 
The absorbent should be chemically stable so it will not 
react with piping, heat exchangers, or contaminants in 
the air. The physical properties of the absorbent should 
be such that the solution can be regenerated at a max- 
imum temperature of about 280 F. Finally, the absor- 
bent should have a reasonable cost, and, in general, be 
nonflammable, odorless, and nontoxic. 

The main components of a liquid absorbent dehu- 
midifier are a conditioner, reservoir, and a regenerator. 
These are illustrated in Figure 7-TT. Solution from the 
reservoir is pumped to the conditioner through Pipe A. 
In the conditioner the moist air comes into intimate 
contact with the absorbent solution. Water vapor from 
the air is absorbed because of the lower vapor pressure 
of the solution. 

The amount of moisture removed from the air is 
controlled by the temperature and concentration of the 
solution in the conditioner. The temperature of the 
solution is controlled by a water coil inside the condi- 
tioner. Normally water from a cooling tower is used in 
this cooling coil although chilled water can be used in 
situations requiring a low temperature in the absor- 
bent solution. A common method of controlling the 
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solution temperature is to locate an immersion ther- 
mostat in the sump of the conditioner. This thermostat 
is connected to a valve in the water line that leads to 
the cooling coil. The thermostat senses any change in 
the solution temperature and adjusts the water valve 
to control the flow through the cooling coil. 


CONDITIONED 
AIR 


REGENERATOR 


RESERVOIR 


FIGURE 7-TT 
LIQUID ABSORBENT DEHUMIDIFIER 


The absorbent solution that falls into the sump of 
the conditioner, has been diluted by the water vapor 
absorbed from the moist air. The absorbent solution is 
regenerated by pumping 10 to 15 percent of the solution 
to the regenerator. Here the solution is brought into 
contact with the hot surface of a steam coil, and the 
greater part of the vapor in the solution is evaporated. 
Scavenging air flows into the regenerator and carries 
away the water vapor boiled out of the absorbent as the 
scavenging air is exhausted to the outside. The scav- 
enging air can be air that must be vented from the 
conditioned space or it can be outside air brought to the 
unit especially for scavenging. The concentrated solu- 
tion flows from the bottom of the regenerator to the 
reservoir, where it is mixed with weak solution return- 
ing from the conditioner. 

The capacity of the absorbent solution, to extract 
water vapor from the moist air flowing through the 
conditioner, is dependent upon the temperature and 
concentration of the solution entering the conditioner. 
The higher the temperature of the absorbent solution, 
the less moisture it will absorb. Above a certain tem- 
perature, the solution will release moisture to the air; 
consequently, the air passing through the conditioner 
can be humidified if desired. 

As already indicated, the temperature of the so- 
lution is controlled by the flow rate and temperature of 
the water supplied to the cooling coil in the conditioner. 
The concentration of the solution in the reservoir is 
controlled by the proportion of the weak solution from 
the conditioner that goes to the regenerator, and also 
by the amount of steam supplied to the coils in the 
regenerator. The percentage of the absorbent solution 
being regenerated depends upon the flow rates in lines 
A and B. The flow rates may be fixed merely by the 
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sizes of the pipes, by orifices in each line, or by throt- 
tling valves. For a fixed flow rate in each pipe the 
concentration of the solution in the reservoir is con- 
trolled by the amount of steam supplied to the regen- 
erator. The steam flow can be regulated by a specific 
gravity control in the sump of the conditioner. 

A control method that gives excellent results for 
many installations consists of setting the solution con- 
centration and varying only the temperature of the 
solution. This is possible if the absorbent is lithium 
chloride for, in contrast to ethylene glycol, the quantity 
of absorbent in the unit remains fixed since lithium 
chloride is not picked up by the scavenging air. Since 
the quantity of lithium chloride in the system is con- 
stant, any dilution of the solution (by absorption of 
water vapor from the moist air) raises the liquid level 
in the reservoir. Therefore, a float in the reservoir will 
sense the amount of dilution and can be used to adjust 
the quantity of steam supplied to the regenerator. In- 
creasing the steam flow to the coils in the regenerator 
boils away more water vapor and increases the con- 
centration of the absorbent solution. This causes the 
level of the solution in the reservoir to drop; thus, the 
concentration of the solution is maintained essentially 
constant. 


Application of Chemical Dehumidifiers 


No doubt there are exceptions to any rule that 
might be written as to when or where to use sorption 
equipment for dehumidification. In general it is more 
economical to use a chemical dehumidifier for main- 
taining either a dry bulb or dew point temperature 
below 32 F. This is for the simple reason that the many 
problems, associated with the formation of ice and frost 
on refrigeration coils, are eliminated. 

Chemical dehumidifiers are particularly applicable 
to the maintenance of low humidities. The close control, 
that can be achieved with liquid absorption apparatus, 
makes it particularly desirable in the manufacture of 
pharmaceuticals, paper products, certain electronic 
equipment, safety glass, and plastics. The drying op- 
erations, in the preparation of lacquers, oils, leather, 
and plywood, can often be most advantageously con- 
trolled by using chemical dehumidifiers. 

Lithium chloride has a purifying effect on the air 
passing through the conditioner in an absorption unit. 
This feature is especially attractive in the fermentation 
rooms of breweries, for the discharge air can be deliv- 
ered essentially bone-dry at 32 F. Mold and bacteria do 
not grow under such conditions, condensation problems 
vanish, and maintenance is materially reduced. Man- 
ufacturers have found that liquid absorption dehumid- 
ifiers are economically attractive for continuous 
production in match-drying rooms, candy cooling tun- 
nels, photographic film drying alleys, and numerous 
other operations requiring clean, dry air. In certain 
manufacturing processes, for instance gelatin capsules, 


239 


the required relative humidity is not unusually low, but 
it must be accurately controlled to within + 1.0 percent 
of the setpoint. A liquid absorption dehumidifier, prop- 
erly controlled, can provide such performance. 

While workers in areas where a low relative hu- 
midity is required by a product find such conditions 
quite pleasant, low relative humidities (below 50 per- 
cent) are not generally a design requirement for spaces 
air conditioned primarily for human comfort. There are 
two guides for the application of chemical absorption 
equipment: low sensible heat ratio and low refrigerant 
temperature. If either of these exists in an air condi- 
tioning installation, chemical absorption equipment 
should be investigated. There is no sharp dividing line 
for sensible heat ratios. However, restaurants, the- 
aters, or any other space with a sensible heat ratio of 
0.75 or less, and any system with a large outside air 
requirement, might use absorption equipment to an 
economic advantage. The attractive feature is that the 
entire latent heat load can be picked up with cooling 
tower water as warm as 85 F. For air conditioning 
applications requiring refrigerant temperatures less 
than 40 F, chemical absorption equipment should be 
given consideration in initial planning. Studies have 
shown, that with a refrigerant temperature of 40 F, 
chemical absorption equipment has, in some cases, 
been more economical than compressor refrigeration 
equipment. It should be recognized, however, that the 
sensible heat ratio of 0.75 and the refrigerant temper- 
ature of 40 F are arbitrary values. 

Each job requires its own thorough study. For 
example, a compression refrigeration unit was being 
considered for a certain installation and the refrigerant 
temperature was calculated as 45 F. The economic 
study included chemical absorption equipment which 
was ultimately installed. In this instance the owner 
accepted the slightly larger space requirements and 
initial costs for the prime advantage of closer control of 
outlet air conditions. The close control is achieved be- 
cause there is no cycling of components, that is, all 
components of the unit operate continuously. 

Chemical adsorption units are bulky. Both the in- 
termittent type and the continuous type occupy con- 
siderable space compared with other dehumidification 
equipment. 

The space requirements for chemical absorption 
units are slightly greater than for a compression re- 
frigeration arrangement using only a single, direct ex- 
pansion coil. For many low temperature applications 
the compression refrigeration arrangement requires 
more than one direct expansion coil. The second coil 
almost offsets the space requirements for the regen- 
erator. Therefore, for low temperature applications, 
the space requirements for a chemical absorption unit 
are usually no greater than for any other arrangement 
that will meet the design conditions. 
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Though chemical absorption equipment serves as 
an efficient air filter, it should not be used to clean air, 
since the solution filter in the sump will clog. In addi- 
tion, eliminator plates will become coated and liquid 
carryover will likely result. For this reason, chemical 
absorption equipment should be preceded, in the sys- 
tem, by an electronic air filter or comparable air clean- 
ing device. 

Dust and other particulate matter will stick in the 
pores of the gel bed in both the intermittent and rotary 
adsorption equipment. The particles remain in the 
pores of the adsorbent during the regeneration process 
and eventually the gel must be replaced. The moist air 
to be dehumidified and the heated air for reactivation 
should always be filtered. 

The operating cost of a chemical absorption unit, as 
compared with a compressor unit, resolves itself into 
the answer of a simple question: Is the cost of steam 
less than the cost of electric power? The operating cost 
for the regenerator is the sum of the cost of electric 
power, to drive the scavenging air fan, and the cost of 
steam. A scavenging air fan will generally move from 
500 to 5,000 cfm depending upon the size of the unit. 
This amounts to a power consumption of about 0.1 to 0.8 
kW. Steam consumption under design conditions will 
vary from about 2.5 to 3.5 pounds per pound of moisture 
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removed. This consumption depends upon the steam 
pressure and the final humidity ratio of the air leaving 
the conditioner. Interesting studies have been made 
comparing the operating cost of chemical absorption 
units with air conditioning equipment using reheat 
coils. Such investigations have shown that the cost of 
steam for the reheat coils is about the same as the cost 
of steam for the regenerator of a chemical absorption 
unit selected for the same job. 

Several decades ago when chemical absorption 
equipment was first introduced, corrosion of metal 
parts was often a maintenance problem. At the present 
time the use of plastic coatings, special materials, and 
inhibitors is commonplace and corrosion difficulties are 
no more serious than the maintenance problems asso- 
ciated with ordinary liquids in condensers, heat ex- 
changers, and cooling towers. The largest source of 
maintenance has always been the regenerator section 
of the equipment. The chief problem has been with the 
hot moist air. Condensation is common in this ductwork 
and, since it is practically distilled water, it is quite 
corrosive. Manufacturers are now using special mate- 
rials for the steam coils and scavenging air fan and 
regenerator equipment is now expected to have a 
useful life often equal to that of the building in which 
the absorption equipment is installed. 


PROBLEMS 


7-1. Why is the variable displacement, centrifugal compressor or- 
dinarily only built in higher capacity ranges? 

7-2. What is the most economical method of controlling capacity in 
a centrifugal compressor? What other advantages does it have? 


7 3. How is changeover, from heating to cooling, accomplished in a 
fixed refrigerant circuit heat pump? In a variable refrigerant 
circuit heat pump? 

7-4. How is steam used in the absorption process? 

7-5. A control element in the leaving chilled water line of an ab- 


sorption machine is the best method of controlling capacity. 
How does this control function? 


7-6. What is the main advantage of an ice storage system? 


7-1. Explain how air can flow through a washer and come out drier 
than it entered. 


7-8. Calculate the refrigerating effect for the washer in Example 7-4 
of the text. 


7-9. Based on the quantity of air entering the washer, how much 
moisture in grains per hour is removed from the air flowing 
through the washer in Example 7-4 of the text. 


7-10. In Example 7-4 of the text assume that the precooling coil was 
not in use. If all other conditions remain the same, including the 
chilled water supply of 300 gpm at 42 F, locate the point on the 
psychrometric chart representing the condition of the air leav- 
ing the washer. Compare this with point E. 


7-11. Suppose that in Example 7-5 of the text the initial water 
temperature rises 2 degrees to 43 F. The initial conditions of 
the air remain at 87 DB and 72 WB and the water quantity is 
still 15 gpm per 1000 cfm of air. Compare the performance of 
the washer with point H in Figure 7-BB. 


7-12. Calculate the heating effect for the washer in Example 7-8 of 
the text if it operates as in part (a). What is the heating effect 
for operation as in part (b)? 


7-13. In example 7-8 of the text assume that steam is available at 
2 psig and the specific volume of the outside air is 11.7 cu ft per 
pound. How many pounds of steam per hour will be required 
by the preheat coil? By the reheat coi] for operation in part (a) 
and in part (b)? 


7-14. Explain the difference between adsorption and absorption. 


CHAPTER VIII 


USE OF WATER IN AIR CONDITIONING 


The previous chapter discussed various refrigera- 
tion systems used for air conditioning with particular 
emphasis upon the centrifugal compressor, the heat 
pump, and the absorption machine. The discussion 
dealt with the main components of each refrigeration 
system as well as the operation and control of the 
various systems. This chapter will deal with certain 
supporting equipment that is essential for the opera- 
tion of one or more of the refrigeration systems, and 
with another very important subject — use of water for 
conditioning air and condensing refrigerants. 


Water Supply 


Large quantities of water are required for some air 
conditioning systems. The amount depends upon the 
type and capacity of the refrigeration system. If water 
is available in sufficient quantities and at a low enough 
temperature, it can be used to cool air for air condi- 
tioning as discussed in Chapter VII. 

The three major sources of water supply are mu- 
nicipal water systems, surface water, and well water. 
The chemical properties of each source are quite vari- 
able. A knowledge of these characteristics, and how to 
treat them, is necessary for the most efficient operation 
and maintenance of a refrigeration plant. 


City Water 

There are many localities where city water is used 
extensively for condensing purposes in mechanical re- 
frigerating plants. The use of city water for this pur- 
pose has many advantages. Among these are the low 
initial cost and the fact that little or no equipment 
requiring service and maintenance is needed. The cost 
of bringing city water into a building is usually mate- 
rially less than the initial cost of installing equipment 
for cooling refrigerant condenser water. 

If city water is available for condensing purposes, 
the temperature of such water becomes an important 
consideration. At a fixed condensing temperature, cool 
water can accept a greater amount of heat than warm 
water. Thus, a smaller quantity of water will be re- 


quired to remove the same amount of heat from the 
condenser. Consequently, the operating expense for 
condensing water will be less if the water is cool rather 
than warm. 

The source of water supply and its temperature is 
given for some United States cities in Table 8-2. Since 
the temperature was taken at the source of supply, it 
should be kept in mind that the temperature at the 
point of use will vary with the nature of the distribution 
system. The water mains in some cities are quite deep 
so there is little rise in temperature as the water flows 
throughout the city. In some cities the mains are rel- 
atively shallow and water temperature may increase as 
much as 15 degrees Fahrenheit in traveling to remote 
sections of the distribution system. 


Surface Water 


Water from rivers, lakes, and creeks is classified as 
surface water. The principal advantages of using sur- 
face water for condenser cooling are: surface water is 
virtually free. Only alow pumping head is required, and 
capital need not be expended to drill an expensive well. 
The disadvantages of using surface water are: the cost 
of filtering equipment, decrease in supply in times of 
drought, increase in temperature during summer 
months, upstream pollution, and possible floods. 

With surface water use, filtering or sediment ba- 
sins are required to keep the maintenance of condens- 
ers within reasonable limits. The cost of intake 
structures and screening for the use of river water is 
related to the volume of water that must be handled. 
Sometimes such equipment is quite expensive. Ordi- 
narily, the cost of such equipment for lake water will be 
considerably less than that for river water because of 
the absence of debris plus a lower amount of solids in 
suspension. 

The water flow rates of streams, under consider- 
ation as water sources, should be known in order that 
the flow rate during a drought can be predicted. The 
rise in water temperature during periods of low flow 
should also be taken into account. In certain instances 
a conservation dam may be the answer for the contin- 
gency of an extended drought. In the case of river 
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water there may be the hazard of upstream pollution by 
other users of the river. The arrangement and strength 
of the intake structure must be such that it will not be 
damaged by floating debris during flood stage or by ice 
jams in the spring. In the case of lake water, careful 
attention must be given to separate the intake from the 
warm water being returned to the lake. The intake and 
return must be far enough apart so that the return 
water will cool before it can reenter the supply intake. 
Usually the return water is discharged near the surface 
and the supply intake located near the bottom of the 
lake. When considering surface water as a supply 
source of condenser water, water temperature as well 
as flow rates should be known. Such data can usually 
be obtained from stream gaging stations operated by 
the United States Geological Survey or from an appli- 
cable state agency. Investigation should also be made 
of any existing laws regulating the return of water to 
a stream after it has been used. 


Well water is used extensively for condensing pur- 
poses in mechanical refrigeration plants; usually where 
city water is too expensive or too warm to be used 
economically. 

Most of the water obtained from wells is rain water 
which has seeped downward until it reaches a rock or 
clay stratum that is impervious to water. As a result, 
the porous layers above this stratum become filled with 
water. Because there is also a lateral or sideward seep- 
age of water, the upper level of the water is at some 
distance below the earth’s surface. The water held by 
the earth above the impervious rock or clay layers is 
known as ground water. The upper surface of such 
ground water is known as the water table or the ground 
water level, and its relation to the surface of the earth 
is shown in Figure 8-A. Occasionally the water table is 
at the surface of the earth as in swamps. 


SURFACE 
OF EARTH 


FIGURE 8A 
WATER TABLE 


Unlike the exposed water surface of a lake, the 
water table is not perfectly level. It varies more or less 
with the contour of the surface of the earth, being 
highest under hills and lowest in valleys. Frequently a 
water-bearing layer of gravel may underlie an imper- 
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vious layer of rock or clay as shown in Figure 8-B. In 
order to obtain water from rainfall, such a layer must 
crop out at some point on the earth’s surface. Such an 
outcropping, which may be many square miles in area, 
is known as a catchment area. Rainfall seeps through 
the surface of the catchment area and flows along the 
channel formed by the two layers of impervious mate- 
rial. 

The catchment area may often be elevated many 
feet above the point where a well is drilled through the 
roof, or upper layer, and flow through the water- bear- 
ing gravel is slow. The water confined in the channel 
formed by the two impervious layers exerts pressure 
upon the roof or upper layer exactly as though the 
water were in a pipe. Because of these factors, there is 
often a relatively high head of water in a well such as 
the one illustrated in Figure 8-B. Wells, which pene- 
trate such an impervious roof layer to reach a water- 
bearing stratum, are called artesian wells. 


WATER CATCHMENT AREA 


SURFACE OF EARTH 


Temperature of Well Water 


The temperature of the crust forming the surface 
of the earth changes with the temperature of the air 
above it. However, the temperatures of the various 
strata below the surface change much more slowly 
because of the insulating effect of the upper layers. As 
aresult, the deeper the earth is penetrated, the smaller 
is the total annual change in the temperatures of the 
various strata. 

The map of Figure 8-C, prepared by the United 
States Geological Survey, may be used to predict the 
probable temperature of ground water at depths from 
30 to 60 ft in various localities. The lines on this map are 
based on a map drawn by the United States Weather 
Bureau showing annual air temperatures. Investiga- 
tions by the United States Geological Survey show that 
the temperature of ground water at a depth of 30 to 60 
ft will generally exceed the mean annual air tempera- 
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ture by 2 or 3 degrees. As the map of Figure 8-C is 
necessarily generalized, it is suggested that a closer 
approximation of the ground water temperature in a 
specific locality can be made by obtaining the mean 
annual air temperature data from the nearest United 
States Weather Bureau station. It should be pointed 
out that Figure 8-C does not reflect any increase in 
water temperature caused by the use of recharging 
wells. Recharging wells will be explained later. 

The temperature of well water usually increases 
with the depth at which it is obtained. In general, it is 
estimated that the temperature of well water will in- 
crease, above the temperature of the water at the 30 to 
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60-foot level, by one degree for every 64 ft of depth. For 
practical purposes, the temperature of ground water 
obtained from depths of 20 to 200 ft may be assumed 
to be about as shown in Figure 8-C. If the well water 
comes from a depth greater than 200 ft, the increase in 
temperature may be estimated by assuming an in- 
crease of one degree for each 64 ft of depth. 

The results estimated by this method will not agree 
with actual data in some localities, but in general the 
procedure provides fair results. For example, three of 
the municipal wells at Glendale, Arizona are of the 
depths indicated in the second column of the following 
table. 


FIGURE 8-C 


Temperatures for the third column are estimated 
as follows: The temperature of well water from Figure 
8-C is read as 67 F; the temperature correction for Well 
A is then: 


Temperature Correction = 1700-60 
64 
= 26 (approximately) 


The estimated delivery temperature is then, 


Estimated Temperature = 67 + 26 
= 93 F 

The last column gives approximate average tem- 
peratures measured at the wellhead. This clearly illus- 
trates that the particular strata at Glendale, Arizona 
will yield warmer water than the approximation of one 
degree rise in temperature per 64 ft in depth. Also, it 
should be noted that the warmest water of the wells 
given is not from the deepest well. 
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Recharging 


Water is one of our greatest natural resources. 
Unfortunately, our water supply is often taken for 
granted and there is a tendency to regard it as inex- 
haustible. Heavy water demands by industries for pro- 
cessing, manufacturing and air conditioning have 
caused an alarming drop in the water table in some 
localities. One method used to help slow this drop is 
recharging. 

Recharging is the process of returning water to the 
ground after it has been used. Normally recharging is 
accomplished by dumping or pumping used water into 
a well. The well is then referred to as a recharge or 
disposal well. Other methods of recharging are to dump 
used water into an abandoned gravel pit or create an 
artificial lake and use it for employee or public recre- 
ational purposes. 

In the usual case, water used for recharging is not 
polluted or contaminated but is merely warm water 
that has been used for condensing purposes. In theory, 
the warm water will cool to the natural ground water 
temperature as it flows through water-bearing gravel 
toward a supply well. 

In some instances a water survey has disclosed 
that within the water-bearing stratum the under- 
ground water movement is in a particular direction. In 
such cases two wells can be drilled reasonably close 
together, say, 100 ft. The upstream well can be used as 
a source for condenser water and the downstream well 
used for recharging. In such cases there is no mixing of 
the return water and the supply water. 

In some communities local authorities will not 
permit well water for once-through condenser cooling 
unless another well is provided for recharging. 


Welt Drilling 


The tubular well is the only type of well used to any 
extent in air conditioning. It may be a shallow well of 
100 ft or less in depth, where water-bearing sand and 
gravel is close to the surface of the earth, or it may be 
several hundred feet deep. 

Such a well must be cased; that is, lined with steel 
pipe or casing to prevent caving of material into the 
well hole from formations above the one from which the 
water is obtained. Sometimes water from an upper 
formation may be undesirable for some reason. In such 
circumstances, the casing also serves to prevent un- 
desirable water from flowing into the well. The well 
casing should always extend completely through for- 
mations of sand and gravel, or of glacial drift. However, 
where a well passes through thick beds of impervious 
clay or dense rock, the casing may occasionally be omit- 
ted. When this is done, the bottom of the steel casing 
passing through the formation above must be firmly 
seated in the rock. Where the casing is omitted through 
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a rock formation, the bore of the well through the rock 
itself should be reduced slightly in order to provide a 
firm rim for tightly seating the casing which terminates 
above it. 

Screens are installed at the bottom of the casing 
when the water is obtained from a sand and gravel 
formation. These screens prevent sand from entering 
the well along with the water. 
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Drawdown 


When no water is being pumped from a well, the 
water will stand at the normal level of the water table. 
The water table is the static water level of the well. 
When the well is being pumped, the water level will 
drop to some stationary point below the water table. 
This drop in level is called drawdown and is illustrated 
in Figure 8-D. 

To determine the drawdown, first measure the 
static water level. Next, start the pump and find the 
new water level. The difference in the two water levels 
is the drawdown. The drawdown of a well does not have 
any fixed value, but depends upon the rate water is 
pumped from the well. 

After a well has been finished and properly devel- 
oped, a drawdown test should be made at various 
pumping rates. For this purpose, a temporary pump 
should be used, as a permanent pump should not be 
ordered until a test has indicated the pumping rate that 
the well can stand with a reasonable drawdown. 

The flow of water is adjusted for various pumping 
rates, and after a steady level has been reached, the 
drawdown can be measured for each pumping rate. The 
drawdown for each pumping rate should then be plot- 
ted on a chart such as that of Figure 8-E. Often these 
charts yield a straight line, but they may also yield a 
curve. 


DRAWDOWN IN FEET 
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FIGURE &8-E 
DRAWDOWN CURVE 


The head against which a pump must operate is 
closely related to the drawdown. It is apparent that the 
greater the drawdown, the greater is the vertical dis- 
tance through which the pump must lift the water. The 
pump selected should not be of so great a capacity that 
an excessive drawdown will result at the normal pump- 
ing rate. 
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In some cases, a well may be considered superior 
to another because the first well yields a greater quan- 
tity of water. Actually, the second well may be superior 
to the first. Any statement regarding a pumping rate 
that does not mention the drawdown accompanying 
that rate is meaningless. 


Diameter of Wells 

There is a mistaken impression that the yield of a 
well depends to a large extent upon its diameter. It is 
generally agreed that the diameter of a well has little 
influence upon its capacity. Thus, doubling the diam- 
eter of a well would probably not increase its yield more 
than approximately 20 percent. 

Although wells should be plumb and straight, they 
are not always drilled so. For this reason, it is a good 
plan to have the well two inches larger in diameter than 
the outside diameter of the pump bowls. If the well is 
slightly out of alignment, this clearance may still per- 
mit the pump to hang freely in the well. 


Adjacent Wells 


Occasionally an increased water supply is needed 
which cannot be obtained from an existing well. Under 
these circumstances, a second well may be driven. 

Because of the greater depression of the water 
table, two wells will not yield double the quantity of 
water of the first well at the original drawdown. It has 
been estimated that if two 6-inch wells are drilled ap- 
proximately 10 feet apart, the capacity of both wells for 
the same drawdown will be only about 30 percent 
larger than that of the original well; if the wells are 100 
feet apart, the capacity of both wells will be about 60 
percent larger than that of the original well. Because 
of this, it is generally unwise to drill two wells close to 
each other; they should be as far apart as possible if the 
maximum yield of water is desired. 


Screens 


Wells sunk in sand and gravel should have slotted 
screens at the bottom to exclude sand and gravel from 
the well. The design and setting of these screens is 
important because they usually affect the yield and 
drawdown of the well. The openings in screens for deep 
wells consist of narrow slots around the circumference 
of a cylinder as shown in Figure 8-F. 

The width of the screen slots should be determined 
entirely by the size of the sand particles in the forma- 
tion. They should be of such width that fine sand can 
flow into the well, with coarse sand and gravel ex- 
cluded. By removing the fine sand from the formation 
surrounding the screen, a coarse gravel filter is formed 
around it. The various manufacturers of screens pro- 
vide facilities for analyzing samples of sand from wells 
and recommending the proper slot width. 
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FIGURE 8-F 
DEEP-WELL PUMP 


Pumps for Wells 


There are three main types of pumps that can be 
used for deep-well installations. The first is the plunger 
pump which consists of a submerged cylinder with a 
reciprocating piston operated by a long rod extending 
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from the surface down into the well. This type of pump 
is commonly used for capacities of approximately 50 
gpm or less, although it can be obtained for somewhat 
larger capacities. Such pumps are widely used for small 
wells. 

The second type is the airjet pump, which utilizes 
compressed air bubbling through a column of water to 
cause a flow of water from the well to the surface. 
Because this type of pump has a higher initial cost than 
any other type, and because its efficiency is the lowest 
of all types, it is seldom used. 

The third type of pump, and the one most com- 
monly used, is the deep-well centrifugal pump. This 
type is based on exactly the same principle as the 
ordinary horizontal centrifugal pump. The only differ- 
ence is that the shaft is vertical and that the casing on 
the pump — commonly called the bow! on deep-well 
pumps — is entirely submerged in the well. A long shaft 
extending from the surface down to the submerged 
bowls drives the impellers. The motor for driving the 
shaft is located at the surface. The centrifugal pump is 
used in practically all deep-well installations. It is rel- 
atively inexpensive, and has now been developed to the 
point where its efficiency is high enough to permit 
economical operation. 


Estimating Cost of Condenser Water 


In the planning of any sizable air conditioning 
plant, a detailed study of the economics of condenser 
water should be made. A study should include: water 
requirements, sources of water, pumping costs, treat- 
ment costs, and disposal facilities. Such an investiga- 
tion will have an important bearing on the type of air 
conditioning system selected. 

The estimated equivalent full-load operating hours 
of the refrigeration equipment used for air conditioning 
are given in Table 8-1. This table covers several types 
of occupancy, the hours open for business from May 15 
to October 15, and the equivalent full-load operating 
hours. The data in this table are averages and consid- 
erable variation may be expected because of a longer 
or shorter air conditioning season and local variations 
in the number of hours open for business. The electric 
utility and weather bureau are usually the most accu- 
rate sources of local information. 

In an earlier chapter, the need for noncorrosive, 
clean, and inexpensive water for condensing purposes 
was discussed as well as the four common types of 
water cooled condensers. The quantity of condenser 
water required and the allowable temperature rise of 
the water were also discussed and illustrated by ex- 
amples. Knowing the water flow rate for a condenser, 
the cost of condenser water can be estimated from the 
following equation. 
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C=0.06c VTE 


C = Annual cost of condenser water, dollars 

ec = Cost of water, dollars per 1000 gallons 

V = Water quantity, gpm per ton 

T = Refrigeration at design load, tons 

E = Equivalent full load operating hours per year 


(8-1) 


Example 8-1: 


A water cooled condenser is being considered for a 5 ton 
packaged air conditioning unit serving a dress shop in a 
Chicago suburb. Municipal water for condensing pur- 
poses costs 28 cents per 1000 gallons. Estimate the 
annual cost of condensing water. 


Solution: 


Assuming a temperature rise of 15 degrees, and 
using the factor 28.8 from Chapter VI, the flow rate 
of condenser water can be estimated as 
V = 288 
15 
= 1,92 gpm per ton 
Referring to Table 8-1, the equivalent full-load op- 
erating hours for a dress shop is determined at 675 
for Chicago. 
Using equation 8-1, 
C=0.06xexVxTxE 
= 0.06 x 0.28 x 1.92 x 5 x 675 
= $108.86 


Example 8-2: 


An air conditioning survey is being made for a depart- 
ment store in St. Louis and the following data are avail- 
able: 


Centrifugal compressor, 512 tons with leaving condenser 
water at 85 F. 

Well water available at 62 F. 

Pumping cost, including power, labor, distribution, am- 
ortization, etc., 9.5 cents per 1000 gal. 


Estimate the annual expense for condenser water. 


Solution: 


Using the factor 28.8 (Chapter VI) the flow rate 
through the condenser is 
V= 288 
85 - 62 
= 1.25 gpm per ton 
Using equation (8-1): 
C=007xcxVxTxE 


= 0.06 x 0.095 x 1.25 x 512 x 1000 
= $3,648.00 
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Water Conservation 


Initial cost, pumping costs, sewage taxes, and legal 
restrictions on water usage must be carefully consid- 
ered when water cooled condensers are used in air 
conditioning systems. In many areas, these factors 
have eliminated the “‘once-through” method of con- 
denser cooling. In some communities a sufficient supply 
of water is just not available and in others, the capacity 
of the sewage system is not great enough to dispose of 
the water from water cooled condensers. 

The principal water conservation means are: re- 
charging wells and the evaporative devices of cooling 
ponds, cooling towers, and evaporative condensers. 


Cooling Water by Evaporation 


In an earlier chapter, five general cases of air 
moving through a spray chamber were discussed. Here 
the emphasis was on the increase in humidity ratio of 
the air as it went through the spray chamber. In a 
cooling tower, on the other hand, the emphasis is on the 
decrease in water temperature. Therefore, a cooling 
tower is arranged to give the maximum drop in water 
temperature for the design inlet air conditions. Only a 
negligible amount of heat is transferred through the 
walls of the cooling tower. Since the temperature of the 
water decreases in falling through the tower, the heat 
transfer (loss by the water) required to bring about this 
temperature change is called sensible heat loss. The 
heat lost in cooling the water, as it falls through the 
tower, is transferred to the air passing through the 
tower. The water is cooled slightly by the air, but most 
of the cooling is because of a small part of the water 
evaporating into the moving air stream. The amount of 
water evaporated is known as the evaporation loss. 

The latent heat for the evaporation process is sup- 
plied by the sensible heat from the droplets of water 
falling through the air. The cool water in the sump is 
then available for another trip through the condenser 
and, in this way, all heat transferred from the condens- 
ing refrigerant vapor to the water is, in turn, trans- 
ferred to the atmosphere. If all the heat lost by the 
water became latent heat, the evaporation would the- 
oretically not exceed 1.0 percent of the water supply to 
the tower for every 10 degrees the water is cooled. 

A cooling tower will cool water below the dry bulb 
temperature of ambient air. The cooling effect by evap- 
oration is completely dependent upon the ability of the 
surrounding air to absorb moisture; this is directly 
related to the ambient air wet bulb temperature. No 
method of heat transfer is 100 percent efficient so water 
is never cooled to its lowest potential — the wet bulb 
temperature. The difference between actual cold water 
temperature and existing wet bulb temperature is 
termed “approach to the wet bulb,”’ commonly short- 
ened to approach. The actual number of degrees the 
water temperature is reduced is known as the cooling 
range. “Range” and “approach” are the yardsticks of 
performance for any device cooling water by evapora- 
tion and are illustrated in Figure 8-G. 
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FIGURE 8G 
THE TERMS “RANGE” AND “APPROACH” AS APPLIED 
TO COOLING TOWERS 


Drift is the percentage of the warm water en- 
trained by the air and carried away from the cooling 
device. The average drift loss for various water cooling 
methods is given in Table 8-3. 

It is the function of a device which cools water by 
evaporation to speed up the evaporation process and to 
cause the heat to transfer rapidly from the water being 
cooled to the air. The evaporation of one percent of a 
quantity of water will theoretically reduce the temper- 
ature of the remaining 99 percent by approximately 10 
degrees. Cooling water devices can be smaller, and still 
achieve a given range for a certain volume of water, if 
the cooling effect is accelerated. The following factors, 
taken singly or in combination, can be used to accel- 
erate the cooling 

1. Breaking up the flow of water into droplets for 
exposure of greater water surface. 

2. Increasing the wetted surface to expose more wa- 
ter to the air. 

3. Increasing the heat transfer potential by increasing 
the air flow. 

These points will be illustrated in the following 
discussion of spray ponds and cooling towers. 


Spray Pond 

One of the oldest and simplest methods for cooling 
water by evaporation is the spray pond. A spray pond 
consists of nothing more than a large number of nozzles 
located above a collecting basin. The nozzles, turned 
upwards, deliver the water a short distance into the air 
and radially for some distance around. Inasmuch as the 
water is broken up into fine drops, a large area is 
brought into contact with the air and the water is cooled 
before it drops into the collecting basin. 

Spray ponds must be located where the air can 
circulate freely through the spray. Consequently, in 
cities, spray ponds are generally installed on roofs of 
buildings. In order to prevent entrained moisture 
(drift) from being carried to adjacent properties by the 
wind, it is necessary to install a louver fence around the 
entire spray pond. 
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The important design considerations for a spray 
pond are: wind direction, wind velocity, and wet bulb 
temperature. Since all three of these factors change 
many times each day, the design of a spray pond must 
be based upon average conditions. A spray pond is 
relatively inexpensive to install and has a low operating 
and maintenance cost. The disadvantages of a spray 
pond, in comparison with a cooling tower or an evap- 
orative condenser, are large space requirements and 
high drift loss. 

The following are general practices in the design of 
spray ponds. 

Rows of nozzles are positioned from 3 to 6 feet 
above the pond surface and deliver warm water ver- 
tically. The capacity of nozzles varies from about 10 to 
50 gpm at pressure ranges of 5 to 15 psi. Nozzles are 
laid out to deliver from 0.2 to 0.8 gpm per sq ft of pond 
area and generally have a minimum clearance of 15 ft 
to the nearest fence. As previously mentioned, drift 
loss is high for a spray pond. Drift loss averages from 
5 to 8 percent of the warm water supplied and is caused 
by the following design factors: 

1. Height of nozzles above pond level. 

2. Nozzle pressure. 

3. Distance between nozzles and pond fence. 
4. Height of pond fence. 


Cooling Towers 


Cooling towers are classified according to the 
method of moving air through the tower as natural 
draft or mechanical draft. 


Natural Draft 


Natural draft towers utilize no mechanical device 
(fan) to create air flow through the tower. The atmo- 
spheric type known as the hyperbolic natural draft 
tower (Figures 8-H and 8-J), is extremely dependable 
and predictable in its thermal performance. Air flow 
through this tower is produced by the density differ- 
ential that exists between the heated (less dense) air 
inside the stack and the relatively cool (more dense) 
ambient air outside the tower. Typically these towers 
tend to be quite large (250,000 gpm and greater) and 
occasionally in excess of 500 feet in height. 

Their name, of course, derives from the geometric 
shape of the shell, although these towers are more 
expensive than other conventional tower types, they 
are used extensively in the field where large unified 
loads exist and where long amortization periods allow 
sufficient time for the absence of fan power (and me- 
chanical equipment maintenance costs) to recoup the 
differential cost of the power. However, because nat- 
ural draft towers operate most effectively in areas of 
higher relative humidity, many plants located in arid 
and/or higher altitude regions find mechanical draft 
towers more applicable. 
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FIGURE 8-H 
COUNTERFLOW NATURAL DRAFT TOWER 


Mechanical Draft 


Mechanical draft towers use either single or mul- 
tiple fans to prove flow of a known volume of air 
through the tower. Thus their thermal performance is 
considered to be more stable and is affected by fewer 
psychrometric variables than that of the natural draft 
atmospheric towers. The presence of fans also provides 
a means of regulating air flow to compensate for chang- 
ing atmospheric and load conditions through fan ca- 
pacity modulation of speed and/or cycling. 

Mechanical draft towers are categorized as either 
“induced draft” wherein a fan located in the exiting air 
stream draws air through the tower or “forced draft” 
in which the fan is located in the ambient air stream 
entering the tower, and the air is blown through the 
tower. 


induced Draft 


An induced draft cooling tower is provided with a 
top-mounted fan that induces atmospheric air to flow 
up through the tower, as warm water falls downward. 
An induced draft tower may have only spray nozzles for 
water breakup or it may be filled with various slat and 
deck arrangements. There are several types of induced 
draft cooling towers. 

In a counterflow induced draft tower, Figure 8-K, 
a top-mounted fan induces air to enter the sides of the 
tower and flow vertically upward as the water cascades 
through the tower. The counterflow tower is particu- 
larly well adapted to a restricted space as the discharge 
air is directed vertically upward, and the sides require 
only a minimum clearance for air intake area. The pri- 
mary breakup of water may be by either pressure 
spray or by gravity from pressure filled flumes. 
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FIGURE 8J 
CROSSFLOW NATURAL DRAFT TOWER 


A doubleflow induced draft tower, Figure 8-L, has 
a top-mounted fan to induce air to flow across the fill 
material. The air is then turned vertically in the center 
of the tower. The distinguishing characteristics of a 
doubleflow induced draft tower are the two air intakes 
on opposite sides of the tower and the horizontal flow 
of air through the fill sections. 

Comparing counterflow and doubleflow induced 
draft towers of equal capacity, the doubleflow tower 
would be somewhat wider but the height would be 
much less. Cooling towers must be braced against the 
wind. From a structural standpoint, therefore, it is 
much easier to design a doubleflow than a counterflow 
tower as the low silhouette of the doubleflow type 
offers much less resistance to the force of the winds. 

Mechanical equipment for counterflow and double- 
flow towers is mounted on top of the tower and is 
readily accessible for inspection and maintenance. 
The water distributing systems are completely open 
on top of the tower and can be inspected during oper- 
ation. This makes it possible to adjust the float valves, 
and clean stopped-up nozzles while the towers are 
operating. 

The crossflow induced draft tower is a modified 
version of the doubleflow induced draft tower. The fan 
in a crossflow cooling tower, Figure 8-M, draws air 
through a horizontal opening and discharges the air 
vertically. 

In some situations, an indoor location for the coo}- 
ing tower may be desirable. An induced draft tower, of 
the counterflow or crossflow design, is generally se- 
lected for indoor installation. Two connections to the 
outside are usually required: one for drawing outdoor 
air into the tower, and the other for discharging it back 
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to the outside. A centrifugal blower is often necessary 
for this application to overcome the static pressure of 
the ductwork. Many options are possible as to point of 
air entrance and air discharge. This flexibility is often 
important in designing an indoor installation. Primary 
water breakup is by pressure spray and fill of various 
types. 

An indoor installation of an induced draft counter- 
flow cooling tower is shown in Figure 8-N. In this 
particular case, air required for operation of the tower 
is being taken from the basement. As the cooling tower 
fan is therefore exhausting air from the building, the 
quantity of air exhausted must be included in sizing the 
outside air intake for the air conditioning system. 
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FIGURE 8-L 


A DOUBLEFLOW INDUCED DRAFT COOLING TOWER 


cc 
Air In 
Ee 


TRANE AIR CONDITIONING MANUAL 


The induced draft cooling tower, for indoor instal- 
lation, is usually a completely assembled packaged unit; 
but is so designed that it can be partially disassembled 
to permit passage through limited entrances. Indoor 
installations of cooling towers are becoming more pop- 
ular. External space restrictions, architectural compat- 
ibility (including aesthetics), convenience for 
observation, diagnostics and maintenance all combine 
to favor an indoor location. The installation cost is 
somewhat higher than an outdoor location. Packaged 
towers, such as Figure 8-N, are generally available in 
capacities to serve the cooling requirements of refrig- 
eration plants in the 5 to 100 ton range. 
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FIGURE 8M 


A SINGLE FLOW CROSS-FLOW INDUCED DRAFT COOLING TOWER 
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FIGURE 8-N 


AN INDOOR COOLING TOWER INSTALLATION 
{The Marley Company} 
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FIGURE 8-0 
FORCED DRAFT, COUNTERFLOW, BLOWER FAN TOWER 
Forced Draft 
A forced draft cooling tower uses a fan to force air 
into the tower. In the usual installation, the fan shaft 
is in a horizontal plane. The air is forced horizontally 


through the fill and upwards to be discharged out the 
top of the tower, as shown in Figure 8-0. 


Materials 
Redwood has been the standard construction ma- 
terial for large field erected cooling towers for many 


years. Though cypress as well as treated fir and pine 
have been used occasionally, these materials have not 
enjoyed a wide application. Casings constructed of lam- 
inated waterproof plywood, fiberglass and plastics are 
used. Such casings, as well as other noncorrosive ma- 
terials at critical points, are essential in areas having a 
highly corrosive atmosphere. Nails, bolts and nuts of 
copper, aluminum or other corrosion resistant materi- 
als, are almost standard practice for cooling tower con- 
struction. 

Factory packaged cooling towers in small to inter- 
mediate sizes for condenser water cooling commonly 
use heavy-gauge hot dip galvanized steel construction 
for sides and structural members with various non- 
corrosive materials such as PVC for wet deck fill, drift 
eliminators and water distribution systems. Suction 
strainers are typically furnished with stainless steel 
construction. For the more severe coastal region en- 
vironments, fiberglass-reinforced polyester construc- 
tion of casings, fan decks and cold water basins are 
sometimes combined with stainless steel structural 
members (i.e. fan supports, etc.) to provide maximum 
corrosion protection from the adverse environmental 
elements. (Figure 8-P shows a typical induced draft 
counterflow tower with FRP construction.) 

Fire ordinances of a large city may require that no 
wood be used in construction of cooling towers. With 
steel or some other fireproof casing and without fill, a 
cooling tower will comply with the most restrictive 
ordinances. 
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FRP Fan Deck and Cylinder 
FRP Casing Panels 
PVC Inlet Louvers 


FRP Cold Water Basin 


FIGURE 8-P 


PACKAGED COOLING TOWER WITH CORROSION RESISTANT FRP CONSTRUCTION 
(Courtesy of EVAPCO, Inc.) 


Maintenance 


Water treatment is an important part of the oper- 
ation of a cooling tower. The evaporation of water from 
a cooling tower leaves certain solids behind — the same 
sort as the lime in a tea kettle. Recirculation of the 
water in the condenser-cooling tower circuit, and the 
accompanying evaporation, ultimately causes the con- 
centration of solids to increase. This concentration 
must be controlled or scale and corrosion will result. 

Though draining the system from time to time and 
refilling with fresh water is one method of control, it is 
not recommended, since after refilling the dissolved 
solids again build up to a dangerous concentration. A 
more common practice is to waste a certain amount of 
water continuously from the system to the sewer. The 
water to be wasted is called blowdown. Blowdown is 
sometimes accomplished by wasting sump water 
through an overflow. A better practice, however, is to 
bleed the required quantity of blowdown from the 
warm water leaving the condenser on its way to the 
cooling tower. A mineral salt buildup (calcium bicar- 
bonate concentration) of 10 grains per gallon is consid- 
ered the maximum allowable concentration for 
untreated water in the sump if serious corrosion and 
scaling difficulties are to be avoided. 


Theoretically the evaporation rate is 1.0 percent of 
the water supplied to the tower for every 10 degrees 
the water is cooled. The highest evaporation rate will 
occur when the tower is used for the longest range and 
in the hottest weather. An assumed evaporation rate of 
0.8 percent of the inlet water flow for every 10 degrees 
of cooling is a reasonable approximation for the great 
majority of atmospheric conditions. 

The amount of blowdown can be estimated from 
the following equation: 


H 
B= m E = 
Hi, - H. — 


where 


B= blowdown, gpm 

H,, = hardness of make-up water, grains per gallon 
H, = hardness of sump water, grains per gallon 

E evaporation, gpm 


In Equation 8-2 the hardness is expressed in grains 
per gallon but, since H,,  isaratio, the same result 
H, - Hm 
will be obtained by using the hardness in parts per 
million. 
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Determining the hardness of a sample of water is 
an easy test to make and requires simple equipment 
and chemicals to perform. If the hardness of the sump 
water is not readily available, the blowdown can be 
adjusted to one-half of the evaporation rate. This means 
the hardness of the water in the sump will be approx- 
imately three times the hardness of the make-up water. 
This has been satisfactory for some cooling tower in- 
stallations. 

Suppose the make-up water has a hardness of 8 
grains per gallon and the salt concentration in the sump 
is to be maintained at 10 grains per gallon. Then the 
blowdown, according to Equation 8-2, must be four 
times the evaporation rate. This is considered to be a 
heavy blowdown rate. 

In many instances the make-up water contains dis- 
solved salts in excess of 10 grains per gallon. It is 
obvious, then, that even 100 percent blowdown will not 
maintain a sump concentration of 10 grains. If the blow- 
down alone will not maintain satisfactory control, then 
chemicals should be used. 

Make-up water for a cooling tower is the sum of 
drift loss, evaporation, and blowdown. The drift loss for 
mechanical draft towers will range from 0.1 percent of 
the total water being cooled for the better designs to 
as much as 0.3 percent, see Table 8-3. In estimating 
make-up for a cooling tower, the higher value of 0.3 
percent for drift is suggested. If the drift loss is actually 
less than this, the excess makeup water supplied will 
merely be wasted down the overflow. This will, in 
effect, increase the amount of blowdown and will be 
favorable from the viewpoint that the concentration of 
scale-forming compounds in the tower sump will be 
somewhat lower. 

Algae and slime are present in water and must be 
controlled chemically or the rate of heat transfer in the 
condenser will be materially reduced. Beyond loss of 
heat transfer from the slime and algae presence, care 
must be taken to prevent the presence and transmis- 
sion of Legionella pneumophila bacteria from the tower 
sump and aerosol production activity into the outside 
air intakes of buildings that the condenser water cool- 
ing tower serves. 


Ozone Non-Chemical Water Treatment Systems 
For Cooling Towers 

The possibility of Legionnaires’ disease being con- 
tacted from a cooling tower represents a distinct lia- 
bility to the owner and operators of cooling towers. 
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Ozone is such a strong biocide that less than one mili- 
gram per liter (mg/l) will induce germicidal action. 
Recent research at the Oak Ridge National Laboratory 
determined that ozone at .24 mg/l inactived 99.9+ per- 
cent of Legionella pneumophilia bacteria in five min- 
utes or less at pH of 7.2 and 77 F. 

Ozone is considered to be the most powerful oxi- 
dizing agent available for the treatment of water. It has 
in excess of 114 times the oxidizing potential of chlorine 
and is many times faster than chemicals in the control 
of slime, mold and algae at normal ambient tempera- 
tures. 

The type of scale most commonly found in cooling 
towers is biofouling caused by microorganisms secret- 
ing a glue-like substance called “mucilage.” This binds 
the organism along with the solid particles in the water 
to the towers fill materials or structure where they can 
greatly reduce system energy efficiency. Good ozone 
treatment will break down the “mucilage,” preventing 
its adherence to tower parts. In addition, ozone, be- 
cause of its excellent biocide properties, is also effective 
in controlling microbiological induced corrosion pro- 
moted by microorganisms as well as corrosion on sur- 
faces covered with scale. 

Environmental treatment from water treatment 
chemicals discharged into the sewer systems is a grow- 
ing concern and often cause for protective legislation. 
Ozone’s extensive use in treating drinking water is a 
testament to its benign nature. Chemicals containing 
chlorine add to the organic compounds already in the 
water to produce chlorinated compounds which are 
considered hazardous. Ozone breaks down organic com- 
pounds already in the water to less hazardous com- 
pounds than those that come into the tower. Figure 8-Q 
shows a typical ozonator and its associated system con- 
nection diagram with a cooling tower. 

If ozonators are not used, condenser tubing, cool- 
ing tower piping, and metal surfaces in the water cir- 
culating system must be protected from scale and 
corrosion. Using too much of a chemical or using the 
wrong chemical is known as over-treatment. It is rec- 
ommended that water treatment specialists be con- 
sulted. 

It is imperative to note that over-treatment can 
materially reduce the performance or the life of a cool- 
ing tower condenser circuit. 
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both ozone generating and water contacting systems. 


tight cabinet (NEMA Type 4) and the water contacting 
equipment is contained in a weatherproof enclosure 


installed outside near the cooling tower. As shown in the 


the cooling tower basin. 


Cooling Tower 


This Enviozone ozonator provides water treatment for a 600-ton 
cooling tower at Ethyl Corporation, Richmond, Virginia. 


Tower Make-up Water s : 
4" Tubing 


Distribution Tee 


Float Valve 


Cooling Water In " , 114" Pi 
1GPM/60 PSIG Max. Sieh e ea 


Cooling Water Out 


20 Ft. 230V / 1PH/60Hz 
Max. with Neutral 
and Ground 


Pressure Regulating 
Valve / if required 


Air Supply /80 PSIG 


ba O00 P<] 


Gravity Drain to — “Including Max. 
Roof or Storm Drain : 20° Height 
Enviozone System 
FIGURE 8-0 


TYPICAL OZONATOR SYSTEM CONNECTION DIAGRAM WITH A COOLING TOWER 


The Enviozone™ ozonator is a complete package having 


The ozone generating components are enclosed in a water 


(NEMA Type 3R). This construction allows the unit to be 


typical system diagram below, it requires only connection 
to a dedicated 230-volt electric service, a compressed air 
supply, a generator cooling source and piping to and from 
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AIR TRANSPORT SYSTEMS 


The satisfactory distribution of conditioned air re- 
quires a well designed and energy efficient air trans- 
port system with appropriate ducts and fans plus air 
treatment and control devices. This chapter discusses 
the various methods of duct design, proper fan selec- 
tion and control, and methods of air distribution system 
control for acceptable comfort and air quality in the 
conditioned spaces. Information included in this chap- 
ter will present a basic understanding of ducts and fans 
to someone unfamiliar with air distribution. Up-to-date 
material is also presented on high velocity duct design 
and acoustical testing of fans. A full understanding of 
the material presented is necessary for the design of 
acceptable air distribution systems. 


Measurement of Air Pressure in Ducts 


The pressure of the air in sheet metal ducts such 
as are ordinarily used in most air conditioning and 
ventilating systems is very small. The air pressure in 
such systems seldom amounts to as much as 0.3 psi and 
more often is less than half this amount. Nevertheless, 
these pressures, small though they are, have a large 
influence upon the performance of the fan and the de- 
livery of the air through the various parts of the duct 
system. 

Ordinary pressure gauges (Bourdon tube type) 
cannot be used to measure such small pressures. Al- 
though sensitive gauges can be built, there are avail- 
able simpler, less expensive measuring devices which 
utilize a column of water. A pressure of 1.0 psi will 
support a column of water 2.31 ft high, or 27.7 in. An 
instrument in which the air pressure forces a column of 
water upward in a tube can be used to measure rela- 
tively low pressures. As an illustration of this point, a 
pressure as low as 0.05 psi will support a column of 
water 1.39 in. high (27.7 x 0.05). This is a quantity which 
can be measured easily. Gauges which utilize the ele- 
vation of a column of water to measure pressures are 
called manometers. 

One form of gauge sometimes used for this purpose 
is illustrated in Figure 9-A. It is known as a U-tube 
gauge or manometer, and is made of glass tubing. One 
end of the tube is open to the atmosphere and the other 


is connected to the air duct. If the pressure of the air 
inside the duct is slightly greater than the surrounding 
atmospheric pressure, the water column will be de- 
pressed in one leg and forced up in the other. The 
elevation of the water column in the gauge illustrated 
in Figure 9-A is 3.2 in. corresponding to a pressure of 
0.116 psi 3.2 in the duct to which the tube is connected. 
27.7 
If there were no pressure difference between inside the 
air duct and the atmospheric pressure, the water level 
in both columns would stand at exactly the same level. 
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FIGURE 9-A 
U-TUBE MANOMETER 


Because pressures in ducts are always measured 
by means of a water gauge, the unit of pressure com- 
monly used is inches of water. The use of inches of 
water as the unit of duct pressure eliminates the need 
of converting measurements made with a water gauge 
to pounds per square inch. 

Another form of U-tube gauge is illustrated in 
Figure 9-B. In this form, one leg is replaced by a cup 
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which has a cross-sectional area that is much greater 
than the area of the tube. As a result, a very small 
change in the liquid level inside the cup is enough to 
force a relatively large amount of liquid out of it and up 
into the tube. Because of this, when a small pressure is 
applied on the surface of the liquid inside the cup, there 
is a negligible change in its level; practically the entire 
movement of the liquid takes place up into the tube. 
The movement in the cup is so small that it may be 
neglected. The use of the cup makes the gauge more 
convenient to use as the zero of the scale can be ad- 
justed to the no-pressure level in the cup. This makes 
it possible to conveniently measure the pressure by the 
movement of the liquid in the tube alone. 
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FIGURE 9-B 


WELL-TYPE MANOMETER 


The gauges illustrated in Figures 9-A and 9-B are 
satisfactory where pressures of approximately one inch 
or more are to be measured. However, in air condi- 
tioning and ventilating work, pressures as small as 
one-tenth of an inch of water, or less, must often be 
measured. Such a small difference is difficult to mea- 
sure accurately on the vertical tube gauges just de- 
scribed. For this reason, a different form of gauge, 
having an inclined tube, is commonly used. 

An inclined tube manometer is illustrated in Fig- 
ure 9-C. The tube is usually inclined at such angle that 
its slope will be about 10 to 1; that is, if the tube is 10 
in. long, its vertical rise will be one inch. If a pressure 
of 0.5 in. water gauge is applied to the liquid level in the 
cup, the difference in the vertical elevation between the 
water level in the tube and the cup must be 0.5 in. But 
in order for the liquid level in the tube to rise 0.5 in. 
above the level in the cup, the liquid must move a 
distance of 5 in. (10 x 0.5) along the tube. In other words, 
in such a case the liquid must move one inch along the 
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tube for each one-tenth inch vertical difference in the 
levels of the liquid in the cup and in the tube. No matter 
how long the travel of the liquid level in the tube is, the 
difference in the vertical elevation of the water levels 
must always be the same for the same pressure dif- 
ference. By making the water column move along a 
sloping tube, it is possible to magnify small vertical 
movements very much. Small pressures can be read 
accurately because of the magnification of the move- 
ment. Such sloping gauges are commonly used in ven- 
tilating and air conditioning work. 

In an earlier chapter, it was shown that normal 
atmospheric pressure of 14.7 psia will elevate a column 
of mercury 30 in. However, if water, which is consid- 
erably lighter than mercury, were used, the atmo- 
spheric pressure would elevate the water 34 ft in a 
vertical tube. In the same way by using a liquid with a 
density lower than that of water, such as kerosene, the 
vertical elevation and hence the movement of the liquid 
in the inclined tube can be made somewhat larger than 
the movement obtained when using water. The lighter 
the liquid in the gauge, the greater will be the differ- 
ence in vertical elevation for a given pressure. 
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Total, Static and Velocity Pressures 


Any fluid, including air, will exert pressure on the 
walls of the duct in which it is confined. Thus, a gauge 
connected to a tank of compressed air will indicate what 
is called the static pressure; that is the outward push 
of the air against the walls. In a duct in which the fluid 
is at rest because a damper at its outlet has been shut 
tightly, the static pressure of the air in the duct can be 
measured by means of a gauge connected to a tube 
which is inserted through the wall of the duct as shown 
in Figure 9-D. 

In this same figure, a hinged vane is shown in the 
air stream. If the air were at rest, the vane would hang 
vertically. However, if the damper at the outlet of the 
duct is opened and the air starts to move, the vane will 
be tipped back due to the impact of the moving air 
against its face. The pressure on the face of the vane 
which holds it up at an angle is due altogether to the 
velocity of the moving stream of air. 
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MANOMETER 
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FIGURE 9-D 
MEASURING STATIC PRESSURE 


If the vane in Figure 9-D were hung parallel to the 
flow of air, it would not be affected by the movement of 
the air. The pressure on the two faces of the vane would 
be equal because only the static pressure of the air 
would be exerted against these two faces. Similarly, 
even though the air is in motion, a tube with its opening 
perpendicular to the air movement as in Figure 9-D will 
not be affected by the movement of air. A gauge con- 
nected to it will indicate only the static pressure or 
sidewards push of the air exactly as it would when the 
air was at rest. 


MANOMETER 


HINGED VANE — 
DIRECTION OF AIR FLOW 
— 


FIGURE 9-E 


MEASURING TOTAL PRESSURE 


On the other hand, if a tube is inserted into the duct 
with its opening pointing toward the direction of the air 
movement as in Figure 9-E, the pressure indicated by 
the gauge will be higher than when the static tube was 
used. The reason for this is apparent when the cause for 
the tilt of the vane is considered. The vane swings up 
at an angle because of the pressure exerted upon its 
face by the moving stream of air. Similarly, a gauge 
connected to a tube with its open end facing the stream 
of air would indicate not only the static pressure but, 
in addition, a pressure due to the moving stream of air. 
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The greater the velocity, the greater the pressure ex- 
erted against the tube opening and the face of the vane. 
The greater the velocity, the more the vane will be 
tilted. Similarly, the greater the velocity, the higher 
the pressure which the gauge will indicate. 

This action of a moving stream of air offers a means 
of measuring the velocity of the air. The pressure mea- 
sured in this way is known as the total pressure. It is 
greater than the static pressure because of the added 
pressure due to the moving stream of air. 

However, if measurements are made of the total 
and static pressure by means of two separate tubes, the 
difference in the measurements of the two gauges 
would give the excess pressure which is due only to the 
velocity. This excess pressure above the static pres- 
sure is known as the velocity pressure. In other words, 
there are three pressures: 

1. Static pressure. 
2. Velocity pressure. 
3. Total pressure. 

The total pressure is the sum of the static and 
velocity pressures. Actually, only the total and static 
pressure can be measured, and the velocity pressure is 
found from their difference. After the velocity pressure 
has been found in this way, the velocity which would 
cause this pressure can be computed. The relationship 
between the velocity pressure and the velocity of the 
air is given by the following fundamental formula: 


V = 109% / Pyxv (9-1) 
and Py = Py + P, (9-2) 
or P, = Pr-P, (9-3) 


where: 


V = velocity, fpm 

v = specific volume 

P, = velocity pressure, inches of water 
P;= total pressure, inches of water 

P, = static pressure, inches of water 


For standard air having a specific volume of 13.33 
cu ft per lb — that is, a specific weight of 0.075 lb per 
cu ft — Formula 9-1 reduces to 


V = 4005 JP, (9-4) 
Vv \? (9-5) 
P, -( 4005 ) 


In actual tests, the manometer can be made to 
indicate the velocity pressure directly by connecting 
the total and static pressure tubes to the opposite ends 
of the manometer as shown in Figure 9-F. In this way, 
the full total pressure is exerted on the liquid in the cup 
while only static pressure is exerted on the liquid in the 
tube. Connected in this way, the movement of the liquid 
in the tube is due only to the difference between the 
total and static pressures; that is, the velocity pressure. 
The liquid in the tube indicates the pressure due only 
to the velocity of the moving stream of air. 
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FIGURE 9-F 


MEASURING VELOCITY PRESSURE 


The static tube illustrated in Figures 9-D and 9-F 
is unsatisfactory for actual work. Although the tube 
illustrated should, theoretically, be unaffected by the 
movement of the air, actually it is affected. A simple 
tube with a large opening would cause large errors in 
the measurement of static pressure because of the as- 
pirating effect of the air moving past the opening. In 
order to eliminate this error, the opening in the static 
pressure tube must be very small. As a rule, eight 
openings 0.04 in. in diameter are used and have been 
found to give accurate results. 

Both for convenience and accuracy, the static and 
total pressure tubes are combined into one instrument 
known as a pitot tube. Such a tube consists of two tubes 
— one within the other as shown in Figure 9-G. The 
inner tube measures the total pressure. Eight holes 
0.04 of an inch in diameter are drilled into the side of 
the outer tube for measuring the static pressure. 

The smallest division on an ordinary inclined tube 
manometer is 0.01 of an inch. It is possible, by visual 
interpolation, to read a manometer to 0.005 in. or even 
slightly less. 

When a pitot tube is used for measuring low air 
velocities, the velocity pressure is so small that the 
liquid may not move more than one or two divisions 
away from the zero point of the manometer. Because of 
this, velocity pressures near the zero end of the scale 
may be greatly in error. Therefore, the pitot tube and 
ordinary manometer cannot be used to read velocities 
accurately where the velocity pressure amounts to less 
than about 0.03 in. of water. From Formula 9-1 this 
corresponds to a velocity of about 700 fpm. Therefore, 
it can be stated in general that pitot tubes used with 
standard manometers with a slope of about 10 to 1 
cannot be used to accurately measure air velocities of 
less than about 700 fpm. For laboratory work, there 
have been developed ultra-sensitive manometers. With 
such manometers, it is possible to accurately measure 
velocities lower than 700 fpm with a pitot tube. 
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FIGURE 9-G 
PITOT TUBE USED TO MEASURE VELOCITY PRESSURE 


The pitot tube can also be used to measure either 
the total pressure or the static pressure alone. If the 
static pressure alone is to be measured, the total pres- 
sure tube of the pitot is disconnected and the static 
pressure tube is connected to the cup of the manometer. 
The principle is exactly the same as the one illustrated 
by Figure 9-G. On the other hand, if a measurement of 
total pressure alone is desired, the static pressure tube 
is disconnected from the manometer. Connected in this 
way, the total pressure will be indicated on the gauge. 
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Changes in Pressure in a Duct 


A duct of varying cross-sectional areas is illus- 
trated in Figure 9-H. In an ideal duct system in which 
there are no friction or shock losses, the total pressure 
— that is the sum of the static and velocity pressures 
— is constant everywhere along the duct, regardless of 
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the changes in the cross-sectional area of the duct. On 
the other hand, the static and velocity pressures will 
change with every change in the cross-sectional area of 
the duct. 

If a given quantity of air is flowing through a duct 
system, the velocity of the air will change with every 
change in the cross-sectional area of the duct. The 
larger the area of the duct, the lower will be the velocity 
of the air. Because as the velocity pressure depends 
upon the actual velocity of the air, a decrease in the 
velocity of the air, because of a larger duct area, will 
cause a decrease in the velocity pressure. However, the 
static pressure is always the difference between the 
total pressure and the velocity pressure. Hence, if the 
total pressure in Figure 9-H remains constant and the 
velocity pressure decreases, the static pressure must 
increase whenever the cross-sectional area of the duct 
increases. 

On the other hand, if the cross-sectional area of the 
duct is decreased and the air volume remains the same, 
the velocity of the air and the velocity pressure must 
increase. This means that the static pressure will de- 
crease if the total pressure remains constant. Hence, 
the static pressure decreases with every decrease in 
the area of the duct as long as the air volume is con- 
stant. 

Notice in Figure 9-H that as the cross-sectional 
area increases, the static pressure increases and the 
velocity pressure decreases. At those points where the 
cross-sectional area becomes smaller, the static pres- 
sure also decreases and the velocity pressure increases 
because of the corresponding increase in the velocity of 
the air. 

The duct system illustrated in Figure 9-H is ideal 
in the sense that no friction losses have been shown. In 
any actual system there are, of course, friction losses 
and, as a result there is a loss in total pressure with a 
corresponding loss in static pressure. 


Loss in Static Pressure Due to Friction 


Whenever air flows through a duct, some pressure 
is lost due to internal friction of the air and the move- 
ment of the air along the surfaces of the duct. As is the 
case with water, the greater the quantity of air flowing 
through a duct, the greater will be the loss in pressure 
due to friction. The loss of pressure due to friction is 
called the friction head of the duct. The size of duct 
required to convey a given quantity of air depends 
entirely upon the pressure which is available to over- 
come the friction loss. In other words, the quantity of 
air which can flow through a duct of a given size de- 
pends upon the difference in pressure between the inlet 
and outlet of the duct. 

In connection with water pumps, very often the 
total head which can be used for overcoming friction in 
the piping is less than the total pressure because the 
water must be lifted some distance vertically. The ver- 
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tical lift of the water must be subtracted from the total 
pressure available before the pressure available to 
overcome friction can be found. In the case of air ducts, 
it is generally not necessary to allow for the vertical 
distance to which the air is lifted, provided there is no 
appreciable density difference of the air at the dis- 
charge and the air at the suction of the fan. This is 
because air is present on both the suction side of the fan 
and at the discharge of the duct. In other words, if there 
were no fan, there would still be air at the vertical 
elevation above the fan where the duct is discharging. 
If a pump were submerged and operated at the bottom 
of a lake, the case would be exactly analogous. In this 
case, the pump would not be lifting water since the 
static head on both the suction and discharge sides 
would be balanced. The pump would only provide suf- 
ficient pressure to overcome the friction losses in the 
pipe work leading up to the surface of the lake. In the 
same way, all that the fan does is to move the air 
through the ducts by providing sufficient pressure to 
overcome the friction losses in the ductwork. 
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FIGURE 9-J 
ACTUAL CHANGES IN PRESSURE WITH CHANGES IN DUCT AREA 


As previously stated, the static and total pressures 
at various points in a duct in which there are no friction 
losses are illustrated in Figure 9-H. In any actual duct, 
there will, of course, be losses due to friction. Because 
of these losses due to friction, the total pressure is not 
constant but drops continually along the duct as shown 
in Figure 9-J. As the length of the duct increases, the 
total friction loss becomes larger. In addition, there are 
shock losses due to turbulence at every change in the 
cross-sectional area of the duct. The total pressure 
drops continually until at the very outlet of the duct, 
the static pressure is zero and the total and velocity 
pressures are equal. The reason for this is that at the 
outlet of the duct, the pressure of the air is the same 
as the surrounding atmospheric pressure, that is, the 
static pressure is zero. However, the velocity pressure 
is still the same because the air issues from the mouth 
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of the duct with the same velocity that it had while 
flowing in the duct. The velocity pressure is finally 
dissipated after the moving air issues from the duct and 
diffuses through the surrounding atmosphere. If the 
area at the outlet end of the duct is the same as the area 
at its inlet end, the velocity pressure will have the same 
value at both ends of the duct. 

It is for this reason that the term static pressure 
loss is often used in practical work. While the total 
pressure loss is the actual loss in the system, the change 
in static pressure from inlet to outlet is numerically 
equal to the friction loss when the duct inlet and outlet 
areas are identical. 

In many installations, the area at the outlet end of 
the duct is larger than at the inlet. Hence, the velocity 
at the outlet end of the duct is smaller than at the inlet. 
Because of this, a small part of the initial velocity pres- 
sure is converted into static pressure which may then 
be lost in friction. As a result, not only the initial static 
pressure but a portion of the initial velocity head will 
be lost in friction. However, the initial velocity pres- 
sure is usually small compared to the static pressure. 
For this reason, the small part of the velocity head 
converted into static which is lost in friction can usually 
be disregarded. It is evident that for ordinary work the 
use of static pressure is of greater utility than total 
pressure, because its magnitude is a very close mea- 
sure of the pressure which is available to deliver the air 
against the friction of a given duct system. 

Although Figure 9-J shows a simple duct with one 
outlet, the preceding discussion is true regardless of 
the number and size of the outlets connected to the duct 
system. 


A fan, as it is considered here, is a gas flow pro- 
ducing machine which operates on the same basic prin- 
ciples as a centrifugal pump or compressor. A fan is 
similar to these machines in that they all convert me- 
chanical rotative energy, applied at their shafts, to gas 
(or fluid) energy. The conversion of mechanical rotative 
energy to gas energy is accomplished by means of a 
wheel which imparts a spin to the gas. As a result of this 
spin, and, provided there is no entering spin, the ten- 
dency of the gas is always to leave the wheel with a 
forward spiral motion. 

The differences between fans and pumps are 
readily apparent; however, the distinction between 
fans and compressors is not so obvious. Generally 
speaking, this distinction is one of output pressures 
with the lower pressure machines called fans, while the 
higher pressure machines are called compressors. 
Even this dividing line is not distinct. The American 
Society of Mechanical Engineers’ power test codes 
limit the fan test set-up to machines which increase the 
specific weight of the gas as it travels from inlet to 
outlet by less than 7 percent. With standard air at the 
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fan inlet, this amounts to a rise of about 50 in. of water 
pressure assuming a 75 percent machine efficiency. 
Fans for heating, ventilating and air conditioning, 
even on high velocity, high pressure systems rarely 
encounter more than 10 to 12 in. of water pressure. 
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FIGURE 9-K 
CENTRIFUGAL FAN 


Types of Fans 


Most commercial fans may be placed in one of two 
general classifications: centrifugal fans or axial fans. 

Centrifugal fans have flow within the wheel that is 
substantially radial to the shaft, while axial fans have 
flow within the wheel that is substantially parallel to 
the shaft. A typical centrifugal fan is illustrated in 
Figure 9-K. Figure 9-L illustrates two types of axial 
fan. Centrifugal fans operate in a scroll type housing. 
Axial fans operate within a cylindrical or ring type 
housing. 

Fans are often designated as boosters, blowers or 
exhausters. As they are considered here, a booster is 
a fan with ducts connected to both inlet and discharge; 
a blower has a discharge duct only; an exhauster has an 
inlet duct only. 


Centrifugal Fans 


The various types of centrifugal fans that are avail- 
able differ from each other in structural details and in 
the details of their design and assembly. But the prin- 
ciple feature which distinguishes one type of centrifu- 
gal fan from another is the inclination of the blades. 
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This inclination of the blades determines the perfor- 
mance characteristics of the fan. The three different 
types of centrifugal fans used in heating, ventilating 
and air conditioning are the forward curved blade fan, 
the backward inclined blade fan with plate blades and 
the backward inclined blade fan incorporating an airfoil 
shaped blade design. These three types of fan blades 
are illustrated in Figure 9-M in both a vector example 
of the air leaving the blade and an illustration of each 
type blade incorporated in a fan wheel. 

In the forward curved blade fan, the tip of the blade 
is sloped forward in the direction of rotation of the 
wheel. 

In the backward inclined blade, the tip is sloped 
backward, opposite to the direction of rotation. 

The airfoil blade design results in smooth air flow 
across the blade surface, eliminating eddy currents 
which produce turbulence and noise in the fan wheel. 
Using airfoil design blades in the backwardly inclined 
fan has resulted in higher efficiency, a wider range of 
high efficiency and a lower noise level. 

Air moves through the blades of a fan wheel be- 
cause of the action imparted by the motion of the ro- 
tating wheel. However, the air can move through the 
blades only in the direction determined by the inclina- 
tion of the blades. In addition to a radial movement, a 
forward motion is imparted to the air between the 
blades by the movement of the wheel itself. As a result 
of these two movements — the radial and the forward 
— the air leaves the wheel at an angle and with a 
velocity that depends upon the inclination of the blades. 
For instance, in the backward inclined blade wheel, the 
blade itself is moving forward. Due to the inclination of 
the blade, however, the air stream moving between the 
blades is bent back against the direction of rotation. 

Because the forward movement from the rotation 
of the wheel predominates, the air leaves the wheel 
with a forward motion as shown by the heavy arrow of 
Figure 9-M. The light arrows represent the radial and 
the forward movements; the heavy arrow, the actual 
motion of the air resulting from the other two. In 
Figure 9-M, the velocity of the air leaving the fan wheel 
is proportional to the length of the heavy arrow lines. 

In the forward curved blade wheel, since the blade 
is inclined forward, a forward movement is imparted to 
the air by the blade. This motion, with the forward 
movement of the wheel itself, causes the air to leave at 
a higher resulting velocity than when it leaves the 
backward inclined blade or airfoil blade. 

Because the pressure produced by a fan is a func- 
tion of the forward motion of the air at the tip of the 
blade, a fan with forward curved blades will operate at 
a lower speed for a given duty than a backward inclined 
fan. 

Centrifugal fans with forward curved, backward 
inclined and backward inclined airfoil blades have all 
been used successfully for ordinary air conditioning and 
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ventilating work. Generally, size for size, for a given 
duty, the backward inclined or airfoil fan will use less 
horsepower than the forward curved fan. This, plus the 
fact that in spite of the higher speed of the backwardly 
inclined or airfoil fan, they are, when properly selected, 
as quiet or quieter than the forward curved fan, makes 
them a logical selection in larger sizes. In small sizes 
(generally less than 24 in. wheel diameter), the high 
speed of the backward inclined or airfoil fan may result 
in excessive belt speeds. Here the low rotative speed 
characteristic of the forward curved fan is desirable. 

The forward curved fan, because of this low speed 
characteristic, is particularly adaptable to units having 
two or more fans on a common shaft. The higher speed 
of the backward inclined fan may require shafting of 
prohibitive size. 

A popular application of centrifugal fans is the in- 
line centrifugal fan. Figure 9-N illustrates an in-line 
centrifugal fan. This fan design provides straight- 
through air flow while using a centrifugal fan. 


FIGURE 9-N 
IN-UNE CENTRIFUGAL FAN 


The in-line centrifugal fan is generally available in 
belt drive or direct drive models. The square in-line 
centrifugal fan is flexible to perform reliably and effi- 
ciently in a wide range of applications. In addition to 
typical ventilation systems, this fan is particularly 
useful in: 


¢ High velocity duct systems 

e High static pressure filter systems 

¢ High static pressure slot ventilation systems 
© Return and make-up air systems 
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Anefficient straight-through airflow minimizes the 
number of complicated duct connections. Costly round- 
to-square energy absorbing transitions are often elim- 
inated for savings in both operating and first costs. 


Plug Fan 


Another hybrid of an in-line centrifugal fan has 
been called a “plug” (or plenum) fan. A plug fan is an 
unhoused single-width airfoil wheel and inlet cone. The 
fan wheel pressurizes the entire module in which the 
fan is installed. This allows air to be discharged in any 
direction. 

Plug fans are often used for acoustically sensitive 
applications and jobs that require a minimal air han- 
dling unit “footprint.” 


Acoustics 

Since the plug fan module is itself a plenum, the 
sound attenuation properties of the plenum play a sig- 
nificant role in reducing the discharge sound power 
levels of the plug fan. A discharge plenum with perfo- 
rated plate double-wall liner with four-inch 14-lb. in- 
sulation is a recommended option for acoustically 
sensitive applications. 


Equipment Room Space 

Using the plug fan application flexibility, the sys- 
tem designer can help save equipment room space by 
eliminating the need for bulky and cumbersome supply 
air ductwork turns and diffusers. Standard sized duct 
openings in various locations are available in a properly 
designed plug fan module to allow for virtually any 
supply duct configurations. 


RADIAL 
DISCHARGE 


BELLMOUTH 
FITTING Ne 


AXIAL 
DISCHARGE 


AIRFLOW 


The need for a diffuser or blank module between 
the fan and coil in a single-zone blow-thru arrangement 
is also eliminated due to the fairly uniform velocity 
distribution achieved with a plug fan. For the above 
reasons, the plug or plenum fan is gaining in popularity 
among system designers faced with decreasing equip- 
ment room space in their projects. 


Axial Fans 


Axial fans are of three general types. The types are 
not distinguished by blade shape design as with cen- 
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trifugal fans, but by the duties for which the fans are 
designed. The three principal types are propeller fans, 
tubeaxial fans, and vaneaxial fans. These are illus- 
trated in Figure 9-0. 


TUBEAXIAL FAN 


PROPELLER FAN 


VANEAXIAL FAN 


FIGURE 9-0 
TYPES OF AXIAL FANS 


Propeller fans are low pressure, high capacity fans 
that are seldom applied for more than %4 in. static pres- 
sure. They consist basically of a stamped or cast wheel 
located in an orifice ring. Propeller fans are built either 
for direct connection to electric motors or for V-belt 
drives. 

The horsepower required by a propeller fan is 
lowest at maximum air volumes. As will be shown later, 
this characteristic is directly opposite to centrifugal 
fans that have minimum horsepower at no air delivery. 
Consequently, for delivering large volumes of air at low 
pressures, the propeller fan is better suited than the 
centrifugal fan. Propeller fans will usually deliver large 
volumes with less horsepower than centrifugal fans 
when selected to occupy the same amount of space or 
to have the same first cost. 

Tubeaxial fans may be considered as heavy-duty 
propeller fans. They are generally arranged for circular 
duct connection, while propeller fans are usually fur- 
nished for wall mounting. Actually, it is poor practice 
to connect either a propeller fan or tubeaxial fan to 
discharge through ductwork unless special precautions 
are taken. All axial fan wheels discharge the air with 
a spiral motion. This spiral flow will produce higher 
duct and system losses than would straight air flow. 
Tubeaxial fans are commonly built for pressures up to 
2% to 3 in. of water. Generally, however, their appli- 
cation is limited to industrial duties where noise con- 
siderations are of secondary importance. 

Vaneaxial fans are tubeaxial fans plus vanes. A 
typical tubeaxial and vaneaxial fan are both illustrated 
in Figure 9-L. Vanes located behind the wheel 
straighten out the axial spiral flow, increase the static 
efficiency, and permit diversified duct applications. Va- 
neaxial fans and tubeaxial fans are often used when 
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space considerations are important. For this reason 
they are often the logical choice on transportation and 
marine applications. 

Improved and acoustically designed vaneaxial fans 
such as the Trane Model Q fan can be both as quiet and 
as efficient as centrifugal fans; however, present com- 
mercial vaneaxial fans do not have the necessary re- 
finements to provide this high efficiency and quietness 
of operation. 


Fan Performance 


Commercial fan performance data is calculated 
from laboratory tests conducted in accordance with the 
present Air Moving and Conditioning Association’s 
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(AMCA) test code. The current code is the “AMCA 
Standard Test Code for Air Moving Devices,” Bulletin 
No. 210. The code establishes uniform testing methods 
to determine a fan’s flow rate, pressure, power, speed 
of rotation, and efficiency. The code is designed for 
testing centrifugal and axial fans with various duct 
arrangements. The fans are tested in either the blower 
or exhauster configuration. Figure 9-P shows a typical 
AMCA code test set-up. When testing a fan, the pitot 
tube makes a prescribed traverse of the cross sectional 
area of the duct measuring velocity pressure, static 
pressure, and total pressure. From the results of these 
tests and from the computations outlined by the AMCA 
code, fan performance may be completely established. 


SYMMETRICAL 


FIGURE 9-P 
FAN TEST ARRANGEMENT 


The following terms are generally used when dis- 
cussing fan performance: 


Fan Volume 


The fan volume is defined as the volume, in cubic 
feet per minute, passing through the fan outlet. In 
normal application the volume leaving the fan is sub- 
stantially equal to that entering, since the change in 
specific volume between fan inlet and outlet is negligible. 


Fan Outlet Velocity 


The outlet velocity of a fan is obtained by dividing 
the air volume by the fan outlet area. It is the velocity 
which would occur at a point removed from the fan in 
a discharge duct having the same cross sectional area 
as the fan outlet. It is important to note that the fan 
outlet velocity does not describe the velocity conditions 
which exist at the fan outlet, since all fans have non- 
uniform outlet velocity. The fan outlet velocity is in 
reality a theoretical value; it is the velocity that would 
exist in the fan outlet if the velocity were uniform 
across the outlet area. 


Fan Velocity Pressure 

The fan velocity pressure is the pressure corre- 
sponding to the fan outlet velocity. The velocity pressure 
with standard air may be computed with Formula 9-5. 


Fan Total Pressure 


The fan total pressure is the difference between 
the total pressure at the fan outlet and the total pres- 
sure at the fan inlet. The fan total pressure is a measure 
of the total mechanical energy added to the air or gas 
by the fan. Fan total pressure may be measured as 
illustrated in Figure 9-Q. 


Fan Static Pressure 


The fan static pressure is the fan total pressure less 
the fan velocity pressure. It can be calculated by sub- 
tracting the total pressure at the fan inlet from the 
static pressure at the fan outlet. It can be measured as 
illustrated in Figure 9-R. 


By definition: 


Fan Ps = Py(o) - Py) a Py(o) (9-6) 


but from Formula 9-2, rearranged, we have: 
P40) - Ps(o) = Pyfo) 
and substituting, results in: 


Fan Ps = Ps (0) - Pr @) (9-6a) 


THROTTLING DEVICE 
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which is the method of measurement, where: At the fan inlet: Pgfi) = -1.5in. (below atmosphere) 
Ps = static pressure Pydi) = +0.25 in 
P,(o) = static pressure at fan outlet At the fan discharge: Pg(o) = +0.75 in. 

Pg(i) = static pressure at fan inlet Py{o) = +0 50 in. 
P,(0) = total pressure at fan outlet What is the fan static pressure? 

Pi) = total pressure at fan inlet 

Pv(o) = velocity pressure at fan outlet Solution: 

P,(i) = velocity pressure at fan inlet 


The definitions of fan total pressure and fan static 
pressure hold regardless of the manner of duct con- 
nections: i.e. whether the fan is connected as a blower, 
exhauster or booster. 


FAN 


FIGURE 9-0 
MEASURING FAN TOTAL PRESSURE 


STATIC 
TUBE 


AIR FLOW 


FIGURE 9-R 
MEASURING FAN STATIC PRESSURE 


Example 9-1: 
The following pressure measurements are reported on 
afan connected as a booster, i.e. with inlet and discharge 
ducts. 


Fan Statice Pressure = Fan Total Pressure 
- Fan Velocity Pressure 


= Pyo) - Pri) - Pyfo) 
but Py) = - 1.5 + 0.25 = - 1.25 
Py(o) = +0.75 + 0.50 = 1.25 


Fan Statice Pressure = 1.25 - (-1.25) - 0.50 
2.0 in. 


Fan Horsepower 

The theoretical horsepower required to drive a fan 
is the power that would be required if there were no 
losses in the fan, that is, if its efficiency were 100 
percent. The theoretical horsepower required to drive 
a fan can be computed by means of the following for- 
mula: 


(9-7) 


my = gE 


where Q = quantity of air in cfm 


The brake horsepower is the power actually re- 
quired to drive a fan. The brake horsepower required 
to drive a fan is always larger than the theoretical 
horsepower because of energy losses in the fan. The 
brake horsepower required can be determined only by 
an actual test of the fan. 

Fan Efficiency 

After testing a fan and determining the brake 
horsepower, both the total efficiency and static effi- 
ciency can be computed. 

The total efficiency, or, as it is frequently known, 
the mechanical efficiency, is computed by using the fan 
total pressure in the following formula: 

. _ Qx Fan P; 

Fan Total Efficiency = 6356 x ele 

The static efficiency is computed in a similar man- 
ner using fan static pressure instead of fan total pres- 
sure. 


; . _ Qx Fan Ps 
Fan Static Efficiency = 6356 x brake hp 


Fan total efficiency is the total output of useful 
energy divided by the power input. Fan static effi- 
ciency is the static energy output divided by the power 
input. 

The total efficiency of a fan always provides a true 
indication of fan performance whenever the total pres- 
sure is known or can be accurately determined while 
the static efficiency is not always satisfactory for mea- 
suring the actual work accomplished by the fan. For 


(9-8) 


(9-9) 
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example, when the outlet velocity is higher than the 
duct velocity, a velocity pressure is available that may 
be converted to static pressure provided the duct 
system is properly designed. The static efficiency, as 
normally determined, would not take into account the 
increase in static pressure thus provided and therefore 
would not be an accurate portrayal of the fan perfor- 
mance. Again when a fan operates at free delivery, the 
static efficiency becomes zero and is therefore value- 
less. 

In most circumstances, however, static efficiency is 
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that the proper efficiency should be used with the cor- 
responding pressure. As indicated above, fan total ef- 
ficiency must be used with fan total pressure and fan 
static efficiency with fan static pressure. 


Example 9-2: 


A fan is to deliver 8000 cfm against 0.75 in. fan static 
pressure. The static efficiency of the fan is 73 percent. 
Find the brake horsepower required. 


: mer ion: 
an entirely accurate indicator of fan performance. It Solutio 
has an added advantage in that the fan static pressure Fan Static Efficiency = = x Fan Ps (9-9) 
is known in practically every case whereas fan total 6356 x brake hp 
pressure frequently is not known. For that reason fan b h Q x Fan Ps 
< : : or brake p = ——— és : 
static efficiency is probably used more frequently than 6356 x Fan Static Efficiency 
fan total efficiency. = 8000 x 0.75 
It is evident that with the fan efficiency known, the a 6356 x 0.73 
required horsepower may be obtained by rearranging : 
Formulas 9-8 and 9-9. It is important to note, however, = 1.29 hp 
Wheel Diameter 362 In. Outlet Area, 7.66 Sq. Ft. 
Tip Speed FPM=9.55 x RPM Max. BHP = 13.78 [RP M)° 
1000 
our] wrs.P. | %S.P. | atS.P. | SP. | uNS.P. | 1'S.P. | 1%" cia P. | 14"S.P. | 134"S.P.{ 2"S.P. 
s00]__294 34; 323 .46] 350 59 Zt oe rl 
90C 6 4 44 55 369 69 ao ata 1.26) 
1000 340 51 364 65 389 a0 ait; 432 1. 4 1 4 
1100 364 Ge 386 76 409) = -93 es (Ee Ga 4$1 1.26) 489 1.60 > 4 1.94 560 2.31 
1200] 389 74] ato 90| 430; 1.07| 451| 1.25] 471 1.43| 508 1.79) 541] 2.17] 574; 2.54 2 oa, 640] 3.37 
1300, 414 BB] 435 1.06; 453 1.23; 472 1.41, 491 1.62} 527 2.01 560} 2.40) 590; 2.8! 620 1 650] 3.65) 
1400 439 104 459 1.23) 477 1.41 494 1.60] St2 1.81 547 2.24 579 2.66] 60¢ 3.09} 637; 3.52 664 3.96] 
1500 464 1.22 484 1.42] 502 1.62 518 1.82 533 2.02} S67 2.49 598 2.94 627 3.38 655: 3.85 682 4.32 
1600) a0 1.43 509 1.63 526 1.85 542 2.06 557 2.27 58a 2.74 618 3.23) ii 3.71 674 4.20 700 4.69 
1700 516 1.64 534 1.87 551 2.10 566 2.33 S581 2.55 603 3.02 639 3.55 667 4.06 €c3 4.57 718 5.09) 
1860 $42 1 88 559 2.13 576; 2.37 591 2.62] 605 2.86] 632 3.34 659) 3.87) 687 4.43 733) 497 738 5.50} 
1900 568 2.16 585 2.42 60t 2.67 616 2.93] 630 3.19) 655 3.69 681 4.22; 708 4.81 733 5.39 757) 5.96 
2000 594, 2 46 610 2.73 7 626| 3.00 641; 3.27 654 355 680 4 08 703) 4.61 728| 5.20 7541 5.82 777 6.43 
2100] 620 2.79] 636 3.071 651 3.36] 666! 3.64) 679 3.93} 704 4.50 727i 505 750 5.63 774 6.28 798 6.92 
FIGURE 9-S 
MULTHRATING TABLE (AIRFOIL) 
Multi-Rating Tables Solution: 


In order to make the selection of fans as simple as 
possible, practically all manufacturers publish what are 
known as multi-rating tables. A separate table is pro- 
vided for each diameter of wheel manufactured. 

Such a table shows the speed and horsepower re- 
quired for various combinations of air quantity and 
static pressure for each size of wheel. A portion of a 
typical multi-rating table is reproduced in Figure 9-S. 
The table is for a 36% in. diameter single width back- 
ward inclined air foil fan. Knowing the air quantity and 
static pressure at which the fan is to operate, the speed 
and horsepower of the fan can be read directly in the table. 


Example 3: 


Select a fan to deliver 12,000 cfm against % in. static 
pressure. 


Referring to the multi-rating table reproduced in 
Figure 9-S, the fan speed is interpolated as 549 rpm 
and the power required as 2.18 bhp. 

The outlet velocity for this air quantity will be 
slightly under 1600 fpm. Generally, if a smaller fan 
were selected, the outlet velocity would be higher and 
the horsepower greater. If a larger fan were selected, 
the outlet velocity and the horsepower would be less. 


Fan Laws 


Fortunately, for the application of fans, the per- 
formance of a fan at varying speeds and air densities 
may be predicted by certain basic fan laws, when per- 
formance test data is available for the given fan. This 
test data is obtained at a certain speed and at standard 
air density. 
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These fan laws provide air volume, static, velocity Solution: 
or total pressure and required horsepower at varying (a) Fan Psp _ dp (9-14) 
speeds and air densities. In the following fan laws, Q = Fan Ps; = d, 
air volume and P = static, velocity or total pressure. 
1. Fan Law For Variation in Fan Speed at Constant Fan Psp = 0.82 x .0750 
Air Density with a Constant System 0705 
(a) Q: Varies as fan speed ‘ (9-10) — 0.873 in. of water 
(b) P: Varies as square of fan spee (9-11) 
(c) Power: Vane ae cube of Ps speed (9-12) (b) ae = de (9-15) 
1 1 
a cli hpe = 3.7 x .0750 
A certain fan will deliver 15,500 cfm against a head of 0705 
1.53 in. of water at 600 rpm. The power required for = 3.94 bhp 
15,500 cfm is 7.9 bhp. If the fan speed is decreased to 400 
rpm, find the following quantities: Example 9-6: 


(a) the volume of air that the fan will deliver 
(b) the static head against which the fan can operate 
(c) the brake horsepower required 


Solution: 


(a) Q = Q Ns (9-10) 


= 15,500 ( 400 
600 

10,300 cfm 

(b) Fan Pg. = Fan Ps; 


(9-11) 


NI 


= Bes Hor 
600 


= 0.680 in. 
(c) hp2 = hp; ( Nz y 
Nl 


No y 


(9-12) 


-"3(s8) 


= 2.34 bhp 
Note: All of the above changes occur simultaneously. 


2. Fan Law for Variation in Air Density at Constant 
Fan Speed (therefore Constant Air Volume) with 
a Constant System 


(a) Q: Constant (9-13) 
(b) P: Varies as density (9-14) 
(c) Power: Varies as density (9-15) 


Example 9-5: 


A fan under test develops a static pressure of 0.82 in. of 
water and requires 3.7 bhp. The density, d, of the air 
handled during test is .0705 Ib per cu ft. If the fan were 
handling standard air, find: 


(a) the static pressure it would develop. 
(b) the brake horsepower required. 


Select a 36% in. diameter backward inclined air foil fan 
for 13,000 cfm at 0.85 in. of water fan static pressure from 
multi-rating table of Figure 9-S. The air volume and 
pressure are those that will correspond to the actual air 
density of .0637 Ib per cu ft. 


Solution: 

Fan Psp = dz (9-14) 
Fan Ps; dy 

Fan Pgo = 0.85 x .0750 


.0637 
= 1.0 in. of water 


Selecting for 13,000 cfm and 1.0 in. from Figure 9-S 
gives: 
609 rpm 
3.0 hp 
hp2 = de 
hp, dy 
hp; = 3.0 x .0637 
.0750 


= 2.55 hp 
The selection summary for the 36-in. fan is: 


609 rpm 
2.55 hp 


The performance of a fan is affected by the density 
of the air that the fan is handling. Any fan, when con- 
nected to a given duct system and running at constant 
speed, is essentially a constant volume machine — that 
is, it will always deliver the same volume of air re- 
gardless of the density of the air. However, the fan 
static pressure against which the fan can deliver this air 
and the power required to drive the fan will change 
with a change in the density of the air. Therefore, all 
fans must be rated for air at some single standard 
density. If this were not the case, confusion would 
prevail as different manufacturers might use different 
densities and, therefore, show different fan static pres- 
sure and horsepower characteristics for fans of the 


(9-15) 
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same design. For this reason the ratings of all fans are 
based on standard air. As previously stated, standard 
air has a density of 0.075 lb per cu ft and a specific 
volume of 13.33 cu ft per lb. 

When a fan is tested in a laboratory, standard air 
ean rarely be obtained during the course of the test. 
Hence, any performance curve obtained by test must 
be corrected in order to obtain the curve of fan per- 
formance with standard air. The total volume of air 
delivered by the fan needs no correction inasmuch as 
for any given speed the volume handled by the fan is 
constant regardless of the density of the air. The fan 
static pressure developed by the fan must, however, be 
corrected to find the fan static pressure that would be 
obtained if standard air were used during the test. For 
this purpose, Fan Law Number 2, is used. The method 
of using this formula to correct test results is illustrated 
in Example 9-5. 

Inasmuch as the fan static pressure changes with 
changes in density of the air, the horsepower required 
to drive the fan also changes with a change in density. 
Hence, the brake horsepower measured during the 
course of a test must also be corrected to standard air 
by using Fan Law Number 2. This is demonstrated in 
Example 9-5. 

The reason for the increase in horsepower in Ex- 
ample 9-5 is the fact that the fan is delivering a greater 
weight of air against a greater static pressure. As pre- 
viously stated, a fan delivers a constant volume of air 
regardless of the density of the air. Hence with in- 
creasing density, the weight of air delivered by the fan 
increases. Inasmuch as standard air has a higher den- 
sity than the air actually handled by the fan of the 
preceding example, the total weight of air that the fan 
would deliver under standard conditions would be 
greater. For this reason the horsepower required by 
the fan increases when the density of the air increases. 

By correcting the horsepower obtained by test to 
the horsepower that would be required if standard air 
were used, the results of the test are directly compa- 
rable to the results of other tests or to the ratings in fan 
catalogs. The results of all laboratory tests for rating 
fans must always be corrected in order to determine 
the results that would be obtained if standard air were 
used. Such tests are always corrected by using Fan 
Law Number 2 in the manner illustrated by Example 
9-5. 

In addition to its usefulness in correcting fan per- 
formance tests, Fan Law Number 2 is also of value in 
selecting fans for applications with air at densities 
other than standard. In these circumstances, it is nec- 
essary to know what actual volume and pressure is 
required of the fan at the non-standard conditions. 
Before using the rating tables, the pressure required 
must be modified with Fan Law Number 2. The proper 
fan is then selected for the actual volume required and 
for the modified pressure, the speed and horsepower 
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are noted. The horsepower from the standard air rating 
tables is then converted by using Fan Law Number 2 
to obtain the actual operating horsepower with the 
non-standard air. The speed as given in the rating 
tables remains unchanged. 


Density factor chart, Figure 9-T, provides density 
ratios at various altitudes vs. temperature. These ra- 
tios are the density at the desired conditions divided by 
standard air density. To obtain the value of actual den- 
sity, multiply the density ratio by 0.0750 Ib per cu ft. 


Fan Performance Curves 


Fan performance curves show the relationship be- 
tween the quantity of air that a fan will deliver and the 
pressure either static or total against which it can dis- 
charge the various air quantities. The curves also in- 
dicate the horsepower required for the corresponding 
quantity flow. Constant speed performance curves are 
presented for a specific fan operating at a stated speed 
and handling air of a stated density. 

Fan performance curves are obtained from a series 
of laboratory tests on a fan with various restrictions at 
the end of the test duct. The lines connecting the test 
points form the fan performance curve. Typical perfor- 
mance curves for air foil and forward curved centrif- 
ugal fans are shown in Figures 9-U and 9-V, 
respectively. Notice that in Figures 9-U and 9-V the 
pressure-volume curves for both backward inclined and 
forward curved fans have a peak point at which the 
pressure is a maximum. To the right of this peak pres- 
sure point, both types of fans have a steadily falling, 
steep pressure-volume performance curve. This 
steeply falling performance curve is desirable in fans. 
If a fan has a steep performance curve, a slight change 
in pressure from the one at which the fan is operating 
will not greatly affect the air delivery. For example, 
referring to the backward inclined air foil fan repre- 
sented in Figure 9-U, if the static pressure is 4 inches, 
the fan will deliver 19,600 cfm. However, if the static 
pressure required of the fan should increase to 4.5 in. 
at 19,600 cfm, the air delivery will fall only to 18,200 cfm 
at which point the fan will develop 4.5 in. static pres- 
sure. The procedure for determining this second point 
of operation is explained later in this chapter. 

The forward curved fan has a peak static pressure 
which corresponds to the region of maximum effi- 
ciency, whereas with the backward inclined air foil fan, 
this maximum pressure occurs somewhat to the left of 
the region of maximum efficiency. 

As shown in Figures 9-U and 9-V the horsepower 
for both backward inclined and forward curved fans is 
a minimum at no delivery. The horsepower for the 
forward curved fan increases continuously with in- 
creasing volume flow with maximum horsepower oc- 
curring at free delivery. 
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FIGURE 9-U 
PERFORMANCE OF AN AIRFOIL BLADE FAN 
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FIGURE 9-V 
PERFORMANCE OF FORWARD CURVED BLADE FAN 


The horsepower for the backward inclined air foil 
fan increases with increasing air flow only up to a point 
to the right of maximum efficiency and then gradually 
decreases. Fans with a horsepower curve of this shape 
are often referred to as having a nonoverloading horse- 
power characteristic because the maximum power 
which can be absorbed is usually not more than 10 
percent above the power required at a normal selection 
point. 

While the performance curve illustrated in Figure 
9-V completely describes the fan performance, it is 
often useful to know the values of fan total pressure and 
fan total efficiency as shown in the curve of Figure 9-U. 
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FIGURE 9-W 
PERFORMANCE OF PROPELLER FAN 


Performance curves for a typical propeller fan are 
illustrated in Figure 9-W and for a typical vaneaxial fan 
in Figure 9-X. As mentioned previously, a propeller fan 
has minimum horsepower requirements at free deliv- 
ery. This, as can be seen from inspection of Figure 9-U, 
is distinctly different from a centrifugal fan. Tubeaxial 
fans and vaneaxial fans have similar horsepower char- 
acteristics, as shown in Figure 9-X. This horsepower 
characteristic makes an axial fan a logical choice when 
large volumes at low pressures are necessary. 
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FIGURE 9-X 
PERFORMANCE OF VANEAXIAL FAN 


System Characteristic Curves 


So far the flow of only a fixed quantity of air 
through a given duct system has been discussed. How- 
ever, the variation in the friction loss through a given 
duct system when various air quantities are forced 
through the duct is of interest. By computing the fric- 
tion loss for the same duct with various air quantities 
and then plotting all of these points on a chart, the 
curve in Figure 9-Y is obtained. 

Notice that as the air quantity increases, the fric- 
tion loss at first rises slowly and then increases quite 
rapidly. 
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FIGURE 9-Y 
SYSTEM CHARACTERISTIC CURVE 


A curve like the one in Figure 9-Y is known as a 
system characteristic curve. It can be drawn not only 
for a duct of single diameter, but for an entire system 
of ductwork. Once the friction loss has been computed 
for a given quantity of air flowing through a compli- 
cated system of ducts consisting of different sizes, the 
friction loss for any other air quantity can be computed 
approximately by means of the following formula: 


Pg = Q ) 2 (9-16) 
Ps, \Q 
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As is shown next, system characteristic curves are 
of value in helping to analyze the performance of a duct 
system and fan together. 


Combinations of Fan Performance and System 
Characteristic Curves 


The system characteristic curve of Figure 9-Y 
shows the static pressure required to overcome the 
friction loss in a given duct system when delivering 
various air quantities. In order to deliver any given 
quantity of air, the fan must be so selected that it can 
deliver this air quantity against the friction of the duct 
system. Fans are ordinarily selected in this manner. 
However, air conditioning systems do not always op- 
erate at constant speed nor is the resistance of the duct 
system constant. Very often, because of changes in the 
position of dampers, the system characteristic curve 
will change. Thus, the partial closing of a damper would 
mean that the friction loss of the duct system would 
increase. In other words, the static pressure required 
to deliver a given quantity of air through the duct 
system would be increased because of the partial clos- 
ing of the damper. 


STATIC PRESSURE-INCHES OF WATER 
BRAKE HORSEPOWER 


AIR QUANTITY-CFM 


FIGURE 9-2 
FAN PERFORMANCE CURVES 


In order to visualize the results of changes in the 
operating conditions, a combination chart on which 
both the fan and system characteristic curves are plot- 
ted is invaluable. As was the case with pipe and pump 
characteristic curves, the use of such combination 
charts permits a great many otherwise complex prob- 
lems to be analyzed in a readily understandable man- 
ner. 

Fan performance curves of Figure 9-Z have been 
plotted in Figure 9-AA. These curves are for a fan 
running at 600 rpm and at 400 rpm. In addition, the 
system characteristic curve of Figure 9-Y has been 
plotted on this same chart. The point at which the fan 
will operate when it is running at 600 rpm is found at 
the intersection of its performance curve for this speed 
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and the system characteristic curve; in this case, point 
1 of Figure 9-AA. The fan will deliver 21,500 cfm and 
will operate against a static pressure of 0.70 in. of water 
as read at point 1. However, if the fan speed is reduced 
to 400 rpm, the quantity of air delivered by the fan will 
be reduced to 14,400 cfm and the static pressure will be 
0.3 in. of water, as read at point 2. 


STATIC PRESSURE-INCHES OF WATER 


FIGURE 9-AA 
COMBINATION OF FAN ree ageas AND SYSTEM CHARACTERISTIC 


If the resistance of a duct system increases because 
of the closing of a damper or the clogging of air filters 
with dirt, the characteristic curve for the system will 
move up to some such position as indicated by the 
dotted line of Figure 9-AA. In sucha case the fan, when 
operating at 600 rpm, will deliver 15,600 cfm against a 
static pressure of 1.53 in. as read at point 3. If, however, 
the speed should be reduced to 400 rpm, the fan will 
deliver 10,500 cfm against 0.70 in. of static pressure as 
read at point 4. 

Frequently the volume of air being delivered by a 
fan must be reduced. The air volume can be reduced by: 
(a) reducing the fan speed. 

(b) throttling the air flow by a damper. 

The effect on the power consumption of a fan by 
reducing the air volume by either of these two methods 
can be studied advantageously by using the combina- 
tion diagram. For example, assume that the volume of 
air is to be reduced from 21,500 cfm at point 1 of Figure 
9-AA to 14,400 cfm by reducing the fan speed from 600 
rpm to 400 rpm. The fan will, therefore, operate at point 
2 of Figure 9-AA. The brake horsepower required to 
operate the fan at point 1 of Figure 9-AA is 12.3 bhp as 
read in Figure 9-Z. On the other hand, the brake horse- 
power required to operate the fan at point 2 of Figure 
9-AA is 3.7 bhp as read in Figure 9-Z. 

If, however, the fan is allowed to operate at con- 
stant speed and the air volume is reduced by partially 
closing a damper, it is evident that the system charac- 
teristic curve of Figure 9-AA will move up on the fan 
curve. If the air volume is finally reduced to 14,400 cfm 
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by closing a damper while the fan is still running at 600 
rpm, the fan will finally operate at say point 5 of Figure 
9-AA. The power required to operate the fan at point 
5 of Figure 9-AA is 7.2 bhp as read in Figure 9-Z, 
compared to 3.7 bhp obtained by speed reduction. 


From the foregoing it is evident that if the fan 
speed can be reduced without sacrificing the efficiency 
of the motor or without excessive losses in the electric 
speed control equipment, more economical operation 
can be obtained at reduced air volumes by reducing the 
fan speed than by a throttling damper. 

When a fan is connected to a given duct system, all 
the points of intersection between the system charac- 
teristic curve and the fan performance curves at dif- 
ferent speeds — such as points 1 and 2 of Figure 9-AA 
— are corresponding points. This statement would be 
strictly true if the friction varied as the square of the 
air quantity. In Figure 9-AA this is not strictly true. 
The friction varies as some exponent of the air quantity 
that is slightly less than the square of the air quantity. 
However, the ‘‘square” relationship is close enough for 
most practical purposes. 


Sound 


Acoustical control is as important as temperature 
and humidity control. To cope with noise problems, it 
is necessary to have a basic understanding of sound, for 
noise is simply unwanted sound. 

When discussing sound, one must consider sound 
magnitude and frequency, measurement of sound mag- 
nitude and frequency, and human reaction to sound of 
varying frequency and magnitude...health, produc- 
tivity, etc. 

Sound, for practical purposes, is any vibration that 
is audible to the human ear. Sound waves may be trans- 
mitted through solids, liquids or gases. Any pure sound 
is completely described by two terms — frequency and 
magnitude. The frequency of a sound corresponds to 
the pitch of the sound. The frequency of a sound is the 
same as the frequency of the vibrating source. The 
magnitude of a sound relates to the energy contained 
in the sound wave per unit area perpendicular to the 
direction of travel. 

The human ear responds to sound due to the vari- 
ation of pressure from the normal atmospheric pres- 
sure. This regular pattern of increasing and decreasing 
air pressure is the result of energy expended to the air. 
The amount of energy contained in a sound is the factor 
used in measuring the magnitude of the sound. The 
magnitude of a sound is expressed as the ratio of a 
measured sound level above an energy reference level. 

The unit of sound measurement is the dimension- 
less decibel. The decibel expresses the ratio of magni- 
tude of measured sound to magnitude of a reference 
level sound. The sound level in decibels is a logarithmic 
function of that ratio: 
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level in db = 10 logy) (measured quantity) 
reference value 
(9-17) 
db = decibel 


In sound measurement the decibel is used to nar- 
row the range of values of measured sound for ease of 
mathematical handling. The range of audible sound in 
directly measured units varies from 0.000,000,001 
watts for a whisper to 100,000 watts for a jet plane. The 
corresponding units of decibels varies from 40 db for a 
whisper to 180 db for a jet plane. 

In sound level measurement there are two types of 
sound levels used. These types are (1) sound pressure 
level, L, and (2) sound power level, Ly. These two 
sound levels use the same unit of measurement, the 
decibel, measuring sound magnitude, but they are two 
different quantities. 

To understand the definitions of sound pressure 
and sound power, first assume a given source of sound. 
Assume this source is a fan located in a room. If the 
magnitude of the sound produced by this fan is mea- 
sured throughout the room, this magnitude will obvi- 
ously vary with distance from the sound source and the 
acoustical properties of the room. This sound magni- 
tude, which is affected by acoustical environment and 
distance from the sound source, is designated as sound 
pressure level, L,. Sound pressure level is the sound 
level a person hears from a source of sound at the given 
point of observation. This sound level is the value of the 
ratio of the measured sound level to the reference 
sound level. This value is expressed in decibels by this 


equation: 
L = 10 logip( P )? (9-18) 
0.002 
= 20 log io ( P ) 
0.002 


p = sound pressure in microbars 


energy reference for sound pressure level = 0.0002 
microbar which is the same as 0.0002 dyne per square 
centimeter 

The sound pressure level is not used to rate the 
sound level produced by a given source because sound 
pressure varies with the distance from the source and 
acoustical environment. 

Sound power level is used to rate the sound output 
of a sound source. The sound output or sound power 
level of a given sound source is a constant. Its sound 
pressure level at a given observation point may be 
varied by introducing varying acoustical arrange- 
ments. For example, for a given sound source, a bare 
hard walled room will give a higher sound pressure 
level than a carpeted room with walls covered by 
drapes. However, the sound power level of this sound 
source is unchanged regardiess of this change in room 
environment. A sound power level may be determined 
for any sound source such as a fan. Sound power levels 
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must be measured under ideal acoustical conditions, 
and in this instance the measured sound pressure level 
equals the sound power level. This sound power rating 
may then be used to determine the resulting sound 
pressure level in a given acoustical environment and 
distance from the source. 

When a manufacturer of air conditioning equip- 
ment rates equipment noise, this rating must be in 
sound power, rather than in sound pressure, to have 
specific meaning. Sound power level, L,, in decibels is 
defined as: 


Ly = 10 logip( W ) 
19-!2 
W = measured sound power in watts 
reference energy level = 10-!” watts 
In order to provide a comfortable acoustical atmo- 
sphere, the frequency as well as the magnitude of the 
sound must be given careful study. Sound frequency is 


(9-19) 
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directly involved in noise control for such reasons as 
these: 
1. The human ear is more sensitive to high frequen- 
cies than low frequencies. 
2. The design of material used to attenuate sound 
depends on the frequency of the sound. 

The audible frequency range includes frequencies 
from 20-10,000 cycles per second. For ease of mathe- 
matical handling, this vast frequency range has been 
subdivided into eight separate frequency ranges called 
octaves. The frequency of the upper limit of each octave 
band is twice that of the lowest frequency in each 
octave band. The octave bands most commonly used 
are shown in Table 9-A. Frequency measurement and 
application of frequency criteria to noise level problems 
is done in octave bands. Since sounds of the same mag- 
nitude but of different frequencies will have different 
degrees of loudness to the human ear, a graph of sound 
level versus frequency is often used. This type graph 
is called a frequency spectrum. 


TABLE 9-A — Octave Bands Preferred By The AMCA Test Code, Bulletin 300 
OCTAVE BANDS IN CYCLES PER SECOND 


SERIES 1 
ASA 224. 10-1953 


SERIES 2 
ASA S 1. 6-1960 


FREQ.* 


TO 

20 OR 37.5 75 

76 150 

150 300 

300 600 

1200 

2400 

4800 
9600 OR 10KC 


2400 
4800 


*CENTER FREQUENCY IS THE GEOMETRIC MEAN OF THE CUT-OFF FREQUENCIES 
THERE ARE TWO PREFERRED SERIES OF FREQUENCY ANALYSIS. SERIES 1 IS IN COMMON USE, BUT SERIES 2 IS A NEW ASA 


STANDARD. 
REPORTED DATA MUST SPECIFY WHICH SERIES WAS USED. 


Sound Measurement 


Modern sound measurement is obtained by means 
of a sound level meter used with a microphone- 
amplifier circuit. A sound level meter reading is the 
actual sound pressure level in decibels when the fre- 
quency network of the meter is set for “flat response,” 
which is the “C’’ network of the meter. A “flat re- 
sponse” rating means that the meter reads the actual 
sound pressure level experienced by the meter and not 
a “loudness rating” simulating the reaction of the 
human ear which emphasizes high frequency sound. 

When it is necessary to know the magnitude of 
sound at certain octaves, an octave band analyzer is 
used in conjunction with a sound level meter. By using 
the octave band analyzer to electronically filter out all 
frequencies except those in a specific octave band, a 
sound pressure level for the specific octave band can be 
determined in decibels. This reading will be an octave 


band sound pressure level in decibels when the meter 
is set for “flat response.” 

Sound level meters may electronically de- 
emphasize the low-frequency end of the frequency 
spectrum to approximate the “loudness level” reaction 
of the human ear in decibels. This type of measurement 
is done on the A-scale of a standard meter and is there- 
fore called the ‘“‘A-scale noise level.” 

The response of the human ear to a sound level can 
be approximated by direct measurement or by a com- 
bination of octave band sound pressure measurements 
and mathematical calculation of the “loudness level.” 
The “A-scale noise level,” previously explained, is a 
direct measurement estimate of the human ear’s re- 
sponse. Two other methods of “loudness level” deter- 
minations of human ear response use the units of sone 
and phon for total loudness and loudness level respec- 
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tively. These methods use a combination of sound pres- 
sure level measurement and an equation to calculate 
loudness response. In addition to these methods, a 
widely used method of representing loudness criteria is 
the “noise criteria curve” (NC-curve) which defines the 
maximum allowable sound pressure level for each fre- 
quency band. 

However, for sound control problems where the 
noise level in certain octave bands is especially impor- 
tant, design based on octave band sound levels is nec- 
essary. Noise criteria (NC) curves provide this 
information. NC curves plot octave band frequencies 
versus sound level in decibels. NC curves are num- 
bered and have increasing NC numbers as the allow- 
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able magnitude of the sound spectrum increases. Areas 
such as a concert hall will have a low NC number and 
factories a relatively high NC number. Recommended 
noise criteria for different functions are listed in Table 
9-1. Figure 9-CC is a graph of the NC curves. Applying 
the correct NC curve to a given noise problem will 
provide a proper noise level for the application. 


If too high an NC curve is applied, speech inter- 
ference and/or noise discomfort will likely occur. The 
application of too low an NC curve usually results in a 
prohibitively expensive installation. For this reason, 
care must be taken to ensure that the correct NC curve 
is applied to each application to help produce a healthy 
and productive working environment. 
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NOISE CRITERIA CURVES DEFINING THE DESIGN CRITERIA 
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Sound Testing of Fans 


The current accepted procedure for testing the 
noise level of fans is AMCA’s “Standard Test Code for 
Sound Rating Air Moving Devices,” Bulletin 300. The 
stated purpose of this code is to provide a practical 
method of determining the sound power level of an air 
moving device (AMD). This sound power level rating of 
fans provides an absolute value of fan sound output 
which can be used to calculate the final acoustical effect 
of a fan on its environment. The test results of this code 
provide ratings in sound power level and not sound 
pressure level. It specifies certain testing methods, 
certain criteria on test equipment set-ups, and the use 
of a “qualified” reverberant test room. The use of these 
standard test criteria gives uniformly reproducible re- 
sults in any qualified laboratory. Generally, the test 
method involves the comparison of sound pressure 
readings of the AMD being tested and a reference 
sound source (RSS) of a known sound power value. 

The AMCA Code includes diagrams of four typical 
test set-ups. These diagrams include locations of the 
AMD, the reference sound source (RSS) and the mi- 
crophone path. AMCA test set-up 1 is shown in Figure 
9-DD. 


ACOUSTIC CENTER 


SISW CENTRIFUGAL FAN SHOWN 


FIGURE 9-DD 
AMCCA TEST SET-UP FOR FAN SOUND TESTING 


The procedure specifies the locations of the AMD, 
the RSS and the microphone path within certain limits. 

The AMD must not be closer than 3 feet to any wall 
or major sound reflecting surface. 

The reference sound source must be located so that 
its acoustic center is the same distance from the mid- 
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point of the “normal” microphone path as the nearer 
acoustic center of the AMD. Acoustic center is defined 
as the nearest room surface at the normal projection of 
the air inlet or outlet of the AMD or RSS. 


The microphone path is established on an arc or 
straight line with the distance between end points five 
feet to ten feet. No point on the path may be within 45 
degrees of the center line of the air inlet or outlet. The 
line connecting the end points of the path may not be 
within 10 degrees of parallel to any room surface and 
all points on the path must be a minimum of six feet 
from all room surfaces. 

To conduct an acceptable sound test, the test room 
must be a “qualified” room. The room must be a re- 
verberant room which, in general, means that its walls 
will reflect sound to a high degree rather than absorb 
a good portion of it. To determine the qualification of 
the test room, a series of sound pressure readings are 
taken along two different microphone paths. One path 
is half the distance to the operating reference sound 
source as the other. For the room to be acceptable, the 
closer sound pressure readings must not average more 
than 3 db above the other sound measurements. 


The reference sound source (RSS) is a sound pro- 
ducing mechanism, such as a centrifugal fan, of a known 
sound power rating. The RSS must meet certain cri- 
teria among which are a broad band sound output, a 
constant sound power output, and small physical di- 
mensions. The sound power rating of the RSS is pro- 
vided either by its manufacturer or a recognized 
acoustical laboratory. 


Using a standard test set-up, a qualified test room 
and a RSS, the test procedure followed in the AMCA 
code is called the “substitution method.”’ This involves 
a comparison between the sound pressure level of the 
AMD and the RSS in the same test room. 

Through the use of equations explained later in this 
discussion, the test results obtained are sound power 
levels in decibels in eight octave bands. These results 
are for the specific operating conditions of the AMD 
during the test and will have an accuracy tolerance of 
approximately 2 db. 

When following this AMCA test code, only air- 
borne sound is measured. Also, the fans may be tested 
as ducted or nonducted. The phenomenon of end re- 
flection attenuation must be accounted for in test re- 
sults when applicable. 

The sound measuring instruments used are readily 
available and should meet ASA standards when appii- 
cable. A sound level meter and a microphone are used 
to measure sound pressure level. An octave band an- 
alyzer is used to separate this overall sound pressure 
level reading into separate sound pressure level read- 
ings in eight octave bands. The method of calibrating 
this sound measuring system, using an acoustical cal- 
ibrator, is explained in the AMCA Code. 
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The basic equation used to obtain a sound power 
rating for an AMD is: 


(9-20) 


a 


= Ly + (wr - Lor) 

Ly = sound power level of AMD 

Lp = sound pressure level of AMD as measured 
over the normal microphone path 

Ly, = sound power level rating of the RSS 

Lpr = sound pressure level of the. RSS as measured 

over the normal microphone path 


For each test point of AMD operation, the sound 
pressure level, L,, of the AMD must be measured. 

The sound power level rating of the RSS, Ly, is a 
known quantity. 

The sound pressure level of the RSS, L,, measured 
in the given test room is a constant value and need be 
measured only once for each test set-up. 

Therefore, the factor, Ly, - Lpr in the above equa- 
tion is a known constant after L,, is measured in the 
test room over the normal microphone path. For sev- 
eral points of test operation for an AMD, the only value 
that must be measured at each point of AMD operation 
is Lp. 

After L,,, has been obtained, this result may need 
to be corrected for end reflection attenuation and cor- 
rection for sound lost due to directing the air through 
inlet or outlet ducting. These corrected test result 
equations are listed in AMCA Bulletin 300. 

The AMCA procedure lists two cases in which test 
results on an AMD may be converted to provide sound 
power ratings for different points of operation and dif- 
ferent AMD’s. These cases are for the same AMD at 
varying speeds, and for different size, but geometri- 
cally similar fans. 

Sound power levels for an AMD tested at one RPM 
may be converted to values at another RPM where the 
blade frequency at the new RPM and test RPM are in 
the same octave band. The formula for calculating the 
new octave band sound power levels is: 

New L, = Test L,, + 50 log New RPM 

Test RPM 

The sound power levels of a tested AMD may be 
converted to a larger, but not smaller, AMD which is 
geometrically similar, at the same RPM. The conver- 
sion formula is: 

Larger AMD L,, = Test AMD L,, + 70 log 

Larger Wheel Diameter (9-22) 
Test Wheel Diameter 


(9-21) 


Centrifugal Fan Designations 

In order to designate the direction in which a fan 
wheel shall rotate, the designations clockwise and coun- 
terclockwise are used. To determine the direction in 
which the wheel of a double inlet fan wheel shall rotate, 
the fan should be viewed from the pulley end of the 
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shaft. To determine the direction in which the wheel of 
a single inlet fan shall rotate, the fan should be viewed 
from the side opposite the inlet. 

There are also a series of terms used in designating 
the air discharge of a fan. Fan discharge is designated 
as horizontal if the air leaves in a horizontal direction; 
as up blast if the air is discharged vertically upward 
from the fan; and as down blast if the air discharges 
vertically downward from the fan. 

The location of the fan outlet is said to be either top 
or bottom depending upon whether the air outlet is 
located above or below the shaft of the fan. For exam- 
ple, in a bottom horizontal discharge fan, the air outlet 
is located below the shaft of the fan and the air leaves 
ina horizontal direction. For example, the fan of Figure 
9-K is said to have a top horizontal discharge because 
the air leaves in a horizontal direction from the top of 
the fan. 

In addition to horizontal and vertical discharges, 
there are angular discharges. In a fan with an angular 
discharge, the air leaves at an angle of 45 degrees with 
the vertical and horizontal axes of the fan. 

Centrifugal fans also have standardized nomencla- 
ture according to the arrangement of drive. These ar- 
rangements are illustrated in Figure 9-EE. Usually, for 
ventilation and general air conditioning work, the belt 
drive arrangements are preferred. This eliminates the 
necessity of selecting a direct connected fan for a def- 
inite motor speed. The modern V-belt drive is inex- 
pensive and reliable. Also, it permits fan speed 
adjustment on the installation if an adjustable pitch 
motor sheave is used. Even with a fixed speed drive, 
adjustments of speed can be made to meet changing 
conditions by substituting sheaves of a different size. 

Double inlet fans, while usually less expensive for 
a given duty than single inlet fans, should be located in 
a plenum. This is because duct connections to both 
inlets cannot be made unless the fan is furnished with 
inlet boxes. 

When a duct is connected to the inlet of a single 
inlet fan, it is desirable to use drive arrangements other 
than No. 3 or No. 7. This is because, with the other 
single inlet drive arrangements, there is no bearing in 
the fan inlet. A bearing located inside of the duct is 
more difficult to inspect and service than a bearing 
mounted on the drive side of the fan. Also on smaller 
fans the bearing mounted in the inlet of single inlet fans 
is detrimental to fan performance. Most manufacturers 
test and catalog small single inlet fans without an inlet 
bearing. The addition of an inlet bearing and bearing 
support presents additional air friction, which reduces 
the fan output. 

The effect of an inlet bearing on fan performance 
depends upon the size of the fan, the size of the bearing, 
and the design of the bearing support. This effect is not 
serious on large fans, and ratings on large single inlet 
fans are usually made from tests with an inlet bearing. 
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Arr. No. 1, SWSI 
Belt or direct drive. 
Wheel overhung. Two 
bearings on base. 


Arr. No. 2, SWSI 


Belt or direct drive. 
Wheel overhung. Bear- 
ings in bracket sup- 
ported by fan housing. 


Arr. No. 3, SWSI 


Belt or direct drive. 
One bearing on each 
side and supported by 
fan housing. Not rec- 
ommended in wheel 
size 27” or smaller. 


Arr. No. 4, SWSI Arr. No. 7 SWSI 


Direct drive. Wheel Belt or direct drive. 
overhung on_ prime Arr. No. 3 plus base 
mover shaft. No bear- for prime mover. Not 
ings on fan. Base or recommended in wheel 
equivalent for prime size 27” or smaller. 
mover. 
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Arr. No. 8, SWSI 


Belt or direct drive. 
Arr. No. 1 plus base 
for prime mover. 


Arr. No. 9, SWSI 
Belt drive. Arr. No. 1 
designed for mounting 
prime mover on side 
of base. 

neath. 


Arr. No. 10, SWSI 


Belt drive. Wheel over- 
hung. Two bearings on 
angle iron frame with 
motor mounted under- 


Arr. No. 3, DWDI 


Belt or direct drive. 
One bearing on each 
side and supported by 
fan housing. 


Arr. No. 7, DWDI 


Belt or direct drive. Arr. 
No. 3 plus base for prime 
mover. 


FIGURE 9-EE 
DRIVE NOMENCLATURE 


Single Width or Double Width Fan 


The available space, duct connections, air temper- 
ature and degree of air contamination must all be con- 
sidered in choosing an SW or DW fan. The cost of a DW 
fan will generally be less than an equivalent SW fan for 
the same duty. However, the DW is not used normally 
when inlet duct connections must be made or when 
bearings must be out of the air stream. 


FIGURE 9-FF 
DOUBLE WIDTH FAN WHEEL 


Figure 9-FF illustrates a double width backwardly 
inclined fan wheel. 


Fan Inlet and Discharge Conditions 


The rated capacity of a fan can be achieved only if 
it is installed properly in the field. This includes unre- 
stricted and uniform airflow to the fan inlet and proper 
discharge connections at the fan outlet. 

At the fan inlet, the following conditions will seri- 
ously reduce the fan capacity: 

1. Spinning air stream. 
2. Non-uniform air distribution. 


3. Insufficient space between fans or from the fan 
inlet to a wall. 


DOUBLE WIDTH FAN WHEEL 


FIGURE 9-GG 
COMPOUND CURVE ON FAN INLET DUCT 


{LEFT) CAUSES SPIN. 
VANES IN ELBOW AND AT FAN INLET ELIMINATE SPIN. 
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COMPOUND CURVE ON FAN INLET DUCT (LEFT) CAUSES SPIN. 
VANES IN ELBOW AND AT FAN INLET ELIMINATE SPIN. 


FORWARD SPIN REVERSE SPIN FORWARD SPIN 


FIGURE 9-HH 
EXAMPLES OF SPIN AT FAN INLET 


The spin of air at the inlet, as shown in Figure 
9-GG, may be due to the design of the duct connection 
at the inlet. This spin of air into a fan is either forward 
or reverse spin with respect to the direction of rotation 
of the fan wheel, as shown in Figure 9-HH. If the spin 
is in the direction of wheel rotation, capacity will be 
reduced and the power consumption will drop. If the 
spin is counter to wheel rotation, the power consump- 
tion will increase, the noise level will increase, but 
there will be practically no increase in pressure. 


: 
% 
* 
2 
: 
% 
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FIGURE 9-1 
UNIFORM INLET DISTRIB THROUGH PROPER USE OF VANES, 
IMPROVES FAN OPERATION AND REDUCES NOISE. 

When there is nonuniform air flow into the fan inlet 
as shown in Figure 9-II, this may also be corrected by 
using guide vanes as shown in Figure 9-I]. 

When there are no inlet ducts, fan capacity is af- 
fected when the space between fans in a multiple fan 
installation or the space between the fan inlet and a wall 
is too small. General practice is to locate multiple fans 
at least one fan diameter apart, and not to place a fan 
inlet closer than a distance of one-half fan diameter 
from the nearest obstruction. 

Test results, shown in Figure 9-JJ, show that even 
these distances result in a slight decrease in capacity. 
Greater distances should be used if possible. 

The discharge duct should be a straight section for 
at least several duct diameters to allow the conversion 
of fan energy from velocity pressures to static pressure. 

When job conditions dictate that elbows be in- 
stalled near the fan outlet, the loss of capacity and static 
pressure may be minimized by the use of vanes and 
proper direction of fan rotation relative to the direction 
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of the bend in the elbow. The high velocity side of the 
fan outlet should be directed at the outside radius of the 
elbow rather than the inside. Examples of the correct 
elbow arrangement are shown in Figure 9-KK. 


(UNRESTRICTED INLET) 


% PEAK STATIC PRESSURE 


50 
% OF WIDE OPEN VOLUME 
(UNRESTRICTED LET) 
FIGURE 3 


SPACE RESTRICTION REDUCES FAN CAPACITY AS INDICATED BY THESE 
CURVES FROM TESTS ON DOUBLE INLET FAN. 


FIGURE 9-KK 
PROPER DISCHARGE CONNECTIONS CAN MINIMIZE CAPACITY 
REDUCTION. 


Fan Selection 


The ability to select the best fan for a given instal- 
lation is one practical result of the study of fans. Fans 
are usually selected from fan manufacturers’ catalogs 
which provide separate tables for each diameter of fan 
they produce. These tables give the rpm and required 
bhp of the chosen fan over a wide range of static pres- 
sures at the specified air capacity in cfm of the fan. Such 
a table is illustrated in Figure 9-S. These tables may 
also indicate whether the chosen fan is a Class I, II, or 
III fan. Industry standards on classes of fans have been 
established by AMCA. Each different class corre- 
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sponds to a certain maximum total pressure at which 
the fan will operate. Table 9-2 shows the maximum 
pressures corresponding to each class of fan. 

If one understands the fundamental principles and 
takes into account the important items, the selection of 
the proper fan is a simple matter. The first requirement 
is that the fan must deliver the necessary air volume to 
ventilate, heat, or cool the space being served. In most 
cases, this must be done with a minimum increase in the 
sound level in the space. When selecting a fan to meet 
the above requirements, one must consider the eco- 
nomic factors involved. Is low operating cost or low 
first cost more important? Also, what type of fan will 
give the desired results at the lowest first cost? 

To select a fan to satisfy the above requirements, 
the following essential items must be known: 

. Air volume in cfm. 

. Fan static pressure. 

. Air density. 

. Type of application. 

. Size and shape of equipment room. 

Normal sound level of a conditioned space. 

. Proximity of equipment room to conditioned space 
and the distance between fan and first outlet. 
8. Length of duct, number of elbows and amount of 

acoustically lined duct. 

Each of these items will be considered separately. 

The air volume is determined by the heating, ven- 
tilating or air conditioning requirement. This air vol- 
ume is the volume at the fan discharge. 

The static pressure is that static pressure calcu- 
lated to overcome the duct friction at the required air 
capacity in the given ductwork design. As mentioned 
before, the fan static pressure is by definition the static 
pressure at the fan discharge minus the total pressure 
at the fan inlet. 

If the air density varies from standard conditions, 
the fan static pressure at the given conditions must be 
corrected to static pressure at standard conditions. 
Using the corrected static pressure and given air 
volume, the bhp and rpm may be selected from the fan 
tables. Then the bhp must be corrected to determine 
bhp at actual operating conditions. The fan laws pro- 
vide the methods of correction. 

The type of application will determine whether a 
centrifugal or propeller fan should be used, and if a 
centrifugal fan is indicated, what arrangement is de- 
sirable. If a large volume of air is to be handled at low 
static pressure and maintenance of a low noise level is 
not important, a propeller type fan may be considered. 
However, most central air distribution systems will 
involve fairly high static pressures and will require a 
low noise level. These conditions will usually call for 
selection of a centrifugal type fan. Further discussion 
will be limited to the selection of centrifugal type fans. 

The normal sound level of the conditioned space can 
be measured with a sound meter or can be estimated. 


AIATR WON 


279 


The size and shape of the equipment room, along 
with the type of application, will govern the fan ar- 
rangement to be used. If the fan is to be installed within 
a plenum space, and it is not necessary to make air inlet 
duct connection to the fan, one of the double width 
arrangements may be satisfactory. Double width fans 
are generally cheaper than single width fans for the 
same duty. When it is necessary to connect a duct 
directly to the fan inlet, or when it is essential that 
bearings be out of the air stream, such as when han- 
dling hot, extremely cold or dirty air, one of the single 
width arrangements may be indicated. 

The proximity of the equipment room to the con- 
ditioned space must be taken into account. If the room 
is surrounded by occupied spaces, maintenance of a low 
sound leve) will be important. The selection, in this case, 
will be different than if the fan were remotely located. 


If there is a large distance between the fan and the 
first outlet, the noise level at the outlet will be rela- 
tively low due to the attenuation capability of the duct- 
work. In this case a smaller, cheaper and noisier fan 
may be satisfactory compared to the type of fan needed 
when the first outlet is close to the fan discharge. 


Duct Design 


A current study of duct design must necessarily 
include discussions of both low velocity and high ve- 
locity duct design. More high velocity air distribution 
systems are being installed every year due to the space 
saving feature of high air velocity duct design. 

The general rules used for conventional low veloc- 
ity duct design also apply to high velocity duct design, 
but special consideration must be given the design 
method, the noise problem and installation of high ve- 
locity ducts. A special discussion of high velocity sys- 
tems follows the discussion of the general design rules 
which apply to both types of duct design. 


Conventional Low Velocity Duct Design 

As was the case with water, whenever air flows 
through a pipe or duct, some pressure is lost because 
of friction. The larger the quantity of air flowing 
through a duct of a given area, the greater will be the 
friction loss. Likewise, with a given quantity of air to 
be delivered, the smaller the duct that is provided for 
carrying this air, the greater will be the friction loss. 
Hence, the power required to deliver a given quantity 
of air increases rapidly as the size of the duct is de- 
creased. 

The first cost of a duct depends upon its size. The 
smaller the duct, the smaller will be its first cost. How- 
ever, the power required to deliver the air through the 
smaller duct rises because of the increase in pressure 
due to the increased friction loss. Theoretically, there- 
fore, the choice of duct size depends upon balancing the 
operating cost of the system against its first cost. 
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FRICTION CHART FOR AiR 
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DUCTULATOR® 
SI METRIC UNITS 


The required ac volume nn Hersisecond {./6 - outer Dive and tec bands) + 
frst With onty one ol the following factors known. Ire ofher three 
are found Irom a tingle eating of the Ductuiator 


1, Fncbon i: Pascale (Pa) per meter of equivalent engi) sinner blue DaAd? 
velocity in meters‘second (vs) in round duct (inner red band} 
(mm . 


4. Dimensions for ractanguter ducts {nvr} tGreen bands) 


DUCTULATOR 


English and SI Metric Units 


The Ductulator is an accurate, easy-to-use calculating device that 
aids m the layout of air handling systems. sizing of ducts and 

the checking of existing duct systems. With a single setting. the 
answers to any duct sizing problem may be read directly fram the 
face of the Ductulator. Conversion of units. English-to-metric, or 
vice versa, is accomplished by setting-up a problem on the scales 
of one unit system, reversing sides of the Ductulator, and reading 
the converted values from the scales of the other unit system 


The Trane Company, La Crosse, Wisconsin 54601 


FIGURE 9-NN 
“DUCTULATOR®,” A MECHANICAL DEVICE FOR CALCULATING SIZE OF DUCTS. 
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Practically, this balancing of costs is a lengthy pro- 
cess and sometimes a useless one because of the lack of 
reliable cost data. Duct designers invariably depend 
upon past experience with air conditioning and venti- 
lating systems in selecting the pressure losses to be 
allowed in the duct system. In addition to this, in con- 
ventional low velocity duct design, the problem is fur- 
ther complicated in commercial buildings by the fact 
that duct velocities must be maintained below some 
definite point if quiet operation is to be obtained. 

Recommended practice is shown in Table 9-3. If the 
maximum velocity is thus set, this immediately fixes 
the maximum friction loss for a given air quantity with- 


out any other considerations of cost. In many industrial 
systems where noise is not a factor, the problem is only 
one of balancing the operating cost against the first 
cost. 


The friction loss in a straight duct can be deter- 
mined by means of the charts in Figures 9-MM and 
9-00 or through use of a Ductulator®, Figure 9-NN. 
These charts show the relation between the velocity, 
air quantity, and friction loss in round ducts of various 
sizes. By means of Table 9-4, this chart can also be used 
for rectangular ducts. The use of Table 9-4 is discussed 
later. 
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FIGURE 9-00 
FRICTION CHART FOR AIR 
Reprinted with permission from ASHRAE Guide And Data Book 


per cu ft density flowing through average, clean, round, galvanized metal ducts 


FRICTION LOSS IN INCHES OF WATER PER 100 FT 
having opproximately 40 joints per 100 


(Based on Standard Air of 0.075 Ib 


CHAPTER IX — AIR TRANSPORT SYSTEMS 


Example 9-7: 


A duct 165 ft long is 16 in. in diameter. The quantity of 
air to be delivered through the duct is 2000 cfm. Find: 


(a) the friction loss in the duct. 
(b) the velocity of the air flowing through the duct. 


Solution: 


(a) Referring to Figure 9-MM, at the intersection of 
the horizontal line of 2000 cfm and the diagonal 
line of 16 in. diameter, the friction loss is found to 
be 0.175 in. of water per 100 ft of duct length. For 
a length of 165 ft, 


Total friction loss = 0.175 x 165 
100 
= 0.29 in. 

(b) The velocity of the air in the round duct as read 
in Figure 9-MM at the intersection of the hori- 
zontal line of 2000 cfm and the diagonal line of 16 
in. diameter is 1440 fpm. 


Example 9-8: 


The total pressure available for the friction loss in a duct 
amounts to 0.2 in. The duct is 22 in. in diameter and is 
315 ft long. Find: 


(a) the maximum quantity of air that can flow through 


the duct system. 
(b) the velocity of the air. 
Solution: 
(a) Friction loss per 100 ft = 100 x 0.20 
315 
= 0.0635 in. per 100 ft of 
duct length 


Referring to Figure 9-00, for a friction loss of 
0.0635 in. and a 22-in. diameter duct, the maximum 
quantity of air that can flow through the duct 
system is 2700 cfm. 


(b) The velocity of the air, as read in Figure 9-00, is 
1030 fpm. 


Equivalent Rectangular Ducts 


Rectangular ducts are used more frequently than 
round ducts. Although round ducts require the least 
metal in order to carry a given quantity of air through 
them, rectangular ducts are used in most installations 
because of space considerations. As a rule, rectangular 
ducts fit into available spaces in buildings and can be 
installed less conspicuously than round ducts. The 
charts of Figures 9-MM and 9-00 can be used to find 
the friction loss in rectangular ducts by first finding the 
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equivalent round duct. The equivalent round duct is the 
round duct which will have exactly the same friction loss 
as the given rectangular duct for the same air quantity. 

The equivalent rectangular duct for any circular 
duct can be found in Table 9-4. If the dimension of one 
side of the rectangular duct is known, the dimension of 
the other can be found in this table for any size round 
duct. The sides of the rectangular duct are listed in the 
first column, and across the top row. The diameter of 
the equivalent round duct is found in the body of the 
table. The friction loss in the rectangular duct will be 
the same as the friction loss in the equivalent round duct. 


Example 9-9: 


A round duct 18 in. in diameter is required. Find the 
short side of the equivalent rectangular duct that may be 
used if the long side of the rectangular duct may be 24 in. 


Solution: 


Referring to Table 9-4, for a long side dimension of 
24 in. and a diameter of 18 in., the short side of the 
equivalent rectangular duct is found to be 11.6 in. 


Example 9-10: 


A duct 24 x 12 is to be used to deliver 3000 cfm. Find the 
friction loss in the duct per 100 ft of duct length. 


Solution: 


Referring to Table 9-4, for a 24 x 12 duct, the equiv- 
alent round duct is found to be 18.3 in. in diameter. 
Referring to Figure 9-00, for 3000 cfm and an 18.3-in. 
diameter duct, the friction loss is 0.20 in. per 100 ft 
of duct length. This is also the friction loss in the 24 
x 12 rectangular duct. 


In using Table 9-4 either the long or short side of 
the duct must be known. With one side known, the 
other can be determined from the table. Usually either 
the depth or the width of the duct is determined by the 
space in which the ductwork is to be installed. How- 
ever, where there are no conditions which determine 
the dimensions of a rectangular duct, square ducts 
should be used as they require the least metal to build. 


Dynamic Pressure Losses 


Whenever the direction or velocity of air flow in a 
duct is changed, the pressure loss is greater than if 
there had been uninterrupted flow. The additional loss, 
above that which would have been experienced in un- 
interrupted flow, is termed dynamic loss. Dynamic 
pressure losses may be divided into two genera) 
classes: (1) those caused by changes in direction of the 
duct and (2) those caused by changes in cross sectional 
area of the duct. 

Dynamic loss varies as the square of the mean 
velocity of the air: 
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sel 

Ha =c () 

H, = dynamic pressure loss, inches of water 

V_ = mean velocity of air flow, feet per min. 

¢ =anexperimentally determined constant (dynam- 


ic loss coefficient) 


The dynamic pressure loss due to change in direc- 
tion of air flow, termed elbow loss, may be calculated 
by using Table 9-5, but another method using “addi- 
tional equivalent length” is preferred. This method is 
explained in the next section. 

Table 9-6 gives values of the dynamic loss coeffi- 
cient for varying degrees of duct area change. Coeffi- 
cients for area change may be used for symmetrical 
area changes only. 
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FIGURE 9-PP 
RELATION BETWEEN VELOCITY AND VELOCITY HEAD 
FOR STANDARD AIR 
Reprinted with permission from the ASHRAE Guide And Data Book 


2 
Figure 9-PP gives the velocity pressure, () 


when the air velocity is known. This enables an easy 
solution to the dynamic loss formula after the dynamic 
loss coefficient is known. 


Example 9-11: 


Determine the pressure loss due to a gradual contraction 


in a length of straight duct. Figure 9-QQ shows the 
contraction angle to be 60°. Velocity in area Ag is 3000 


fpm. (9-24) 


Hy = G2) = 0.07 (300) = .039 in. water 


FIGURE 3-00 
EXAMPLE OF DYNAMIC PRESSURE LOSS 
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(9-23) Pressure Losses in Elbows and Branch 


Take-Offs 


The elbows in duct systems must be correctly de- 
signed if the friction losses are to be held to a minimum. 
In addition to keeping the friction losses to a minimum, 
it is very important that the air velocity should be 
uniformly distributed over the cross section of the 
elbow if a register or supply grille is placed on the outlet 
of the elbow. Excessive friction loss in elbows is due to 
the fact that air is not uniformly distributed over the 
cross-section of the duct. The portion of the air stream 
which travels along the outside edge of the elbow is 
deflected around the turn. However, the portion of the 
air traveling along the inside tends to continue its 
straight travel until it impinges against the air stream 
on the outer edge. As a result of the eddy losses, the 
friction loss in elbows is likely to be high unless these 
eddies are prevented. Elbows should be so designed as 
to minimize eddy losses. 


Before proceeding to a discussion of the method of 
designing elbows, the meaning of a few terms that will 
be used must be understood. In straight lengths of duct- 
work the width of the duct is the horizontal dimension 
of the ductwork and the depth is the vertical dimension. 
However, when discussing elbows the terms width and 
depth of the elbow have a different meaning. The width 
of an elbow is always the dimension of the elbow which 
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lies in the same plane as the radius of the elbow. Thus, 
referring to Figure 9-RR, the width of elbow “‘A” is 20 
in. and its depth is 10 in. For elbow “A” of this illus- 
tration, the conventional definitions of width and depth 
of straight ductwork apply. However, this is not the 
situation with elbow “B” of Figure 9-RR. For this 
elbow the width of the duct is 10 in. and its depth is 20 
in. The width of an elbow is always the dimension in the 
same plane as the radius of the elbow. This definition 
of the width and depth of elbows is necessary if con- 
fusion is to be avoided in a discussion of elbows. 

A term that is widely used in elbow design is called 
the radius ratio. This ratio is found by dividing the 
center line radius of an elbow by its width. Thus, re- 
ferring to Figure 9-RR, the radius ratio of elbow “A” 
is 12 + 10 = 1.1. For elbow “B” the radius ratio is 


Another factor that is important in the design of 
elbows is the aspect ratio of the elbow. The aspect ratio 
for elbows and for straight ducts is defined differently. 
The aspect ratio of a straight duct is always equal to the 
long side of the duct divided by its short side. However, 
in the case of elbows the aspect ratio is always equal to 
the depth of the duct divided by its width. Thus, the 
aspect ratio of elbow “A” of Figure 9-RR is 10 = 0.5. 

20 
20 


For elbow ‘“‘B” the aspect ratio is i 2.0. 


ADDITIONAL EQUIV LENGTH IN TERMS OF WIDTH, 


10 i. 
RADIUS AATIO, R/W 


FIGURE 9-SS 


LOSS IN 90 DEGREE ELBOWS OF RECTANGULAR CROSS-SECTION 
Reprinted with permission from the ASHRAE Guide And Data Book 


For turns less than 90 degrees, the friction loss is 
about proportional to the angle through which the 
elbow is turned. Thus the friction loss in a 45 degree 
elbow will be half of the friction loss in a 90 degree 
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elbow. The equivalent length factor for a 45 degree 
elbow will be one-half the values given in Figure 9-SS, 
and for a 30 degree elbow one-third the tabulated 
values. 

The friction loss in turns greater than 90 degrees 
is not quite proportional to the angle. For a turn of 180 
degrees, the friction loss is only 70 percent greater than 
for a 90 degree turn, and turns between 90 degrees and 
180 degrees are in proportion. Thus, for a turn of 135 
degrees (90 + 45), the friction loss will be about 
35 percent ( 45 x 70 ) larger than in a 90 degree elbow. 

90 
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20 
RADIUS RATIO, R/0 


FIGURE 9-TT 
LOSS IN 90 DEGREE ELBOWS OF ROUND CROSS-SECTION 


As explained in the previous section, dynamic pres- 
sure loss is defined as the pressure loss above that 
incurred by air flow in a straight duct of uniform cross 
section. The dynamic loss coefficient is not affected by 
the roughness of the duct walls except in elbows. Here 
it affects the dynamic loss coefficient, thus introducing 
another friction factor besides dynamic loss and normal 
friction loss. 

To simplify the solution of pressure loss in elbows, 
the dynamic loss and friction loss due to the elbow are 
combined into a total friction loss which is then ex- 
pressed in length of similar duct which has the equiv- 
alent pressure loss. This additional equivalent length of 
duct may be obtained from Figure 9-SS or Figure 9-TT. 

The straight length of duct between elbows is mea- 
sured to the intersection of the center lines of the 
straight duct. After determining the total length of 
straight duct, the “additional equivalent length” is 
added. 

Elbow pressure loss may also be determined di- 
rectly in inches of water by using special graphs such 
as Figure 9-UU. 
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The types of branch take-offs used frequently in 
high velocity duct systems are illustrated in Figure 
9-UU which gives the pressure loss for these take-offs. 


Example 9-12: 


Find the equivalent length of an 18 in. wide by 24 in. deep 


elbow with an inside radius of 9 in. 


Solution: 


The radius ratio = 9 + 9 = 1. 
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The aspect ratio = 24 = 1.33 
18 


From Figure 9-SS, the additional equivalent length 
in terms of width is 12. The additional equivalent 


length in feet is: 12 x ue 18 additional feet. 


Example 9-13: 


Using Figure 9-UU, determine the pressure loss in in. 
of water due to a 16 inch, 5 section elbow when the air 
velocity is 2000 fpm. The answer read from the inter- 
section of the 2000 fpm velocity and the 16 inch, 5 section 
elbow is .05 in. water. 
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FIGURE 9-UU 
ELBOW AND BRANCH TAKE-OFF LOSSES 


Example 9-14: 


Using Figure 9-UU, determine the pressure loss at a 90 
degree branch take-off when the air flow in the main duct 
upstream from the take-off is 10,000 cfm and the flow in 
the branch is 1000 cfm. The branch air velocity is 2000 
fpm. From Figure 9-UU, the answer is read at the in- 
tersection of the line marked R = .1 and a branch ve- 
locity of 2000 fpm. The pressure loss read from the chart 


is .39 in. water. 


Elbows with Splitters 

When an elbow is followed by a duct whose length 
is at least four times the equivalent diameter of the 
elbow, no splitters are required if the radius ratio of the 
elbow has a value of 1.5. The friction loss in an ordinary 
elbow with a radius ratio of 1.5 is about the same as the 
friction loss in an elbow of smaller radius ratio with 
splitters. Hence, where space permits, an ordinary 
elbow of this radius ratio should be used. 
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Where space limitations make necessary the in- 
stallation of an elbow having a radius ratio of less than 
about 1.5, splitters should be installed in the elbow. For 
elbows with a small radius ratio, the installation of such 
splitters materially reduces the pressure loss. 

When elbows discharge directly into the atmo- 
sphere, that is, there is no ductwork at the outlet of the 
elbow, splitters should always be used. The friction loss 
for a plain elbow discharging into the atmosphere is 
considerably higher than the friction loss when the 
elbow is followed by a duct. The installation of splitters 
reduces this friction loss materially. In addition, the 
splitters help to distribute the air evenly across the 
discharge so that the velocity of the air leaving the 
elbow will be far more uniform than if no splitters were 
used. Furthermore, splitters will cause the air to be 
delivered in a more nearly horizontal direction than it 
is possible to obtain without splitters. 

Summarizing, when an elbow is to be used to dis- 
charge air directly into the atmosphere, splitters 
should be used. On the other hand, when an elbow is 
followed by a length of duct that is at least four times 
the equivalent diameter of the elbow, splitters need not 
be used unless the radius ratio of the elbow is less than 
about 1.5. 


The dimensions of an elbow cannot be changed 
because they are determined by the duct in which the 
elbow is installed. However, if the aspect ratio of an 
elbow is low, the aspect ratio may be increased by 
installing splitters as in Figures 9-VV and 9-WW. The 
effect of installing splitters in an elbow is to make a 
number of separate smaller elbows out of the original 
elbow. For example, for the left elbow of Figure 9-VV, 
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the effect is exactly the same as though two separate 
elbows were provided and the air was divided into two 
unequal parts — each part flowing through its own 
elbow. Each of the smaller elbows will have a higher 
aspect ratio than the original elbow. This is also ap- 
parent from Figure 9-WW. 


RADIUS 


FIGURE 9-WW 
IMPROVING ASPECT RATIO WITH SPLITTERS 


In addition to improving the aspect ratio, splitters 
also increase the radius ratio. Thus, in Figures 9-VV 
and 9-WW the radius ratio of each of the smaller elbows 
is higher than the radius ratio of the single original 
elbow. 

The data in Figure 9-VV can be used to determine 
the location of splitters in elbows. The use of one split- 
ter in an elbow is quite common, and two splitters are 
occasionally used. The splitters are so located that the 
radius ratio of each of the separate elbows formed by 
the splitters is about the same. 

The data in the left-hand table of Figure 9-VV has 
been calculated so that, using the given ratios in the 
table, both radius ratios will be the same. For example, 
take an elbow with a single splitter whose radius ratio 
is 1.00. According to the data on the second line of the 
left-hand table of Figure 9-VV, each of the two separate 
elbows formed by the splitter has a radius ratio of 1.86. 

By installing splitters both the radius ratio and the 
aspect ratio can be increased, thus materially decreas- 
ing the friction loss of the elbow. For example, for the 
original elbow of Figure 9-WW, the radius ratio is 0.75 
and the aspect ratio is 0.5. From Table 9-5, for such a 
plain elbow the dynamic loss coefficient is 0.50. How- 
ever, by installing two splitters in accordance with the 
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data in Figure 9-VV, the radius ratio R of each of the 
a 

individual elbows becomes equal to 1.91. However, by 

installing two splitters in accordance with the data in 

Figure 9-VV the radius ratio of each of the individual 

elbows developed becomes equal to 1.91. This is greater 

than the optimum radius ratio desired. 

Going to Table 9-5, for a rectangular elbow with 
two splitters located as above, for the original center 
line radius of the elbow 0.75 we see that the dynamic 
loss has been reduced to 0.12. The dynamic loss coef- 
ficient has been reduced from 0.50 to 0.12, a reduction 
in friction loss of 76 percent. 

When splitters are installed in an elbow to improve 
the aspect ratio, there is a possibility that the radius 
ratio of each of the individual elbows formed may be 
considerably greater than 2. In such a case, the friction 
loss of the elbow with splitters may be greater than the 
friction loss of a plain elbow due to the increased length 
of the elbow. 

Where an elbow with a radius ratio of 1.5 can be 
installed, there is not a sufficient gain to warrant in- 
stalling splitters in elbows. Splitters are used in elbows 
only where the requirements of space or appearance 
make it necessary to install an elbow with a small radius 
ratio. 


FIGURE 9-XX 
TURNING VANES 


Square Elbows With Vanes 


From Figure 9-TT it can be seen that the pressure 
loss in a square, or miter, elbow is very high compared 
with a rounded elbow. However, frequently because of 
the requirements of appearance or space, a square 
elbow must be used. If this is the case, vanes should be 
installed as in Figure 9-XX to keep the friction loss to 
the minimum possible value. In addition, when elbows 
are used to discharge air directly into the atmosphere, 
vanes are extremely valuable for uniformly distribut- 
ing the air across the grille. 
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The space between each pair of vanes in Figure 
9-XX forms an individual elbow. Obviously, the aspect 
ratio of each of the individual elbows thus formed de- 
pends on the space between the vanes, and this space, 
in turn, depends upon the number of vanes used. As a 
rule, vanes are so spaced that the aspect ratio of each 
of the individual elbows formed by the vanes will be 
about 5. Thus, elbow “A” of Figure 9-RR is 20 in. wide 
and 10 in. deep. If this elbow were made square, and the 
vanes spaced 2 in. apart, the aspect ratio of each of 
the elbows formed by the vanes would be (2) or 5. 
Consequently if the elbow is designed like the one in 
Figure 9-XX, the distance w between the blades will be 
2 in. Inasmuch as the elbow is 20 in. wide, the number 


of blades required will be S -1=9. 


An extended lip is usually installed on each end of 
the blade. This extension is usually made equal to about 
half the radius on the entering side of the blade and 
equal to the radius on the leaving side of the blade as 
shown in Figure 9-XX. 

Because the blades illustrated in Figure 9-XX are 
each drawn with a different center, the space between 
corresponding points of adjacent blades is not the same. 
Consequently, the velocity of the air will change as it 
flows through each of the individual elbows formed by 
the adjacent blades. Because of this change in velocity, 
eddy losses occur which increase the friction loss of 
such elbows. It is possible, by using thick blades or 
blades formed of double metal walls, to maintain a 
uniform spacing and hence a uniform velocity. With 
such blades the friction loss will be lower than for the 
blades illustrated in Figure 9-XX. However, blades of 
this type are seldom used because the gain is usually 
not sufficient to warrant the much greater expense 
involved. 

CONDITIONING EQUIPMENT 


DIRECTION 
OF AIR FLOW 


CONVERGING 
SECTION 


DIVERGING 
SECTION 


FIGURE 3-YY 
TRANSITION PIECES IN DUCTWORK 


Diverging and Converging Duct Sections 

Special care must be exercised in making transition 
connections to and from equipment. Usually the cross 
sectional area of the conditioning equipment will be 
greater than the cross sectional area leading to and 
from the equipment as shown in Figure 9-YY, neces- 
sitating a diverging section of ductwork ahead of the 
equipment and a converging section after it. The angle 
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“A” of Figure 9-YY should be made as small as possible 
in order to spread the air evenly across the face of the 
conditioning equipment and also to reduce the friction 
losses. When the angle ‘“‘A” is unduly large, the friction 
losses will be relatively large because the air is unable 
to expand and fill the diverging section as rapidly as the 
metal sides diverge. Experiments have shown that the 
minimum friction loss is obtained when the angle ‘‘A”’ 
is about 3 degrees. However, such small angles can 
rarely be used in actual installations because the length 
of the diverging section would be too great. An effort 
should be made to keep the angle “A” less than 10 
degrees. If it must be made larger because of space 
limitations, then splitters should be installed as shown 
in Figure 9-YY. The splitters will serve the double 
purpose of reducing the friction loss, and, at the same 
time, will distribute the air evenly over the face of the 
conditioning equipment. 

The friction losses in converging sections are very 
much smaller than in diverging sections. An air stream 
can be forced into a smaller area with almost no eddy 
loss if the angle “‘B” of Figure 9-YY can be made less 
than 15 degrees. If the angle “B” cannot be made less 
than 15 degrees, splitters should also be installed in the 
converging section. 


Changes in Duct Friction Loss 
With Change in Air Density 


With a constant volume flowing — not a constant 
weight — the friction loss for a duct system varies 
directly as the air density. Thus, the following formula 
applies: 


Pw = ds 


Pa dq; 
where P,, and d; are the static pressure and density 
respectively of air at one condition; and P,. and dz are 
the static pressure and density of air at a second con- 
dition. 

From this, then, the weight flow changes with any 
variation in air density since Formula (9-24) is based on 
constant volume flow through the duct. As has been 
mentioned, it is desirable to maintain a definite weight 
flow of air to absorb or supply sufficient heat to the 
conditioned space. 

When this is the case, confusion can be avoided if 
the friction loss is first determined for a volume of 
standard air equal to the volume of actual nonstandard 
air. The friction loss is then modified by means of For- 
mula (9-24) to the loss for the nonstandard air. 

The actual volume and actual pressure loss ob- 
tained by means of these computations are those for 
which the fan must be selected. The selection proce- 
dure is outlined under the previous section, “Fan 
Laws.” 


(9-24) 
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Example 9-15: 


Find the fan selection volume and actual pressure loss to 
maintain a constant weight flow corresponding to a stan- 
dard air volume of 11,050 cfm in a 32-in. diameter round 
duct 500 ft long, when the air density is .0637 Ib per cu 
ft. 


Solution: 


The actual volume flowing at the .0637 lb per cu ft 
density is: 


0750 _ 
11,050 x 0637 * 13,000 cfm 


From the Figure 9-00, the friction loss per 100 ft of 
duct with 13,000 cfm of standard air in a 32-in. di- 
ameter round duct is 0.20 in. water gauge. 


The friction loss for 500 ft is: 


500 1: 
0.20 x 100 ~ 1.0 in. water 
Py2 Pa dz (9-25) 
Pay di; 
- .0637 
Poo = 10 x 0750 
= 0.85 in. water, which is the actual friction 
loss 


The problem of fan selection is now identical to Ex- 
ample 9-6. 


Density of Air in Fan and Duct Differ 


Occasionally installations are made in which a heat- 
ing coil is installed between the fan and the ductwork. 
As a result of this, the air flowing through the duct is 
at a different temperature and has a different density 
than the air flowing through the fan. Evidently the 
weight of air flowing through the duct is exactly the 
same as the weight delivered by the fan. However, the 
volume of air flowing through the duct is greater than 
the volume of air flowing through the fan. 

If the ductwork has been designed on the basis of 
the volume of standard air needed, the static pressure 
against which the fan must actually work will be dif- 
ferent from the static pressure computed on the basis 
of standard air flowing in the duct. For a constant 
weight of air flowing through the duct, the static pres- 
sure against which the fan must work can be computed 
by means of the following formula: 

Pa de 


where P,; and dj; are the static pressure and density 
respectively of standard air; and P.g and de are the 
actual static pressure and density of the air flowing 
through the duct. The following example illustrated the 
use of this formula. 


(9-25) 
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Exanvple 9-16: 


The static pressure loss in a duct with standard , air 
flowing through the duct is 0.77 in. Find the static pres- 
sure loss in the duct if the air flowing through the duct 
has a density of .0675 lb per cu ft, maintaining constant 
weight flow. 


Solution: 
Po _ dh (9-25) 
Ps dz 
x .0750 


= 0.856 in., actual static pressure against 
which the fan must work 


For conditions of the foregoing example, a fan han- 
dling standard air should be selected for the volume of 
standard air needed but against a static pressure of 
0.856 in. — not 0.77 in. Thus, if 15,000 cfm of standard 
air were needed for the conditions of the foregoing 
example, the fan would be selected from the multi- 
rating tables for 15,000 cfm against 0.856 in. of water. 


Designing Ductwork 

Three methods are widely used in designing duct- 

work: 
1. Velocity 
2. Equal friction 
3. Static regain 

The choice of design method depends almost en- 
tirely upon the size of the ductwork installation. Small 
duct systems (homes, shops or a few office rooms) are 
commonly designed by the velocity method. Large high 
pressure systems are most frequently designed by com- 
puter software programs using the static regain 
method. Duct arrangements between these two ex- 
tremes are nearly always laid out by the equal friction 
method. Sometimes a duct arrangement will be de- 
signed by a combination of two methods. For instance, 
the trunk duct will be laid out by the static regain 
method and the branch duct runs designed by the equal 
friction method. 

In designing ductwork, a new term called “unit 
friction’ will be utilized which means the friction loss 
per 100 ft of ductwork equivalent length. 

Regardless of the duct design method chosen by 
the air transport system designer, the final design and 
duct layout will likely result from the use of comput- 
erized duct design and drafting programs available 
that are based on algorithms from the ASHRAE Hand- 
book of Fundamentals and other test data from 
SMACNA. The Trane Company CDS group offers a 
family of programs for duct design and layout. 

Although computer power and speed have re- 
placed hand calculation of duct designs, it is important 
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for the designer to understand the fundamentals of the 
various design methods to properly apply them to air 
transport system design in buildings and processes. A 
clear understanding of the various methods will also aid 
the service technician in performing diagnostic tests to 
correct air transport operational problems as they 
occur in field installations. 


Velocity Method 

In the velocity method, a velocity is arbitrarily 
assigned to each section of the ductwork. The velocity 
is highest at the fan outlet and is reduced as various 
branches are taken off the main duct. The velocity will 
be lowest at the end of the duct. Since the air quantity 
for each section of the duct is already known, assuming 
the velocity permits the area to be calculated. Taking 
the duct size of each section to the friction chart, along 
with the air quantity, the unit friction is read. The total 
friction is then found by adding the friction losses of the 
individual sections making up the longest equivalent 
length. Example 9-17 illustrates the design procedure 
for the velocity method. 


Example 9-17: 


The supply ductwork for air conditioning an office is 
shown in Figure 9-ZZ. Ceiling diffusers will be used and 
the air quantities for each are shown. Size the ductwork 
by the velocity method. What is the friction for the duct 
system? 


Solution: 


Step 1: Write the air quantity on each section of duct, 
starting at outlet 7. Section D carries 700 cfm; section 
J, 800 cfm. Section I must carry the sum of outlets 6 
and 5 or 1500 cfm. Section C must carry the sum of 
sections D and I or 2200 cfm. Finally, section A car- 
ries 5600 cfm. 


Step 2: Assume an air velocity for each duct section. 
As a guide to velocity selection, check Table 9-3 
column 3. The recommended velocity for main ducts 
is 1000 to 1300 fpm. Use 1300 fpm for section A and 
reduce it to 1250 fpm for section B and 1200 fpm for 
section C. 


For the branch duct velocities, 600 to 900 fpm is 
recommended. Use 800 fpm. Now return to section 
D. Considering this as part of the main duct, the air 
velocity should be 1150 fpm. Considering it as a 
branch duct, the air velocity should be 800 fpm. Of 
course, the first 25 ft might be considered the main 
duct and the last 10 ft as a branch. But there is no real 
good reason for this since the entire run carries 700 
cfm. One way to get the air velocity for section D is 
to select a velocity between the 1200 fpm in section 
C and the 800 fpm for a branch. Use 1000 fpm. 
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Step 3: Calculate the area of each section 
_ AV (9-26) 


where 


Q = Air quantity, cfm 
A = Cross sectional area of duct, sq in. 
V = Air velocity, fpm 


Solving this equation for area, 


RADIUS 
RATIO ELS8OW 
=0.90 


700 CFM 


0.073 IN. WG. 
14X54 

1300 FPM 
S600 CFM 


SECTION A 27 


FAN 


For section A, 


A - (144) (5600) 
1300 
= 620 sq in. 


Next find the diameter of a duct having this area. 


2 
Area = 7 (diameter) (9-27) 


Diameter = ¥ (4) (area) 


ir 


= ¥ (4) (620) 


us 


= 28.1 in. 


PRESSURE OROP IN 
TAKE-OFF AND 
OIFFUSER, 0.06 


700 CFM 


800 CFM 


FIGURE 9-ZZ 
SUPPLY DUCT FOR EXAMPLE 9-17 


Next, convert this to an equivalent rectangular duct 
by using Table 9-4. If one side of the duct is 14 in., the 
other is 52. Therefore, section A is 14 x 52. 


Step 3 can be shortened by using the Ductulator® 
(Figure 9-NN). On the inside red scale set 1300 on 
5600 of the outside red scale. On the green scale read 
54 opposite 14. Therefore, section A is 14 x 54. While 
this is not exactly the same as the long calculation, 
the result is accurate enough for practical purpose. 
After all, it would have been all right to use 1250 fpm 
for the air velocity. 


Now size section B. Set 1250 fpm against 4100 cfm on 
the red scale. On the green scale read 38x14. 


In the same way size section C as 22x14. For section 
D set 1000 fpm against 700 cfm and read 8 x 14. It will 
be hard to put a take-off for 700 cfm in a duct 8 in. 
wide. So increase the width to 12 in. Now read 12 x 
9.3. Of course ducts are specified only in whole 
numbers. ..as a matter of fact some engineers use 
only even numbers. In this case section D would be 
12x10 as a depth of 10 rather than 9 would be used. 
The result is a reduction in velocity to 920 fpm. (The 
velocity would be 1020 fpm in a 12x9 duct.) 


Now size all the branch ducts for a velocity of 800 
fpm. The sizes are shown in Table 9-B. 
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Step 4: Calculate the pressure drop. The pressure 
drop will be the friction in the run with the longest 
equivalent length. This is to outlet 7. The aspect ratio 
and R/W are listed in Figure 9-ZZ as 3.9 and 0.90 
respectively. From Figure 9-SS the length factor of 
the elbow in section A is 20. The equivalent length is 
length factor times width. Or, 


Equiv. Length = 20 x se 


= 90ft. 


Table 9-B — Summary of Duct Design of Example 9-17 


UNIT 
CAPACITY, | VELOCITY, FRICTION, 
SECTION CFM FPM IN. WG 
A 5600 1300 


14x54 


e-TroOa™m™oooe 


For the elbow in section D, assume R/W = 1.00. The 
aspect ratio is: 
depth 


Aspect ratio = width 


From Figure 9-SS read the length factor of this plain 
elbow as 9.5 ft. The equivalent length is 


12 _ 
9.5 Xi5 = 9.5 


Next, obtain the unit friction for each section from 
the fan to outlet 7. For Section A, turn to Figure 
9-00. Find the intersection of 5600 cfm and 1300 fpm. 
Read the unit friction at this intersection as 0.073 in. 
wg. (This can be read directly from the Ductulator. 
Set the green scales to 54 x 14; opposite 5600 cfm on 
the blue scale read unit friction of 0.073 in. wg). The 
pressure drop is this unit friction multiplied by the 
equivalent length. The equivalent length of section A 
is the lineal feet of straight duct plus the equivalent 
length of the elbow. 


peer = Unit friction x Equivalent length 


_ 0.073 in. wg 
00 et 


= .085 in. wg 
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For the unit friction of Section B, set 38 opposite 14 
on the green scales. Opposite 4100 cfm on the blue 
scale read unit friction of 0.08 in. wg. 


For section C, the unit friction is 0.1005 in. wg. 


Pressure eink 
drop (C) ~ =: 14 
p (C) 70 x 
= 0.01407 in. wg 


For section D, the unit friction is 0.11 in. wg. 


Pressure O11 
drop (D) ~ “++ ; 
p (D) 700 * 2 + 9-5) 


= 0.04895 in. wg 


From the catalog of the diffuser manufacturer we get 
the friction of the diffuser. This added to the take-off 
amounts to 0.06 in. wg. So the pressure drop in the 
longest run is: 


SECTION PRESSURE DROP, IN. WG 
A 0.085 
B 0.010 
C 0.014 
D 0.049 
OUTLET 0.06 
TOTAL 0.218 IN. WG 


Round off this total to two decimal places and 
record the pressure drop as 0.22 in. wg. Sometimes the 
pressure drop in each section is rounded off to three 
decimal places; then the total for the run is rounded off 
to two decimal! places. Usually the result is the same. 
The result, however, should not be recorded to more 
than two decimal places. Further accuracy is not jus- 
tified in ordinary air conditioning work. 


Here’s another shortcut in using the Ductulator*: 
Read the unit friction at the time the velocity and 
volume are set on the red scales. This means duct 
dimensions (Step 3) and unit friction (Step 4) are ob- 
tained in one setting. Of course if dimensions are 
changed, the new duct size is used to find unit friction. 
Take section D as an example. Setting 1000 fpm against 
700 cfm gives a unit friction of 0.135 in. wg. But this 
value isn’t correct because the dimensions were 
changed from 12 x 9.3 to 12 x 10. So in getting the unit 
friction always set the actual dimensions against the 
actual air volume. Set 12 x 10 on the green scale; then 
opposite 700 cfm on the blue scale read 0.11 in. wg. This 
is the true unit friction for section D. 
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Equal Friction Method 


In the equal friction method, the unit friction is 
kept constant throughout the system. To determine the 
total friction loss in the duct system, the unit friction 
is multiplied by the equivalent length of ductwork. 


The unit friction depends upon the allowable ve- 
locity in the duct system. In commercial installations 
this is determined to a large extent by considerations 
of noise. For ordinary commercial operation, the ve- 
locities in the ductwork should not exceed the maxi- 
mum values shown in Table 9-3. 


92 20 66 20 
4250 


440 A 
13,400 CFM 12.000 CFM 


FAN 


4159 37.30 
10.800 CFM 9S00CFM 8400CFM 


Knowing the quantity of air that the fan is dis- 
charging and the initial velocity, the unit friction is read 
from Figures 9-MM and 9-00. For example, if a duct 
handles 10,000 cfm at 1200 fpm, the unit friction will be 
0.043 in. wg as read from Figure 9-00. The duct sizes 
for the remaining portion of the duct are then found in 
Figure 9-00 along the vertical line of 0.043 in. Notice 
that the velocity of the air flowing in the different 
sections of the duct is automatically reduced. This is 
because air quantities are reduced, but the unit friction 
remains constant. Example 9-18 illustrates the design 
procedure for the equal friction method. 


FIGURE 9-AAA 
SUPPLY DUCT FOR EXAMPLE 3-18 


Example 9-18: 


The supply ductwork for an office space is shown in 
Figure 9-AAA. The air quantities for the 15 ceiling dif- 
fusers are shown. Size the ductwork by the equal-friction 
method and calculate the pressure drop. 


Solution: 


Step 1: Write the air quantity on each section of duct. 
Start at outlet 15. Section J carries 2000 cfm. Section 
W carries 1400 cfm. Section I must carry the air from 
both Sections W and J or 3400 cfm. Section H must 
carry 4500 cfm (3400 + 1100 = 4500). Finally, Section 
A must carry 13,400 cfm. 


Step 2: Set the unit friction for the duct system. 
First, select the velocity in Section A. From Table 9-3 
read 1000 to 1300 fpm as the recommended velocity 
for main ducts. Use 1300 fpm. Now go to the friction 
chart (Figure 9-00). Enter the chart at 13,400 cfm on 
the left margin. Mark the point where 13,400 inter- 
sects 1300 fpm. At this point draw a vertical line and 
read 0.042 in. wg as the unit friction. 


Step 3: Read the diameter of all sections from the 
unit friction line. At the intersection of 13,400 cfm and 
0.042 unit friction reads 44 in. as the diameter of 
Section A. For section B, follow 12,000 cfm horizon- 
tally to 0.042 in. wg and read 42.5 in. as the diameter. 
For Section C, follow 10,900 cfm horizontally to 0.042 
in. wg and read 41.5 in. as the diameter. Size Sections 
D, E, F, G, H, I, and J in the same manner. Now for 
section K use Figure 9-MM. Draw a vertical line at 
0.042 in. wg. For Section K, the intersection of 1400 
cfm and 0.042 in. wg is 18.5 in. For Section L, the 
diameter is 15.2 in. All the branch ducts are sized on 
the unit friction line of 0.042 in. wg. 


Note that the velocity is reduced in each section. The 
velocity in Section A was selected as 1300 fpm. In 
Section B the velocity is 1250 fpm and in section C it 
is 1220 fpm. The velocity will be lower in each section. 
It is 650 fpm in many of the branch ducts. Note that 
Table 9-3 recommends branch ducts have a velocity 
between 600 and 900 fpm. The diameter of each sec- 
tion can be quickly read from the Ductulator®. For 
Section A set 1300 fpm opposite 13,400 cfm on the red 
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scale. Then in the yellow window read the diameter 
as 44 in. Note the unit friction of 0.042 in. wg on the 
blue scale. For Section B, set the unit friction oppo- 
site 12,000 cfm on the blue scale. Then in the yellow 
window read the diameter as 42.5 in. For Section C, 
set 0.042 in. wg against 10,900 cfm; in the yellow 
window read 41.5 in. as the diameter. Follow the 
same procedure for the other sections. 


Step 4: Convert the diameter of each section to 
equivalent rectangular dimensions. Use Table 9-4. 
Assume the depth of the main duct is 20 in. From 
Table 9-4 it is evident that a 92 x 20 duct has about 
the same friction as a 44 in. round duct. For Section 
B, read 86 x 20 as the rectangular equivalent of a 42.5 
in. duct. The depth of the main would be continued 
as 20 in. for Sections C, D, E, F, G, H, and I. For 
Section J, reduce the depth. The width of Section I 
is 28 in. Assume the width of Section J is 28 in. What 
would the depth be? On a horizontal line of 28 in Table 
9-4 read 21.3 as the nearest diameter to 21.7. Note at 
the top of the column, that the other dimension is 14. 
This is a reasonable depth so Section J is recorded as 
28 x 14. Alternately, 40 x 10, 36 x 12, or 24 x 16 could 
have been used, as each of these is equivalent to 28 
x 14. The 28 x 14 was used for the ease in fabricating 
the transition fitting between Sections I and J. A 
fitting of 28x20 to 28x14 reduces only the depth. All 
the other sizes for Section J would require the tran- 
sition fitting be changed in two dimensions. 


The pressure drop through the duct is the unit fric- 
tion multiplied by the equivalent length. 


140 
100 


= 0.0588 in. wg 


Pressure Drop = 0.042 x —_ 


Static Regain Method 


Figure 9-BBB shows 120 ft of a duct run. Three 
branches handling 2000 cfm each are at 40 ft intervals. 
The trunk duct is the same size throughout. Variations 
in pressure (velocity, static, and total) are plotted (from 
tests) below the sketch. The data are summarized in 
Table 9-C. 

Note that the volume flow rate decreases along the 
duct (line 1). Also, note that the velocity decreases 
along the duct (see line 3). This is because the duct size 
has been kept constant (line 2), even though the volume 
flow rate decreases. The unit friction for each section 
is given in line 4. The velocity and unit friction can 
easily be checked from Figure 9-00 or with the Duct- 
ulator®. 

The actual pressure drop (friction) in each section 
is given on line 5. This was figured by multiplying the 
unit friction by 0.4-since each section is 40 ft long. 
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Table 9-C — Summary of Data in Figure 9-B8B 


age eae 
NO. AB 
QUANTITY, CFM soi 
DIAMETER, IN. . 
VELOCITY, FPM 
UNIT FRICTION, IN.WG 
i ere ION, IN.WG 


See PRESSURE, IN.WG ae 0. - ia a 
TOTAL PRESSUR E, IN .WG mr 0.851 0.829 
STATIC PRESSUR E, IN.WG 0.695 0.741 


The velocity in each section (line 3) is known, so the 
velocity pressure can be calculated from equation 9-3. 
The velocity pressure in each section of duct is shown 
on line 6. 


Now the total pressure and friction should be cal- 
culated. The total pressure at Station A is 0.949 in. wg. 
The friction in Section AB is 0.06; therefore, the total 
pressure at Station B is 0.889 (0.949 - 0.06 = 0.889). 
Now, 

P t= Py, + P,s 
So, 

P, + Py - Py 

The velocity and total pressures are on lines 6 and 
7 so it is simple to obtain the static pressure. For station 
B, 

P, = 0.889 - 0.249 

= 0.64 in. wg 


(9-2) 


The static pressure at Stations C and D are calcu- 
lated in the same way (line 8). 

Notice that along the duct the velocity pressure 
decreased and the static pressure increased. In other 
words, there was a conversion of velocity pressure to 
static pressure. This is called ‘“‘static regain.” And this 
is the key to the static regain method of duct design: 
Select the velocity in Section BC so the static pressure 
at Station C is 0.64 in.; select the velocity in Section CD 
so the static pressure at Station D is 0.64 in. 

Now it is evident what this means. The static pres- 
sure is the same (0.64) at each branch take-off. Balanc- 
ing the duct system will be simple; dampering will 
rarely be required. Some duct runs have outlets 
stubbed into the side or bottom of the duct (in place of 
the branch take-offs in Figure 9-BBB.) In such designs 
the static pressure behind each outlet will be the same 
and the system will be well balanced. 

The amount of static pressure regain is given by the 
following equation: 

Static Pressure 


sea = 0.75 {( Ni 


} Gis! } 

4005/ \4005 (9-27) 
If the static regain method of duct design is to be 

used, refer to the ASHRAF Fundamentals Handbook 

for complete information. 
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IN SECTION BC 


VELOCITY 
PRESSURE 
IN SECTION CD 


FIGURE 9-888 
VARIATIONS IN PRESSURE FOR CONSTANT DUCT SIZE 


High Velocity Air Distribution 


A general characteristic of a high velocity system 
is that it has duct velocities and static pressures re- 
quiring special control devices and special acoustic 
equipment. This corresponds to a minimum duct ve- 
locity and static pressure of at least 2000 fpm and 1% 
in. water respectively. 

Distribution of air at high velocity has become an 
accepted practice in the design of large central air 
distribution systems. The major justification for using 
high velocity design is the space and cost savings due 
to the use of smaller ducts. This space saving, resulting 
from smaller ducts, saves building space both vertically 
and horizontally. A building of a certain height may 
have more floors, due to this space saving, without a 
reduction in ceiling height. As much as a foot of height 
may be saved per floor with the high velocity duct 
design. Horizontal floor space will also be saved. This 
horizontal and vertical space savings will result in 
lower building cost to the building owner, in addition to 
increased rental space. When considering the operat- 
ing cost of a high velocity system, the increased rental 
income due to floor space saving may be deducted from 
the system’s operating cost to reach a realistic com- 
parative operating cost as compared with a conven- 
tional low velocity system. 

High velocity systems also provide more flexibility 
in design. Smaller ductwork allows wider choice of 
design in narrow areas where large ductwork would 
not fit. This is especially true in older buildings where 
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air conditioning is added. The structural design of an 
older building may present space limitations which ne- 
cessitate the smaller high velocity air transport sys- 
tem. 

High velocity systems are adaptable to either sin- 
gle or dual duct design. The high pressures allow stable 
volume control in the single duct system. In a similar 
low velocity system, volume control would result in a 
less balanced air flow due to a pressure change. This is 
because a given pressure change would result ina much 
higher percentage change in the capacity of a low pres- 
sure duct than a high pressure duct. 

The high velocity system is more frequently used 
with variable air volume systems which provide good 
individual room control. 

The advantage of saving space with a high velocity 
constant volume system may be partly offset by higher 
system operating cost, and additional first costs, due to 
necessary sound attenuation, special control devices, 
and more careful fabrication and installation of duct- 
work. 

High velocity ductwork must have seams and 
joints sealed by tape or other special mastic sealing 
compounds. Round ducts should always be used when 
space allows, since high velocity rectangular ducts 
must be reinforced with angles or bars. The gauge of 
steel used in ductwork may also be greater due to the 
higher pressures, especially in rectangular ducts. How- 
ever, the total weight of metal used in high velocity 
duct design is usually less than in conventional systems 
due to the smaller duct size. 

High air velocities and pressures often produce 
higher noise levels which must be attenuated. This 
attenuation is often provided by acoustically lining the 
ducts and using attenuator-diffuser combinations to 
introduce the air to the conditioned space. 

Special care and equipment make it possible to 
operate high velocity systems at least as quietly as low 
velocity systems. But this is usually done at an extra 
first cost to the building owner. 

There are many ways of designing high-velocity 
duct systems. However, there are certain basic rules 
and practices to follow that are accepted by the ma- 
jority of system designers. 

The basic laws, followed in the design of conven- 
tional low velocity systems, also apply to the design of 
high velocity systems. 

No matter which design method or combination of 
methods is used, static regain in the system must be 
accounted for. If static regain is neglected, it will result 
in oversizing the fan and motor. 

The methods used for design by some engineers 
involve a combination of the velocity method, equal 
friction method, static regain method, and total friction 
method. The following is a general summary of a some- 
times used manual design method for high velocity 
ducts: 
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The initial main duct velocity is arbitrarily selected 
at approximately 4000 fpm. As the capacity is changed, 
the equal friction method is used by choosing main duct 
size on the equal frictjon loss line of 1 in. per 100 ft on 
the standard friction chart. After calculating the fric- 
tion loss for the main duct, add the minimum static 
pressure of the attenuator-diffuser. 

The static pressure regain in the main duct is ac- 
counted for by using the velocities at the beginning and 
the end of the main duct sections in the static regain 
formula as explained above in design methods. 

The main duct pressures may be calculated at the 
branch duct take-offs. The difference between this 
pressure and the minimum static pressure of the 
attenuator-diffuser is used as a total friction amount to 
be used up to produce high velocity. This reduces the 
duct size and reduces the static pressure load on the 
sound attenuator. 

An alternate method in sizing branch ducts is the 
use of a constant area duct. This effectively makes use 
of the static regain as the capacity decreases and re- 
duces the duct velocity at the diffuser to as low a value 
as 1000 fpm or lower. 


COOLING UNIT 


VAV TERMINAL 


SINGLE DUCT HIGH VELOCITY VARIABLE AIR VOLUME SYSTEM 


HEATING UNIT 


COOLING UNIT 
DOUBLE DUCT SYSTEM 
FIGURE 3-CCC 
AIR DISTRIBUTION SYSTEMS 
Single and Dual Duct Systems 


Figure 9-CCC shows diagrams of both the single 
duct and the dual duct variable air volume (VAV) sys- 
tems. 

The single duct VAV system supplies air at a con- 
stant temperature to each outlet. The temperature con- 
trol in the individual space is achieved by varying the 
volume of air to the space through an outlet control. 

In dual duct systems the outlet at each individual 
space is supplied with hot and cold air by separate 
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ducts. Valves at the outlet proportion the quantities of 
hot and cold air which are mixed and then enter the 
space. 

Single duct VAV systems are less expensive to 
install and are the most commonly used system con- 
figurations in high velocity systems for multiple zone 
buildings. 


Air Transport System Total Pressure Drop 


Total pressure drop between the fan inlet and the 
conditioned space will consist of several additional 
pressure losses beyond that of the air transport duct- 
work. The sum of all of these losses will be the ultimate 
pressure for which the air transport system air moving 
device will be selected. 

Some, but not all, of the additional pressure losses 
result from air flow through air flow control dampers, 
air filtration and cleansing devices to help ensure ad- 
equate air quality to the conditioned space, cooling and 
heating devices to condition the air, sound attenuating 
devices, internal ductwork configurations to ensure ad- 
equate air mixing and distribution, and room air dis- 
tribution terminals. These air pressure losses added to 
the return air losses from the conditioned space or 
processes to the inlet of the air transport air moving 
device(s) will provide the total static pressure against 
which the air transport device(s) must deliver the re- 
quired air quantity to the conditioned spaces or pro- 
cesses. 

Because of the importance of indoor air quality to 
health and comfort of building occupants, two areas of 
concern have been emphasized to air transport system 
designers. 

1. Adequate air filtration and cleaning. 
2. Adequate air conditioning system outside air mea- 
surement, delivery and control. 


Air Filtration and Cleaning 


The treatment of both return and outside air to 
ensure the removal of particulates and other harmful 
substances before the air is allowed to enter or reenter 
the condition space; is a must in the proper design of air 
transport systems for buildings occupied by people. 
The American Society of Heating, Refrigerating and 
Air-Conditioning Engineers, Inc. (ASHRAE) has is- 
sued Standard 62, Ventilation for Acceptable Indoor 
Air Quality to provide the system designer with a 
ventilation standard on which designs must be based to 
meet current building codes throughout the United 
States. Within the standard, among other things, the 
quality and quantity of ventilation air is specified to 
allow air conditioning system designs to be evaluated 
for compliance. Figure 9-DDD provides the standard 
useful definitions of the Characteristics of Particles 
and Particle Dispersoids as well as Types of Filters 
and Gas Cleaning Equipment. 
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FIGURE 9-DDD 
CHARACTERISTICS OF PARTICLES AND PARTICLE DISPERSOIDS 
©1989 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission for ASHRAE Standard 62-1989. 
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Outside Air Measurement, Delivery and Control 

One of the real problems that designers and build- 
ing owners and operators face is how to design and 
maintain the correct amount of ventilation air in the air 
transport system(s) and building during day to day 
operation and, of equal importance, to measure or 
verify and record at any given time of operation that 
the correct amounts of ventilation air are indeed being 
provided to the building. 

Recent developments in building integrated sys- 
tem design using microprocessor based controls and 
building automation systems have brought forth new 
innovation that now makes; it possible to not only mea- 
sure and record the amount of ventilation air being 
introduced into the air transport system(s), but also to 
document the information on “how much” and “when” 
the ventilation air is being introduced. Figure 9-EEE 
illustrates a factory mounted Trane Company Traq™ 
Damper ventilation measurement and control module 
that can be controlled from The Trane Company 
Tracer’ Building Automation System. 


Noise Attenuation in Ducts 

If the noise level at the fan outlet is higher than the 
allowable noise level in the conditioned space, the total 
natural sound attenuation capability of the ductwork 
may reduce the noise level to an acceptable level. 

The total attenuation of untreated ductwork is the 
total of the sound power transferred to the duct walls 
and the reflection of the sound at the open end of the 
duct and the sound reflected by elbows. 

The attenuation capability of bare sheet metal duct 
walls is not high. The approximate natural attenuation 
in bare sheet metal ducts may be calculated from Table 
9-7. This table lists the sound attenuation of rectangu- 
lar ductwork in db/ft. The attenuation decreases with 
increasing duct size and increasing sound frequency. 
The total attenuation from the straight ductwork is the 
length of straight duct in feet multiplied by the atten- 
uation factor from Table 9-7 in db/ft. 

At the air outlet, a large percentage of the low 
frequency sound is reflected back into the duct. This is 
due to the sudden enlargement at the end of the duct 
into a large room, the room air acting as an invisible 
sound barrier. The amount of end reflection for various 
sized ducts may be obtained from the chart in Figure 
9-HHH which gives the end reflection attenuation in 
decibels at the different octave bands in the low fre- 
quency range. As an example of the high percent of 
sound reflected, consider a 10 x 10 in. duct. Ninety 
percent of the sound power in the 75-150 cps band is 
reflected back into the duct system. This amounts to a 
10 db reduction in sound power level in that band. 

The sound attenuation in unlined duct elbows is 
also due to sound reflection. Elbows with turning vanes 
have alow value of attenuation, as is shown in Table 9-8. 
The values from this table give the attenuation in deci- 
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bels in octave bands. In square elbows without turning 
vanes, the attenuation is larger and may be obtained 
from Table 9-9. 

The total of the above three attenuations — the 
straight unlined duct, the end reflectivity and the 
elbow attenuation — is subtracted from the net portion 
of the sound power level of the fan at its operating 
condition at a certain outlet. This provides the net fan 
sound power level at outlet without further sound 
treatment. 

Care must be taken to evaluate the sound levels 
created by the air turbulence in elbows and high ve- 
locity mixing valves. When these noise sources ap- 
proach or exceed the fan sound power level, they must 
be added logarithmically to the system’s acoustic cal- 
culation. 

When the attenuation of unlined ducts and elbows 
is not sufficient, ducts may be lined with porous sound 
absorbing material or a prefabricated sound trap or 
attenuator placed in the system. 

When selecting sound absorption material, several 
important matters must be considered. These are type 
of material, material thickness, and the surface of the 
material. 

The sound absorbing capacity of material is rated 
by an absorption coefficient which is the percentage of 
sound absorbed when a sound wave strikes the material. 

Absorption of low frequency sound increases as the 
thickness of the absorption material lining inside the 
duct is increased. Low frequency sound absorption may 
require lining material from 2 to 12 in. thick. 

Increased absorption of low frequency sound may 
be obtained by using perforated facing on the material, 
and by incorporating an air space between the metal 
duct and the lining material. 

The location of the sound absorbing material in the 
duct system must be determined to give maximum 
effectiveness. 

One of the most effective and economical locations, 
for absorbing material, is in a fan suction or discharge 
plenum. The value of attenuation in decibels in a lined 
plenum may be determined mathematically. 

The attenuation of lined straight duct in decibels, 
to be discussed later, may also be determined mathe- 
matically. Lined straight duct offers the additional ad- 
vantage of thermal insulation. 

Duct lining close to elbows provides an interaction 
of sound absorption and sound reflection. The attenu- 
ation effect of elbows preceded or followed by duct 
lining may be obtained from Table 9-9. 

Additional attenuation may be provided, where 
available duct length is limited, by introducing lined 
duct splitters as illustrated in Figure 9-F FF. This in- 
creases the sound absorbing area but it also necessi- 
tates increasing the outside dimensions of the duct to 
provide equal or greater flow areas. 
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Me 


FIGURE 9-FFF 
ARRANGEMENTS OF SOUND ABSORBING MATERIAL 
AS DUCT SPLITTERS 
Reprinted with permission from the ASHRAE Guide And Data Book 


Prefabricated, packaged attenuators or sound 
traps, are used in systems where a high value of at- 
tenuation is needed over the entire noise spectrum. 
These attenuation units are usually constructed with 
an outer shell of perforated sheet metal in addition to 
filling the unit with sound absorbent material. This 
usually provides substantial noise reduction over the 
entire frequency range. These attenuators have inner 
air passages specially formed for noise reduction. 

Ratings of packaged attenuators must be provided 
by the manufacturer. These ratings should include the 
pressure drop through the attenuator, noise regener- 
ation by the unit and the net. noise reduction of the unit 
by octave bands. 


42 IN. ELBOW WITHOUT 
TURNING VANES 


28 42 IN. DUCT 


Se wb 11.11 IN. DUCT 1000 CFM 


30 


3000 CFM 


FIGURE 9-GGG 
AIR DISTRIBUTION SYSTEM 


The outside body dimensions of the attenuator may 
be the same as the duct or may be larger. This size will 
depend on the allowable pressure drop in the unit. 


Example 9-19: 


Calculate the required duct attenuation needed at each 
octave band, in addition to the natural duct attenuation, 
for the system shown in Figure 9-GGG. The fan power 
levels are shown in Table 9-D. 


To determine the portion of the fan sound power trans- 
mitted to outlet 1, use Table 9-10. Outlet 1 handles 7.7% 
of the total air quantity. From Table 9-10, the sound 
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reduction to outlet 1 is 11 db. This value is entered on line 

2, Table 9-D. Line 2 is subtracted from line 1 to deter- 

mine the portion of fan sound power that would be trans- 

mitted to outlet 1 without any attenuation. The total 

natural attenuation of the given system is a sum of: 

1. 42 in. elbow without turning vanes. 

2. 22 ft of 28 x 42 in. bare duct. 

3. Branch take-off equivalent to an 11 in. elbow without 
turning vanes. 

4. 30 ft of 11 x 11 in. bare duct. 

5. The end reflection for an 11 x 11 in. duct. 


From Table 9-9, the attenuation for the 42 in. 
square elbow is extracted and entered on line 4a. An 
elbow may generate a sound level higher than the ex- 
isting sound level when the duct velocity exceeds 2000 
fpm. This does not occur in this problem with a duct 
velocity of 1570 fpm. 

The attenuation for the 28 x 42 in. duct is found by 
using Table 9-7. The attenuation is 22 ft x (the atten- 
uation in db/ft at each octave band). The attenuation of 
the branch take-off, which is equivalent to an 11 in. 90 
degree bend, is taken from Table 9-9 and entered on line 
4c, Table 9-D. The attenuation of the 11 x 11 in. bare 
duct is calculated from Table 9-7 and entered on line 4d. 
Attenuation due to end reflection is determined from 
Figure 9-HHH using 11 in. as the square root of the 
duct area. 

The total natural attenuation is listed on line 5, (the 
total of lines 4a, b, c, d and e). 

Line 6 lists the net fan sound power level at outlet 
1 without sound treatment, (line 3 minus line 5). 

Line 7 lists the NC 40 values which are the max- 
imum permissible at outlet 1. (Figure 9-CC) 

Line 8 lists the minimum sound attenuation re- 
quired (Line 6 - Line 7). 

To solve the attenuation problem, a prefabricated 
attenuator could be used. From manufacturer’s data 
the selection of a 5 ft to 6 ft regular model rectangular 
unit would provide the required attenuation. This low 
velocity attenuator is chosen, since the main duct velocity 
is in the low velocity range at approximately 1570 fpm. 
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FIGURE 3-HHH 
AIR DISTRIBUTION SYSTEMS 
Reprinted with permission from the ASHRAE Guide and Data Book. 


300 TRANE AIR CONDITIONING MANUAL 
Table 9-D — Sound Analysis 


1. FAN SOUND POWER LEVEL FOR 3% IN. FAN STATIC 
AND 13,000 CFM AT 1030 RPM, AIRFOIL TYPE FAN 
2. REDUCTION IN FAN SOUND POWER LEVEL DUE TO 
THE BRANCH TAKEOFF 


3. OCTAVE BAND POWER LEVEL AT OUTLET 1 (LINE | 


OCTAVE BAND CENTER FREQUENCIES 


[1700 | 3400 [| 6800 | 


a eae ee 


4. NATURAL ATTENUATION 
A. 42 IN. ELBOW WITHOUT TURNING VANES 
B. 22 FT OF 28 X 42 IN. DUCT 

C. 11 IN. ELBOW WITHOUT TURNING VANES 
D. 30 FT OF 11 X 11 IN. DUCT 

E. END REFLECTION ATTENUATION 


5. TOTAL NATURAL ATTENUATION 


[23 

6. NET FAN SOUND POWER LEVEL AT OUTLET 1 ee 
WITHOUT SOUND TREATMENT 

| 59 

P— 6] 


7. N.C. 40 PERMISSIBLE SOUND LEVEL 
6. MINIMUM REQUIRED ATTENUATION 


Note: An NC level of 40 must not be exceeded at outlet 1. To make certain that the combined noise levels of the supply duct and the retum duct 
do not exceed NC level 40, 3 db is subtracted from each allowable NC 40 octave band sound level. 


‘Table 9-E — Attenuation Analysis 


| 106 

1. ABSORPTION COEFFICIENT 
| 0.16 | 

a 


| AINCREASED ATTENUATION OF 1VIN.BEND | O__| 
STOTALATTENUATION,DB Tt 
T@ REQUIRED ATTENUATION,DB | 
[7.ADDITIONAL ATTENUATION REQUIRED | 


The required attenuation can also be provided by must be subtracted from section C value to obtain the 


lining the duct with porous sound absorbing material. increase. This is listed on line 4. In all octave bands, 
The formula for calculating the attenuation of duct the total resulting attentuation, shown on line 5, 
lining is: Table 9-E, is greater than required to maintain the 
Attenuation (db) = 12.6 L P_ x14 (9-28) noise level below the NC level 40. 
Sa 
L = length of lined duct, feet I 


P = perimeter of duct inside the lining, inches 

Sq = cross sectional area of duct inside the lining, 
square inches 

X = absorption coefficient of lining (a function of 
frequency) 


DEPTH OF 
AIR SPACE 


06 


Using 2 in. thick blankets for lining, with no air 
space, the absorption coefficients are taken from Fig- 
ure 9-JJJ and entered on line 1, Table 9-E. 


DEPTH OF 
AIR SPACE — 


For this problem: 
L = 15ft 
P = (11 + 11 + 11 + 11) = 44 inches 
Sa= (11 x 11) =121 Sq. In. 
106 212 425 650 1700 3400 6800 


Using equation (9-28), the total attenuations are cal- 3 @s=««2s0~=«300-=«t000-« 2000-4000 8000 
culated and entered on line 3, Table 9-E. The 15 feet DES EWAND ME Tena erase 

of lining is placed immediately following the branch 
take-off, which gives an increased 90 degree bend 
attenuation. This value is taken from Table 9-9. Since 
the bare elbow attenuation has already been taken 
into account the value from section A of the table Reprinted with permission from the ASHRAE Guide And Data Book 


SOUND ABSORPTION COEFFICIENT -& 


FIGURE 9-JJJ 
ARRANGEMENTS OF SOUND ABSORBING MATERIAL 
AS DUCT SPLITTERS 


9-1. 


9-2. 


9-4. 


CHAPTER IX — AIR TRANSPORT SYSTEMS 
PROBLEMS 


6000 cfm of air is flowing through a 24 in. square duct. The 
static pressure in the duct is 5% in. 

Find: 

(a) the velocity pressure 

(b) the total pressure 


Air is flowing through a 36 in. by 18 in. duct at a velocity of 1350 
fpm. The fan static pressure against which the fan is delivering 
the air into the duct is 0.73 in. The static efficiency of the fan 
is 54 percent. Find the brake horsepower required. 


. A fan running at 350 rpm delivers 13,000 cfm against % in. 


static pressure. The brake horsepower required is 3.0. If the 
fan speed is increased to 460 rpm, find: 

(a) the air volume delivered 

(b) the static pressure against which the fan can work 

(c) the brake horsepower required 


A fan is selected to deliver 30,800 cfm of standard air against 
% in. static pressure. The brake horsepower required is 6.4. If 
the fan handles air whose actual specific volume is 12.4 cu ft 
per lb and the fan speed is unchanged, find: 

(a) the static pressure against which the fan will operate 

(b) the horsepower that the fan will require 


9-5. 


9-7. 


9-8. 
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A fan delivering 10,700 cfm of standard air against % in. static 

pressure will deliver the required weight of air to a conditioned 

room. The fan runs at 286 rpm and requires 1.66 bhp. If the 

actual specific volume of the air that the fan is handling is 14.6 

cu ft per lb, find: 

(a) the speed at which the fan must run in order to deliver the 
same weight of air 

(b) the brake horsepower required 

(c) the volume of air that the fan will actually be delivering 


. 9800 cfm of air is to be delivered through a duct. The maximum 


velocity is not to exceed 1400 fpm. If the total equivalent length 
of the duct is 230 ft, find: 

(a) the required diameter of the duct 

(b) the pressure loss per 100 ft 

(c) the total friction loss in the duct 


For a certain installation the equivalent round duct required 
is 19 in. in diameter. If the short side of the duct is to be 9 in., 
find the dimension of the long side. 


An elbow is 40 in. wide by 20 in. deep. The radius of the elbow 
is 20 in. Find the equivalent length of the elbow. 
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CHAPTER X 
THE AIR CONDITIONING SYSTEM 


Air conditioning is defined as the simultaneous 
control of temperature, humidity, quality and move- 
ment of air in a conditioned space or building. 

An air conditioning system is, therefore, defined as 
an arrangement of equipment which will air condition 
a space or a building. Thus, a complete air conditioning 
system includes a means of refrigeration, one or more 
heat transfer units, air filters, a means of air transport 
and distribution, an arrangement for piping the refrig- 
erant and heating medium, and controls to regulate the 
proper capacity and operation of these components. 

The items outlined above are considered to be the 
components of a complete air conditioning system. In 
addition, the application and design requirements that 
the air conditioning system must meet will make it 
necessary to arrange some of these components to con- 
dition the air in a certain sequence. For example, an 
installation which requires energy intensive reheating 
of the conditioned air, must be arranged with the re- 
heating coil on the downstream side of the dehumid- 
ifying coil. Otherwise, reheating of the cooled and 
dehumidified air is impossible. 

There has been a tendency by many designers to 
classify an air conditioning system by referring to one 
of its components. For example, the air conditioning 
system in a building may include a dual duct air trans- 
port arrangement to distribute the conditioned air and 
is then referred to as a dual duct system. This classi- 
fication makes no reference to the type of refrigeration, 
the piping arrangement or the type of controls. 

For the purpose of classification, the following def- 
initions will be used: 

An air conditioning unit is understood to consist 
of heat transfer surface for heating and cooling, a fan 
for air circulation, means of cleaning the air, a motor, 
a drive, and a casing. 

A self-contained air conditioning unit is under- 
stood to be an air conditioning unit that is complete 
with compressor, condenser, controls, and a casing. 

An air handling unit consists of a fan, heat trans- 
fer surface, a motor, a drive and a casing. 

A remote air handling unit or a remote air condi- 
tioning unit is a unit located outside of the conditioned 
space which it serves. 


Refrigeration Methods 


The most common types of refrigeration machines, 
classified according to their type of operation are (1) 
mechanical compression, (2) absorption and (3) vacuum. 
In addition, well water may be used to supply the 
refrigeration in some cases. 

Mechanical compression machines may be di- 
vided into reciprocating, centrifugal, and rotary types. 

The term “heat pump” is occasionally used to de- 
scribe a refrigeration machine. However, a heat pump 
is arefrigeration cycle — either reciprocating, rotary or 
centrifugal — in which the cooling effect as well as the 
heat rejected is used to furnish cooling or heating to the 
air conditioning units, either simultaneously or sepa- 
rately. 

Reciprocating or rotary compressors can be used 
in systems that circulate the refrigerant through re- 
mote direct expansion heat transfer surfaces. Alter- 
nately they can be used in conjunction with a water 
chilling heat exchanger, to produce chilled water for 
circulation through remote heat transfer surfaces that 
cool and dehumidify the air. 

Centrifugal refrigeration machines are generally 
not suitable for circulating and expanding the liquid 
refrigerant in remote heat exchange surfaces. Centrif- 
ugal machines are therefore used only to chill water or 
brine for circulation through remote heat exchange 
surfaces. A more complete explanation of these ma- 
chines was given in an earlier chapter. 

Absorption machine cycles are similar to mechan- 
ical compression machine cycles only to the extent that 
both cycles evaporate and condense a refrigerant liq- 
uid. They differ in that the mechanical compression 
cycle uses purely mechanical processes, while the ab- 
sorption cycle uses physiochemical processes to pro- 
duce the refrigeration effect. 

The complete operating cycle of the absorption 
machine, when used for chilling a liquid, is described in 
detail in an earlier chapter. 

Vacuum refrigeration machines, such as steam jet 
and water vapor units, are seldom used in modern air 
conditioning systems. 
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Methods of Heat Transfer 


In general, there are two methods of transferring 
heat or cold, to or from air, in an air conditioning 
system. These are fin-and-tube coils and air washers 
(Chapter VID). 

Fin-and-tube coils are widely used for cooling air 
with cold water or refrigerants and for heating air with 
steam or hot water. They owe their popularity to their 
relative compactness and to the ease with which they 
can be installed. 

When the water or refrigerant in the coils is at a 
lower temperature than the dew point of the entering 
air, moisture will be condensed out of the air. Thus, coils 
can be used for dehumidification as well as for cooling. 

The duration of air passing through the cross- 
sectional area of coils, that is, the area perpendicular to 
the direction of air flow, is usually based on an air 
velocity of approximately 500-700 fpm. Although 
higher velocities are sometimes used, the friction loss, 
and hence, the power needed to move the air through 
the coil, is increased. For this reason, the maximum air 
velocity through coils is usually limited to about 700 
fpm. 

On most cooling installations, from 4 to 10 rows of 
tubes are required. Although the cross-sectional area 
required for either coils or air washers is approxi- 
mately the same, the depth required for coils is con- 
siderably less than the depth required for air washers. 
An air washer, having the same capacity as an 8-row 
coil 20 inches deep, would be from 7 to 9 feet long. 

Fin-and-tube coils for cooling and dehumidifying 
air are made in two general classes. In one type, chilled 
water or brine circulates through the tubes of the coil, 
with air flowing over the fins attached to the outside 
surface of the tubes. The other type is generally known 
as DX, for direct expansion. In this coil, refrigerant 
evaporates inside the tubes, while air flows over the 
fins. Fins are usually mechanically bonded to the out- 
side surface of the tubes in the same manner as coils 
using water or brine as the refrigerant. 

Several types of coils using water as the cooling 
medium are illustrated in Figures 10-A through 10-D. 


Type D Coils 

Positive antifreeze protection is available with 
each row completely drainable through individual 
headers. These are single row serpentine and have 
U-bends at opposite ends. 
e 4, 6, 8, 10 and 12-row have same-end connections. 

3-row have opposite end connections. 
e Fin spacings — Aluminum: 77 through 168 fins per ft. 
— Copper: 77 through 144 fins per ft. 

e Finned widths — 12”, 18”, 24”, 30” and 33”. 
e Finned lengths — 12” to 144”. 

Maximum standard operating limits: 200 psi and 
220 F. Higher temperature and pressure service is 
available as special. 
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FIGURE 10-B 
TYPE K — CLEANABLE AND DRAINABLE WATER COOLING COIL 


Type K Coils 


Use these whenever tubes require periodic clean- 
ing. Each tube is readily accessible without piping dis- 
connect. These are single row serpentine type. 
Removable headers are at opposite ends. 

e 2, 4, 6, 8, 10 and 12-rows with same-end connections. 
3-row opposite end. 
e Fin spacings — Aluminum: 77 through 168 fins per ft. 
— Copper: 77 through 144 fins per ft. 
e Finned widths — 12”, 18”, 24”, 30” and 33”. 
e Finned lengths — 12” to 144” 
Maximum standard operating limits: 200 psi and 220 F. 

In practically all coils which use water as the cool- 
ing medium, the flows of water and air through the coil 
are in opposite directions to each other as shown in 
Figure 10-F. Such an arrangement is known as 
counterflow because air and water flow in opposite 
directions. Parallel flow, in which the water and air 
flow through the coil in the same direction, is seldom 
used in commercial work, because of the additional heat 
transfer surface required for a given set of conditions. 
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FIGURE 10-C 
TYPE W — STANDARD WATER COOLING COIL 


Type W Cooling Coils 

These are the most economical coils for general 
purpose cooling and are drainable for freeze protection 
when installed level. They are single row serpentine 
type with U-bends at opposite ends. 

¢ 2, 3, 4, 6, 8, 10 and 12-row same-end connections. 

¢ Fin spacings — Aluminum: 77 through 168 fins per ft. 

— Copper: 77 through 144 fins per ft. 

¢ Finned widths — 12”, 18”, 24”, 30”, 33”, 36”, 42” 

and 48”. 

* Cast iron headers through 33”, 36”, 42” and 48” are 
brazed copper headers, extruded at tube-to-header 
joint for strength and low resistance water flow. 

¢ Finned lengths — 12” to 144” (through 33” widths) 

— 12” to 168” (86” through 48” widths) 

Maximum standard operating limits: 200 psiand 220F. 

Higher temperature and pressure service is available 

as special. 


FIGURE 10-D 
TYPE DD - WD — DRAINABLE, DOUBLE-ROW, SERPENTINE WATER COIL 


Type DD - WD Water Coils 


These are completely drainable double row ser- 
pentine coils for high gpm, low water temperature rise 
applications. U-bends are at opposite ends. 
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Type DD 


¢ 4, 8, and 12-row same-end connections. 6 and 10-row 
opposite end. 

¢ Fin spacings — Aluminum: 77 through 168 fins per ft. 

— Copper: 77 through 144 fins per ft. 

¢ Finned widths — 18”, 24”, 30” and 33”. 

e Finned lengths — 18” to 144’’. 

Maximum standard operating limits: 200 psi and 220 F. 

Higher temperature and pressure service available as 

special. 

Type WD 

¢ Same-end connections. 6, 8, 10 and 12 rows drainable 
for freeze protection when installed level. 
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FIGURE 10-E 
PARALLEL FLOW OF AIR AND WATER 
Notice that in counterflow (Figure 10-F) the cold 
water enters the coil at the point where the coldest air 
is leaving the coil. In parallel flow, on the other hand, 


the cold water enters the coil at the same end where the 
warm air is entering. (Figur? 10-E). 
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FIGURE 10-F 
COUNTERFLOW OF AIR AND WATER 
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FIGURE 10-H 
TYPE W WATER COIL, SINGLE-ROW SERPENTINE 


Figures 10-G, 10-H and 10-I illustrate methods 
which are used to pipe up coils used for cooling with cold 
water. 


General Piping Information — Cooling Coils 
Type “W” and “D” coils are self-venting if water 


velocity exceeds 1.5 fps. If less than 1.5 fps, vent by one 
of the following methods: 


a) Install air vent in top pipe plug tapping of return 
header. 


b) When return line rises and is above top coil, vent 
from top of return header horizontally to return 
piping. 

Type “DD” coils are self-venting if the water ve- 
locity exceeds 2.5 fps. 
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When the refrigerant in the tubes is one that va- 
porizes, the cooling coil is called an evaporator. These 
evaporator coils are constructed the same as water 
coils, except the tubes are serpentined, or circuited, 
differently. The tubes in the coils are arranged in cir- 
cuits so that the proper amount of refrigerant is me- 
tered to each circuit. The flow of refrigerant to the coil 
(dry evaporator) is controlled by an automatic thermal 
or electronic expansion valve. This valve meters the 
amount of refrigerant to the coil in order to maintain 
the proper amount of superheat in the refrigerant gas 
leaving the coil. 
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TYPE DD AND WD WATER COI, TWO-ROW SERPENTINE 
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FIGURE 10-3 
TYPE F REFRIGERANT COIL 


Type F Coil 

These are direct expansion refrigerant coils for use 
with various refrigerants. Unique thermal counterflow 
circuiting arrangement for maximum capacity. One- 
piece, mult-circuit distributors assure uniform refrig- 
erant distribution to all tube circuits. 


FROM RECEIVER 


NOTE: THE EXPANSION VALVE SHOULD BE 
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¢ 2, 3, 4, 6 and 8 rows available. The suction header is 
located at the entering airside for proper superheat 
control on all 4, 6 and 8-row coils. 

¢ Fin spacings — Aluminum: 77 through 168 fins per ft. 

— Copper: 77 through 144 fins per ft. 

e Finned widths — 12”, 18”, 24”, 30” and 33”. 

¢ Finned lengths — 12” to 144”. 

Distributor tubes of 14’ (Type “‘S”), or %6” (Type “L’’) 

diameter are provided as required in selection. Maxi- 

mum standard operating limits: 300 psi. 

Another type of evaporator is called a “flooded 
evaporator.” In this evaporator, a float valve maintains 
a constant level of liquid refrigerant in the coil In other 
words, as fast as the liquid refrigerant evaporates, 
more liquid is admitted by the float. As a result, the 
entire interior of the evaporator is filled with liquid 
refrigerant up to the level determined by the float. In 
contrast to this, the “dry evaporator” has a mixture of 
liquid and gas throughout the coil until it reaches the 
outlet where all the liquid turns to vapor. 

Although flooded evaporators are more efficient, 
because the entire inside of the coil is covered with 
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liquid, they have found little use in air conditioning 
installations. One of the more important reasons is the 
expense of the additional refrigerant required for new 
installations or as replacement in the event of a leak. 
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MANUAL FOR COMPLETE SUCTION AND 
LIQUID LINE PIPING ARRANGEMENTS. 
THIS MANUAL ALSO EXPLAINS EXPAN- 
SION VALVE INSTALLATION AND SUPER- 
HEAT SETTING. 


FIGURE 10-L 
PIPING DETAIL OF REFRIGERANT COIL 


The two types of evaporators are illustrated in 
Figures 10-J and 10-K. A typical piping hook-up for the 
“dry evaporator” is illustrated in Figure 10-L. 

Fin-and-tube coils are also used for heating air 
in the air conditioning systems. The heating medium 
can be either steam or hot water in the tubes, with 
the air circulated over the fins on the outside of the 
tubes. 

Coils for use with hot water are similar in con- 
struction to those used for chilled water installations. 
The chief difference is that coils used with hot water 
usually require fewer rows of tubes than those used for 
chilled water. The reason for this is that the difference 
between the water temperature and air temperature to 


be heated is much greater. Figures 10-M, 10-N and 10-O 
illustrate typical hot water heating coils, and Figures 
10-P through 10-S illustrate some of the methods used 
for making piping connections to hot water coils used 
for heating air. 

Heating coils using steam as the heating medium 
are made in two general types. First are those used for 
general heating applications, where no attempt is made 
to obtain equal air temperatures over the entire length 
of the coil, or which are not used in air streams which 
drop below 32 F in temperature. Second are those 
called steam distributing heating coils, made with per- 
forated inner tubes to distribute the steam along the 
full length of the inner surface of the tubes. 
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FIGURE 10-M 
TYPE WA SINGLE-ROW HEATING COIL 


Type WA Coil 


These are one row or two row, alternate tube hot 
water coil and are for central system or duct applica- 
tions. Opposite end connections are used for one row 
coil. 
¢ Fin spacings — Aluminum: 80 through 168 fins per ft. 

— Copper: 80 through 144 fins per ft. 
e Finned widths 
— 6”, 9”, 12”, 18”, 24’, 30” and 33” (one row). 
12”, 18’’, 24”, 30” and 33” (two row). 
e Finned lengths — 12” to 144”. 
Maximum standard operating limits: 
One row coils — 200 psi and 325 F. 
Two row coils — 200 psi and 220 F. 


FIGURE 10-N 
TYPE W DOUBLE ROW HEATING COIL 


Type W Water Coil 


These are one row or two row, full row serpentine 
hot water coils and are used in central system or duct 
applications with high capacity requirements. Opposite 
end connections are used for one row coil. 

e Fin spacings — Aluminum: 77 through 168 fins per ft. 
— Copper: 77 through 144 fins per ft. 
« Cast iron headers through 33”; 36” through 48” head- 
ers are brazed copper headers. These are extruded at 
tube-to-header joints for strength and low resistance 
water flow. 
¢ Finned widths — 12” to 33” (one row). 
12” to 48” (two row). 
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e Finned lengths — 12” to 144” (through 33 widths). 
12” to 168” (36” through 48” 
widths). 

Maximum standard operating limits: 

One row coils — 200 psi and 325 F. 

Two row coils — 200 psi and 220 F. 
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FIGURE 10-0 
TYPE T, ST SINGLE ROW HEATING COIL 


Type T, ST Hot Water Coil 

These are for hot water or steam applications. One 
and two-row same end connections are used with steel 
pipe water connections. 


Hot Water Slip Flange Coil 
Fast, low-cost slip flange installations. One and 
two-row same end connections. 
e Fin spacings — Aluminum: 80, 110, 150 fins per ft. 
— Copper: 80, 110, 144 fins per ft. 
e Finned widths — 6”, 9”, 12”, 15” and 18”. 
¢ Type T — finned lengths — 6” to 72”. 
e Type ST — finned lengths — 6” to 42”. 
Maximum standard operating limits: 
100 psi and 400 F, steam. 
225 psi and 325 F or 
300 psi and 275 F, water. 
The first type, illustrated in Figure 10-T, is most 
often used in units with face and bypass dampers, or 
where comparatively short tubes can be used. 


FIGURE 10-P 
TYPE W AND WA ONE-ROW WATER COIL INSTALLATION 


CHAPTER X — THE AIR CONDITIONING SYSTEM 


With the heating coil, shown as Figure 10-P, the 
coil is pitched down toward supply end. The vent is 
used in the top plug of return header if water velocity 
through coil is below 1.5 feet per second. 


FIGURE 10-0 
TYPE T AND ST WATER COIL INSTALLATION WITH TUBES LEVEL 


ped = Numbers on schematic diagrams reference pertinent notes in copy. 
See CODE for component abbreviations on page 311. 


FIGURE 10-S 
TYPE W AND WA TWO-ROW HOT WATER COIL INSTALLATION 
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Type A, AA Steam Coil 


These are for central system, industrial and 
process applications with one-row, opposite-end con- 
nections. 


e Fin spacings — Aluminum: 80 through 168 fins per ft. 
— Copper: 80 through 144 fins per ft. 


e Finned widths — 6”, 9’, 12”, 18”, 24”, 30” and 33”. 
¢ Finned lengths — 12” to 120”. 


Maximum standard operating limits: 
Copper tubes — 100 psi and 400 F. 
Red brass tubes — 200 psi and 400 F. 


Type “AA” coil feeds alternate tubes. 

The so-called ‘‘steam distributing” tube coils are 
usually used where the steam must be throttled in 
order to obtain control, where even temperatures are 
required along the length of the coil, or where freezing 
temperatures are frequently encountered over the coil. 
This type of coil and the inner distributing tube are 
illustrated in Figures 10-U and 10-V. Some methods of 
making piping connections to these coils, as well as the 
general purpose coils are shown in Figures 10-W 
through 10-AD. 


FIGURE 10-U 
TYPE N & NS — HEATING COIL WITH STEAM DISTRIBUTING TUBES 


Type N and NS Cois 


These are for reduced and uniform leaving air tem- 
peratures at modulated steam flow rates. Type ‘““N” — 
opposite-end connections. Type “NS” — same-end con- 
nections. A one-row design is now normal. These are 
only available with Sigma-Flo’ fins. 
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FIGURE 10-V 


HEATING COIL WITH SUPPLY AND RETURN HEADERS — 
STEAM DISTRIBUTING TUBES 


General Piping Information — Heating Coils 


Proper installation, piping and trapping is neces- 
sary to ensure satisfactory heating coil operation and 
prevent operational damage under service conditions. 

Installation recommendations and piping diagrams 
must be followed to assure satisfactory, trouble-free 
operation. 


General 

1. Support all piping independently of coils. 

2. Provide swing joints or flexible fittings in all piping 
connections adjacent to heating coils, to absorb ex- 
pansion and contraction strains. 

3. Install coils so air passes through fins in proper 
direction (stenciled on top of coil channel). 


Steam Coils 


Important: Condensate must flow freely from coil 
at all times to prevent physical coil damage from water 
hammer, unequal thermal stresses, freeze-up and/or 
corrosion. 

1. Install %-inch 15 degree swing check vacuum 
breaker in unused condensate return tapping as 
close as possible to coil (Type N, NS and A). Type 
T coils require location of vacuum breaker as near 
as possible to supply connection. Vent vacuum 
breaker line to atmosphere or connect into return 
main at discharge side of steam trap. Vacuum relief 
is particularly important when the coil is controlled 
by modulating steam supply or two-position (on-off) 
automatic steam supply valve. 


2. Pitch coils (Type A) 4-inch per foot of coil length 
down toward coil return connection when installed 
with tubes horizontal. Do not pitch Type T coils. 


3. Proper steam trap selection and installation is nec- 
essary for satisfactory coil performance and service 
life. 


a. Select trap based on maximum possible conden- 
sate rate and recommended load factors. 


b. Locate steam trap discharge at least 12 inches 
below condensate return tapping. This provides 
sufficient hydrostatic head pressure to over- 
come trap losses and assure complete conden- 
sate removal. 


ce. Float and thermostatic traps are preferred be- 
cause of gravity drain and continuous discharge 
operation. 


d. Use float and thermostatic traps with atmo- 
spheric pressure gravity condensate return with 
automatic controls or where possibility of low 
pressure supply steam exists. 


e. Bucket traps should only be used when supply 
steam is unmodulated and 25 psig or higher. 


f. When installed with series airflow, size traps for 
each coil using capacity of first coil in airflow 
direction. 


g. Always trap each coil separately, to prevent 
condensate holdup in one or more coils. 


h. Always install strainers as close as possible to 
inlet side of trap. 

4, Do not modulate Type A, T or ST coils. Use two- 
position (on-off) steam supply control. CAUTION: 
Open this type valve slowly to prevent possible coil 
damage. Do not use Type T or ST coils when en- 
tering air is 32 F or less because they are not 
completely drainable when steam supply is off. 
Under freezing ambient conditions, steam supplied 
to Type A coils with on-off control must be 5 psig 
or higher or intake dampers must be tightly closed 
to prevent freezing. 

5. Use V-port modulating valves to obtain gradual 
modulating action. 


6. Control each coil bank separately when installing 
coils for series airflow with automatic steam control 
valves. 

7. Do not modulate steam or use on-off supply control 
on systems with overhead or pressurized returns 
unless condensate is drained by gravity to receiver 
(vented to atmosphere) and returned to main by 
condensate pump. 

8. At start-up with dampers, slowly turn steam on full 
for at least 10 minutes before opening fresh air 
intake. 


9. Pitch all supply and return steam piping down a 
minimum of one inch per 10 feet in direction of flow. 

10. Do not drain steam mains or take-offs through coils. 
Drain mains ahead of coils through steam trap to 
return line. 

11. Do not bush or reduce coil return tapping size. Run 
return pipe full size of steam trap connection except 
for short nipple screwed directly into coil conden- 
sate connection. 

12. Overhead returns require 1 psig pressure at steam 
trap discharge for each two-foot elevation to assure 
continuous condensate removal. 


Hot Water Coils 
1. Type W and WA hot water coils are self-venting, if 
water velocity exceeds 1.5 fps. If below 1.5 fps, vent 
by one of the following methods: 
a. Install air vent in top pipe plug tapping of return 
header. 
b. When return line rises and is above top of coil, 
vent from top of return header horizontally to 
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FIGURE 10-X 
TYPE NS STEAM HEATING COILS WITH HORIZONTAL TUBES INSTALLED 
FOR HORIZONTAL AIR FLOW 


return piping. 

2. Do not modulate water flow on coils exposed to 
freezing air. 

3. When pitched 14-inch per foot towards the header, 
one-row Type W and WA coils are completely drain- 
able. 

4. To drain Type WC coils, install level with drain pipe 
and gate valve. 


Code of System Components (Piping Diagrams) 


FT— Float and thermostatic steam trap 

BT— Bucket steam trap 

GV— Gate valve 

OV— Automatic two-position (on-off) control valve 
TV— Automatic three-way control valve 

VB— Vacuum breaker, 15 degree swing Check valve 
CV— Check valve 

ST — Strainer 

AV — Automatic or manual air vent 
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FIGURE 10-W 
TYPE A, N OR NS STEAM HEATING COIL 


INSTALLED FOR VERTICAL AIR FLOW 


For many years prior to the advent of the finned 
cooling coil, water sprays were used almost exclusively 
for conditioning air. This was accomplished by bringing 
the air and water into contact with each other, in a 
spray chamber. Air was drawn through the chamber by 
means of a fan. Such spray chambers, complete with 
water tank, eliminator plates, and other auxiliary 
equipment are known as air washers. Air washers can 
be used not only to dehumidify air with chilled water, 
but also to humidify air with warm water. The action 
of air in contact with water, and the theory of air wash- 
ers, was discussed in Chapter VII. 
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TYPE A OR N STEAM HEATING COILS WITH HORIZONTAL TUBES 
INSTALLED IN A BANK 
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Air washers are usually constructed in four differ- 
ent lengths: 5 feet, 7 feet, 9 feet, and 14 feet long. 

Five foot long washers generally have a single 
bank of sprays and are mainly used for humidifying 
purposes. 

Seven and nine foot long washers are equipped 
with two banks of sprays and are mainly used for cool- 
ing and dehumidifying purposes. The sprays can spray 
in the direction of air flow, against the air flow, or one 
spray against the air flow and one with the air flow. 
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Fourteen-foot long washers are usually made up of 
two seven-foot long units and are the two-stage type. 
They are generally used in process applications where 
high saturation and counterflow of air and water is 
desired. 

Washer “efficiencies” or “performance factors” 
vary from a low of 60 percent to a high of 95 percent. 
These performance factors depend upon the type and 
arrangement of sprays, the air velocity, the water pres- 
sure at the sprays, the length of the washer, the water 
temperature rise and the height of the washer. 

The term “Performance Factor” which replaces 
the terms “Efficiency” or “Saturation Efficiency” is a 
function of the temperatures of the air and spray water 
as expressed in the following formula: 


(10-1) 
PF _(Whea xi tew) = (whi, = tiw) or 1 - (wh,, - ti) 
(wh. = ten) (whea - tew) 
Where: 
PF = Performance Factor 


wh. = Entering air wet bulb temperature 
wh, = Leaving air wet bulb temperature 

tew = Water temperature entering inlet flange 
tiw = Water temperature leaving at overflow 


The spray nozzles used in air washers ordinarily 
have a capacity of 114 to 2. gpm per nozzle. The pressure 
required to force the water through the spray nozzles 
is usually between 20 and 25 psig. Water quantities 
used will vary with the application and the number of 
spray banks. A washer used for humidifying only will 
usually be designed with one bank of sprays and will 
use about 6 gpm of spray water per 1000 cfm of air 
flowing through the washer. Washers used for cooling 
and dehumidifying will ordinarily use two banks of 
sprays, and about 12 gpm per 1000 cfm pumped through 
the sprays. 

Air washers should be installed on the inlet side of 
the fan. Even specially built washers, if installed on the 
discharge side of the fan, have a tendency to leak 
through the gasketed section. 

Eliminator plates are used at the outlet of washers 
for the purpose of preventing entrained moisture from 
being carried over into the fan, and for removing par- 
ticulates from the air. The eliminators are so designed 
that air passing through them changes directions a 
number of times. In this way the air impinges against 
the wet surface of the plates and deposits the partic- 
ulate on the eliminator plates. Flooding nozzles, with a 
capacity of 1 gpm per nozzle at 2 to 5 psig, are usually 
used to wash down the eliminator plates to keep them 
clean. The amount of water used for washing the elim- 
inator plates is between 3 and 5 gpm per foot of washer 
width. 
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It would appear that most of the particulate matter 
mixed with the air would be removed in the spray 
chamber. However, this is not always the case. Air 
washers will not always remove all greasy or sooty 
particles. Therefore, a bank of filters accomplishes two 
things: it removes the largest portion of the particu- 
lates from the incoming air and it prevents contami- 
nation of the spray water from the incoming particulate 
matter. 


Methods of Distributing 
Cooling and Heating Media 

Each coil, washer or heat exchanger in an air con- 
ditioning system must have an arrangement of piping 
that will convey the cooling or heating fluid from it to 
the refrigeration machine or boiler and back again. 

When water is used, this arrangement takes the 
form of supply and return water piping along with the 
necessary pump or pumps to circulate the water 
through the piping and other equipment. 

Water Piping Arrangements, for heating and cool- 
ing, can be divided into four general classifications: 
1. One-pipe arrangement 
2. Two-pipe arrangement 
3. Three-pipe arrangement 
4. Four-pipe arrangement 


The first two are arranged so that either hot or cold 
water can be circulated through the piping. However, 
when hot water is being circulated in one-pipe and 
two-pipe arrangements, only hot water is available to 
each coil connected to that circuit. Conversely, when 
cold water is being circulated, only cold water is avail- 
able to each coil. 

The three-pipe arrangement has two supply pipes 
and one return pipe connected to each coil. One supply 
pipe carries hot water; the other supply pipe carries 
cold water. The return pipe carries a mixture of hot and 
cold water back to the chilling or heating equipment 
where it is diverted to the chiller or heater, depending 
on its temperature. 

The four-pipe arrangement is actually two, two- 
pipe arrangements. One of two supply pipes carries 
cold water, and the other supply pipe carries hot water, 
to the coils connected to the circuit. There are also two 
return lines connected to each coil — one return carries 
the hot water back to the boiler or heat exchanger, and 
the other carries the cold water back to the chiller. 
Thus, hot and cold water do not mix. 

Figure 10-AE illustrates the one-pipe arrangement 
of water distribution. In this arrangement one pipe is 
looped around the building and constitutes both the 
supply and return main. The size is maintained the 
same throughout its length because all the water that 
is circulated goes through this one main. 
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FIGURE 10-AE 
ONE-PIPE ARRANGEMENT 


At each branch take-off to the units, a flow fitting 
is installed. These flow fittings serve to direct some of 
the water from the main to flow up through the coil in 
units. The pressure drop through the flow fitting must 
be equal to or greater than the pressure drop of the 
riser, plus the pressure drop through the unit, plus the 
pressure drop of the return piping connected back to 
the main. This is illustrated in the diagram in Figure 
10-AF. 

The water returning to the main is at a different 
temperature than the water flowing in the main. The 
mixing of water from the unit and the water flowing in 
the main, changes the water temperature in the main 
so that the water entering the next unit will be at a 
different temperature. However, the temperature 
change is small, since the quantity of water flowing 
through the unit is small when compared to the total 
amount of water flowing in the main. In any event, it 
is good practice to check the temperature rise because 
it may be advisable to select the units on the end of the 
main for a different water temperature than those at 
the start of the main. 

The coils in the units must be designed for a low 
pressure drop, since the flow fittings are designed for 
a small pressure drop, in order to keep the pumping 
head of the system within reasonable limits. The max- 
imum loss through the coil in a unit and through the 
runouts is fixed, once a specific flow fitting is selected. 
The only way this maximum pressure loss can be al- 
tered is by changing the flow fitting or by changing the 
water flow in the main. The water flow through the 


branch take-off and through the unit can be changed by 
increasing or decreasing the size of piping to and from 
the unit, by selecting a unit with a greater or lesser 
pressure drop through the coil, or by installing flow 
control valves in the runout piping. 

The one-pipe arrangement of piping has been used 
extensively for heating in residences and small com- 
mercial buildings. 

Some use has been made of the one-pipe arrange- 
ment for cooling purposes although this arrangement is 
not used as extensively for cooling as for heating. How- 
ever, by proper design and application, the one-pipe 
arrangement for cooling represents a considerable sav- 
ing in first cost as illustrated in Figures 10-AG and 
10-AH. Actually, the arrangements in these two illus- 
trations are only partially one-pipe arrangements; how- 
ever, they do illustrate the savings in piping. 
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FIGURE 10-AF 
ONE-PIPE FLOW FITTING 
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RETURN MAIN TO OTHER RETURN RISERS 
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FIGURE 10-AG 
TWO-PIPE MAINS, ONE-PIPE RISERS 


Figure 10-AG illustrates the use of one-pipe dis- 
tribution to several units between two-pipe risers, 
(supply and return) on multi-story building. This ar- 
rangement would have alternate supply and return 
vertical risers with the units in between the risers fed 
as a one-pipe arrangement. This saves the return 
piping from each unit back to the main. 

This same arrangement could be used on a tower 
type building or for a particular zone in a building as 
illustrated in Figure 10-AI. This arrangement can be 
used where the units are small, or where there are a 
small number of units per floor. In this design only one 
supply and one return riser are used and the units on 
each floor or zone would be connected with a one pipe 
arrangement. 


Figures 10-AJ and 10-AK illustrate two methods of 
using the two-pipe water circulation arrangement. Fig- 
ure 10-AJ is called a direct return two-pipe arrange- 
ment, and Figure 10-AK is called a reversed return 
arrangement. 

In the direct return arrangement, the length of 
travel of the water is different for each unit. The water 
flowing through the first unit has a much shorter dis- 
tance to travel than the water flowing through the last 


unit. Therefore, balancing this arrangement is a prob- 
lem, because the pressure drop from the supply main, 
through the first unit, and back to the return must be 
increased by means of some restriction. Usually, a 
valve or an orifice is used; otherwise, most of the water 
will flow through the first unit. 

Figure 10-AK illustrates what is called a reversed 
return, two-pipe water circulation arrangement. In 
this method the length of travel of the water from the 
chiller or boiler, through any unit and back to the chiller 
or boiler is essentially the same. This has been accom- 
plished by making the unit nearest the chiller or boiler 
on the supply main the farthest on the return main. In 
other words, the water from the supply main to the 
first unit must flow through the full length of the return 
main, before it returns to the chiller or boiler. 

From the diagram, it would appear that this ar- 
rangement would be self-balancing. Actually, in prac- 
tice, it is necessary to install balancing valves or orifices 
in the piping to obtain the exact water flow required 
through each unit. 

Obviously, the two-pipe arrangement is more 
costly than the one-pipe arrangement, but its flexibility 
and simplicity of design makes it much more univer- 
sally used. 
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SIMPLE THREE-PIPE WATER DISTRIBUTION 
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A simple three-pipe water distribution arrange- 
ment is illustrated in Figure 10-AL. This arrangement 
makes use of two supply pipes and one return pipe. One 
supply pipe carries hot water and the other cold water. 
A special three-way valve is used for each unit. This 
valve has two inlets and one outlet. One inlet is con- 
nected to the cold water supply, one inlet to the hot 
water supply, and the outlet is connected to the coil. In 
operation the valve allows either cold water or hot 
water to enter the coil in variable quantities, but does not 
allow a mixture of hot and cold water to flow into the coil. 

Because some units may be using hot water and 
some cold water, there will be a mixing of hot and cold 
water in the single return line. In order to avoid ex- 
cessive mixing, and to reduce operating costs, it is 
usually necessary to zone the return lines so that all 
units which would normally be using cold water will 
then discharge into the cooler return. The cooler water 
is then discharged through the chiller and the warmer 
water through the boiler or heat exchanger. Some 
method of diverting the return water must be used. 
One method is to use three pumps as shown in Figure 
10-AM. Another is by the use of a three-way diverting 
valve in the return line. This valve is then controlled 
from the temperature of the return water. 

The use of three pumps as shown in Figure 10-AM 
is satisfactory for two zones only. If more than two 
zones are used, two pumps should be used for each zone. 
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Three-pipe water circulation arrangements must 
be designed very carefully to prevent excessive pres- 
sure differentials, backflow through the control valves 
on the units, and balancing problems. 


The four-pipe water distribution arrangement is 
illustrated in Figure 10-AN. This arrangement is es- 
sentially two, two-pipe circuits with one two-pipe cir- 
cuit circulating cold water and one circulating hot 
water. There is one distinct difference. Because the 
circuit through which the hot water is flowing handles 
only hot water, the temperature of the water can be 
adjusted upward to reduce the size of piping in this 
circuit. In this arrangement no water is mixed, since 
the cold water returns to the chiller and the hot water 
returns to the boiler, or heat exchanger. 


By the use of separate coils for cooling and heating, 
as illustrated in Figure 10-AP, it is possible to dehu- 
midify and reheat with this arrangement. Thus, cooling 
and heating can be made available at all units simul- 
taneously. When only one coil is used for cooling and 
heating, as illustrated in Figure 10-AN, the same type 
of valve is used on the supply lines to each coil as 
described for Figure 10-AL. In addition, another valve 
is used on the return from each unit to divert the water 
to the proper return line. 


SOUTH ZONE 
ec ee eet 
1 ' l 
[unr]. 1 : {ok 
' i} ' I 
1 ‘ ! I 
' ' ' i 
‘ ’ 1 
' 
Hola 1 y ] 
’ H t T 
1 i ! ' 
’ \ ' ' 
1 H I { 
i 1 ! ‘ 
[_] 1 TH ]4 
T T 
1 ' ! ! 
1 ' ’ : 
1 1 ' J 
' ’ ‘ ' 
’ 1 ' I 
a i 


MAINS 


COLD SUPPLY MAIN HEAT 
EXCHANGER 


cunier ume | | 


rr 


HEADER 
(,) ZONE PUMPS 

1 
%---------- ---—-—-- a — rh — — 


ge cmueer TD) 


COLO SUPPLY MAIN 


=| 
KP PRESS RELIEF VALVE 


NORTH ZONE RETURN MAIN 


ee eee 


FIGURE 10-AM 


319 


CHAPTER X — THE AIR CONDITIONING SYSTEM 


let a ee eee 
7x ES ES 


&a5} 
ht a oe Se 


--F 
Fy 
Hi 
il 

4 


aime Ae, Sr ot So aes es he tt ae 


Pee te ee ee 2 


[i 
UNIT 
coIL 
eT 
el j 
HOT SUPPLY MAIN 


NIVW NUAL3e WEVA 


COLD SUPPLY MAIN 


HEAT 
EXCHANGER 


| 


| 


PUMP () 


Sl 

| Ey | 
HEADER 

CHILLED WATER CIRC. PUMP 


CHILLER 


GAIA Go 
43m3u_‘sszud GO 
f anna | 
oniavinoul> | 


1 
ULM LOH | 


NIVW NYNL3Y A105 


FIGURE 10-AN 
FOUR-PIPE DISTRIBUTION WITH ONE COIL 
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FIGURE 10-AP 
FOUR-PIPE DISTRIBUTION WITH TWO COILS 
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FIGURE 10-AQ 
FOUR-PIPE DISTRIBUTION WITH REVERSE FLOW THROUGH COIL 


Another method of using a single coil on the four- 
pipe arrangement is illustrated in Figure 10-AQ. In this 
method a three-way valve is used to allow either cold 
or hot water to be circulated through the coil. Two 
swing-check valves are used to prevent the circulation 
from the line not being used. In this method the flow 
through the coil is reversed when the valve changes its 
position. 

In many large buildings it is customary to use two 
hot water circuits. . .one for cooling and heating units, 
and one at a higher temperature for the convectors or 
fin radiation in toilets, stairwells, storage rooms, etc. 
With the four-pipe arrangement, it is unnecessary to 
use two heating circuits since the hot water circuit is 
entirely separate from the chilled water circuit. Nei- 
ther is it necessary to zone the piping, because each unit 
has become a zone by itself, furnishing either heating 
or cooling as required. If a unit, such as a convector, is 
not to be used for cooling, it is only necessary to omit 
any cold water connections to it, and merely connect it 
to the hot water supply and return lines. 

With the four-pipe arrangement, the ultimate in 
simplicity of design, room control and economy of op- 
eration justifies its use over the three pipe system with 
only a slight increase in first cost over the three-pipe 
arrangement. 


In a direct expansion cooling system refrigerant 
piping is required to join direct expansion cooling coils 
to the liquid line coming from the condenser-subcooler 
or liquid receiver and to the suction line which conducts 
the vaporized refrigerant back to the compressor. Since 
refrigerant piping is discussed in an earlier chapter, the 
only reference here will be to the type of refrigeration 
piping that is necessary in an air conditioning system 
which makes use of direct expansion coils. The types of 
piping required are: 

1. The hot gas discharge line connecting the compres- 
sor to the condenser. 

2. The liquid line connecting the condenser-subcooler 
to the liquid receiver (when used) or cooling coil. 

3. The suction line connecting the cooling coil to the 
compressor. 


Since steam is used in the air conditioning system 
for preheat and reheat, an abbreviated discussion of 
steam piping follows. This discussion, and the brief 
steam piping charts included, are not meant to be a 
complete description of the design of steam piping sys- 
tems. Other sources should be consulted for a more 
complete description of steam piping systems. 

Steam piping, for steam heating coils used in air 
conditioning systems, is usually based on low pressure 
steam (i.e. 0 to 16 psig). Steam heating coils are those 
which use steam inside the tubes, with the air circu- 
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lated over the outside of the tubes and fins. They are 
used primarily for preheating and reheating the air in 
central fan or zone units, and in some cases for remote 
reheating coils. The various types of steam heating 
coils were described earlier in this chapter and the 
piping connections to these coils are illustrated in Fig- 
ures 10-W through 10-AD. 

Steam will flow through a pipe only when the pres- 
sure at one end is greater than at the other end. The 
higher the velocity, the greater the pressure difference 
must be between inlet and outlet. 

The problem in sizing a pipe for steam flow then 
resolves itself into striking an economic balance be- 
tween a high velocity with a large pressure drop, re- 
quiring a small pipe, and a low velocity with a low 
pressure drop, requiring a large pipe. 

The drop in pressure caused by friction does not 
cause a loss in energy because this energy appears as 
heat. If the steam leaving the boiler is wet or saturated, 
the heat generated due to friction tends to evaporate 
the moisture into steam or even to superheat it. 
Whether the heat gained at the expense of pressure 
drop is utilized or wasted depends on the equipment 
that is using the steam. Naturally, if the heat is not 
utilized, then the pressure used to overcome the fric- 
tion is a total loss. For the average application in heat- 
ing work, the loss in pressure is useful and not wasted. 

The selection of a pipe size, for a given load in a 
steam heating system, depends on four factors: 

1. The initial pressure entering the steam main, and 
the total allowable pressure drop from the steam 
source to the last heating coil. 

2. The maximum allowable steam velocity to ensure 
obtain quiet operation of the installation. 

3. The equivalent length of piping from the source to 
the last heating coil. 

4. The direction of flow of condensate — i.e., whether 
it must flow with or against the direction of steam 
flow. 


The question of what pressure drop to use will, of 
course, depend to a great extent on (1) the initial pres- 
sure available, and (2) the pressure required for the last 
heating unit. For initial pressures of 25 psig, a total 
pressure drop of 20 percent is permissible in most 
cases. For initial pressures lower than 25 psig, a 10 to 
15 percent total pressure drop is recommended. 

In determining the length of run of the main, the 
equivalent length of valves, fittings, etc. must always 
be taken into account. Some designers use a factor of 
an additional 50 percent to the measured length of the 
line for valves and fittings. Table 10-1 gives the equiv- 
alent length to be added for various sizes of valves and 
fittings and can be used for more accurate calculation 
of equivalent length. 

In designing the piping, care must be taken to 
equalize the friction in all branch mains so that approx- 
imately the same pressure is available at all pieces of 
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apparatus. Also, when steam and water are flowing in 
opposite directions, the piping should be sized large 
enough to take this into account. Many designers in- 
crease the pipe one size in such cases. 

Charts 10-1 through 10-5 have been prepared to 
facilitate the selection of steam and return pipe sizes. 

Some important rules to remember in designing 
steam piping are the foliowing: 

1. Water in a steam main is a source of danger, and 
every precaution must be taken to avoid its pres- 
ence. The chief danger is water hammer which can 
rupture piping and equipment. 

2. Piping should always be sized to provide ample and 
accessible drainage facilities. Drains should be pro- 
vided at the base of all risers and where water can 
accumulate. 

3. Drainage is always more complete when water and 
steam are flowing in the same direction. 

4. Connections to all air heating coils should always be 
taken from the top of the steam main. 

5. Make drip legs in the ends of steam mains the full 
size of the main or larger. 

6. Provide swing joints in lateral connections to all 
apparatus. 

7. Use high grade traps for drainage. In selecting the 
traps, remember that the heating-up period may 
produce condensate which amounts to two or more 
times the normal amount. 

8. Be sure to provide the necessary air vents to 
remove the air from the piping. 

9. Use low pressure drops in vertical risers or where 
the steam and condensate flow in opposite direc- 
tions. 

10. The old adage “‘get rid of the air and water and the 
system will heat”’ is still a good one to remember. 


Methods of Air Distribution 


Whenever a central fan or unit is used for air con- 
ditioning, some method must be used to convey the 
conditioned air from the conditioning unit to the space 
to be conditioned. The method in most common use is 
sheet metal duct work; although other materials, such 
as ‘‘Transite,” compressed fiberglass, plastics, and fab- 
rics have been used with success on some installations. 

Sheet metal ducts are referred to as low velocity or 
high velocity ducts and sometimes are erroneously re- 
ferred to as low pressure and high pressure ducts. The 
terms low velocity and high velocity are, of course, 
purely relative. A low velocity duct arrangement is one 
in which the velocities do not exceed 2000 feet per 
minute; whereas, a high velocity duct arrangement 
refers to one in which the velocities may go as high as 
4500 feet per minute. Some velocities even in low ve- 
locity duct arrangements may exceed 2000 feet per 
minute, and a high velocity installation may have ve- 
locities in portions of the installation that are under 
2000 feet per minute. It is almost impossible to eco- 
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nomically design an installation with all high velocities 
or all low velocities because of variable air quantities 
required and duct sizes available. 

Round ducts are usually used with high air veloc- 
ities because: (1) a thinner gauge of metal can be used, 
(2) reinforcing braces are not required, (3) they create 
less turbulence, and (4) they are usually less costly. 

Rectangular duct work is usually used with low 
velocity designs because of flexibility and space saving 
over round ducts. This space saving may not be readily 
apparent but a specific example will serve to illustrate. 

Suppose a duct must handle 5000 cfm at a velocity 
of 1400 feet per minute. This will require a duct 26” in 
diameter. The equivalent rectangular duct would be 
18”’ by 3 ads 
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Thus, if the duct were to be run ina furred ceiling space, 
the saving in height possible would be 26 — 18, or 8”. 

When the conditioned air reaches its terminal 
point, that is when it is introduced into the conditioned 
space, the velocity must be low enough to avoid cre- 
ating drafts or excessive noise. If low velocity duct 
work is used, it is usually only a matter of selecting the 
proper grille or diffuser. However, with high velocity 
air, it is necessary to slow the air down and in many 
cases, to reduce its pressure. This is sometimes done by 
using an attenuator box or plenum. From this atten- 
uator box, low velocity ducts are then run to the dif- 
fusers, or in some cases, a diffuser is mounted directly 
on the attenuator box. See Figures 10-AU and 10-AV. 
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FIGURE 10-AV 
ATTENUATOR BOX WITH DIFFUSER ATTACHMENT 


COLD AIR SUPPLY 


COOLING .= 


HIGH VELOCITY 
DOUBLE DUCT 
OUTLETS 


WARM AIR SUPPLY 
HEATING COIL 


FIGURE 10-AW 


DOUBLE-DUCT, ONE-FAN SYSTEM 
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FIGURE 10-AX 
DOUBLE-DUCT, ONE-FAN SYSTEM 
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FIGURE 10-AY 
DOUBLE-DUCT, TWO-FAN SYSTEM 


Up to this time, the discussion on ducts has been 
confined to a single supply duct and a single return 
duct. There is also the possibility of using two supply 
ducts and one return duct. This would be similar to the 
three-pipe water arrangement, in that one duct sup- 
plies warm air and one supplies cold air with the return 
duct carrying the mixture of the two back to the fan. 


This arrangement is called a double-duct or dual-duct 
arrangement. 

Dual-duct arrangements can be designed for either 
high or low velocities. In either case, a mixing arrange- 
ment must be used at each outlet or at each control 
zone. These mixing boxes (Figure 10-AZ) are equipped 
with a warm air damper and a cold air damper. The 
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control is arranged so that some cold and some warm 
air are mixed and discharged through a diffuser or into 
the control zone duct work. Diagrams of several typical 
dual-duct arrangements are illustrated in Figures 10- 
AW, 10-AX, and 10-AY. 

In sizing the warm duct, it should be remembered 
that warmer air can be used, if desired, to make the 
warm duct smaller than the cold duct. This is similar to 
the use of higher temperature water and smaller hot 
water pipes in the three-pipe water circulating ar- 
rangement. 


MIXED AIR OUT 
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FIGURE 10-AZ 
DOUBLE-DUCT MIXING BOX 


The dual-duct system depends upon the mixing of 
warm and cold air at the dual-duct terminal to maintain 
the proper temperature in the conditioned space. It is 
also considered to be a constant air volume system 
since the fans do not, as standard, use speed or inlet 
vane control to vary air volume. The fact that it mixes 
warm and cold air to maintain space temperature con- 
trol causes it to be a relatively high energy consuming 
system and also a relatively high first cost system due 
to the requirement of dual ducts to each control zone. 

Because of its high energy cost due to mixing for 
space temperature control, the conventional double 
duct system has, in most cases, been replaced by a 
hybrid system called the “double duct variable air 
volume” system which essentially replaces the dual- 
duct mixing box (see Figure 10-AZ) with a dual-duct 
variable air volume terminal (see Figure 10-BA) and 
adds either speed control of inlet vane control to the 
primary fan(s) to obtain fan energy reduction during 
part load reduced air flow operation of the system. 
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FIGURE 10-BA 
DUAL-DUCT VARIABLE AIR VOLUME TERMINAL 


Methods of Filtering Air 

Air used in an air conditioning system(s) must be 
filtered to maintain a clean atmosphere in the condi- 
tioned space. Outside air may contain a number of 
contaminants, such as bacteria, pollens, insects, soot, 
ash, dust and dirt. Return air often has such contam- 
inants as house dust, lint, soot and ash. The concen- 
tration of these contaminants in the air, and the degree 
of cleanliness required in the conditioned space, will 
determine the type of filter or filters that should be 
used. 

The contaminants in the atmosphere can range in 
size from one which is less than 0.01 micron to those 
which can be caught by a regular window screen; such 
as, lint, leaves, insects, and feathers. All shapes and 
sizes can be included in this list. Also, fumes, vapors 
and such living organisms as virus and fungus spores 
can be included. 

The infinite variety of contaminants makes it im- 
possible to design one type of air cleaner that will be 
ideal for all applications. As a result, many types of air 
filters, or cleaners have been designed to meet the 
needs of various applications. 

These filters can be divided into three general clas- 
sifications: (1) viscous impingement type, (2) dry type 
air filters and, (8) electronic air cleaners. 

Viscous Impingement Type filters can be further 
subdivided into: (a) Throwaway type, (b) Cleanable 
type and, (c) Roller or Awning Curtain type. See Fig- 
ures 10-BB, 10-BC and 10-BD. 

The throwaway type can be taken out and dis- 
carded when loaded with dirt or contaminants. The 
frames of this type of filter are usually made of card- 
board with an expanded metal or plastic screen on the 
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front and back. The filtering medium is held between 
these two screens. This medium may be spun-glass 
fiber, copper or aluminum wool, animal hair, hemp 
fibers, felt, and other materials. The entire surface of 
this medium is usually coated with a viscous adhesive. 
The medium is in some cases packed more densely on 
the leaving air side so that the pickup of contaminants 
will be more evenly distributed throughout the filter, 
tending to give it a longer life. When the filter medium 
becomes loaded with dirt, as indicated by an increase 
in the pressure drop through the filter, it is taken out, 
discarded, and replaced with a new one. 


FIGURE 10-88 
THROWAWAY FILTERS FOR UNIT AIR CONDITIONERS 
(Photo courtesy Airguard Industries) 


FIGURE 10-BC 
CLEANABLE TYPE METALLIC AIR FILTER 
{Photo courtesy Airguard Industries} 


The viscous cleanable type is constructed in much 
the same manner as the throwaway type except the 
frames and screens are all metal. The filtering medium 
is usually a number of zigzag screens in which the 
openings decrease in area from the inlet to the outlet 
side. When the filter becomes loaded or full of dirt, it 
is removed from service and replaced by another sec- 
tion. The dirty filter is then washed in a cleaning so- 
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lution in a tank, dried and then given a bath of viscous 
oil. The excess oil is drained off and the clean filter is 
stored for future use. 


oil 
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FIGURE 10-BD 


FIGURE 10-BE 
DRY TYPE, DISPOSABLE MEDIUM AIR FILTER 
(Photo courtesy Airguard Industries) 


The roller or curtain type filters consist of two 
rollers, one at the top of the air passage and one at the 
bottom. The filtering medium may be of the disposable 
type or cleanable type. When this medium is of the 
disposable type, it is made in a roll which is placed on 
the top roller, extended down through the air stream 
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and rewound on the bottom roll after having picked up 
the dirt, etc., from the air stream. When the entire roll 
has been wound on the lower roller, it is discarded and 
replaced with a clean roll on the top roller. The rollers 
can be driven by a small motor at a slow speed, or they 
can be moved manually when desired. 


FIGURE 10-BF 


REPLACEABLE MEDIUM FILTER, BAG TYPE 
(Photo courtesy Airguard, Inc.) 

The cleanable medium in a roller type filter con- 
sists of metal plates fastened to a chain that runs over 
sprockets on the top and bottom rollers. An oil bath is 
provided under the bottom roller. As the plates dip into 
the oil bath, they are cleaned and recoated with the 
viscous oil. The rollers are driven by a small electric 
motor. The filter chain rotates continuously whenever 
the air conditioning system is in operation. The dirt and 
contaminants are deposited in the oil sump below the 
lower roller. The oil sump, therefore, requires frequent 
cleaning. 

Dry Type Air Filters all have a disposable medium 
and may be classified as stationary or rotating. The 
stationary type is made in two versions. One uses a 
dense mat of fiber glass, cellulose or cotton fibers, 
which is held in place in the air stream by V-shaped 
frames. The other uses a cotton fiber medium in the 
shape of bags with the air circulating through the bags 
from the inside. This type of filter is typically 65-95 
percent efficient. When either type is filled with dirt, 
it is replaced with clean medium and the old discarded. 
See Figures 10-BE and 10-BF. 
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The Rotating type is similar to the rotating im- 
pingement type using rolls of fiber which move from 
one roller onto the other. The main difference is that 
the medium is dry. See Figure 10-BG. 


FIGURE 10-BG 
TRANE ROTATING TYPE AIR FILTER 
Special Filtering Applications 
In stringent filtering applications such as surgical 
suites, intensive care units, and electronic or micro- 
processing clean rooms, both a prefilter section and a 
final filter section will normally be required to meet the 
environmental cleanliness specifications. In the case of 
hospitals and medical facilities, these requirements are 
included in the government publication ‘“‘Minimum Re- 
quirements of Construction and Equipment for Hos- 
pitals and Medical Facilities.” The prefilter section 
may, for instance, include a combination package using 
a disposable panel prefilter and bag/cartridge filter 
together. In this way, when air finally reaches the final 
HEPA filter, it is also particle free which will help to 
increase the HEPA filter life and reduce replacement 
costs. 


CARTRIDGE FILTERS — 66 TO 95 PERCENT EFFICIENT 
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HEPA FILTERS — 99.9 PERCENT EFFICIENT 


Cartridge filter efficiencies normally range from 65 
to 95 percent and HEPA filters have a filtration effi- 
ciency as high as 99.9 percent. Because of the HEPA 
filter expense and the cleanliness requirements for de- 
livery of the final product, more efficient prefilter sys- 
tems (65-95 percent) are often justified. 

Electronic Air Cleaners are of two types: (1) those 
which give the dust particles a charge by passing them 
through an ionizing zone, (2) those which use a charged 
medium to charge the particles. 

In the first type, closely spaced metal plates are 
arranged parallel to the air flow, with adjacent plates 
having opposite polarity. This is accomplished by 
charging alternate plates and grounding the other 
plates. 


FIGURE 10-BH 
ELECTRONIC AIR FILTER 


{Photo courtesy Trion, inc.) 
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Preceding the bank of plates by a few inches, are 
vertical wires having a high positive charge. Any par- 
ticle going through the electronic air cleaner will re- 
ceive a positive charge and will be attracted to the 
negatively charged plates. To clean the plates, the 
power supply is disconnected and the plates are washed 
down with a biodegradable and non-toxic detergent. 
solution, usually with an integrated wash system. 

In this type of installation a screen is typically 
placed ahead of the filter to prevent birds, insects, 
leaves and bits of paper from entering the air cleaner. 
In many cases a bank of dry throwaway filters are 
installed ahead of the electronic air cleaner to prevent 
large particles from entering. Because of the electrical 
charge, every precaution must be taken to see that the 
current is off when entering the filter chamber for 
service or cleaning. See Figure 10-BH. 
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FIGURE 10-BI 
CHARGED MEDIA TYPE FILTER 


In the charged media type of filter, glass fiber is 


held in nonconductive frames and installed in a 
V-shaped shaped bank across the inlet duct work to the 
conditioning unit. The frames are held between a pos- 
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itively charged grid and the grounded metal support 
frame. The charge placed on the medium is 10,000 to 
12,000 volts (de) and causes the approaching particles 
to be attracted to the filter medium. This type of filter 
has one advantage in that, if the rectifying unit fails, 
the filter medium still is efficient as an impingement 
filter for cleaning the air. This type of filter is illus- 
trated in Figure 10-BI. 


General Methods of Air Conditioning 
System Control 

From the standpoint of air conditioning systems, 
there are two methods of control that can be utilized in 
maintaining the required conditions in an air condi- 
tioned space. These are: 

(1) Arrangement control 
(2) Capacity control 

Arrangement control means the various compo- 
nents, such as fans, coils, pumps, dampers and refrig- 
eration must be arranged in a manner that will produce 
the quality and quantity of air, as well as the thermal 
effect, required by the conditioned space at the time 
that it is needed. 

For example: suppose a room is to be maintained 
at 75 F DB and 50 percent relative humidity. The load 
calculations indicate that during warm, dry days in the 
fall of the year, it is necessary to supply a quality of air 
which will cool and humidify the room. If the air passing 
through the conditioning unit cannot be supplied at a 
temperature which is lower than the required room 
temperature, and at a moisture content which is higher 
than the required moisture content in the room, it will 
not be possible to maintain the desired room conditions. 

Another example: an auditorium which seats 1000 
people must be maintained at 78 F DB and 45 percent 
relative humidity. The sensible to total heat ratio 
(SHR) is 60 percent. A reference to the psychrometric 
chart will indicate that reheat will be required even at 
maximum load. Therefore, a reheat coil must be placed 
after the cooling in the air stream, or the system will 
not be able to maintain conditions. 

Just as the components of an air conditioning sys- 
tem must be properly arranged, so must each compo- 
nent be selected so that the capacity can be varied to 
meet. the variable room load. 

Basically, capacity control can be divided into two 
types: (1) two position and (2) modulating. 

Two position capacity control means that either 
full capacity of the component is available, or no ca- 
pacity is available. A coil may be producing full capacity 
or no capacity. A pump may be running or not. A 
damper may be fully open or fully closed, compressor 
running or stopped, a fan circulating the full quantity 
of air or fully stopped. In electronic or microprocessor 
control discussions, this would be called a binary (on- 
off) control point. 
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Modulating capacity control or in microprocessor 
based control terminology, analog control, means that 
the equipment can be producing an infinite range of 
capacities between full capacity and no capacity, either 
at several specific points or at an infinite number of 
points. 

Best results can be obtained by modulating control, 
but the building load should be analyzed to insure that 
modulating control is warranted. Modulating or analog 
microprocessor based control will usually increase the 
initial cost of the system. 


System Arrangements 

The foregoing part of this chapter has been de- 
voted to describing the many components that are used 
to make up an air conditioning system. What remains 
to be done is to assemble some or all of these compo- 
nents into different system arrangements as applied in 
many present day installations. 

These system arrangements can be divided into 
three classifications: 


1. Those which use only a central fan and central 
conditioning equipment. 

2. Those which use self-contained terminal units in 
each conditioned space or in each room. 


3. Those which use a combination of a central fan and 
conditioning system plus any one of several types 
of distribution or control units in each conditioned 
space. 


Virtually every new system being designed during 
and subsequent to the decade of the 1990’s will utilize 
some form of microprocessor based control. Each new 
equipment design is generally offered with a self con- 
tained unit mounted microprocessor based control sys- 
tem that not only contains the intelligence to control 
the product but also to protect the product during its 
operation. 

Beyond unit control and protection, the unit 
mounted control module often has the ability to com- 
municate to a host personal computer (PC) that serves 
as the hub of the overall building and system control to 
help the building manager more efficiently manage and 
maintain the building and its service systems. Figure 
10-BJ illustrates some of the options available within 
Integrated Comfort” system architecture. 

Figure 10-BK illustrates a simple central fan and 
single duct arrangement, with a single bank of direct 
expansion refrigerant coils for cooling. Outside and 
return air are mixed, drawn through the cooling coil, 
where the mixture is cooled and dehumidified, and then 
into the fan which discharges it into the distribution 
duct work. Note that a heating coil is shown, in the 
reheat position, that can use either steam or hot water 
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to furnish either reheating in the summer cooling supplies a small space or a few rooms, to a large unit 
season or heating only during winter operations. This which supplies a large number of individual spaces or 
design can vary in capacity from a small unit, which a single large area. 


* Multiple communication links are 
required to support all ICS equipment 
shown. 


CenTraVac® 


FIGURE 10-BJ 
INTEGRATED COMFORT™ SYSTEM ARCHITECTURE 
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There are many variations that can be made to this 
arrangement without changing its basic characteris- 
tics. For example, either low or high velocity duct work 
can be utilized for air distribution. 

Acoil using cold water for cooling and hot water for 
heating can be substituted for the direct expansion 
refrigerant coil. This then eliminates the need for sep- 
arate cooling and heating coils. However, with this 
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arrangement, some flexibility is lost as far as dehu- 
midifying and reheating is concerned. 


Beyond this, an air washer can be substituted in 
place of the cooling coil. Then by including a preheat 
and reheat coil in the design, winter season heating and 
humidification is obtained. This arrangement is illus- 
trated in Figure 10-BL. 


FIGURE 10-BK 
SYSTEM WITH CENTRAL FAN, BANK OF REFRIGERANT COILS, FILTERS, DISTRIBUTING DUCTWORK. REFRIGERATION COMPRESSOR, 
HEATING COIL AND CONTROLS. 
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FIGURE 10-BL 


SYSTEM WITH CENTRAL FAN, AIR WASHER, PREHEAT AND REHEAT COILS, FILTERS, DISTRIBUTING DUCTWORK, 
REFRIGERATION UNIT FOR CHILLING SPRAY WATER, CIRCULATING PUMP AND CONTROLS. 
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SYSTEM WITH CENTRAL FAN, BANK OF SPRAYED, DIRECT EXPANSION REFRIGERANT COILS, FILTERS, DISTRIBUTING DUCTWORK, 
REFRIGERATION COMPRESSOR AND CONTROLS. 
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FIGURE 10-BN 


SYSTEM WITH CENTRAL FAN, WATER COOLING COIL, FILTERS, DISTRIBUTING DUCTWORK, REFRIGERATION UNIT FOR CHILLING COLD WATER, 
CIRCULATING PUMP, BYPASS FOR CONTROL AND CONTROLS. 
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FIGURE 10-BP 


SYSTEM WITH CENTRAL FAN, WATER COOLING COIL, FILTERS DISTRIBUTING DUCTWORK, REFRIGERATION UNIT FOR CHILLING COLD WATER, 
CIRCULATING PUMP, FACE AND BYPASS DAMPERS FOR CONTROL AND CONTROLS. 
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SYSTEM WITH CENTRAL FAN, WATER COOLING COIL, FILTERS, DISTRIBUTING DUCTWORK, ZONE REHEAT COILS, 
REFRIGERATION UNIT FOR CHILLING COLD WATER, CIRCULATING PUMP AND - 
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FIGURE 10-BR 


SYSTEM WITH CENTRAL FAN OR FANS, WATER COOLING COIL, STEAM HEATING COW, FILTERS, MIXING DAMPERS FOR EACH ZONE DISTRIBUTING 
DUCTWORK REFRIGERATION UNIT FOR CHILLING COLD WATER, CIRCULATING PUMP AND CONTROLS. 
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FIGURE 10-BS 


SYSTEM WITH CENTRAL FAN, WATER COOLING COIL, STEAM OR HOT WATER COIL, 
FILTERS, DOUBLE-DUCT AIR DISTRIBUTION, MIXING BOXES FOR CONDITIONED SPACES 
REFRIGERATION UNIT FOR CHILLING WATER, OR A REFRIGERATION COMPRESSOR AND 
DIRECT EXPANSION COOLING COIL FOR COOLING AIR AND CONTROLS. 
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FIGURE 10-BT 


SYSTEM WITH CENTRAL FAN, WATER COOLING COIL, STEAM OR HOT WATER COIL, 
FILTERS, DOUBLE-DUCT AIR DISTRIBUTION MIXING BOXES FOR THE CONDITIONED 
SPACES, REFRIGERATION UNIT FOR CHILLING WATER, OR A REFRIGERATION 
COMPRESSOR AND A DIRECT EXPANSION COOLING COIL FOR COOLING THE AIR, 
A SET OF BALANCING DAMPERS AND CONTROLS. 
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Still another variation would be the use of a 
sprayed coil for cooling and dehumidifying in the sum- 
mer and using the same sprays for humidifying in the 
winter. This arrangement would also use preheat and 
reheat coils as shown in Figure 10-BM. 

To obtain still better control on the central fan 
arrangements, other hybrids such as bypass dampers, 
face and bypass dampers, split coils, zone reheat and 
multiple zone units have been utilized. These arrange- 
ments are illustrated in Figures 10-BN through 10-BR. 

It is apparent that the arrangement just described 
will not be able to maintain conditions in individual 
rooms or spaces when one unit must supply a number 
of rooms or spaces. To maintain proper conditions and 
still retain the advantage of a central fan and unit, an 
arrangement which uses dual ducts for air distribution 
can be used. This method of air distribution was dis- 
cussed earlier in this chapter. 
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The central conditioning unit can be arranged in 
several ways to accommodate this method of air dis- 
tribution. Figure 10-BS illustrates the most common 
way, using one fan with a blow-thru arrangement for 
the cooling and heating coils. This arrangement, while 
being used extensively for dual-duct distribution, does 
not offer exact control of relative humidity in the con- 
ditioned areas. Unless the control is specifically de- 
signed for this arrangement, the relative humidity in 
the areas can vary through a wide range. 

Figure 10-BT illustrates a method whereby the 
relative humidity, as well as the temperature, can be 
held within closer limits. With this method, the mixture 
of air is dehumidified for both the hot and cold ducts 
before being discharged by the fan. The penalty for 
closer control is some increase in operating cost be- 
cause of the reheat necessary for the air going into the 
warm duct. 
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FIGURE 10-BU 


OR 
IBUTION, MIXING BOXES FOR THE 


An arrangement as shown in Figure 10-BU with 
two fans — where one fan handles return air only — can 
be used to maintain temperature and relative humidity 
conditions within reasonable limits, without the re- 
quirement of continuous reheat under light loads. 

In many instances it is more desirable to take in 
and condition all the outside ventilating air at one cen- 
tral point and duct it to either zone or large room units. 

This arrangement is illustrated in Figure 10-BV. 
With this arrangement all of the dehumidifying is done 
by the ventilating unit, and the zone or large room unit 
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WATER COIL, FILTERS, DOUBLE-DUCT AIR 
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coils do the sensible cooling or heating required. The 
dehumidifying equipment used in the central fan out- 
side air unit may be a cold water or a direct expansion 
coil, an air washer, or a chemical dehumidifier. Cold 
water or hot water is circulated through the coils in the 
zone or large room units. 

The second classification is one in which units are 
used in each individual room or space to perform the air 
conditioning. One arrangement of this classification is 
shown in Figure 10-BX. In this arrangement, units are 
installed around the outside wall of the building, usu- 
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ally one per room for small rooms, and more when 
needed in the larger rooms. These units are complete 
with casing, fans, water coil, filter and fan motor. In the 
back or bottom of the unit is an opening which is con- 
nected to the outside through the wall. This opening is 
a supply for outside, ventilating air. There is another 
grilled opening in the front of the unit for drawing in 
return or room air. The coils in the units are supplied 
with chilled water from a refrigeration plant in the 
summer and with hot water in the winter from a hot 
water heater or heat exchanger. 
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With this arrangement, each room or space fea- 
tures individual control of the temperature. However, 
since only one coil is ordinarily used, the relative hu- 
midity is dependent upon the room temperature, the 
length of time that the unit operates to maintain the 
temperature, the chilled water temperature and the 
method used to select the unit. To provide proper con- 
trol of relative humidity, a separate heating coil is 
sometimes included in the unit so that dehumidification 
and reheat can be accomplished. This, of course, re- 
quires the use of a more expensive four-pipe water 
circulating arrangement. 
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SYSTEM WITH CENTRAL FAN UNIT WITH PREHEAT COIL, COOLING COIL AND FILTERS FOR SUPPLYING CONDITIONED OUTSIDE 
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A method sometimes used to save cost is the use 
of room fan-coil units without any outside air connec- 
tion and no provision to introduce outside air. The 
theory is to allow the toilet exhaust fans and other 
exhaust fans to pull the outside air into the building 
through the cracks around the windows and doors. 
Thus, the term “ventilation by exhaust.” This method 
is usually considered undesirable from an indoor air 
quality standpoint since it places the entire building 
under a negative pressure and dust and dirt can be 
pulled into the building without being taken out by the 
filters. 


A unit which incorporates all of the components of 
an air conditioning system except the ductwork and 
condenser water piping is illustrated in Figure 10-BX. 
These units are usually referred to as “self-contained”’ 
units because they contain a refrigeration compressor, 
a direct expansion coil, the refrigeration piping, a fan 
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and motor, and filter and microprocessor based unit 
controls, all in one casing. In many cases a heating coil 
is also included. The commercial self-contained air con- 
ditioner is often applied with ductwork and VAV ter- 
minals for multiple zone control. 

In some installations the units are attached to duct- 
work, but more frequently they are used with a free 
discharge grille as illustrated in Figure 10-BY. 

These units are also manufactured in horizontal 
design for mounting overhead or on the roof top. Units 
can be obtained with water condensing or air condens- 
ing, and with and without gas heating units. These are 
illustrated in Figures 10-CB through 10-CC. 

Frequently, the fan and evaporator section of these 
self-contained units is mounted in the space and the 
compressor-condenser section mounted on the roof or 
some other remote location. It is then necessary for the 
installer to furnish and install the refrigerant piping 
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between the evaporator and the compressor. This ar- The third classification are those arrangements 
rangement is sometimes referred to as a “split sys- which make use of a central fan, with units of some type 
tem.” It is similar to the method in use for many years _ in the individual rooms or spaces. All of these combi- 
where a conditioning unit is connected toa compressor nation arrangements have been designed in order to 
at some remote location. Figure 10-CD illustrates the get closer individual room temperature and humidity 
arrangement. control. 
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FIGURE 10-BW 


SYSTEM WITH FAN-COIL-FILTER UNITS IN EACH CONDITIONED SPACE, WATER 
PIPING TO EACH UNIT REFRIGERATION UNIT FOR SUPPLYING CHILLED WATER, 
CHILLED WATER CIRCULATING PUMP, WATER HEATER FOR EACH ZONE, 
CIRCULATING PUMP FOR CIRCULATING HOT OR COLD WATER IN EACH ZONE, 
AN OUTSIDE AIR INTAKE ON EACH ROOM UNIT AND CONTROLS. 
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FIGURE 10-BX FIGURE 10-BY 
TYPICAL SELF-CONTAINED AIR CONDITIONER/VAV APPLICATION TYPICAL UNITARY SELF-CONTAINED APPLICATION 
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FIGURE 10-CA 
HORIZONTAL AIR FLOW UNITARY AIR CONDITIONER WITH HEATING AND MULTIZONE VAV DISTRIBUTION ARRANGEMENT 
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FIGURE 10-CB 


UNITARY AIR CONDITIONER FOR ROOFTOP MOUNT! 
WITH GAS HEATING AND USED WITH VAV ZONE CONTROL MODULATING DAMPERS 


FIGURE 10-CC 


PICAL LIGHT COMMERCIAL 
AIR CONDITIONER VAY APPLICATION 


Figure 10-CE illustrates one arrangement which 
consists of fan coil conditioning units installed in each 
room or space to do the sensible cooling required in the 
room. These units recirculate room air. A separate 
central conditioning unit draws in outside air, dehu- 
midifies and cools it, and then discharges this air 
through low or high velocity ducts to each space. This 


outside air is usually known as primary air or venti- 
lating air. It accomplishes all the dehumidification and 
ventilation required in the rooms. 


The primary air can be introduced at any point in 
the room either by sidewall grilles, overhead diffusers, 
or into the bottom of the fan coil units. 
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VAV Terminals 


FIGURE 10-CD 
TYPICAL SPLIT SYSTEM/VAV APPLICATION 
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FIGURE 10-CE 


SYSTEM WITH FAN-COIL-FILTER UNITS IN EACH SPACE FOR SENSIBLE COOLING. CENTRAL FAN UNIT WITH FAN, COOLING COIL, PREHEAT COIL 
AND FILTER FOR SUPPLYING CONDITIONED OUTSIDE AIR TO EACH SPACE FOR DEHUMIDIFICATION AND VENTILATION. REFRIGERATION UNIT 
FOR SUPPLYING CHILLED WATER, PRIMARY WATER CIRCULATING PUMP, ZONE REHEAT COIL, SECONDARY WATER CIRCULATING PUMP 

AND A ZONE WATER HEATER FOR EACH ZONE. DUCTWORK AND DIFFUSERS FOR DISTRIBUTING CONDITIONED OUTSIDE AIR AND CONTROLS. 
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SYSTEM WITH SUSPENDED FAN-COIL-FILTER UNITS IN EACH SPACE FOR SENSIBLE 
COOLING, CENTRAL FAN UNIT WITH FAN, COOLING COIL, PREHEAT COIL AND 
FILTER FOR SUPPLYING DEHUMIDIFICATION AND VENTILATION, REFRIGERATION 
UNIT FOR SUPPLYING CHILLED WATER, PRIMARY WATER CIRCULATING PUMP, 
SECONDARY WATER CIRCULATING PUMP, ZONE WATER HEATER AND ZONE 
REHEAT COIL FOR EACH ZONE, DUCTWORK TO SUPPLY CONDITIONED OUTSIDE 
AIR TO THE FURRED-DOWN CORRIDOR PLENUMS AND CONTROLS. 


With this arrangement, the primary air deter- 
mines the dew point in the room and the fan coil units 
determine the dry bulb temperature in the room. In the 
summer, chilled water, and in the winter, warm water 
is circulated through the coils of the units. 

Chilled water coils, direct expansion coils, or chem- 
ical dehumidifiers may be used to dehumidify the pri- 
mary air. Since the primary air is 100 percent outside 
air, no return ducts are required. 

Another similar arrangement is shown in Figure 
10-CF. This arrangement makes use of horizontal sus- 
pended fan-coil units in each space for doing the sen- 
sible cooling or heating. The coils in these units are 
furnished with cold water in the summer and warm 
water in the winter. 

The ceiling of the corridor is furred down to form 
an insulated plenum into which conditioned (cooled and 
dehumidified) outside air is circulated. This air fur- 
nishes the ventilation and dehumidification for the 
rooms. 

The room units draw in some of the air from the 
corridor plenum and mix it with some return air from 


the room, condition it, and discharge the conditioned 
mixture into the room. 


From this description it can be understood that the 
theory of operation is much the same as the arrange- 
ment illustrated in Figure 10-CE. Its application is 
ideally suited for buildings having a “double loaded” 
corridor, i.e. office buildings and “finger plan’’ schools. 


Several arrangements using reheat for dry bulb 
space temperature control have been developed. In all 
of these arrangements, all of the cooling and dehumid- 
ifying requirements are satisfied by the central fan and 
conditioning unit. This unit draws in the necessary 
outside air for ventilation, mixes it with return air, 
cools and dehumidifies the mixture, and discharges it 
to the various rooms or spaces through duct work. The 
mixture is discharged at a constant temperature, low 
enough to accomplish all the cooling. As the air enters 
the room it may be discharged through reheat coils and 
grilles as shown in Figure 10-CG; through reheat coils 
in cabinets as illustrated in Figure 10-CH; or through 
low pressure induction units as indicated in Figure 
10-CI. 
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SYSTEM WITH CENTRAL FAN UNIT WITH COOLING AND DEHUMIDIFYING COIL, 

A PREHEAT COIL AND FILTERS, A REFRIGERATION UNIT FOR CHILLING WATER OR 

A COMPRESSOR AND A DIRECT EXPANSION COIL, A WATER CIRCULATING PUMP 
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FIGURE 10-CH 


SYSTEM WITH CENTRAL FAN UNIT WITH COOLING AND DEHUMIDIFYING COIL, 
A PREHEAT COIL AND FILTERS, A REFRIGERATION UNIT FOR CHILLING WATER OR 
A COMPRESSOR AND A DIRECT EXPANSION COIL IN THE CENTRAL FAN UNIT, 

A WATER CIRCULATING PUMP WHEN WATER IS USED, DUCTWORK FOR 
DISTRIBUTING THE CONDITIONED AIR, ROOM UNITS WITH A STEAM OR HOT 
WATER REHEAT COIL IN THE UNIT AND CONTROLS. 
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SYSTEM WITH CENTRAL FAN UNIT WITH COOLING AND DEHUMIDIFYING COIL, PREHEAT COIL AND FILTERS, A REFRIGERATION UNIT 
FOR CHILLING WATER OR A COMPRESSOR AND A DIRECT EXPANSION COIL IN THE CENTRAL FAN UNIT, A WATER CIRCULATING PUMP 
WHEN WATER IS USED, DUCTWORK FOR DISTRIBUTING THE CONDITIONED AIR TO CEILING DIFFUSERS, RETURN AIR PLENUMS 
ABOVE THE PERFORATED CEILING, HEATING ONLY UNITS AROUND THE BUILDING PERIMETER A ZONE WATER HEATER 

AND A ZONE WATER CIRCULATING PUMP FOR CIRCULATING THE HOT WATER TO THE HEATING UNITS AND CONTROLS. 
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FIGURE 10-CK 


SYSTEM WITH CENTRAL FAN UNIT WITH COOLING AND DEHUMIDIFYING COI, A PREHEAT COIL AND FILTERS, A REFRIGERATION UNIT 

FOR CHILLING WATER, A WATER CIRCULATING PUMP FOR PRIMARY WATER AND A WATER CIRCULATING PUMP FOR SECONDARY WATER, ZONED, 
HIGH VELOCITY DUCTWORK FOR DISTRIBUTING THE HIGH VELOCITY PRIMARY AIR TO PERIMETER INDUCTION UNITS LOCATED UNDER THE 
WINDOWS, A ZONE REHEAT COIL FOR EACH ZONE, A WATER HEATER FOR HEATING THE SECONDARY 


The reheat coils then allow the cool air to pass into 
the room for full cooling or are activated for reheating 
when only partial cooling is required. Reheat coils can 
also raise the air temperature above room temperature 
when heating is required. Return air from the space is 
returned to the central fan through return air ducts. 

In the winter the central fan unit tempers the air 
before discharging it into the ducts, but the tempera- 
ture is seldom allowed to be as high as the required 
room temperature. Thus, cooling and heating are avail- 
able the year around. 


A variation of this arrangement is sometimes used 
by discharging the cool air through overhead diffusers, 
a perforated ceiling or slots. Convectors are then used, 
around the perimeter of the building, for reheating and 
for offsetting the cold downdraft from the windows in 
cold climates. This arrangement is shown in Figure 
10-CJ. 

Hot water is usually used in the reheat coils. 
Chilled water, direct expansion refrigerant coils, or 
chemical dehumidifiers can be used in the central fan 
unit for doing the cooling and dehumidifying. 


Many large multi-story, multi-room buildings must 
be divided into an interior zone and a perimeter zone 
for air conditioning purposes. The principle reason for 
this division is because transmission and solar heat 
gains affect the perimeter of the building, but have 
little effect on the interior rooms. 

The interior zones are conditioned by a single duct 
VAV arrangement for air distribution, either high or 
low velocity, and VAV with reheat coils in selected 
zones to insure adequate zone air changes at very light 
loads. A double duct VAV arrangement of air distri- 
bution can also be used. 

There are a number of methods which have been 
used for conditioning the perimeter of large building s. 
Two have already been discussed in the earlier part of 
this chapter. These are: the double duct arrangement, 
and the use of fan-coil units around the perimeter with 
a separate supply of ventilation and dehumidifying air. 

Another method, which is considered energy in- 
tensive is the use of high pressure induction units 
around the perimeter of the building. See Figure 10- 
CK. These units are usually placed under each window, 
but occasionally horizontal suspended units may be 
used. 
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In this arrangement, a central conditioning unit 
draws in outside air, conditions it and discharges it into 
high velocity ducts to each individual induction unit. 
The air is then discharged through a number of small 
nozzles at high velocity inside the unit. This high ve- 
locity induces air from the room, through a secondary 
coil containing either cold water or warm water, de- 
pending on whether the units are operating on the 
summer or winter cycle. 

The air from the central air conditioning unit fur- 
nishes the ventilation, the required dehumidification, 
and the motive power for inducing the secondary air. 
The induced air does only sensible cooling in the sum- 
mer and supplies the necessary heating in the winter. 

The controls are arranged so that at maximum 
required cooling, the primary air is supplied at lower 
than room temperature, and cold water is circulated 
through the secondary coil. Between seasons, the pri- 
mary air is reheated in accordance with a predeter- 
mined reheat schedule to offset the transmission, and 
cold water is circulated through the secondary coil. For 
winter operation, the primary air is supplied below 
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room temperature and warm water is circulated 
through the secondary coils. Thus, cooling and/or heat- 
ing is available at each unit during the majority of the 
time. 

This would seem to be ideal for supplying the cool- 
ing and heating requirements of the perimeter rooms. 
This is true except for the fact that at some point in the 
operation, the warm primary air must be again 
switched to cold primary air and the cold secondary 
water must be switched to warm secondary water. This 
is called the changeover point or changeover temper- 
ature. This changeover temperature is not the same for 
all sides of the building; therefore, the system must be 
zoned. 


The zoning can be done by zoning either the pri- 
mary air or the secondary water, or both. Because of 
the system design and operating complexity, plus its 
relatively high initial and operating cost, it has essen- 
tially been replaced as the system of choice for hi-rise 
office buildings by the various hybrids of variable air 
volume. 


Air Distribution 
Terminats 


OPTIMIZED COOLING ONLY SHUTOFF VAV SYSTEM WITH INTEGRATED SYSTEM CONTROL 


Additional Basic Air Side Systems 

Thus far discussion has been directed primarily at 
the basic constant volume systems that have been in 
use for many years throughout the world in a somewhat 
complex building inventory. Each building, because of 
its location, orientation, design, and use has its own 
personality and requires its own design considerations 
insofar as the system(s) chosen to best handle its ap- 
plication requirements. 

Perhaps the most flexible air conditioning system 
in use today for both large and small office buildings as 
well as educational and general purpose facilities is the 
basic variable air volume system or any of its many 


hybrid system variations. Just a few of the many hy- 

brids include but are not limited to the following: 

a) VAV system cooling, with perimeter fin tube radia- 
tion heating. 

b) VAV reheat system. 

c) Fan-powered-series VAV system. 

d) Fan-powered-parallel VAV system. 

e) Single fan dual-duct VAV system. 

f) Two fan dual-duct VAV system. 

g) Changeover-bypass VAV system. 

h) VAV system cooling, with zoned variable tempera- 
ture constant volume perimeter system(s). 

j) Heat pump VAV system. 
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FIGURE 10-CM 
TRANE AIR VALVE USED WITH LINEAR SLOT DIFFUSER’S COANDA EFFECT AIR DISTRIBUTION 


The primary driving force behind the use of Vari- 
able air volume (VAV) systems is reduced owning and 
operating cost through reduced fan and reheat energy 
consumption at partial load. Typically, a building will 
experience its design load less than 5 percent of its 
design life. With the use of shutoff VAV systems, the 
air flow is reduced as the cooling load drops so that only 
the exact amount of air required to offset the cooling 
load will be delivered by the central system fan with its 
VAV discharge volume controls. . .i.e. inlet guide vanes 
or fan speed control. 

At the heart of all VAV terminals, whether they are 
fan-powered, shutoff, single or dual-duct type, is the air 
modulating device which is commonly called an “Air 
Valve.” VAV terminals are offered in numerous sizes 
and control types, but ail of them contain one or more 
“Air Valves” plus air diffusion devices. The most com- 
mon and desirable air diffusion device for air distribu- 
tion in the conditioned space is the linear slot diffuser 
which insures good air movement and even distribution 
without uncomfortable drafts due to “air dumping” 
even at modulated conditions. 

Unlike standard diffusers that often cause drafts 
by “dumping” discharge air directly downward into the 
conditioned space, the VariTrane linear slot diffuser 
delivers conditioned air using a unique distribution 
method known as the Coanda effect. This effect is 
created by discharging the conditioned air along the 
ceiling surface at relatively high velocity as shown in 
Figure 10-CM. 

This creates an area of comparatively low air pres- 
sure that causes the discharge air stream to hug the 
ceiling, and in turn, induce room air upward to mix with 
it. By the time that discharge air settles into the oc- 
cupied levels of the room, it has assumed an average 


temperature between the room temperature and the 
supply air dry bulb temperature. This effect occurs 
even when air flow is reduced to less than five percent 
of design flow. Properly placed linear slot diffusers also 
improve indoor air quality with coanda-effect air dis- 
tribution by improving air movement in the space and 
eliminating areas of stagnant and stratified air. 


The linear slot diffuser coupled with the simple, 
one-moving-part, air valve design that contains a 
“Flow Ring” air volume sensor for accurate, instan- 
taneous air volume measurement, makes VAV the 
system of choice for most system designers who design 
office and educational facilities. 


As previously indicated, there are several hybrids 
of the variable air volume system which satisfy some of 
the early concerns of system designers such as ade- 
quate air movement and humidity control at system 
part load operation. Some of the more popular system 
designer choices are shown in Figures 10-CN through 
10-CT. 

Figures 10-CN and 10-CO both represent a form of 
the variable air volume reheat system that typically 
modulates the primary air volume down in response to 
reductions in space cooling load until the air volume 
reaches a predetermined minimum value. At this point 
the reheat is activated to provide a constant minimum 
air volume at variable supply air temperature to satisfy 
the reduced space load. The only difference, function- 
ally speaking, between the systems in Figures 10-CN 
and 10-CO is in the location and form of the reheat 
method. One is a reheat coil located in the VAV terminal 
and the other is in the form of a perimeter radiation 
system located around the building perimeter. 
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FIGURE 10-CN 
VARIABLE AIR VOLUME COOLING WITH PERIMETER RADIATION HEATING 
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FIGURE 10-CO 
VARIABLE AIR VOLUME REHEAT SYSTEM 
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FIGURE 10-CP 
SERIES FAN POWERED VARIABLE AIR VOLUME SYSTEM 
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Figures 10-CP and 10-CQ represent hybrids of the 
variable air volume system that were developed to 
offer a reduction in primary fan energy use during 
reduced load conditions and, at the same time, offer 
inexpensive space temperature control for a large num- 
ber of zones. The system hybrids can accommodate 
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simultaneous heating and cooling in a manner that vir- 
tually eliminates heating/cooling system fighting. Be- 
yond this, the fan powered VAV boxes in both types of 
systems can take advantage of the heat of lights in the 
facility to reduce the overall energy required for heat- 


ing. 
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FIGURE 10-CO 
PARALLEL FAN POWERED VARIABLE AIR VOLUME SYSTEM 
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FIGURE 10-CR 
TWO FAN DUAL DUCT VARIABLE AIR VOLUME SYSTEM 


The two fan dual duct variable air volume system 
offers temperature control for a large number of zones 
and can accommodate simultaneous heating and cooling 
in a manner that will minimize energy waste through 
heating/cooling system fighting. Beyond this, the hot 


deck is available to provide excellent temperature and 
humidity control in individual lightly loaded zones. 
Both fans utilize modulating devices (inlet vanes or 
variable speed control) to insure substantial energy 
savings during system part load operation. 
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FIGURE 10-CS 
CHANGEOVER-BYPASS VARIABLE AIR VOLUME SYSTEM 


The changeover-bypass variable air volume system 
offers perhaps the least expensive temperature control 
for a large number of zones when compared to other 
variable air volume systems. It is a flexible system in 
that it is relatively easy and inexpensive to subdivide 
a building into additional new zones should it become 
necessary after the initial building and system design 


System Exhaust Air 


Outside Air 


have been completed. Operating and first cost savings 
are both possible through the ability to use building 
load diversity to not only reduce the installed system 
equipment size but also to reduce its energy use 
through more efficient operation of smaller pieces of 
equipment at part-load conditions. 
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HEAT PUMP VARIABLE AIR VOLUME SYSTEM 


The heat pump variable air volume system is a VAV 
hybrid system that provides variable air volume to the 
conditioned space and virtually constant volume to the 
heat pump supply air fan through a bypass arrange- 
ment (see Figure 10-CT). Energy cost savings are ac- 
crued through its use by recovering heat from the 
interior zones of a building for use in heating the ex- 
terior zones when heating is required. Beyond this it 
offers an easy and inexpensive way to subdivide the 
building into new zones which makes it well suited to 
tenant finish installations. 


As previously indicated, the second general clas- 
sification of air conditioning systems is one in which a 
self contained terminal unit is utilized in each condi- 
tioned space or room. Most commonly, these units are 
of the variable temperature constant air volume cat- 
agory. Three of the more common types of systems are 
shown in Figures 10-CU through 10-CX 

The water source heat pump system is a constant 
volume system that offers energy cost savings by re- 
covering heat from interior zones of a building for use 
in heating other areas of the building that require si- 
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multaneous heating. With this system, it is relatively 
easy to subdivide a building into new zones which is 
important in buildings that experience frequent zoning 
modifications due to expansion or renovation. It is im- 
portant to note that it does require a separate air han- 
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dling and treatment system to bring outside air to each 
conditioned space to maintain adequate indoor air qual- 
ity. Beyond this, a secondary heat source will be re- 
quired in many climates. 
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FIGURE 10-CU 
CONSTANT VOLUME WATER SOURCE HEAT PUMP SYSTEM 
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FIGURE 10-CV 
CONSTANT VOLUME UNIT VENTILATOR SYSTEM FOR CLASSROOMS 


The constant volume unit ventilator system is a 
system designed specifically for school buildings. It 
generally includes a chilled water cooling coil, a hot 
water heating coil, a supply fan and filter system, and 
the necessary controls and damper system(s) to provide 


adequate ventilation and air temperature control in 
accordance with ASHRAE Cycle I, Cycle II, or Cycle 
III or some variation. The most widely used of these is 
ASHRAE Cycle II. (See Figure 10-CW). It is also avail- 
able in a self contained DX unit or split system. 
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FIGURE 10-CW 
ASHRAE CYCLE ll VENTILATION CONTROL 


ASHRAE Cycle II is extremely important for 
maintaining classroom comfort and indoor air quality. 
Rapid heat gains — as high as 7 F — can occur when an 
unoccupied classroom is suddenly filled with students. 
Providing “free cooling” during the heating season 
that the unit can quickly respond to these load changes 
by admitting the proper amount of cool outside air. 
When compared with other schemes, ASHRAE Cycle 
II is very much the preferred system for its energy 


System x 
Exhaust Air wo 


Outside Air 


conservation potential since only the minimum amount 
of outside air is heated, and free natural cooling is 
available to offset heat gains in occupied classrooms 

The packaged terminal air conditioner (PTAC) sys- 
tem is a self contained constant volume product that 
has cooling, heating, and ventilation capabilities. It typ- 
ically contains direct expansion cooling system compo- 
nents, electric heating components, a ventilation and 
exhaust air damper system and the necessary controls 
to operate the components and dampers as a system. It 
is typically applied to heat cool and ventilate only pe- 
rimeter zones of buildings. 

Its popularity lies with its relatively low initial cost 
and its ease of installation. In addition, building space 
is usually conserved since the system does not require 
duct work or mechanical equipment rooms. The PTAC 
system typically has a relatively high maintenance cost 
because of multiple compressors, fans and control pack- 
ages to operate them. The noise levels vary consider- 
ably between makes and models and are not generally 
suitable for highly noise sensitive applications. Beyond 
this the system is considerably more energy intensive 
than an comparable sized central system. 

The most popular application areas for the PTAC 
system are in finger plan schools, small speculative 
office buildings, and portions of the hotel/motel market. 
The PTAC system is also available in an air-to-air heat 
pump configuration with supplemental electric heat for 
more severe heating climates. 
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FIGURE 10-CX 
CONSTANT VOLUME PACKAGE TERMINAL AIR CONDITIONER SYSTEM 


Energy Conservation System Design Options 


Many energy conserving system design options 
exist ranging from use of low supply air temperature 
to reduce fan and ductwork sizes to use of desiccants to 
minimize energy use for dehumidification. Perhaps the 


most popular design option and one that is mandated in 
building energy conservation standards today 
(ASHRAE Std. 90.1 and Std 100) is use of an airside 
economizer. An airside economizer cycle can lower 
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utility costs by using outside air to help satisfy the 
building cooling load. When outside ambient conditions 
are such that the outside air will provide natural cool- 
ing, the economizer introduces this air directly into the 
building. 

Control of the economizer cycle is typically accom- 
plished by monitoring the enthalpy of the outside air 
and comparing it with predefined designer selected 
limits. Once outdoor ambient conditions fall below the 
predefined enthalpy limit, economizer cooling is initi- 
ated. As the outside air temperature (and enthalpy) 
drops, the position of the outside/return air dampers is 
modulated to maintain the desired supply air temper- 
ature. 

An alternative economizer control strategy that 
better takes advantage of available natural cooling is 
comparative enthalpy control as illustrated in Figure 
10-CY. Rather than rely on outside enthalpy alone to 
initiate economizer control, comparative enthalpy mon- 
itors both outside and return air, then compares them 
and chooses the airstream with the lowest enthalpy. 
Care must be exercised when selecting any enthalpy 
sensor. Many “economical” sensors are short-lived, do 
not repeat accurately and require frequent replace- 
ment. Beyond this, the control system utilized must be 
capable of monitoring both the outside and return air 
temperatures, as well as controlling the outside/return 
air dampers and fan systems. 


Economizer 


FIGURE 10-CY 


COMPARATIVE ENTHALPY AIRSIDE ECONOMIZER 


On air conditioning applications that use air cooled 
condensing, evaporative precooling of condenser air- 
stream can significantly increase the energy efficiency 
and capacity of mechanical cooling equipment. The cost 
effectiveness of this energy saving option is directly 
related to the wet and dry bulb ambient conditions in 
which it is used. Generally speaking, the hotter and 
dryer the climate, the greater the potential savings of 
energy dollars in the form of both energy use and 
demand costs. 
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Evaporative precoolers consist of porous, absor- 
bent material that is continuously saturated with wa- 
ter. Their use is common in dry hot climates on 
packaged rooftop air conditioners where the precooler 
pads are mounted on the entering air side(s) of the 
condenser coil(s). 
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PERCENT INCE INCREASE IN CAPACITY AND EER VS. WET BULB DEPRESSION 
EVAPORATIVE PRECOOLING OF CONDENSER Al 

As the condenser fans draw air through the pre- 
cooler, water contained in the wetted pads evaporates, 
cooling the airstream before it enters the condenser 
coil. This is called dry bulb depression. The dry bulb 
temperature drop resulting from the evaporative pro- 
cess increases condenser capacity and improves the 
EER of the rooftop. The extent to which efficiency is 
improved is determined by the difference between the 
outdoor wet and dry bulb temperature and the effec- 
tiveness of the precooling media used. Typical increases 
are shown in Figure 10-CZ. 

In central air handling unit air conditioning appli- 
cations, outside ventilation air is brought into the 
system to insure adequate indoor air quality. In build- 
ings with high density occupancy (office buildings, 
schools etc.) the energy use to heat and cool the outside 
air can add a significant amount to the system load and 
energy use over a period of one year. This has been 
somewhat amplified by the adoption of ventilation re- 
quirements of ASHRAE Standard 62-1989 into build- 
ing codes to insure adequate indoor air quality. 

To minimize new energy use to treat ventilation air, 
several design options are often considered including 
but not limited to “both sensible and latent heat 
wheels,” “heat pipes,”’ “direct contact heat exchang- 
ers,” “return air treatment and recirculation,” and 
other energy recovery methods. One of the popular 
methods to condition outside ventilation air is the ‘‘coil 
runaround loop” or as its often referred to the Coil- 
to-Coil Exhaust Air Energy Recovery System (Fig- 
ure 10-DA). 
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COIL-TO-COIL EXHAUST AIR ENERGY RECOVERY SYSTEM 


The purpose of an exhaust air energy recovery 
system is to reduce energy consumption by capturing 
the energy that would normally be lost to the system 
through the exhaust air stream. 

Coil-to-coil exhaust air energy recovery can be ap- 
plied either to the primary supply air system or to other 
exhaust processes such as laboratory or range exhaust 
hoods. Its operation typically offers efficiencies rang- 
ing from 50 to 60 percent for both sensible and latent 
energy recovery. 

During winter operation, heat extracted from the 
exhaust air is used to raise the temperature of the 
incoming outside air. Preliminary warming of the out- 
side air reduces the heating load placed on the HVAC 
equipment and, in turn, reduces its energy consump- 
tion. 

Summer operation of the coil-to-coil exhaust air 
energy recovery method is just the reverse of the 
winter cycle; that is, the temperature of the incoming 
air stream is reduced as heat (both sensible and latent) 
is rejected to the cooler, dryer exhaust air stream. 
Again, lowering the incoming air temperature reduces 
the cooling load and HVAC equipment energy con- 
sumption. 

An energy conserving system design option that is 
receiving frequent consideration is the ground loop 
water source heat pump system. The purpose of the 
ground loop or “ground coupled’’ water source heat 
pump system is to reduce energy consumption using 
the constant earth temperatures available 20-30 feet 
below the earths surface. Depending on the depth, the 
ground maintains a relatively stable temperature (typ- 
ically ranging between 45 F and 65 F) compared to 
wider ranging ambient temperatures. Three charac- 
teristics of using the earth as a heat source/sink are the 
following: 

1. The earth temperature variance decreases with 
depth. Below about 30 feet, the temperature swing 
is negligible and can be considered constant. 

2. The earth’s temperature variance lags the outdoor 
ambient, and the temperature lag increases with 


depth. At a depth of five feet, the earth’s peak 
temperature may lag the ambient’s peak by four 
weeks while at 13 feet, it may lag the ambient by 
12 weeks. 

3. The earth’s temperature below 30 feet approaches 
the area’s average ambient temperature. 


Ground loop systems take advantage of the earth’s 
relatively constant temperature by burying a high- 
density pipe within the earth. The pipe acts as a heat 
exchanger using the earth as both a heat source and 
heat sink. This in effect eliminates two components in 
the conventional water source heat pump systems — 
the boiler and the cooling tower. In many applications, 
the ground temperature during mid-winter can be 40 
degrees warmer than the coldest outdoor temperature. 
This allows the equipment to operate at lower com- 
pressor discharge pressures and consume less electric- 
ity, thus increasing energy efficiency. When the 
building system water temperature floats between 55 
and 90F and the building has simultaneous cooling and 
heating loads, heat rejected from one portion of the 
building can be utilized to heat another portion without 
using the earth heat exchanger. 


Ground-coupled loops can be installed either hori- 
zontally or vertically (see Figure 10-DB). Vertical loops 
require less overall land area to reject the necessary 
heat from the building. 

Generally speaking, the first cost of ground-loop 
systems is higher than conventional systems; however 
eliminating the boiler and tower eliminates reoccurring 
maintenance cost associated with them. As part of their 
demand-side strategies (DSM) many utilities offer re- 
bates for installation of high-efficiency ground-loop 
water-source heat pump systems. 

Using a hydraulically decoupled chiller piping ar- 
rangement with parallel piped chillers eliminates the 
control difficulties caused by the variable relationship 
between chiller and system flow rates. The decoupled 
piping system provides constant water flow through 
the chillers while they are operating, and permits vari- 


354 


able flow on the distribution side of the system. Dis- 
tribution flow is variable because cooling coils are fitted 
with two-way valves. Since the coils are always pro- 
vided with the exact amount of water needed, there is 
no bypass and no starving. Distribution flow is reduced, 
to, thus saving considerable pumping horsepower and 
energy. 


Variable distribution can be accomplished in a 
number of ways; examples include riding a flat pump 
curve, staging multiple pumps, and using variable- 
speed drive. A variable speed drive controlled by a 
differential pressure transducer is the most energy 
efficient. As shown in Figure 10-DC, a supply/demand 
relationship exists at the tee connecting the supply and 
bypass lines. Whenever supply and demand flows are 
unequal, water flows into (or out of) the bypass line. If 
demand exceeds supply, water flows from left to right 
in the bypass line. When the control system senses this 
change, it energizes the next pump/chiller pair. 
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GROUND-LOOP WATER-SOURCE HEAT PUMP SYSTEM 
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FIGURE 10-DC 
DECOUPLED CHILLER PIPING SYSTEM AND CONTROL ARRANGEMENT 


Since the number of chillers operating at any one 
time is governed by noting the direction and amount of 
flow through the bypass line, decoupled systems can 
greatly simplify the control of large chiller plants. In 
addition, decoupled system, staging of pump/chiller 
pairs and distribution pump modulation provide a very 
energy-efficient sequence of operation. This system re- 
quires a pump and check valve(s) for each chiller plus 
a separate distribution pump. It permits easy addition 
of other system features such as free cooling, base 
loading and many other heat recovery energy conser- 
vation system design options. 

An important energy conservation design option 
frequently applied to hydronic cooling systems utilizing 


water cooled condensing, is use of the double-bundle 
condenser heat recovery system. The doubie-bundle 
method of condenser heat recovery can be used in 
chiller applications to minimize the amount of energy 
consumed for heating. With this equipment option, 
“waste” heat normally rejected to the cooling tower 
from the chillers cooling condenser is captured and 
used to heat or preheat — water for HVAC, domestic 
or process requirements. 

An example of a double-bundle heat recovery 
chiller application is illustrated in Figure 10-DD. In this 
case, the rejected heat is used to satisfy concurrent 
cooling and heating loads. When a heating load is 
present, “waste” heat is recovered by reducing the 
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amount of heat rejected to the cooling tower. This is 
accomplished by varying water flow to the cooling 
tower. Options for providing flow modulation include 
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use of a variable speed drive on the condenser water 
pump as shown or installation of a modulating tower 
bypass valve (see inset). 
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DOUBLE-BUNDLE CONDENSER HEAT RECOVERY SYSTEM 


As the heating return water temperature falls, the 
variable-speed drive on the condenser water pump 
modulates the pump to decrease the flow of water 
through the condenser and cooling tower. (Alterna- 
tively, the tower bypass valve modulates to divert an 
increasing amount of water directly back to the cooling 
condenser.) 

Depending on the characteristics of the application 
and the heat recovery chiller selected, hot water tem- 
peratures ranging from 95 to 120 F can be obtained off 
the condenser bundle during the heating mode. It 
should be pointed out that the chiller normally operates 
at a higher kW per ton when operating in the heating 
mode. A variation on the double-bundle condenser heat 
recovery system is the auxiliary condenser heat re- 
covery system. This also provides a means of reducing 
the energy required for heating by adding an auxiliary 
condenser to capture waste heat from the chiller’s cool- 
ing condenser. Typically this waste heat is used to heat 
water for domestic or process use. This system adds 
another smaller condenser bundle to the chiller and 
therefore offers an excellent opportunity for retrofit- 
ting existing single bundle chillers. 

In operation, a portion of the condenser hot gas 
migrates to this device and heats the water flowing 
through it. Unlike the “double bundle” method of heat 
recovery, there is no modulating control to regulate the 
amount of heat rejected. Therefore the auxiliary con- 


denser captures heat at whatever temperature level 
that the cooling condenser is operating. This design 
option as shown in Figure 10-DE typically produces 
relatively low temperature water from the auxiliary 
condenser, however unlike the conventional double- 
bundle condenser, the kW per ton actually goes down 
when the heating water is being produced. 

Other energy conservation system design options 
associated with chilled water systems involve the use 
of free cooling. One such option is through the use of 
the heat exchanger (plate-and-frame) free cooling 
system with water chilling equipment. As its name 
implies, this system involves the addition of a heat 
exchanger (e.g., plate-and-frame waterside econo- 
mizer) that precools the chilled water before it enters 
the evaporator. Free cooling is only available when the 
outdoor ambient wet bulb (AWB) temperature is lower 
than the design return chilled water (DRCW) temper- 
ature plus the heat exchanger approach (HEA) tem- 
perature (i.e., AWB <DRCW + HEA). Beyond this, 
the cooling tower must be designed for winter opera- 
tion. 

Note: Heat exchanger free cooling can be accom- 
plished with a variety of piping arrangements, depend- 
ing on the operational characteristics desired. The 
schematic illustrated in Figure 10-DF shows one 
method of piping that can be used to permit simulta- 
neous free cooling and mechanical cooling. 
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FIGURE 10-DE 
AUXILIARY CONDENSER HEAT RECOVERY SYSTEM 


FIGURE 10-DF 
FREE COOLING SYSTEM WITH PLATE-AND-FRAME HEAT EXCHANGER 


A second free cooling energy conservation system 
design option utilizes a method called the strainer- 
cycle waterside economizer. Like other methods of 
free cooling, the addition of the strainer cycle is in- 
tended to reduce water chiller energy consumption. 
This method uses cooling tower water to satisfy the 
building cooling load. Whenever ambient wet bulb tem- 
perature is low enough, cooling tower water is 
“valved” around the chiller directly into the chilled 
water loop. Because the cooling tower water typically 
passes through a filter before entering the chilled 
water circuit, this method of free cooling is commonly 
referred to as “strainer cycle.” Strainer cycle effec- 
tiveness is limited since free cooling is only available 
when the total cooling load can be satisfied with cooling 
tower water. Beyond this, the cooling tower must be 
designed for winter operation. Typical piping arrange- 
ment for a strainer cycle free cooling design option is 
shown in Figure 10-DG. 
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FIGURE 10-DG 
STRAINER CYCLE FREE COOLING WATER-SIDE ECONOMIZER 


The third energy conservation system design op- 
tion involving free cooling to reduce the energy con- 
sumption of a centrifugal water chiller is to add a 
refrigerant-migration free cooling cycle as shown in 
Figure 10-CH. The operation of this type of free cooling 
is based on the principle that refrigerant migrates to 
the coldest point in a refrigerant circuit. 

When water from the cooling tower is colder than 
the chilled water, refrigerant pressure within the con- 
denser is lower than in the evaporator. This pressure 
differential drives the refrigerant vapor that is “boiled 
off’ in the evaporator up to the condenser where it 
liquefies and flows by gravity back to the evaporator. 
As long as the proper pressure differential exists be- 
tween the evaporator and condenser, refrigerant flow 
--and free cooling, as well--are sustained. Under favor- 
able conditions, refrigerant-migration free cooling can 
provide as much as 40 percent of the chillers design 
tonnage. It is important to note that the chiller and the 
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free cooling cycle cannot operate simultaneously. 
Therefore this type of free cooling can only be used 
when the cooling capacity of the tower water is suffi- 
cient to meet the entire building load. Little, if any, free 
cooling capacity is available when the ambient wet bulb 
is above 50F.. Beyond this, with this type of free cooling 
system, the cooling tower must be designed for winter 
operation. 


Note: Temperatures shown 
are typical for a 25 percent load. 


FIGURE 10-DH 
REFRIGERANT-MIGRATION FREE COOLING SYSTEM 


An energy conservation system design option as- 
sociated with larger central plants is called a cogen- 
eration system. These systems are used to reduce 
overall energy costs by generating electricity on the 
building site and capturing the waste heat produced by 
the engine. Since the cost of the locally generated elec- 
tricity alone, is often higher than that provided by the 
utility, the system’s economic advantage is derived 
from beneficial use of the waste heat. 

Often the waste heat produced in a cogeneration 
system is used to satisfy hot water loads. Alternately, 
it can serve as a heat source for maintaining proper 
space conditions during the heating season. In some 
cases and where appropriate, the full economic poten- 
tial of waste heat can be exploited to drive an absorp- 
tion chiller that provides chilled water for comfort or 
process use. 

There are additional first costs and maintenance 
requirements to consider when evaluating the feasi- 
bility of a cogeneration system for any particular ap- 
plication. If the temperatures available from the 
cogenerator are not sufficient to drive an absorption 
chiller, it may be necessary to add another heat source 
to elevate the hot water temperature and to provide a 
backup heating system. Figure 10-DJ illustrates a di- 
agram of a basic cogeneration system. 
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FIGURE 10-DJ 
COGENERATION SYSTEM DIAGRAM 


With the advent of time-of-day rate structures 
from utilities the need for an energy conservation 
system design option called a thermal energy ice stor- 
age system has come to the forefront. Incorporating an 
ice storage system into an HVAC system design can 
reduce the energy costs substantially by shifting the 
time of equipment operation from high-cost to off peak 
low-cost periods. This practice is typically only eco- 
nomically feasible where proper incentives — either in 
the form of rate structures or rebates — are available 
from the utility company. 

Many utilities are faced with a shortage of capacity 
for a relatively short period of time each day--typically 
during normal working hours. To encourage users to 
reduce their energy consumption during these times, 
the utility often imposes time-of-day rates that are 
highest during peak demand periods. One method for 
reducing the energy costs incurred with these higher 
rates is to operate the cooling equipment only when 
rates are low (usually during the evening) and store the 
thermal energy potential until it is needed. 

Ice banks like those shown in Figure 10-DK are 
often used as a means of thermal storage because of 
their compact size and pre-engineered design. During 
off-peak (low utility rate) periods, the chiller cools a 
glycol/water mixture to a leaving temperature of ap- 
proximately 23 F This mixture is then circulated 
through tubes within the ice bank, where it freezes the 
surrounding water. 

When a cooling demand develops during an on- 
peak (high utility rate) period, the glycol/water mixture 
— heated by the building load — is circulated through 
the storage tanks to melt the ice. Simply stated — ice 
is generated at night when utility rates are low and is 
then used for cooling during the day when utility rates 
are high. 

Since storage tanks are required, there is addi- 
tional first cost associated with ice storage. However 
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since this type of system often permits selection of a 
smaller chiller, the savings that result may partially or 
totally offset the additional tank installation cost. Be- 
yond this, many utilities offer rebates for thermal stor- 
age that can be negotiated for individual buildings. This 
may also help to absorb added cost of a thermal storage 
system. 

Like other types of thermal storage, thermal en- 
ergy chilled water storage systems (stratified tank 
design) “stockpile” energy in the form of heat captured 
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from process or comfort cooling and reject it later when 
ambient temperatures and energy costs are lower. 
Chilled water thermal energy storage systems com- 
monly use an above-ground or undergroumd stratified 
tank. Specially engineered diffusers or nozzles distrib- 
ute warm water at the top of the tank and cool water 
at the bottom. The laminar flow they induce promotes 
stratification to maintain a neutral boundary layer — or 
thermocline — between the cool supply water and the 
warm return water. (See Figure 10-DL). 
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FIGURE 10-DK 
THERMAL ENERGY ICE STORAGE SYSTEM 
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CHILLED WATER THERMAL ENERGY STORAGE SYSTEM (STRATIFIED TANK DESIGN) 


Although a few stratified storage tanks are small, 
most are large and are used in systems with consider- 
able storage loads, i.e., more than 10,000 ton-hours of 
thermal storage. Some of the typical applications in- 
clude both new and existing buildings, campuses and 
industrial building complexes. Chilled water storage, 
because it does not involve a phase change, demands a 
much greater storage volume than ice (6 to 7 times 
more installation space). This same lack of phase 


change also makes chilled water thermal energy stor- 
age the most easily adaptable system for existing fa- 
cilities since the same fluid — water — both stores and 
transfers heat. For this reason, fewer additional ac- 
cessories are needed to complete the system in an ex- 
isting chilled water installation. 

Storing large volumes of water on-site can also be 
a valuable asset for fire/life safety systems. Dual- 
service applications that combine water storage sys- 
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tems for thermal energy and fire protection address 
two obstacles that affect each system: first cost and 
available tank location space. When evaluated in an 
application where a storage tank is specified for other 
reasons, the incremental addition of thermal storage 
may provide a very attractive return on investment. 

A properly designed, installed, operated and main- 
tained chilled water thermal energy storage system 
offers many of the same benefits attributable to other 
types of thermal energy storage: heavy daytime cool- 
ing loads shift to off-peak nighttime periods, allowing 
owners to cover most cooling cost with cheaper night- 
time power; electric utilities can defer costly power 
plant expansions to meet peak cooling loads; and keep- 
ing inefficient power plants off-line during peak cooling 
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periods in favor of more efficient nighttime generation 
equipment reduces air pollution and clean-up costs 
while also cutting greenhouse gas emissions. 


For best performance, the stratified tank storage 
system should be designed to: a) minimize mixing be- 
tween water entering and already stored in the tank, 
and b) maximize the supply-to-return water tempera- 
ture differential. A performance specification for the 
storage tank design should not only address tank leak 
tightness and capacity, but also should include thermal 
performance of the system, i.e., rates at which storage 
can be charged and discharged, ambient heat gain, 
discharge temperatures and pressure drop. 
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Table for Converting Celsius Temperatures to Fahrenheit 
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TABLE 1-2 
Specific Heat of Various Substances 
[SUBSTANCE CCSCséd;SSPEECIFICHEAT 
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Glass, Flint... ..............-2.6-- 
Glass, Thermometer 
Gold 


Sulphur Dioxide 
Steam (Superheated, 1 PSI 


Po st IN HG | SAT.LIQUID _| EAT 
(Ca a (aa eras eel (a 

P conn Tc? | oT L5 
ps2 Test tgoa | reo2 | 3306. 
Es 
PT toa Tota =| oreo2— | Sea, 
es 7) 3 
Pao Tons o2a7e | ooneo2 | aaa, 
Pas Tas 03004 | oreo2 | 20364 
PoE ten | e256 | oreos_ | 17032 
[ss ___|___o2tai_}__oaap_{ _ggreos_1}__1a907_ 
Peo Tes | oszia | o16o4 | 12067 
Pes T3056 | e222 | oes =| 0214 
Se Cs =<) <<) 7: 
[oT soe T3271 | ogee | 3.1 
[as Toso T2133, | renga 
[go Tega | zis =| ore10—ss| Sao 
Ps Tass | e600 | orer2_ | tas 
[100 Toga | tg325 | oe13 | 504 
| 110 {._12748_|_2sa66_|__oo1et7_|_268.4_ 
| azo] 6924 | asa | ore20_ | 203.27 
p30 [2225 | sas ore2s | 15734 
[40 aap T8812 | oreza | 12301 
[50 Tie seo Tones | 97.07 
[go Tara Tez Tress =| 7729 
[of 5992 | 299 Tones | 206 
| eo T 751015207 |e) =] 5023 
[i990 gas t9.01g | ores? | aos 
[200 T1526 | 23ae7 | ores | 8364 
[22 T taeoe | ag22 | oone72_ || 2680 
[250 T2985 | 60725 | 1700. f} 13821 
[300 |r| 13644 Tomas | aes 
P3560 t3a63 7a or79g =| 8342 
Pp a00 24731 | os2 | oreea | 1.8633 
p50 | azn 6041 | otgsa 1.0993 
p50 | eso 13861 | za | 749 
[goo | tsazg |g | oz3e S| 
[700 T0937 | zo? | oozes | 


end ed ad “Thermodynamic Properties of Steam” by Joseph H. Keenan and Frederick G. Reyes. Published by John Wiley & Sons, 
ne., New York. 
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TABLE 1-4 
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TABLE 2-1 
Optimum and Acceptable Range of Operative Temperature 
for People during Light, Primarily Sedentary Activity (< 1.2 met) 
at 50% Relative Humidity and Mean Air Speed <0.15 m/s (30 fpm)* 


Description of Optimum Operative Operative Temperative Range 
Season Typical Clothing Temperature (10% Dissatisfaction Criterion) 
Winter Heavy slacks, long-sleeve shirt 22C 20-235 C 
and sweater 71F 68-75 F 
Summer Light slacks and short-sleeve shirt 245 C 23-26 C 
76 F 73-29 F 
27C 26-29 C 
81F 79-84 F 


*Other than clothing, there are no adjustments for season or sex to the temperatures of Table 2-1. For infants, certain elderly people and 
individuals who are physically disabled, the lower limits should be avoided. 


TABLE 2-2 
Metabolic Rates for Typical Tasks 


Reclining 

Seated and quiet 

Sedentary activity (office, dwelling, lab, school) 

Standing, relaxed 

Light activity, standing (shopping, lab, light industry) 

* Typically, rest breaks (scheduled or hidden) or other operational factors (get parts, move products, etc.) combine to limit most individual 
work to a time-weighted average level of about 2 met. 


© 1992 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASH RAE Standard 
55-1992. 
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TABLE 3-1 
Design Temperature Differences 
Temperature 
Difference* (F) 


Walls, Exterior 
Glass In Exterior Walls 


lass In Partitions 
tore Show Windows Having A Large 
ighting Load 
Partitions 
rtitions, Or Glass In Partitions, Adjacent 
lo Laundries, Kitchens, Or Boiler Rooms 
loors Above Unconditioned Rooms 


loors Above Basements 


Floors Above Vented Spaces 
loors Above Unvented Spaces 
Ceilings With Unconditioned Rooms 


Floors On Ground 
Floors Above Rooms Or Basements Used 
As Laundries, Kitchens, Or Boiler Rooms 


Ceilings With Rooms Above Used As 
Laundnes, Kitchens, Etc. 


*These temperature differences are based on the assumption that the 
air conditioning system is being designed to maintain an inside 
temperature 17 F lower than the outdoor temperature. For air 
conditioning systems designed to maintain a greater temperature 
difference than 17 F between the inside and outside, add to the 
values in the above table, the difference between the assumed 
design temperature difference and 17 F. 


TABLE 3-2 
Overall Heat Transfer Coefficients 
for Glass and Glass Blocks 
Outdoor Exposure 


Description 
Single-Glass Windows 1.06 
Double-Gloss Windows a eee | 


Triple-Glass Windows 
Glass Block 


Glass Block 


0.34 
0.56 
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TABLE 3-3 
Heat Transfer Coefficients of Building Materials* 


Conduc- | Conduct: 

Description tivity K# |ance C + 
Asbestos-Cement Board 40 

Gypsum Or Plaster Board - % In... . 2.25 


Building 0.80 
Boards 1.07 


0.38 


BLANKET AND BATT: 
Mineral Wool Fibers (Rock, Slag, or 
BOARDS AND SLABS: 


Glass) 
Insulating 
Materials 


Cellular Glass................... 
Insulating Roof Deck - 2 In. ....... 
LOOSE FILL: 

Mineral Wool (Glass, Slag, Or Rock) 
Vermiculite (Expanded) 
CONCRETE: 

Cement Mortar................. 
Lightweight Aggregates, Expanded 


Shale, Clay, Slate. Slags; Cinder; 
Pumice; Perlite; Vermiculite ....... 


Sand And Gravel Or Stone 


Masonry 
Materials 


Brick, Face..................05- 
Tile, Hollow Clay, 1 Cell Deep, 4 In . 
Tile, Hollow Clay, 2 Cells, 8 In ..... 
BLOCK, CONCRETE, 3 Oval Core: 
Sand & Gravel Aggregate - 4 In. . . . 
Sand & Gravel Aggregate - 8 In. ... 
Cinder Aggregate - 4 In........... 
Cinder Aggregate - 8 In........... 
Stone, Lime Or Sand 
Cement Plaster, Sand Aggregate . . . 
GYPSUM PLASTER: 

Lightweight Aggregate - 4 In...... 
Lt. Wt. Agg. On Metal Lath - % In. . 
Perlite Aggregate ............... 


Plastering 
Materials 


Sand Aggregate on Metal Lath - 
MON: oes ba ieare asd nase slave ae 


Vermiculite Aggregate 
Asphalt Roll Roofing............. 
Built-Up Roofing - % In........... 
Asbestos-Cement, 1/4 in. Lapped 
Asphalt insulating - (% In. Board). . . 
Wood, Bevel, % x 8, Lapped ...... 
Maple, Oak, and Similar Hardwoods 
Fir, Pine, and Similar Softwoods . . . 
Fir, Pine & Sim. Softwoods - 7%z In. 
*©1965 American Society of Heating, Refrigerating and Air- 
Conditioning Engineers, Inc. Reprinted by permission from 
ASHRAE Guide and Data Book. 
# Conductivity given in Btu in. per hr sq ft F 
+ Conductance given in Btu per hr sq ft F 


Siding 
Materials 
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TABLE 3-4 


Coefficients of Transmission (U) of Frame Wallis 
These Coefficients are expressed in Btu per (hour) (square foot) (Fahrenheit degree difference in temperature between the air on the two 
sides), ond are based on an outside wind velocity of 15 mph 


Type of Sheathing 


Interior Finish 


Gypsum Bd. (%”) 
Gypsum Lath (%") and 14” Plas. (Lt. Wt Agg,) . . 
Gypsum Lath (%”) and %” Plas. (Sand Agg,.) ... 
Wood Siding 
Drop-(I" x 8") Metal Lath and %” Plas. (Lt Wt. Agg.) ........ 
Bevel (2” x 8”) Metal Lath and %” Plas. (Sand Agg.}.......... 
Wood Shingles 
7%" Exposure Insul. Bd. (%2") 
Wood Panels (3%") Insul. Bd. Lath (%”} and %” Plas. (Sand Agg.). . . 


Wood Panels (%”) 
Wood Lath and %” Plas. (Sand A 


Gypsum Bd. (%") 
Gypsum Lath (%”) and %” Plas. (it. Wt. Agg,) . . 
Gypsum Lath (%") and %” Plas. (Sand Agg,) ... 


Face-Brick Veneer* Metal Lath and %” Plas. (Lt Wt. Agg.) ........ 


Plywood (%") Metal Lath and %” Plas. (Sand Agg.).......... 


Insul. Bd. (%") 

Insul. Bd. Lath (4) and %” Plas. (Sand Agg.). . . 
Plywood (%") 

Wood Panels (%”) 

Wood Lath and %” Plas. (Sand A 


Gypsum Bd. (3%") 

Wood Shingles Over Gypsum Lath (%”) and 14” Plas. (Lt. Wt. Age.) . . 
Insul.: Backer Gypsum Lath (%") and %4” Plas. (Sand Agg.) . . . 
Bd. (%0") Metal Lath and %” Plas. (Lt Wt. Agg.} ........ 

Asphalt Insul. Siding Metal Lath and %” Plas. (Sand Agg.).........- 

Insul. Bd. (12”) 

insul. Bd. Lath (%”) and ‘%” Plas. (Sand Agg,). .. 
Plywood {'4"} 

Wood Panels (%4") 

Wood Lath and %” Plas. (Sand Ag 


Gypsum Bd. (3") 
Gypsum Lath (%”) and %” Plas. (Lt. Wt. Agg,) - . 


Asbestos-Cement 
Siding 

Stucco® 1 In 

Asphalt Roll 
Siding 


Gypsum Lath (%”) and %” Plas. (Sand Agg.) -. . 
Metal Lath and %” Plas. (Lt. Wt. Agg.) ........ 


Metal Lath and %” Plas. (Sand Agg 
Insul. Bd. (1%) 


Insul. Bd. Lath (‘%2”) and 14” Plas. (Sand Agg.). . . 


Plywood (%") 
Wood Panels (%") 
Wood Lath and %” Plas. (Sand Ag 


1 Note that although several types of exterior finish may be grouped because they have approximately the same thermal resistance value, 
it is not implied that all types may be suitable for application over all types of sheathing listed. 

? Average resistance of items listed. This average was used in computation of U values shown. 

* Building paper is not included except where noted. 

4 Small air space between building paper and brick veneer neglected. 

® Where stucco is applied over insulating board or gypsum sheathing, building paper is generally required, but the change in U value is 
negligible. 

©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
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TABLE 3-5 


Coefficients of Transmission (U) of Solid Masonry Walls 
Coefficients are expressed in Btu per (hour) (square foot) (Fahrenheit degree difference in temperature between the air on the two sides), and 
are based on an outside wind velocity of 15 mph 


and Gypsum Lath Insul. Bd. Lath | Wood Lath 
Plas. 5% In. In. (% In) and % In. (‘4 In.) and % In. and 
On Wall Plas. Furring Plas. On Furring Plas. On Furring | % In. Plas. 


Exterior Construction? (Lt. 


Resistance | — 


.1 . 
Pe Pe EH YH 
Material | Al B | 
Brick (Face And Common) 4 
(6 In) 
{8 In.) 
(12 In} 
(16 In.) 
Brick (Common Only) 
(8 In.} 
(12 In.) 
(16 In) 
Stone (Lime And Sand) 
(8 In) 
(12 In.) 
(16 In.) 
(24 In.) 
Hollow Clay Tile 
(8 In.) 
(12 In.) 
(12 In.) 
Poured Concrete 
30 Lb. Per Cu Ft 
(4 In) 
(6 In) 
(8 In.) 
(10 In) 
80 Lb. Per Cu Ft 
(6 In) 
(8 In.) 
(10 In} 
(12 in.) 
140 Lb. Per Cu Ft 
(6 tn) 
(8 In) 
(10 In.) 
(12 In) 
Concrete Block 
(Gravel Agg.) (8 In.) 
(12 In.) 
(Cinder Agg.) (8 In.) 
(12 In.) 
(Lt. Wt. Agg.) (8 In.) 
(12 In.) 
* If stucco or structural glass is applied to the exterior, the additional resistance value of 0.10 would have a negligible effect on the U value. 
* Brick, 6 in. (5% in. actual) is assumed to have no backing. Walls 8, 12 and 16 in. have 4 in. of face brick and balance of common brick. 


©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
and Data Book. 
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TABLE 3-6 


Coefficients of Transmission (U) of Masonry Walls 
Coefficients are expressed in Btu per (hour) (square foot) (Fahrenheit degree difference in temperature between the air on the two sides), and 
are based on an outside wind velocity of 15 mph 


Metal Lath Gypsum Lath Insul. Bd. Lath lood 
Plas. % In. and % in. (% In.) and % In. (% In.) & % In.| Lath and 
Plas. On Furring Plas. On Furring Plas. On Furring | % In. Plas. 


Exterior Backing a No. | (Sand |(Lt Wt! No. | (Sand; (Sand 
Facing A : .) | Plas. .) | Plas. | Agg.) Agg.) 


0.32 . 1.43 | 1.52 0.40 
U 
I 


Concrete Block 
{Cinder Agg.) 


(12 In) 
(Sand Agg.) 
Precast 
Concrete 
(Sand Agg.) 
4 In. 
6 In. 


(12 In.) 


(Sand Agg.) 


Concrete Block 
(Cinder Agg.) 
(4 In.) ) 
(8 In.) 
(12 In.) 
(Lt. Wt. Agg.) 
(4 Inj 
(8 In) 
(12 In.) 
(Sand Agg.) 


©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
and Data Book. 
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TABLE 3-7 
Coefficients of Transmission (U) of Masonry Cavity Walls 
Coefficients are expressed in Btu per (hour) (square foot) (Fahrenheit degree difference in temperature between the air on the two sides), and 
are based on an outside wind velocity of 15 mph 


Interior Finish 
Exterior Construction Inner Section 1 : . 
Resistance | — : 


AV 
Material R | Material 


(Gravel Agg.) 

(Cinder Agg.) 
Face Brick (Lt Wt. Agg.) 
{4 In.) Common Brick 

{4 In.) 

Clay Tile {4 In.) 


(Gravel Agg.) 


(Cinder Agg.) 
0.76] (Lt. Wt. Agg.) 


Common Brick 
(4 In) 
Clay Tile (4 In.) 


(Gravel Agg.) 
(Cinder Agg.) 
(Lt. Wt. Agg.) 


©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
and Data Book. 
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TABLE 3-8 


Coefficients of Transmission (U) of Frame Partitions or Interior Walls 
Coefficients are expressed in Btu per (hour) (square foot) (Fahrenheit degree difference in temperature between the air on the two sides), and 
are based on still air (no wind) conditions on both sides 


Single Partition Double Partition 


(Finish On Only (Finish On Both 
One Side of Studs) Sides of Studs) 


Gypsum Bd. (% In.) 2... eee ence 
Gypsum Lath (% In.) And % In. Plas. (Lt. Wt. Agg.} . - 
Gypsum Lath (% In.) And ¥% In. Plas. (Sand Agg.) . . . 
Metal Lath And % In. Plas. (Lt. Wt. Agg.).......... 
Metal Lath And % In. Plas. (Sand Agg.) .........-- 


Insul. Bd. (% In)... eee eee eee 
Insul. Bd. Lath (% In.) And % Plas. (Sand Agg.) ..... 
Plywood: (% In}... 2... eee eee eee eee eee 
GOIN) bodice cccrecsiaiea wile wer ee tele 
(AW 5 Ads ei an Gn ee ata tesa 
Wood Panels (% in)... 0. ce eens 
Wood-Lath And % In. Plas. (Sand Agg.) . 
[ Sheet-Metal Panels Adhered To Wood (Framing)... 0 | 07a 
Glass And Glass Blocks See Table 3-2 


©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
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TABLE 3-9 
Coefficients of Transmission (U) of Masonry Partitions 
Coefficients are expressed in Btu per (hour) (square foot) (Fahrenheit degree difference in temperature between the air on the two sides), and 
are based on still air (no wind) conditions on both sides 


ee a 


Type of Partition Plas. (Sand Agg.) % in. 
One Side 


Resistance | — 


Hollow Concrete Block 
(Cinder Agg.) 
(Buln Jesceceeili eG OES 
(INS. 25s reese ies oh 
BUR) oj oce Fi tices. 
(12 UR) i. sic esas 6 Seiten. 
(Lt Wt. Agg.) 
GIN) sicewie coe nisi sus 
(IN). S tie items 
(Gi) coisas oto eee ce 
(VEIN) streets eae aneen 
(Gravel Agg.) 
GUN) uicteedsene ee Hae 
(12: IN). 0.6 0S nsac ecie ds dx 
Hollow Clay Tile 
(BN) oi Ads Hg twkosl. 
(GAN) 2. eee eee eee dee 
Gin) esciioeiaecee eames 
GUN). s secccctcsecaagsen 
Hollow Gypsum Tile 
Ho) ee eee 
(QIN) 5 eta i nets. 
Solid Plaster Walls 
Gypsum Lath (% In.) And Plas. 
% In. Each Side 
(Lt. Wt Agg.) ............. 
(Sand Agg)............... 
1 In. Each Side 
(Lt. Wt. Agg.) .........---. 
(Sand Agg)............... 
Metal Lath And Plas." 
2 In. Total Thickness 
(Lt. Wt. Agg.) .........00.. 
(Sand Agg.)............... 
2% in. Total Thickness 
(Lt. Wt. Agg.) ...-......... i 
(Sand Agg.)............... . . 24 


Glass And Glass Blocks See Table 3-2 


' Metal Core and Supports disregarded. Plaster troweled smooth both sides. 
©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
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TABLE 3-10 
Coefficients of Transmission (U) of Frame Construction Ceilings and Floors 
Coefficients are expressed in Btu per (hour) (square foot) (Fahrenheit degree difference in temperature between the air on the two sides), and 
are based on still air (no wind) on both sides 


Heat Flow Se eee (Winter Conditions) Heat Flow Downward (Summer Condtions) 


Popes Floor s—i—i‘—sSSCSY 


Wood Subfloor (7%52”), Felt, and — 


Type of Ceiling 


(%"} 


Resistance | — Pow fie fie ie fest ow Pie Ci [a to 


Hs | kt 
I . 0.34 : 


Gypsum Bd. (% In) 
Gypsum Lath (% In.) and % In. 
Plas. (Lt. Wt. Agg.) 
Gypsum Lath (% In.) and % In. 
Plas. (Sand Agg.)..........-. 
Metal Lath and 3% In. Plas. 
(Lt Wt. Agg).......c.eee eee 
Metal Lath and % In. Plas. 
(Sand Agg.)..........2.-06. 
Insul Bd. (% In}. .........00- 
Insul. Bd. Lath (% In.) and % In 


Acoustical Tile 
(% In.) On Gypsum Ba. (% In} .. 
(% In) On Furring 
(% In.) On Gypsum Bd. (% In) . . 
(% In.) On Furring 
Wood Lath and % In. Plas. 
(Sand Agg)..............-- 
1 Includes asphalt, rubber, and plastic tile (4 in.), ceramic tile, or terrazzo (1 in.). 


2 Includes thermal resistance of % in. gypsum wall board. 
©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
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TABLE 3-11 
Coefficients of Transmission (U) of Concrete Floor-Ceiling Constructions 
(Summer Conditions, Downward Flow) 
Coefficients are expressed in Btu per (hour) (square foot) (Fahrenheit degree difference in temperature between the air on the two sides), and 
are based on still air (no wind) conditions on both sides 


Type Of Finish Floor a 
| — | 
[_U | 


AV. AV. 
Material R erial R oO 


Mat 

None 

Floor Tile® Or Linoleum (% In.) | 0.05 
Wood Block ("46 In.) On Slab. ]0.74 


Type of Ceiting 


Floor On Sleepers 


Ptywood Subfloor (% In.), Feit 
and Floor Tile Or Linoleum 
(IN) eeicidesseea sine diee 
Wood Subfloor (?%z2 In.), Felt 
and Hardwood (% In)....... 


Floor On Sleepers 


Ptywood Subfloor (5 In.), Felt 
and Floor Tile® Or Linoleum 
(1 WN). 5c esse wsleve Sttiensiereis 


Wood Subfloor (?%2 In.), Felt 


0.19 | 0.18] 0.18] 0.15} 0.14] 0.16] 0.15] 0.15} 0.15] 0.16] 0.14) 0.13] 0.13}0.12) 10 


“ Concrete is assumed to have a thermal conductivity k of 12.0. 

5 Includes asphalt, rubber, and plastic tile (14 in.), ceramic tile on terrazzo (1 in.). 

©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
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TABLE 3-12 
Coefficients of Transmission (U) of Flat Masonry Roofs with Built-up Roofing with and without 
Suspended Ceiling (Summer Conditions, Downward Flow) 


These coefficients are expressed in Btu per (hour) (square foot) (Fahrenheit degree difference in temperature between the air on the two 
sides), and are based on an outside wind velocity of 7.5 mph 


pe 3 

Roof Insulation — No Ceiling spe i 

C Value of Gypsur Bd. 
Ineulation ir um 

Type of Deck Type Of Form in ? 

Wt. {Sand 

No Ago! Agg.|A 
0.72 Oi "| %" 


asia 


easier ae R Nitec ea ol 
Concrete Slab* 
(Gravel Agg.) 
(4 In)... 
(6 In)... 0.48 
(8 In.) .. . 0.64) 
Lt. Wt. Agg.® 
(2 In) . ...2.22] Corrugated Metal* 
Insul. Bd. (1 In.) oo... 2... 
Insul. Bd. (1% In}... 2.2... 
Glass Fib. Bd. (1 In.) 
33] Corrugated Metal? 
Insul. Bd. (T In.) 2... 2.22 -- 
Insul. Bd. (1% In)... 2.6... 
Glass Fib. Bd. (1 In). ......- 
44| Corrugated Metal® 
Insul. Bd. (1 In}... 2... ee 
Insul. Bd. (1% In)... 2. eee. 
Glass Fib. Bd. (1 in). ....... 


Gypsum Slab’ 
(2 In) . . . 1.20] Gypsum Bd. (‘4 In) 
Insul. Bd. (1 In.) 2... 2.222. 


Glass Fib. Bd. (1 In). .....-. 
80] Gypsum Bd. (1% In} ........ 
Insul. Bd. (1 Inj .........-- 


Glass Fib. Bd. (1 In).......- 
40| Gypsum Bd. (% In) ........ 
Insul. Bd. (1 in.) ........-.. 


3 U values would also apply if slab were poured on metal lath, paper-backed wire, fabric, or asbestos-cement board (14 in.) 

* Concrete assumed to have a thermal conductivity k of 12.0 and a density of 140 Ib per eu ft. 

5 Concrete assumed to have a thermal conductivity k of 0.90 and a density of 30 lb per cu ft. 

® Gypsum slab 2% in. thick since this is recommended practice. 

7 Gypsum fiber concrete with 12% percent wood chips (thermal conductivity k = 1.66). 

©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
and Data Book. 
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TABLE 3-13 
Coefficients of Transmission (U) of Wood or Metal Construction Flat Roofs and Ceilings 
(Summer Conditions, Downward Flow) 


Coefficients are expressed in Btu per (hour) (square foot) (Fahrenheit degree difference in temperature between the air on the two sides), and 
are based upon an outside wind velocity of 7.5 mph 


Insulation Type of Ceiling 


a 
Insul. 


Preformed Slabs- 
Wood Fiber and 
Cement Binder 


3 Wood deck 1, 2, and 3 in. is assumed to be %e, 154, and 25 in. thick respectively. The thermal conductivity k is assumed to be 0.80. 
“If a vapor barrier is used beneath roof insulation it will have a negligible effect on the U value. 

©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
and Data Book. 
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TABLE 3-14 
Heat Gain from Occupants of Conditioned Spaces' 


Total Heat Total Heat 
Adults, Male | Adjusted” 
Degree of Activi Typical Application arr Ce 


Theater-Matinee 
Theater-Evening 


Seated At Rest 


Seated, Very Light Work 
Moderately Active Office Work 
Standing, Light Work; Or Walking Slowly 


Walking, Seated 

Standing: Walking Slowly 

Sedentary Work 

Light Bench Work 

Moderate Dancing 

Walking 3 Mph; Moderately Heavy Work 
Bowling* 

Heavy Work 


Drug Store 
Bank 
Restaurant? 
Factory 
Dance Hall 
Factory 
Bowling Alley 
Facto 


Reprinted by permission from 1965 ASHRAE Guide and Data Book. 


Notes: 
'Tabulated values are based on 78 F for dry-bulb temperature. 


Sensible 
BTU/HR 


Offices, Hotels, Apartments 
Offices, Hotels, Apartments 
Retail And Department Stores 


2A djusted total heat gain is based on normal percentage of men, women, and children for the application listed, with the postulate that the 
gain from an adult female is 85 per cent of that for an adult male, and that the gain from a child is 75 per cent of that for an adult male. 
3A djusted total heat value for sedentary work, restaurant, includes 60 Btuh for food per individual (80 Btu sensible and 30 Btu latent). 
4 For bowling figure one person per alley actually bowling, and all others as sitting (400 Btuh) or standing (550 Btuh). 


TABLE 3-15 
Overall Heat Transfer Coefficient for Ductwork 


Sheet Metal, Not Insulated 
¥% In. Thick Insulation Board With or Without Sheet Metal 
1 In. Thick Insulation Board With or Without Sheet Metal 
1% In. Thick Insulation Board With or Without Sheet Metal 
2 In. Thick Insulation Board With or Without Sheet Metal 


TABLE 3-16 
Heat Gain From Electric Motors 


Heat Gain, Btuh Per 
Nameplate Rating, Approximate HP For Continuous 
HP nee Running # 


Up To %* 


%Tol 
1% To5 
7% To 20 
Over 20 


* Including %4 hp 
# Two things are assumed when the last column is used: 
(1) the motor and its load are in either the room or the air stream, 
(2) the load is equal (or almost equal) to the nameplate rating. In 
general, these assumptions are true — especially for motors of 
20 hp or less. 
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TABLE 3-17 
Heat Gain From Electric Appliances 


Probable Max. Recommended Rate of Heat Gain Btuh 
Hourly input 


[Waffielon | Grids 
©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
and Data Book. 


TABLE 3-18 
Heat Gain From Gas Appliances 


[Migis input Rating] Probable Max 
Appliance Capaci 


Recommended Rate of Heat Gain Btuh 


| Toaster, 360 Slices Per Hour, Continuous|2 Slices Widel___—|_12000 | 
©1965 eal tat Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
and Data Book. 


TABLE 3-19 
Heat Loss From Pipes 
(Btuh per Lineal Foot) 
Hot Water, 180 F* Steam, 5 Psig 


Corrugated & Laminated Corrugated & Laminated 
Pipe Size, Asbestos, 4 Ply, 1 In. Glass Fiber, 1 In. Asbestos, 4 Ply, 1 In. 
In. (K = 060) {K = 0.27) (K = 060) 


* Room Air Temperature, 78 F 


TABLE 3-20 
Infiltration (Air Change Method) 


No Windows Or Outside Doors 
Windows Or Doors In 1 Wall 


Windows Or Doors In 2 Walls 
Windows Or Doors In 3 Or 4 Walls 
Stores 
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TABLE 3-21 
Infiltration Through Windows 
(cfh per ft)* 
eo eee 
Type of Window Description of Window | om [| 6 | 
Double Hung Total For Average Windlow, Nonweatherstripped, “4s In. Crack and 3¢4 In. Clearance 


Wood Sash 
(Unlocked) 


Ditto, Weatherstripped 
Total For Poorly Fitted Window, Nonweather Stripped, %2 In. Crack and %z In. Clearance 
Ditto, Weatherstrippe 


13 
Double-Hung Nonweatherstripped, Double-Hung Locked 70 
Metal Sash Nonweatherstripped, Unlocked 74 
Weatherstripped, Unlocked 32 


Rolled Industrial Pivoted, ‘Ae In. Crack 
Section Architectural Projected, 4% In. Crack 
Steel Residential Casement, ‘42 |n. Crack 


Sash Heavy Casement Section, Proje 
* Cubic feet of air per hour per lineal foot of crack. 


©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
and Data Book. 


ed %z2 In. Crack 
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TABLE 3-22A 
Outdoor Air Requirements For Ventilation* 
Commercial Facilities (offices, stores, shops, hotels, sports facilities) 
Estimated 


Maxi ‘ee Outdoor Air Requirements 
Occupancy ctm/ Us cim/ ss L/s/ 

Application P/1000 ft? or 100 m? person person ft? sm? Comments 

Dry Cleaners, Laundries Dry-cleaning processes may require 

Commercial laundry 10 25 13 more air. 

Commercial dry cleaner 30 30 15 

Storage, pick up 30 35 18 

Coin-operated laundries 20 15 8 

Coin-operated dry cleaner 20 15 8 

Food and Beverage Service 

Dining rooms 70 20 10 

Cafeteria, fast food 100 20 10 

Bars, cocktail lounges 100 30 15 Supplementary smoke-removal equipment may 
be required. 

Kitchens (cooking) 20 15 8 Makeup air for hood exhaust may require more 
ventilating air. The sum of the outdoor air and 
transfer air of acceptable quality from adjacent 
spaces shall be sufficient to provide an exhaust 
rate of not fess than 1.5 cfm/t? (7.5 Lis-m2). 

Garages, Repair, Service Stations 

Enclosed parking garage 1.50 75 Distribution among people must consider worker 

Auto repair rooms 1.50 7.50 — focation and concentration of running engines; 
stands where engines are run must incorporate 
systems for positive engine exhaust withdrawal. 
Contaminant sensors may be used to control 
ventilation. 

Hotels, Motels, Resorts, Dormitories cim/ L/s- Independent of room size. 

room room 

Bedrooms 30 15 

Living rooms 30 15 

Baths 35 18 Installed capacity for intermittent use. 

Lobbies 30 15 8 

Conference rooms 50 20 10 

Assembly rooms 120 15 8 

Dormitory sleeping areas 20 15 8 See also food and beverage services, 
merchandising, barber and beauty shops, garages. 

Gambling casinos 120 30 15 Supplementary smoke-removal equipment may 
be required. 

Offices 

Office space 7 20 10 Some office equipment may require 

Reception areas 60 15 8 local exhaust. 

Telecommunication centers 60 20 10 


and data entry areas 
Conference rooms 50 20 10 Supplementary smoke-removal equipment may 


be required. 


Public Spaces 

Corridors and utilities 0.05 0.25 

Public restrooms, cfm/we or urinal 50 25 Mechanical exhaust with no recirculation is 
recommended. 

Locker and dressing rooms 0.5 2.5 

Smoking lounge 70 60 30 Normally supplied by transfer air, local mechanical 
exhaust; with no recirculation is recommended. 

Elevators 1.00 5.00 Normally supplied by transfer air. 

Retail Stores, Sales Floors, and Show Room Floors 

Basement and street 30 0.30 1.50 

Upper floors 20 0.20 1.00 

Storage rooms 15 0.15 0.75 

Dressing rooms 0.20 1.00 

Malls and arcades 20 0.20 1.00 

Shipping and receiving 10 0.15 0.75 

Warehouses 5 0.05 0.25 

Smoking lounge 70 60 30 Normally supplied by transfer air, local mechanical 
exhaust; exhaust with no recirculation 
recommended. 


*Table 3-22A prescribes supply rates of acceptable outdoor air required for acceptable indoor air quality. These values have been chosen 
to control CO, and other contaminants with an adequate margin of safety and to account for health variations among people, varied activity 
levels, and a moderate amount of smoking. Rationale of COz control is presented in Appendix D of ASHRAE Standard 62-1989. 

**Net oecupiable space. 
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TABLE 3-22A (Continued) 
Outdoor Air Requirements For Ventilation® 
Commercial Facilities (offices, stores, shops, hotels, sports facilities) 


I 8 09090 


Estimated 


Maiwant®  .. Outipor Alt Requirements... 
Occupancy cfm/ L/s cfm/_ L/s/ 

Application P/1000 ft? or 100 m? person person ft? sm? Comments 

Specialty Shops 

Barber 25 15 8 

Beauty 25 25 13 

Reducing salons 20 15 8 

Florists 8 15 8 Ventilation to optimize plant growth may dictate 
requirements. 

Clothiers, furniture 0.30 81.50 

Hardware, drugs, fabric 8 15 8 

Supermarkets 8 15 8 

Pet shops 1.00 5.00 

Sports and Amusement 

Spectator areas 150 15 8 When internal combustion engines are 

Game rooms 70 25 13 operated for maintenance of playing surfaces, 

Ice arenas (playing areas) 0.50 2.50 _ increased ventilation rates may be required. 

Swimming poors (pool and deck area) 050 250 Higher values may be required for humidity control. 

Playing floors (gymnasium) 30 20 10 

Ballrooms and discos 100 25 13 

Bowling alleys (seating areas) 70 25 13 

Theaters Special ventilation will be needed to 

Ticket booths 60 20 10 eliminate special stage effects (e.g., 

Lobbies 150 20 10 dry ice vapors, mists, etc.) 

Auditorium 150 15 8 

Stages, studios 70 15 8 

Transportation Ventilation within vehicles may 

Waiting rooms 100 15 8 require special considerations. 

Platforms 100 15 8 

Vehicles 150 15 8 

Workrooms. Spaces maintained at low temperatures (-10 F to 

Meat processing 10 15 8 +50 F, or -23 C to +10 C) are not covered by these 
requirements unless the occupancy is continuous 
Ventilation from adjoining spaces is permissible. 
When the occupancy is intermittent, infiltration will 
normally exceed the ventilation requirement. 

Photo studios 10 15 8 

Darkrooms 10 0.50 2.50 

Pharmacy 20 15 8 

Bank vaults 5 15 8 

Duplicating, printing 0.50 2.50 Installed equipment must incorporate positive 
exhaust and control (as required) of undesirable 
contaminants (toxic or otherwise). 

Institutional Facilities 

Education 

Classroom 50 15 8 

Laboratories 30 20 10 Special contaminant control systems 

Training shop 30 20 10 may be required for processes or 

Music rooms 50 15 8 functions including laboratory animal 

Libraries 20 15 8 occupancy. 

Locker rooms 0.50 250 

Comidors 0.10 0.50 

Auditoriums 150 15 8 

Smoking lounges 70 60 30 Normally supplied by transfer air. Local mechanical 


exhaust with no recirculation recommended. 


Hospitals, Nursing and Convalescent Homes 


Patient rooms 10 25 13 Special requirements or codes and pressure 
Medical procedure 20 15 8 relationships may determine minimum ventilation 
Operating rooms 20 30 15 rates and filter efficiency. Procedures generating 
Recovery and ICU 20 15 8 contaminants may require higher rates. 

Autopsy rooms 0.50 2.50 Air shall not be recirculated into other spaces. 
Physical Therapy 20 15 8 

Correctional Facilities 

Cells 20 20 10 

Dining Halls 100 15 8 

Guard Stations 40 15 8 


*Table 3-22A prescribes supply rates of acceptable outdoor air required for acceptable indoor air quality. These values have been chosen 
to control CO, and other contaminants with an adequate margin of safety and to account for health variations among people, varied activity 
levels, and a moderate amount of smoking. Rationale of CO, control is presented in Appendix D of ASHRAE Standard 62-1989. 

**Net occupiable space. 
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TABLE 3-22B 


Outdoor Air Requirements For Ventilation Of Residential Facilities 


(Private Dwellings, Single, Multiple) 
Applications Outdoor Requirements* Comments 
Living Areas 0.35 air changes per hour but For calculating the air changes per hour, the volume of the living spaces shall 
not less than 15 cfm (7.5 Ls) include all areas within the conditioned space. The ventilation is normally satisfied 
per person by infiltration and natural ventilation. Dwellings with tight enclosures may require 
supplemental ventilation supply for fuel-burning appliances including fireplaces and 
mechanically exhausted appliances. Occupant loading shall be based on the number 
of bedrooms as follows: first bedroom, two persons; each additional bedroom, one 
person. Where higher occupant loadings are known, they shall be used. 
Kitchens” 100 cfm (50 L/s) intermittent Installed mechanical exhaust capacity.° Climatic conditions may affect choice of the 
or 25 cfm (12 L/s) continuous ventilation system. 
or openable windows 
Baths, Toilets” 50 cfm (25 L/s) intermittent or Installed mechanical exhaust capacity.° 
20 cfm (10 L/s) continuous or 
openable windows 


Garages: Separate = 100 cfm (50 L/s) per car 
for each dwelling unit 

Garages: Common 1.5 cfm/ft? (7.5 Lis/ft?) 
for several units 


Normally satisfied by infiltration or natural ventilation. 


See “Enclosed parking garages,” Table 3-22A. 


* In using this table, the outdoor air is assumed to be acceptable. 

» Climatic conditions may affect choice of ventilation option chosen. 

* The air exhausted from kitchens, bath and toilet rooms may utilize air supplied through adjacent living areas to compensate for the air 
exhausted. The air supplied shall meet the requirements of exhaust systems and be of sufficient quantities to meet the requirements of 


this table. 
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TABLE 3-23 
Direct Solar and Diffuse Sky Radiation for Single Common Window Glass for March 22 and September 22° 
(Btuh per sq ft masonry opening) 


Sept. 22 


North [1PM _| 


Latitude 


Direction For South Latitude (Read Up 


*Table 3-23 is for 40 degrees North latitude. It may be used for 40 degrees South latitude on March 22 and September 22 by reading up 
from the bottom. 


TABLE 3-24 

Direct Solar and Diffuse Sky Radiation for Single Common Window Glass for April 20 and August 24° 
({Btuh per sq ft of masonry opening) 

Directions For North Latitude (Read Down) 


in 
im N N —E | Ss 
625 | 778 | 458 | 40 | 36 | 30 | 29 | 
7AM 75 107.1 | 1593 | 1136 | 121 | 90 | 79 | 73 | 
| 8AM | 95 | 


Su 
Time 


P95 | 1753 | 1457 | 304 | 130 | 116 | 104 | 
[gam | 106 | 548 | 1584 | 1556 | 585 | 158 | 144 | 124 | 
fioAM | 112 [ 191 [ 1138 | 1460 | 965 | 175 | 160 | 137 | 


Aug. 24 |_12 Noon | 9 | 161 | 
North |_1PM | 115 | 142 | 168 | 322 | 1081 | 1193 | 571 | 164 | 
Latitude | 2PM | 112 | 137 | 160 | 175 | 9865 | 1460 [ 1138 [| 191 | 
[3pm | 106 | 124 | 144 | 158 | 585 | 1556 | 1584 | 548 | 
[4pm | 95 | 104 | 116 | 130 | 304 | 1457 | 1753 | 915 | 
75 -—zs_| 78 | so | 123} 1136 [1893 | 

85 29 3.0 [40 | 458 | 78 


Direction For South Latitude (Read Up 


*Table 3-24 is for 40 degrees North latitude. It may be used for 40 degrees South latitude on February 20 and October 23 by reading up 
from the bottom. 


TABLE 3-25 


Direct Solar and Diffuse Sky Radiation for Single Common Window Glass for May 21 and July 23° 
(Btuh per sq ft of masonry opening) 


Time Of Sun Directions For North Latitude (Read Down) 
Year Time N NE E sE_ | s | sw [ w | Nw _[ Horz | 
6 AM 26.3 109.2 125.0 60.6 | 55 |) 652 | 246 


[| 6a 
[7am | 152 | 1307 | 1707 | 1034 | 124 | 10 | 9. 
[ 0s | 1765 | 1294 | 178 | 144 | 130 | 
| 169 | 155 | 
| 182 | 


8 AM | 1144 | 1224 | 
9AM 738 [1sa9_|. 1537} 339 | | 133 | 1692 | 
May 21 | 10 AM 32.4 1142 121.6 | 167 | 142 | 2023 | Nov.21 
& 15.3 52.3 2 73.5 217 | 174 | 145 | 2244 | 
July 23 12 Noon 14.5 17.4 789 521 | 174 | 145 | 2320 | . 
North 145 174 | 217 | 735 | 941 | 523 | 153 [| 2244 | South 
Latitude | 2PM | 11.4 14.2 16.7 132 [| 543 | 1216 | 1142 | 324 | 2023 | Lati 
3PM 11.0 13.3 15.5 169 | 339 | 1337 | 1539 | 738 | 1692 | 
4PM 10.1 11.4 13.0 14.4 | —z8_|_wsa_| tes _{ 1105 | 1224 
5 PM 15.2 88 9.7 11.0 124 | 1034 | 1707 | 1307 | 740 | 
6 PM 26.3 52 55 6.4 72 | 606 | 1250 | 1092 | 246 | 
Ss SE E NE N NW Ww SW | Horz | Time of 
Direction For South Latitude (Read Up Year 


*Table 3-25 is for 40 degrees North latitude. It may be used for 40 degrees South latitude on January 21 and November 21 by reading up 
from the bottom. 


REFERENCE TABLES 383 


TABLE 3-26 
Direct Solar and Diffuse Sky Radiation for Single Common Window Glass for June 21* 
(Btuh per sq ft of masonry opening) 


Sun Directions For North Latitude (Read Down 
Time | N [| NE [| E [| se_ [ S | Sw [ w J] Nw [| Horz | 


| 1329 | 612 | 82 | 72 | 64 [| 59 | 323 | 
| 1731 | 982 | 132 | 117 | 104 [| 94 [933 | 
| 1754 | 1200 | 166 | 149 | 135 [| 18 | 1309 | 
| 26 | 1238 | 277 | 172 | 157 | 143 [| 1760 | 
o | 143 | 

; | 146 | 


Latitude 


*Table 3-26 is for 40 degrees North latitude. It may be used for 40 degrees South latitude on December 22 by reading up from the bottom. 


TABLE 3-27 
Heat Gain by Convection and Radiation from Single Common Window Glass 
for March 22 and September 22* 
(Btuh per sq ft of masonry opening) 


18.4 17.8 
143 143 


Direction For South Latitude (Read U; Year 
*Table 3-27 is for 30 to 50 degrees North latitude. It can be used for March 22 and September 22 in the South latitude by reading up from 


the bottom. Room temperature is 78 F. 


TABLE 3-28 

Heat Gain by Convection and Radiation from Single Common Window Glass for April 20 and August 24* 
(Btuh per sq ft of masonry opening) 

Directions For North Latitude (Read Down! 


| oN | NE [| cE YT | s | sw [ wT] nw 
ean | aa es ee eS as 

| 7AM [| -33) [  -11 | or | 141 [| 33 [ 33 [ 33 [ 33 
| sam | -11 [  o7 | 24 | 18 | 05 [| -11 [ 31 [ a1 [| 10 | 
| 9AM [| 22 [ 33 | 54 [| 53 | 34 | 22 | 22 | 22 | 54] 
[1AM | 55 | 55 | 78 | 84 | 72 | 55 | 55 | 55 | 95 | 
f1iamM [99 [| 99 | 110 | 123 | 121 [| 105 | 99 | 99 | 144 | 
| 12Noon] 132 [ 132 [ 132 [ 148 | 155 [| 148 | 132 | 132 | 179 | 
North | 1PM | 165 | 165 | 165 | 171 | 187 | 189 | 175 | 21.0 | 
| 2PM | 176 | #176 | 176 | 176 | | 205 | 76 | 216 | 
| 3PM | 187 | 187 | | 218 | | 219 | 
17.6 176 | 205 | [19.2 _| 

165 165 175 
143 143 Hat 
SE E 


Direction For South Latitude (Read Up 
*Table 3-28 is for 30 to 50 degrees North latitude. It can be used for February 20 and October 23 in the South latitude by reading up from 
the bottom. Room temperature is 78 F. 
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TABLE 3-29 
Heat Gain by Convection and Radiation from Single Common Window Glass for May 21 and July 23° 
(Btuh per sq ft of masonry opening) 
Time Of 
Year 


North |_1PM_| 
Latitude 


= 
™~ 
© 


| Horiz _| 
| -19 | 
| 18.1 | 
| 212 | 
| 218 | 
| 22.1 | 
| 195 _ | 
| 146 | 
| Horiz_ | 


*Table 3-29 is for 30 to 50 North latitude. It can be used for Jan. 21 and Nov. 21 in the South latitude by reading up from the bottom. Room 
temperature is 78 F. 


TABLE 3-30 
Heat Gain by vection and Radiation from Single Common Window Glass for June 21° 
(Btuh per sq ft of masonry opening) 


oa 


Hy 


= 
© 
~~ 


= 
> 


*Table 3-30 is for 30 to 50 North latitude. It can be used for Dec. 22 in the South latitude by reading up from the bottom. Room temperature 
is 78 F. 
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TABLE 3-31 
Shading Coefficients-Single Glass and Insulating Glass’-No Shading 
insulating Glass" 


| C—C—“‘(CCCsulatingGlassé sd 

ere In Sun |in Shade 
Regular Sheet Out, Yo'% 0.86 0.86 0.90 0.84 

Regular Sheet In 


hese ee hee 
Type of Glass Thickness? | Trans.? | In Sun |in Shade! 
Regular Sheet 0.86 1.00 1.00 
Regular Plate 


Regular Plate Out, 
Regular Piate In 


Heat-Abs* Sheet 
Heat-Abs* Plate 


Heat-Abs* Plate Out, 
Regular Plate In 


Grey® Sheet 


Grey® Plate Out, 
Regular Plate In 


Grey Plate® With 
Sun Control Film 


‘Refers to factory-fabricated units with %6, %, or '4 in. air space or to prime windows plus storm windows. 

?Refer to manufacturer’s literature for values. 

3Thickness of each pane of glass, not thickness of assembled unit. 

‘Heat absorbing sheet does not meet radiant transmittance requirements of Federal Specification DD-G-451a. Heat absorbing plate meets 
these requirements. 

5Glare-reducing glasses other than grey in color will have approximately equal shading coefficients for equal solar transmittances. 
Consult manufacturer's data for specific product values. 

Note: For awnings or overhanging canopies which completely shade the glass area use a shade factor of 0.20 for all types of glass. 

Reprinted with permission from 1965 ASHRAE Guide and Data Book. 


TABLE 3-31A 
Shading Coefficients-Single Glass with Indoor Shading (Also see Table 3-31 B) 


Type of Shading 


0.64 0.66 0.60 0.59 0.61 fo 

0.57 0.58 0.52 0.45 0.42 0.30 0.30 

0.54 0.53 0.52 0.40 0.36 0.28 0.26 
Grey Plate 0.33 


Heat-Absorbing Sheet, — 0.29-0.15 0.51 0.50 0.36 0.32 0.28 0.25 
Plate Or Pattern 
Grey Plate % 0.24 


! Refer to manufacturer’s literature for values. 
©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
and Data Book. 


Nominal 
Thickness' 


2 To % 


Type of Glass 
Regular Sheet 


Regular Plate % To% 0.80-0.71 
Regular Pattern % To %2 0.87-0.79 
Heat-Absorbing Pattern % — 


Grey Sheet He,"h2 0.74,0.71 
Heat-Absorbing Sheet he 

Heat-Absorbing Plate "% 0.46 
Heat-Absorbing Pattern Ho,“ - 
Grey Sheet Ve,"h2 0.59,0.45 
Grey Plate hee, Va 0.52,0.45 
Heat-Absorbing Sheet, 0.44-0.30 
Plate Or Pattern 

Heat-Absorbing Plate 0.34 
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TABLE 3-31B 
Shading Coefficients-Single Glass with Indoor Shading (Also see Table 3-31A) 


Type of Shading-Draperies (Designations Indicate Class: 1, = Open Weave, Light Colored) 
M = Medium Colored Yarn 


| Weve | Warr | Oper 
Weave 
Type of Glass ee ee 


(For Nominal 

Thickness' and 

Solar Trans." : de} Sun ade! Sui 
Regular Sheet 

Regular Plate 

Regular Pattern 

Heat-Abs Pattern 


Grey Sheet 


Heat-Abs Sheet 
Heat-Abs Plate 
Heat-Abs Pattern 
Grey Sheet 

Grey Pilate 


Heat-Abs Sheet, 
Plate Or Pattern 


Heat-Abs Plate 
Grey Plate 
Heat-Abs Sheet, 
Plate Or Pattern 
Grey Plate 
1Refer to manufacturer’s literature for values. 


©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
and Data Book. 
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TABLE 3-32 
U Values for Various Fenestration (For 712 mph Wind) 
Btuh per (Square Foot) (Fahrenheit Degree) 


Type of Glass g [| Shading 
Any Single Glass eS; ee 


Insulating Glass — %e In. Air Space 0.64 0.54 
% In. Air Space 0.61 0.52 
% In. Air Space 0.56 0.48 


Prime Window Pius Storm Window 
— Air Space 1 In. Or More 


No Supplementary Shading 


Double Glazing With Between-Glass Shading 


— Louvered Sun Screen-In Contact With Glass 0.95 
— Separated By Air Space 0.63 
— Venetian Blinds 0.44 
Glass Block Panels? 

— Types | and Il 0.56 
— Types Il, Ill, and IIIA 0.48 


TABLE 3-32A 
Multiplying Factors for Various Types of Glass 


Double Regular Plate Glass 


Heat Absorbing Plate (Outdoors) 

Regular Plate Glass (Indoors) 
*Standard Glass 
tPart of Description only 
Values apply to tightly closed Venetian blinds, draperies, and roller shades. 
Values apply to storm sash with a tight air space. Air leakage present in virtually all storm windows will, in effect, increase this value. 
5Values listed for 7% x 7% x 3% in. block. For 1134 x 11% x 3% in. block, reduce the listed value by 0.04, and for 5% x 5% x 3% in. block, increase 
the listed value by 0.04. 


©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
and Data Book. 
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TABLE 3-33 
Transmission Through Standard Glass Blocks for March 22 and September 22* 
(Btuh per sq ft) 
Direction — North Latitude 40° 


(ee eel 

a os a a ee 

| 845 | 689 | 104 | 
A 39. 


117.6 113.7 0 


112.4 131.3 


Latitude | 10AM__| | 832 | 1300 | 936 | 


March 22 A A . 110.5 


And : ‘ 77.3 
Sept. 22 : : 39.6 


Direction —South Latitude 40° 


TABLE 3-34 
Transmission Through Standard Glass Blocks for April 20 and August 24* 


(Btuh per sq ft) 
CHE [ene 
of Year Sun Time 


North | 8AM __ | 
Latitude [9AM __| 
April20 [10AM__| 
And [11AM__| 
Aug. 24 [_12.Noon_| 
| 1PM | 
| 2PM __| 
| 3PM | 
| 4PM 
| 5PM | 
| 6PM | 
Sun 
Time 
TABLE 3-35 
Transmission Through Standard Glass Blocks for May 21 and July 23* 
(Btuh per sq ft) 


Direction — North Latitude 40° 
of Year 


Nw | Ww] SW__si|sCTime OF 


Direction —South Latitude 40° 
*Includes direct and diffuse solar radiation, also convection and absorbed radiation. For 40 degrees latitude. Based on air temperatures of 
95 F and 78 F. Both inside and outside faces of blocks are smooth. No aluminum foil or glass fiber screen at parting line. Data includes 
heat transfer through mortar as blocks fill masonry opening. 
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TABLE 3-36 
Transmission Through Standard Glass Blocks for June 21* 
Compe 


Latitude 
June 21 


Time Direction —South Latitude 40° 


*Includes direct and diffuse solar radiation, also convection and absorbed radiation. For 40 degrees latitude. Based on air temperatures of 
95 F and 78 F. Both inside and outside faces of blocks are smooth. No aluminum foil or glass fiber screen at parting line. Data includes 
heat transfer through mortar as blocks fill masonry opening. 


TABLE 3-37 
Total Equivalent Temperature Differentials for Roofs for March 22 and September 22# 


1" Wood** Or 
1 ibd #1 02" den “Te | a0 | a2 | 0 | «2 |= [v9 


Medium Construction Roofs-Exposed To Sun 


2” Concrete Or 
2” Concrete + 1” Or 2” Insulation Or 
2” Wood 


2” Gypsum Or 

2" Gypsum + 1” Insulation 

1” Wood Or 46.9 49.2 39.1 7.3 

a . pee va Or} + 4 Rock Woo! in Furred Ceiling 

2” Gyps 

4” Concrete Or 

a ps [me fo | ws | os [me |e [we 


a PAPER IE AEE AES 
6” Concrete + 2” Insulation 67 67 18.8 38.5 40.5 20.0 14.4 
Light Construction Roof With 1” Water 16.4 19.3 18.7 11.7 4.0 2.0 
Heavy Construction Roof With 1” Water ‘ : n a 15.0 17.0 15.3 11.7 77 
Any Roof With 6” Water A 12.3 12.3 10.3 65 23 


Light Construction 53 13.0 19.9 17.7 15.7 11.7 40 2.0 
Heavy Construction 0 3.7 9.3 13.3 15.3 13.7 11.7 77 


Roofs In Shade 


Light Construction 8.0 14.0 16.0 14.0 10.0 40 2.0 
Medium Construction 40 10.0 14.0 14.0 12.0 8.0 40 
Heavy Construction 2.0 6.0 10.0 12.0 12.0 10.0 6.0 


*Includes %” felt roofing with or without slag. May also be used for shingle roof. 
**Nominal thickness of wood 
#Table 3-37 is for 40 degrees North latitude. It may also be used for 40 degrees South latitude for March 22 and September 22. 
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TABLE 3-38 
Total Equivalent Temperature Differentials for Roofs for April 20 and August 24# 


Description of Roof Construction* 


1” Wood** Or 
1" Wood + 1” Or 2” Insulation 


2” Concrete Or 

2” Concrete + 1” Or 2” Insulation Or 
2” Wood 

2” Gypsum Or 

2” Gypsum + 1” Insulation 

1” Wood Or 


2" Wood Or + 4 Rock Wool In Furred Ceiling 


4” Concrete With 2” Insulation 


AMEE 

6” Concrete + 2” Insulation 8.0 36.0 16.0 
Roofs Covered With Water-Exposed To Su 

Light Construction Roof With 1” Water o 18.0 oan 20.0 16.0 12.0 4.0 2.0 

Heavy Construction Roof With 1” Water BS . : 16.0 18.0 16.0 12.0 8.0 

Any Roof With 6” Water MA 12.0 12.0 10.0 6.0 2.0 
Roofs With Roof Sprays-Expos 


ae eTersls[s[slelsls. 
Construction 10.0 14.0 16.0 14.0 8.0 


Light Construction 14.0 16.0 14.0 10.0 40 2.0 
Medium Construction 1 14.0 14.0 12.0 8.0 40 


Heavy Construction 10.0 12.0 12.0 10.0 6.0 
*Includes %” felt roofing with or without slag. May also be used for ree roof. 

**Nominal thickness of wood 

# Table 3-38 is for 40 degrees North latitude. It may also be used for 40 degrees South latitude for February 20 and October 23. 


REFERENCE TABLES 391 


TABLE 3-39 
Total Equivalent Temperature Differentials for Roofs for May 21 and July 234 


Sun Time 
Description of Roof Construction* 


1” Wood** Or 
1” Wood + 1” Or 2” Insulation 


2” Concrete Or 

2” Concrete + 1” Or 2” Insulation Or 
2” Wood 

2” Gypsum Or 

2” Gypsum + 1” Insulation 

1” Wood Or 

2” Wood Or 


+ 4 Rock Wool In Furred Ceiling 


4” Concrete Or 

4” Concrete With 2” insulation 

— HMMA EMFE 

6” Concrete + 2” Insulation 8.7 87 23.7 38.5 46.8 48.8 38.0 23.0 16.8 
Pp Roofs Covered With Water-Exposed ToSun sd 


Roofs Covered With Water-Exposed To Sun 


Light Construction Roof With 1” Water 248 20.3 16.2 12.2 40 2.0 
Heavy Construction Roof With 1” Water 12.5 16.5 18.5 16.3 12.2 8.2 
Any Roof With 6” Water : 78 118 11.8 9.8 58 1.8 


Roofs With Roof Spra posed To Sun 


=o ele lele stale 
Heavy Construction 42 


Roofs In Shade 


Light Construction 8.0 14.0 16.0 14.0 10.0 40 2.0 
Medium Construction 4.0 10.0 14.0 14.0 12.0 8.0 40 
Heavy Construction 2.0 6.0 10.0 12.0 12.0 10.0 6.0 


*Includes %” felt roofing with or without slag. May also be used for shingle roof. 
**Nominal thickness of wood 
#Table 3-39 is for 40 degrees North latitude. It may also be used for 40 degrees South latitude for February 20 and October 23. 
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TABLE 3-40 
Total Equivalent Temperature Differentials for Roofs for June 21# 


Description of Roof Construction* 


att (posed To Sun 


pene jss7 | aes | ors | ons | sss | 
1” Wood + 1” Or 2” Insulation 


Medium Construction Roofs-Exposed To Sun 


2” Concrete Or 
2” Concrete + 1” Or 2” Insulation Or 
2” Wood 


2” Gypsum Or 

2” Gypsum + 1” Insulation 

1” Wood Or 

2” Wood Or ce 
2” Concrete Or + 4 Rock Wool In Furred Ceiling 
2” Gyps 


— pos [me se we | [ae fo [ow 
4” Concrete With 2” insulation 

— STiteTS asleiei= 
6” Concrete + 2” Insulation 8.8 24.1 39.2 476 49.6 38.6 17.1 
Light Construction Roof With 1” Water : 4 19.1 oat a 20.4 16.2 12.2 40 2.0 
Heavy Construction Roof With 1” Water : . = : 16.6 18.6 16.4 12.2 8.2 
Any Roof With 6” Water 118 118 9.8 58 18 


Roofs With ae = osed To aa 


sion AE 
Heavy Construction 42 10.4 14.4 16.4 


Light Construction 8.0 14.0 16.0 14.0 10.0 40 2.0 
Medium Construction 40 10.0 14.0 14.0 12.0 8.0 40 
Heavy Construction 2.0 6.0 10.0 12.0 12.0 10.0 6.0 


*Includes %” felt roofing with or without slag. May also be used for shingle roof. 
**Nominal thickness of wood 
#Table 3-40 is for 40 degrees North latitude. It may also be used for 40 degrees South latitude for February 20 and October 23. 
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TABLE 3-41 
Total Equivalent Temperature Differentials for Walls for March 22 and September 22° 


Exterior Color — D = Dark — L = Light 
[eee ee ee om a AO ne fe toe eH 


Om NMW 
N= 
COON O|F WON 
= =" 
An OwO|IOWaBN 
—_ _ 
OAOononaa 


f\ — 
mow w 
— = 
ann 


Ow OWIDO WON 
ON WON O&O 


e 


nN 
SOON WIS 
CON O|f] 


a 
m 


3 3 
9 7 
10 7 
10 6 
10 7 
7 6 
3 3 

2 


we 
AOWAlA 
= 
an ow 
== 
AaANW AIO 
aM WO WIN © O OD 


—_ owt 
NHAaN OIDON 
NWA AATA A 
—_ = 
ou NHPaNNDOM DS 
wo NNM OUD NO W 


— fo 
NIO NM wo 
SION SN 


12” Concrete Or Stone 


wn 


NO 


*Table 3-41 is for March 22 and September 22 both N and S latitude. 
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TABLE 3-42 
Total Equivalent Temperature Differentials for Walls for April 20 and August 24* 


Sun Time 
a | eae eres eee 
| 8 [| mw |] 12 | 2 [| 4 | 6 JT 8 | 0 JT 12 | South 
Exterior Color — D = Dark —L = Light Latitude 
ec ic wg NOE cs Se ee ON eel 


oman 
Ondo ad 


ot 
NAAHOO AAA 


ooo a 
NPA HSIOAAA 


—_ 
Anan 


moO Oo 


mnwmwwme 
DOW OM OOM 


Tile Or 8" 


5 2 5 2 
6 4 6 4 
2 2 2 2 
0 0 0 0 


= 
= 
NS © OW 


2 oS 
own © 
= 
OOD NAON 


HMD ON OOD 


Nh Ow 
LS) 


= 
NAO 


—_ —_ 
a-of 
NHeaonan a ht 
—_ 
aoonh 
LONONOA 
—_ 
Ono 
anon 


= 


_ 
AwmWoamoenoa 
— 


o a) a a 
OM Oh WIND W A © 
Anowo 


3” 


g 


eo OOH OW 


ion 


homo ol oO ON 
NAM AIWAAN 
NAD AIWAAL 


6 6 
12" Concrete Or Stone 


*Table 3-42 is for 40 degrees latitude. It may be used for south latitude for February 20 and October 23. 
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TABLE 3-43 
Total Equivalent Temperature Differentials for Walls for May 21 and July 23* 
Sun Time 
AM. PM. 
10 [| 12 2 4 6 8 10 12 South 


Exterior Color — D = Dark —L = Light Latitude 


ST» A = RT a = 


= 
awed a 


MOO MIM ® OO 


wma 
aAADSAWAMHM NH 
ot 
hoo 
— 


NN ODAIWNDMOA 


Nm CO © 
N 


NOOO 


NW 
Ww 
SW 
81S (Shade 
*Table 3-43 is for 40 degrees North latitude. It may be used for 40 degrees South latitude for January 21 and November 21. 
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TABLE 3-44 
Total Equivalent Temperature Differentials for Walls for June 21* 
Sun Time 
PM. 
Noth | 8 | wo [| 12 | 2 | 4 JT 6 8 | 1 | 12 | South 
Latitude Exterior Color — D = Dark —L = Light Latitude 


mwamOmoa 
OnOD 


NSA ADA AL 
NAA AHP AAAL 


= 

AMO 
oy 

AnOM 


AMO MOD © © © 


Cinder Block 


= 


NPA APAADA 
Nh ODA HAL 


12” Brick 


6 
10 
8 
6 
8 
8 
6 
4 


AnmDonmnno @ 
PaOoeaNnWDO® 


NO C&O Ci © O&O & 
NAM AW HBO DD 
NNDAIWNDOD 
NAO ON NAD 


= 
Wj~w CN © 


_ 
i) 

NMOGN MH OD 

NPOAAA OL 
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TABLE 3-45 
Outside Design Temperatures And Latitudes For Various Cities in The United States 


2%% Summer 
Design 
Temperature 
WB 
Ci (Coincident}| Degrees 
Anniston 94 76 
Birmingham 94 75 
Mobile 93 77 
JAlaska [Juneau =| 78 | = 58 | 88 
Phoenix 107 71 
Tucson 102 66 
[Arkansas —_—| Little Rock Eres 
California 105 69 37 
Los Angeles 89 70 34 
Sacramento 98 70 38 
San Francisco | 77 63 38 
Colorado Loew 40 
38 
[Connecticut _—[ Hartford | 88 | 73 =| 42_—| 
[Delaware | Wilmington | 89 | 74 | 40 | 
District of Columbial Washington | 91 | 74 | 39 | 
Jacksonville 94 77 
Miami 30 77 
Georgia Atlanta 74 
Savannah 77 
[Hawaii | Honolulu —s | 86 | 73, | 42 
Idaho Boise 64 
Pocatello 60 
Chicago 74 
Peoria 74 
Springfield 74 
Evansville 75 38 
Ft. Wayne 72 41 
Indianapolis 74 40 
Des Moines 
Dubuque 
Sioux Cit 


Topeka 
Wichita 
Ashland 
Louisville 
New Orleans 
Shreveport 


Boston 
New Bedford 


Detroit 
Grand Rapids 


Duluth 
Minneapolis 


[Mississippi | Jackson | 


71 
75 
Massachusetts 


= 
= 6] & 
3 2/ 3 
wn 
8 B| < 
o 
wo © wmwiwo 


OSBSINRi2a SNIN NINN INNS 
wW NONi- = HOIPAIWA AWA 


poeanaueleeleeleeees 


76 


2%% Summer 
Design 
Temperature 


North 
Latitude 


Kansas City 74 
Springfield 74 
St. Louis 


Nebraska Lincoln 
Omaha 


[Nevada [Reno 
: [Concord _|_ 87 | 
New Jerse 74 
New Mexico Albuquerque 
Santa Fe 88 
New York Albany 88 
Buffalo 85 
New York 89 


North Carolina Asheville 87 
Greensboro 91 
Cincinnati 90 
Cleveland 90 

Oklahoma City 

Tulsa 


Oklahoma 


“uw NNN NIN NIN NN ~ SWID QS 
-- O81 &1WN IW PA} © Nh °o Aaloain 


: [Portland | 86 | —72,—«|| a2 
Pennsylvania 90 40 
Pittsburgh 88 40 
[Rhode Island | Providence | 86 | 72 | 42 ‘| 
— aH Eees 
Greenville 74 
Rapid Ci | 92 | 65 | 44 | 
ae 
Memphis 76 
= : Hi 
Et Paso 98 64 
Galveston 89 79 
Houston 95 77 
San Antonio 97 73 
[Utah Salt Lake City | 95 | 62 | 41 | 
[Vermont | Burlington | 85 | 70 ~| 44 
Richmond 92 76 
Roanoke 91 72 
Spokane 90 


9 | 73 
Eau Claire 89 73 
Madison 88 73 
Milwaukee 87 73 


58 


*Excerpts from Table 1 - Climatic Conditions for the United States, pages 24.3-24.15 ASHRAE Handbook of Fundamentals. 
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TABLE 3-46 


Approximate Time of Day at which Solar Heat Gains are a Maximum 
For Latitude North of 20 Degrees in Northern Hemisphere Unequal Window Areas in Various Walls 


Windows Face In Following Directions Shades Behind Windows Awnings On Windows 


Windows In | Largest Glass Areas | Smallest Glass Areas ges et | 
4 Walls In These Walls In These Walls Floor Above Roof Above Floor Above Roof Above 


a a 

NE And SW SE and NW 8or4 

[ee [fea [et |: | tee La 
SE And NW SW And NE 8Or4 


80r4 
2 
10 
NE 8 
NE And SW 4 
Windows NE And SW 


In E S And N 
3 E And W N 
Walls E And W B) 
SE SW And NE 
SE And NW NE 
SE And NW SW 4 


S E And W 
SW SE And NW 
Ww S And N 
NW SW And NE 


Shades Behind Windows Awnings On Windows 


Windows 
In 
2 
Walls 


NOTES: 
1. Figures set “10 or 2” mean one of two different things: 
(a) the excess solar heat gain may be a maximum and have approximately equal values at two different hours of the day. 
(b) The excess solar heat gain may have a maximum value at only one of the two hours given, and not at the remaining hour. Which of 
the two interpretations to use can be determined only for a particular problem. 

2. In the above tables for windows in more than one wall, combinations of directions through which the sun cannot possibly shine at one 
time have been omitted. For example, such combinations as north and south, or east and west are not tabulated. For such combinations 
use either direction alone. Thus, if there are windows in both the east and west walls, use the time of day for the one wall having the 
largest window area. Similarly, for rooms having windows in north and south walls, use the time of day for windows in only the south 
wall. 

3. Buildings having large areas of skylights in their roofs will probably have their maximum solar heat gain, at, or near noon. 

4. If roofs are insulated, the better the insulation, the more closely the time of day when the cooling load is a maximum will tend to approach 

the time given in the columns headed “floor above.” 

The above table is for typical proportions of windows, walls and roof and for average wall, window and roof construction. For special 

conditions or unusual installations, a check of the heat gain at times which differ from those given in the tables, is recommended. 


on 
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TABLE 3-47 


Approximate Time of Day at which Solar Heat Gains are a Maximum 
For Latitudes North of 20 Degrees in Northern Hemisphere 


Windows Face In Shades Behind Windows Awnings On Windows 
Following Directions Floor Above Roof Above Floor Above Roof Above 


NE, SW, SE And NW 80r4 8 Or4 
Following Directions Roof Above 
N, E And W 8 Or4 8 Or4 
N, S And W 4 4 
N, S And E 8 8 
NE, SE And NW 8 90r3 8 
NE, SW And NW 4 3 4 
NE, SW And SE 8 8Or3 8 
ee 
SE, NW And SW 4 


Windows Face In Shades Behind Windows 


Windows 


Windows 
In 
3 
Walls 


ie] 
a9 
a 


Windows 


Windows 


Following Directions Floor Above Roof Above Floor Above Roof Above 
N And E 
N And W 
NE And SE 8 
NE And NW 8Or4 
SE And SW 9 Or3 
S And W 
SW And NW 

Windows Face In Shades Behind Windows Awnings On Windows 
Following Directions Floor Above Roof Above Floor Above Roof Above 
8 8 
8 8 
NOTES: 
1. Figures set “10 or 2” may mean one of two different things: 
(a) the excess solar heat gain may be a maximum and have approximately equal values at two different hours of the day. 
(b) The excess solar heat gain may have a maximum value at only one of the two hours given, and not at the remaining hour. Which of 
the two interpretations to use can be determined only for a particular problem. 

2. In the above tables for windows in more than one wall, combinations of directions through which the sun cannot possibly shine at one 
time have been omitted. For example, such combinations as north and south, or east and west are not tabulated. For such combinations 
use either direction alone. Thus, if there are windows in both the east and west walls, use the time of day for the one wall having the 
largest window area. Similarly, for rooms having windows in north and south walls, use the time of day for windows in only the south 
wall. 

3. Buildings having large areas of skylights in their roofs will probably have their maximum solar heat gain, at, or near noon. 

4. If roofs are insulated, the better the insulation, the more closely the time of day when the cooling load is a maximum will tend to approach 
the time given in the columns headed “floor above.” 

5. The above table is for typical proportions of windows, walls and roof and for average wall, window and roof construction. For special 

conditions or unusual installations, a check of the heat gain at times which differ from those given in the tables, is recommended. 
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TABLE 4-1 


Properties of Mixtures of Air and Saturated Water Vapor* 
Table Based on Barometric Pressure of 29.92 Inches. 


Enthalpy Enthalpy 
of Mixture of Mixture 
Enthalpy 5 Enthalpy 
Humidity Ratio - i Humidity Ratio - 
Weight of i i Weight of 
Saturated Vapor Saturated Vapor 
Per Pound of Dry Ai . | Per Pound of Dry Air 


0.000787 
.000874 
.000969 
.001074 
.001189 
001315 
001454 
.001606 
001772 
.001953 
002152 
.002369 
.002606 
.002865 
.003147 


004275 
004450 
004631 
004818 
.005012 
005213 
005421 
.005638 
.005860 
.006091 


*©1965 American Society of Heating, Refrigerating and Air- 
Conditioning Engineers, Inc. Reprinted by permission from 
ASHRAE Guide and Data Book. 
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TABLE 6-1 
Properties of Saturated Refrigerant — R-12 
0.17343 


94.661 
94.469 
: 94.275 ; 0.17313 
6.675* 93.886 VN 72.106 73.795 0.17257 
; . 0.32696 71.903 74.015 0.17229 
0.34231 


Entropy 
Btu/{Lb)(°R) 


og 


0.17373 


e8 
g 


B 
g 


71.698 74.234 0.17203 
2: 71.494 74,454 0.17177 
sero | 7108 
i 74.891 0.17126 
0.571 ? ; : 0.17102 
1.300 0.17078 
2.057 92.298 | : 0.17055 
75.979 0.17010 
91.689 | 0.50693 0.16989 
0.52843 


2s S 
Beale & 


. 


NOD 
NO w 
383 
—_ 
top] 


68.750 
68.533 
68.314 77.638 


68.094 77.911 0.16833 
67.873 78.123 0.16815 
16798 


11.554 . 
. 0.84544 989 78.966 
88.746 0.87729 5 66.750 79.176 
21.040 88.529 0.91006 12.863 66.522 79 
22.439 88.310 0.94377 : 66.293 
88.091 0.97843 ; 66.061 
1.0141 
1.0507 
1.0884 


0.75523 
0.78443 


—_ —_ 

NO = 

S 

fo>) 
a Nw 
eee 
~~ 
a8 


Ss 
ao 
N 
oe 


81.031 


40 51.667 

42 53.513 

55.407 

57.352 42.656 85.604 
59.347 44.651 85.371 
61.394 46.698 . 


63.494 48.798 
65.646 50.950 


beh 


68 


*Inches of Mercury below one atmosphere. 
Reprinted with permission from E.I. Du Pont De Nemours & Co. (Inc.) “Freon” Products Division. 
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TABLE 6-1 (Continued) 
Properties of Saturated Refrigerant — R-12 


$ Entropy 
Density Lb/Cu. Ft. Enthalpy BTU/Lb. Btu/Lb}(°R) 


70.192 82.717 2.0913 
72.863 82.467 2.1559 
75.596 82.215 2.2222 
.087 78.391 2.2901 25.435 
5.946 81.250 81.707 2.3597 
870 84.174 81.450 2.4310 58.917 


87.16 81.192 2.5041 58.631 
90.22 80.932 2.5789 


uf 

z¢ 

a 
Ff 

5 

c 

a 


Sf 
a8 


99.78 
103.12 79.874 
106.52 79.605 
128.24 113.54 79.061 3.1566 
100 131.86 78.785 3.2474 31.100 


102 135.56 . 78.508 3.3404 31.583 
104 3.4357 32.067 


108 

136.41 . 
140.49 53.978 
144.66 . . 53.639 


ga 


186.10 171.40 74.991 . 
190.86 176.16 74.680 . 


ols & &|§ 
eed 

Ria 2\a 
£3 2 O/8 


BS 


0.16120 
71.035 6.4252 43.850 . . 0.16110 


*Inches of Mercury below one atmosphere. 
Reprinted with permission from E.I. Du Pont De Nemours & Co. (Inc.) “Freon” Products Division. 
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TABLE 6-2 


Superheated Vapor — Constant Pressure Tables at Pressure Intervals — R-12 
V =volumein cuftfb; H = enthalpy in Btu/lb; S = entropy in Btu/(Ib)(°R) (saturation properties in parentheses) 


Absolute Pressure Ib/sq in. 


35.304 PSIG : 43.304 PSIG 51.304 PSIG 
(46.66 F) . 


0.17271 
0.17569 | 0. . . ; i f A 0.17129 
0.17862 | 0: A . ; f J E . 0.17430 
0.18151 } . : 89. : E : 0.17725 
0.18146 | 0. ; 5 0.69017 
0.18428 | 0. f : 0.70661 
0.18707 | 0. i ; 0.72281 
0.18980 | 0. . 0.73881 
0.19250 . 0.75462 
0.19791 | 0. . . 0.19517 z 0.19392 | 0.77026 
0.20051 | 0. ; : . 0.19779 | 0: : 0.19655 | 0.78575 | 99.988 
0.20309 | 0. : } : 0.20039 } 0: . 0.19915 | 0.80111 | 101.620 
0.20563 | 1! . . 0.20295 | 0: . 0.20172 | 0.81634 | 103.256 
0.20815 | 1) . 0.20548 | 0: . 0.20426 | 0.83146 | 104.897 
0.21064 | 1. } 106.752 | 0. : : 0.20677 
0.21310 | 1! . 0.21173 | 0: 108.395 | 0. . 0.20925 
110.235 | 0.21563 | 1. . 0.21417 | 1. 110.045 | 0. . } 0.21170 
0.21794 | 1. 111.792 | 0.21658 | 1. 111.701 : : 0.21412 


eS ee ee 
55.304 PSIG 59.304 PSIG 63.304 PSIG 67.304 PSIG 71.304 PSIG 
me 78 F) (70.84 F) 


ae 


af 6556 
0.16869 
0.17175 
0.17475 
0.17788 
0.18056 
0.18339 
0.18617 0.18403 0.55334 
0.18891 0.18679 0.56616 
0.19161 | 0. . . . A ; . . . 0.57879 
0.19427 | 0. . 0.19321 0.59125 
0.19689 | 0. . 0.19584 0.60357 
103.141 | 0.19948 | 0. . 0.19843 0.61575 
104.788 | 0.20203 | 0. . 0.20099 0.62781 
0.20455 | 0.75042 0.63976 
0.20704 | 0.76392 0.65161 
0.20951 | 0.77732 0.66338 
0.83798 0.21194 | 0.79065 0.67506 
0.85191 0.21435 | 0.80391 0.68666 


250 [onesra] 1795] 0z1673|oer70] 


0.51311 
0.52774 
0.54203 
0.55802 
0.56975 
0.58324 


0.49967 
0.51352 
0.52705 
0.54031 


0.17731 
0.18019 
0.18302 


0.18121 


102.793 
104.455 


0.79571 
0.80988 
0.82397 


0.72265 
0.73545 
0.74818 
0.76083 


0.20571 
0.20817 
0.21060 


113.007 


114.515 
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TABLE 6-2 (Continued) 
Superheated Vapor — Constant Pressure Tables at Pressure Intervals - R-12 
V =volumein cuft/lb; H = enthalpy in Btu/lb; S = entropy in Btu/(Ib)(°R) (saturation properties in parentheses) 


Absolute Pressure {b/sq in. 


(73:39 F) (76.64 F) (79.41 F (80.76 F) (84.05 F) 
Temp. So areata asa esa rearal ea oo ea oa TE 
oasraq] x71 |esear]| saan 4976) | 016406 041499) (52 | 018300 040670 (5:36 0. 1eu 0.8745} 40 H0.16370 


0.16685 | 0.39498 
0.16996 | 0.40725 
0.17300 | 0.41917 
0.17597 
0.17888 
0.18172 
0.18579 . . : . ‘ 0.18350 
0.18852 | 0. . I . . ; 0.18626 
0.19120 | 0. . 0.51212 i : . . 0.18898 
0.19384 0.52291 | 102.257 | 0. . 5 0.19165 
0.19644 } 0: . . | 103.944 | 0. . 0.19427 
0.19984 | 0. 105.797 | 0. . 688 | 105.633 | 0. . 105.495 
0.20237 | 0. 107.480 | 0. . p ! 107.324 | 0. i 107.192 
0.20486 | 0. 109.168 . . . 109.018 | 0. I 108.892 
0.20733 | 0: 110.858 . . . 110.714 | 0. 110.594 
0.20976 | 0: 112.553 . . . 112.415 | 0. . 112.299 
0.21217 | 0: . 0.21136 | 0. . . . . . 114.008 | 0.20930 
0.21455 | 0: . 0.21375 | 0: 1 . . . . 115.720 | 0.21170 
0.21890 f 0.21611 | 0: : 0.81553 : . : 0.28407 


Absolute Pressure |b/sq in. 


95.30 PSIG 105.30 PSIG 
(87.23 F) (93.29 F) 
Temp. Se 
oF oaeuea 6.0 [016969 038571 200 0.16952 0236] (8 4580. 124n 0.54 


0.17581 
0.17872 


0.18436 

0.18711 

0.18980 

0.19245 

0.19506 

0.19764 

0.20017 

0.20287 
0.20514 | 0. : . . : : . : 0.20277 
0.20643 | 0. . 0.20758 | 0. 113.670 | 0. . ; ; . ; 0.20522 
0.21083 | 0. . 0.20999 | 0. 115.396 | 0. . . E 0.45779 ; 0.20765 
0.21320) 0. ‘ 0.21237 | 0.50739 | 117.125 | 0. . . 0.21079 | 0.48577 : 0.21005 
0.21555 | 0. . 0.21472 | 0.51587 | 118.857 | 0. . : 0.21316 | 0.47369 . 0.21242 
120.787 | 0.21787 | 0. i 0.21705 } 0.52429 | 120.593 | 0. 0.50207 . 0.21549 | 0.46156 . 0.21476 
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TABLE 6-2 (Continued) 
Superheated Vapor — Constant Pressure Tables at Pressure Intervals — R-12 
V =volumein cuft/lb; H = enthalpy in Btu/b; S = entropy in Btw/(Ib)(°R) (saturation properties in parentheses) 


0.16629 
0.16947 
0.17256 


97.665 
99.419 


101.165 
102.907 
103.907 
105.680 
107.450 
109.216 
111.470 . 0.37761 ; 110.980 
113.212 . . E i 112.743 | 0.20110 
114.956 . 0.39203 . 114.506 | 0.20357 
. 116.701 . . 0.39913 . . ; 116.269 | 0.20600 
118.552 | 0.21170 | 0. 118.449 . . 0.40617 . . . 118.033 | 0.20840 
120.298 | 0.21404 120.199 0.41315 119.799 | 0.21077 


Foa7ors| tno | 2638 | oaszes [1136s | 07157 Toaseet [12.957 | 07s [oaaons [11 76r| 07a | oxo | 21387 [02131 


Absolute Pressure lb/sq in. 


1 |. »_—__|—___»___| _0 _| 


155.30 PSIG 165.0 PSIG 175.30 PSIG 
css (123.38 F) 

ig PH ss 

°F wasn es 


0.27921 
0.28671 
0.29403 


0.17181 
0.17489 


0.18311 
0.18588 
0.18860 
0.19126 
0.19387 
0.19644 
0.19896 
0.20145 


0.30821 | 105.391 105.098 | 0.18828 
0.31510] 107.175 106.896 | 0.19095 
0.32189 | 108.954 108.689 | 0.19357 
0.32857 | 110.731 110.478 | 0.19614 
112.505 112.263 | 0.19868 
114.277 114.046 | 0.20117 
118.050 115.828 | 0.20363 
117.823 117.610 | 0.20605 0.29623 | 117.178 | 0.20390 

0.38078 | 119.596 119,392 | 0.20845 0.30180 | 118.977 | 0.20632 
aes 121.371 121.174 ores 120.976 | 0.20973 0.30730 | 120.775 | 0.20870 0.27648 

0.37324 | 123.148 | 0.21428 122,958 | 0.21314 | 0.33080 | 122.767 | 0.21207 | 0.31275 | 122.574| 0.21105 | 0.28185 | 122.183 | 0.20912 


Reprinted with permission from E. I. Du Pont De Nemours & Co. (Inc.) “Freon” Products Division 


0.27911 
0.28489 
0.29060 


111.771 
113.576 
115.378 
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TABLE 6-3 


Refrigerating Effect of R-12 
(Based on Saturated Vapor Leaving the Evaporator) 
Btu Per Pound 


SSSIFRSSSRSESSSERSS 
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TABLE 6-3 (Continued) 
Refrigerating Effect of R-12 
(Based on Saturated Vapor Leaving the Evaporator) 
Btu Per Pound 


Temperature Of Liquid R-12 Ahead Of Expa 


47.118 
47.314 
47.509 
47.703 
47.897 
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TABLE 6-3 (Continued) 
Refrigerating Effect of R-12 
(Based on Saturated Vapor Leaving the Evaporator) 
Btu Per Pound 


Temperature Of Liquid R-12 Ahead Of Expansion Valve 


30 
32 
34 
36 
38 
40 
42 
44 


ZBSSlR SES 
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TABLE 6-4 
Enthalpy Difference for Constant Entropy R-12 
(Based on Saturated Vapor Entering the Compressor} 
Btu Per Pound 


28 
30 
32 
34 
36 
38 
40 
42 
44 
4% 
48 
50 
§2 
54 
56 
58 
60 
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TABLE 6-4 (Continued) 
Enthalpy Difference for Constant Entropy R-12 
(Based on Saturated Vapor Entering the Compressor) 


Btu Per Pound 
Condensing Temperature 
Temp. a 


19.643 


pee + 25-2 
BIG aoaalwpor blh oon 


—- = 
aah 


pengapansheuseeuanecal 
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TABLE 6-4 (Continued) 
Enthalpy Difference for Constant Entropy R-12 
(Based on Saturated Vapor Entering the Compressor} 


Btu Per Pound 
Evap. Condensing Temperature 
Temp {| 1390 «| tz tats Stas | St C*d 
-20 


8.323 8.511 8.700 8.891 9.075 9.260 9.443 9.627 
8.068 8.255 8.444 8.635 8.819 9.004 9.187 9.370 
7.815 8.000 8.190 8.381 8.565 8.750 8.932 9.115 


SSALRSSSRESS SLRS Bly 


7.561 7.746 7.935 8.126 8.309 8.495 8.676 8.859 
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TABLE 6-5 
Properties of Saturated Refrigerant — R-22 


; Entropy 


ye ee el a 
oF Nt IN, hy , , : oF 
-60 8.8180 11.9677* 89.986 0.18233 -4.987 . 98.014 0.24556 -60 
-58 9.3388 10.9074* 89.791 0.19235 4.495 . 98.241 0.24484 -58 
-56 9.8839 9.7975* 89.595 0.20279 -4.001 : 98.468 0.24414 -56 


10.454 8.636* 89.399 0.21368 -3.506 102.200 98.694 0.24345 
11.051 7.422* 89.202 0.22502 -3. 101.923 98.920 0.24276 


89.004 0.23683 101.656 
88.806 0.24913 A 101.381 
88.607 0.26192 i 101.103 
88.407 0.27523 A 100.823 
88.207 0.28905 . 100.541 


100.257 0.23888 
99.971 0.23827 
0.23767 


bsfeudesantes 


psleedesances 


0.526 88.006 0.30342 
1.328 87.805 0.31835 
2.163 87.602 0.33384 . 

18.633 3.937 87.195 0.36660 99.097 101.132 0.23649 
19.573 4877 86.991 0.38389 98.801 : i 

20.549 5.853 86.785 0.40182 98.503 

21.564 6.868 86.579 0.42040 3.576 98.202 


22.617 7921 86.372 0.43964 4.093 97.899 
23.711 9.015 86.165 0.45956 4611 97.593 


| aes! ae 
bse 


-20 10.149 5.131 97.285 102.415 -20 
11.324 5.652 96.974 102.626 0.23262 -18 
: 12. . 6.175 102.835 0.23210 -16 

29.809 15.113 85.114 


0.22817 
0.22771 
0.22725 
105.056 0.22680 
105.250 0.22636 


0.72872 
0.75822 


105.442 
105.633 
105.823 ; 
footie spade | ota! 
106.198 0.22421 
106.566 0.22338 
106.748 0.22297 
fa ee oe 
aad 107.107 0.22217 
; 0.22178 
0.22139 
1.3715 19.729 87.903 
36 79.733 1.4199 20.292 87.512 107.804 0.22062 
38 79.495 1.4697 20.856 87.118 107.974 0.22024 38 


*Inches of Mercury below one atmosphere. 
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TABLE 6-5 (Continued) 
Properties of Saturated Refrigerant — R-22 


Density Lb/Cu. Ft. Enthalpy BTU/Lb. pan oneRs 
Liquid Vapor Liquid Latent Vapor Vapor 
1, We hy é 


68.510 79.255 1.5208 21.422 86.720 108.142 0.21986 
71.457 . 1.5734 21.989 86.319 108.308 0.21949 
74481 . 1.6274 22.558 85.914 108.472 0.21912 


77.584 78.526 1.6829 23.129 85.506 108.634 | 0.21876 

sor ero | ates 
1.7984 84.678 108.953 ; 

84.258 108.109 


83.407 109.415 0.21697 
82.975 109.564 0.21662 
81.208 110.140 0.21524 
80.755 110.278 0.21490 


87.38 77.784 
90.81 77.534 


94.32 77.282 
97.93 77.028 
773 

127.92 113.22 75.996 
131.97 117.28 75.733 


oa 
g Bales alta 
= 
g @ ale 8 8/43 


68 ; 

70 136.12 75.469 80.298 110.414 70 
140.37 75.202 79.836 110.547 72 

74 144.71 74934 . : 79.370 110.677 . 74 

76 149.15 134.45 74.664 2.7174 78.899 110.805 76 

80 158.33 143.63 74.116 ; 77.943 111.052 

82 163.07 148.37 73.839 77.457 111.171 0.21255 

84 167.92 153.22 73.560 76.966 111.288 0.21222 


86 172.87 158.17 73.278 
88 177.93 163.23 72.994 
90 . 708 


183.09 168.40 111.619 
92 188.37 173.67 111.723 
94 193.76 179.06 , 111.824 
96 199.26 184.56 71.833 
758 - 
100 210.60 195.91 71.236 . 100 
102 216.45 201.76 70.933 112.192 0.20923 102 


104 222.42 207.72 70.626 4.1247 ; 112.274 0.20889 104 
106 228.50 213.81 70.317 4.2465 41.166 112.353 0.20855 106 
jis sea Aisa | s mies | craze | asa 
110 241.04 226.35 69.689 y 70.052 112.498 0.20787 110 
112 247.50 69.363 69.473 112.564 0.20753 112 
114 254.08 239.38 69.046 68.886 112.626 0.20718 114 


116 260.79 246.10 68.713 68.291 112.682 0.20684 
118 267.63 252.94 68.388 67.688 112.735 0.2 


65.186 112.891 0.20505 
64.537 112.917 0.20468 


28 


120 274.60 054 
122 281.71 67.714 
124 288.95 


126 296.33 281.63 
128 303.84 289.14 


130 296.80 66.312 6.0022 49.059 63.877 112.936 0.20431 130 
132 304.60 65.949 6.1777 49.743 0.20393 132 
134 312.54 65.581 6.3585 50.432 62.523 112.955 0.20354 134 
136 ca 320.63 6.5450 51.125 61.829 112.954 0.20315 

138 328.86 64.826 6.7374 51.824 61.123 arse 
140 351.94 337.25 64.440 52.528 60.403 112.931 0.20235 140 
142 360.48 345.79 64.047 53.238 59.670 112.908 0.20194 142 
144 369.17 354.48 63.647 53.955 58.922 112.877 0.20152 144 
146 378.02 363.32 63.240 7.5719 54.677 58.159 112.836 0.20109 146 
148 387.03 372.33 62.825 7.7985 55.406 57.380 112.787 0.20065 148 
150 396.19 381.50 62.402 8.0331 56.143 56.585 112.728 0.20020 150 


Reprinted with permission from E.I. Du Pont De Nemours & Co. (Inc.) “Freon” Products Division. 
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TABLE 6-6 


Superheated Vapor — Constant Pressure Tables at Pressure Intervais — R-22 
V = volume in cuft/b; H = enthalpy in Btub; S = entropy in Btu/(lb)(°R) (saturation properties in parentheses) 


ee ieee Pees eee eee ee 
ners we 17.48 (22.03 26.23 coisa 
at al tata teat a aa ta ent amtoat nares 
"| en | el as i za aT 107.312 a 


oe = oo 
0.22612 | 0.84440 | 107.583 | 0.22380 
0.22950 109.277 | 0.22722 | 0.79981 | 108.972 | 0.22507 


1.1269 ‘ane 0.23125 | 1.0157 

1.1564 | 110.163 | 0.23455 | 1.0432 
110.968 | 0.23057 | 0.82224 | 110.682 | 0.22846 
112.659 | 0.23386 | 0.84428 | 112.391 | 0.23178 


0.23780 | 1.0702 
0.24099 | 1.0968 | 113.185 
0.24413 | 1.1232 | 114.847 
0.24722 | 1.1493 | 118.514 116.045 | 0.24025 | 0.68736 
0.25027 | 1.1751 | 116.187 117.744 | 0.24337 | 0.90846 
120.075 | 0.25328 | 1.2007 . . : I A 119.447 | 0.24644 | 0.92932 
121.752 | 0.25625 | 1.2260 ‘ . . X 121.156 | 0.24947 | 0.94995 
123.438 | 0.25918 | 1.2512 0.25245 | 0.97038 
125.133 | 0.26208 | 1.2762 124.593 | 0.25540 | 0.99063 


115.807 | 0.23823 
117.519 | 0.24137 
119.234 | 0.24446 
120.953 | 0.24751 
122.679 | 0.25051 
124.410 | 0.25347 


ee 


110 
120 
130 


140 | 1. 126.838 | 0.26495 | 1.3011 ; } : ; ! 126.322 | 0.25831 | 1.0107 | 126.148 | 0.25639 
150 | 1.4635 | 126.552 | 0.26778 | 1.3258 0.26540 128.225 | 0.26321 128.080 | 0.28118 | 1.0306 | 127.893 | 0.25928 


160 | 1.4903 | 130.276 | 0.27059 | 1.3504 . 0.26822 129.963 | 0.26604 
ed 1.5170 | 132.010 | 0.27337 | 1.3749 0.27101 Es oe 0.26884 131.560 | 0.26883 | 1.0701 | 131.408 | 0.26495 
1.5436 | 133.755 | 0.27611 | 1.3992 0.27377 0.27161 133.323 | 0.26961 | 1.0896 | 133.178 | 0.26774 
os 135.510 | 0.27884 | 1.4235 0.27650 ope 0.27435 135.096 | 0.27236 | 1.1091 | 134.957 | 0.27050 


137.276 ~~ 1aa76 | 137.144 veo 137.012 | 0.27706 12186 ede eae 1.1284 ieee 0.27323 
pe 139.053 | 0.28421 | 1.4717. | 138.926 | 0.28188 138.799 | 0.27975 | 1.2391 | 138.571 | 0.27778 | 1.1477 0.27594 


129.605 | 0.26402 | 1.0504 | 129.647 | 0.26213 


65.304 PSIG 
(37.76 F) 


Temp| vi | H | s | v [| w | s | 
oF |(0.72740)|(107.644)|(0.22098)| (0.68318)|(107.954)| (0.22029) 
[ao | 0740 sonaee|a2zars|ossre2| sseyfozawor| |__| —_{ — | — | — | = 
0.70622 | 110.098 | 0.22454 
0.78241 | 112. b 0.72820 | 111.843 | 0.22793 | 0. : : : 992 | 0.22277 
0.80298 | 113. : 0.74780 | 113.584 | 0.23125 | 0. 322 | 0. ; ; ; 787 | 0.22819 
0.82323 | 115. 0.76708 | 115.323 | 0.23450 | 0. ; : ; : : ; .575 | 0.22953 
0.84320 | 117. 0.78605 | 117.061 | 0.23770 | 0. ‘ : i : : i 357 | 0.23281 
0.86291 | 119. ; 0.80477 | 118.801 | 0. : 582 | 0.23915 | 0.70777 | 118. : ; 118.137 
0.88239 | 120. ; 0.62325 | 120.544 | 0. ; 336 | 0.24226 | 0.72459 | 120. : ; 119.915 
0.90167 | 122. . 0.84152 | 122.290 | 0. : 093 | 0.24532 | 0.74120 | 121. k ; 121.694 
0.92076 | 124. . 0.85960 | 124.040 | 0. : .853 | 0.24833 | 0.75780 | 123. : ; 123.475 
0.93968 | 125. ; 0.87751 | 125.796 | 0. ; 618 | 0.25130 | 0.77383 | 125. : ; 125,259 
127.726 | 0. ; 127.558 | 0.25582 | 0. ; : : 218 | 0.25271 | 0. 127.047 
129.487 | 0. 129.326 | 0.25869 | 0. : ; 002 | 0.25561 | 0.76071 | 128.839 
131.255 | 0. 131.102 | 0.26154 | 0. 948 | 0. 793 | 0.25848 | 0.77578 | 130.637 
133.032 | 0. t 132.885 | 0.28435 | 0. 738 | 0. ; 589 | 0.26131 | 0.79073 | 132.440 
134.817 | 0. : 134.677 | 0.26712 | 0. 535 | 0. ; 393 | 0.26411 | 0. 134.251 
136.611 | 0. : 136.476 | 0.26987 | 0. ; ' f .205 | 0.26687 | 0.82029 | 136.068 
138.414 | 0. ; 138.284 | 0.27259 | 0. : ; ; .024 | 0.26961 | 0. 137.893 
140.226 | 0. : 140.101 | 0.27529 | 0. : : 139.851 | 0.27232 | 0. 139.725 
142.047 | 0. : 141.928 | 0.27795 | 0. 3 ; 141.887 | 0.27500 | 0. 141.566 
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TABLE 6-6 (Continued) 


Superheated Vapor — Constant Pressure Tables at Pressure Intervals — R-22 
V = volume in cu ft/lb; H = enthalpy in Btu/lb; S = entropy in Btu/(Ib)(°R) (saturation properties in parentheses) 


Absolute Pressure tb/sq in. 


140 


105.304 PSIG 115.304 PSIG 125.304 PSIG 
198 (67.03 F) (71.83 F) 
tana anal 

(0.54906) sor nr ce a era ea Osa axa 00 535} (0. 


110.101 | 0.21812 
111.956 | 0.22165} 0. k 110.787 
0.22801 | 0: 113.798 | 0.22510} 0. ; 112.711 | 0: . : 0.21725 
116.117 | 0.23131 | 0: 115.628 | 0. . . . . ; . . 0.22082 
117.911 
119.702 | 0.23771 
121.492 | 0.24083 I 
123.264 | 0.24389} 0. : . . i : : 122.102 
125.077 | 0.24691 0: . : : F I 123.958 
0.24988 
0.72011 0.25281 
0.73454 . 0.25570 
0.74885 : 0.25855 
0.76304 . 0.26137 
0.77712] 135.931] 0. : 135.654] 0. I . I 0.25721 
0.79111 | 137.761} 0. i 137.496 | 0. J 
0.80510] 139.599] 0. . 139.345 0. I . . J ; 0.28279 
0.81883 | 141.445 141.201] 0. . . . . 0.28553 
a 143.299 143.064 i 


Absolute Pressure Ib/sq in. 


145.304 PSIG 155.304 PSIG 165.304 PSIG 175.304 PSIG 
(80.71 F) (84.85 F) (88.81 F) (92. at F} 


aatvataitatar al Lv {| #7 s [iv 
(0.32175) aaa i an. 7 


0.21188 
0.21586 
0.21930 
0.22282 
0.22624 
0.22957 
0.23282 
0.23600 
0.23912 
0.24217 
0.24518 
0.24813 
0.25103 
0.25390 
0.25672 
0.25951 


111.556 
113.544 
115.504 
117.444 
119.366 
121.279 
123.181 
125.077 
126.966 
128.856 
130.744 
132.631 
134.520 
136.411 
138.305 
140.204 
142.107 


0.35387 
0.36568 
0.37710 
0.38820 
0.39901 


112.984 
114986 
116.961 
118.917 
120.856 
122.783 
124.701 
126.612 
128.519 
130.423 
132.326 


0.21384 
0.21738 
0.22094 
0.22442 
0.22780 
0.23110 
0.23431 
0.23746 
0.24055 
0.24358 
0.24655 
0.24948 
0.25236 
0.25520 
0.25800 


0.29471 
0.30531 
0.31550 
0.32534 
0.33489 
0.34419 
0.35326 
0.36214 
0.37085 
0.37941 
0.38782 
0.39612 
0.40430 
0.41238 
0.42037 
0.42827 
0.43610 
0.44366 


0.36121 
0.37164 
0.38182 


0.37607 
0.38527 
0.39430 
0.40319 


0.25329 
0.25614 
0.25895 
0.26172 
0.26446 
0.28717 
0.26984 
0.27249 


133.338 
135.284 
137.228 
139.173 
141.119 


0.55224 
0.56176 
0.57122 
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TABLE 6-6 (Continued) 
Superheated Vapor — Constant Pressure Tables at Pressure Intervals — R-22 
V = volume in cu ft/fb; H = enthalpy in Btu/lb; S = entropy in Btu/(lb}(°R) (saturation properties in parentheses) 


185.304 PSIG 205.304 PSIG 245.304 PSIG 265.304 PSIG 
(96.27 F) (103.19 F) . (115.76 F) (121.52 F) 


i datninlatataia a ohana 
(0.27150)] (11 1.934)] (0.21018)] (0.24530) (112.241) 


114.900 | 0.21545 | 0.25221 | 113.773 
117.004 | 0.21911 | 0.26191 | 115.970 
119.073 | 0.22265 | 0.27119 | 118.118 | 0. 117.113 i . . 114.912 
121.114 | 0.22608 | 0.28010 | 120.227 | 0. . 119.289 117,294 
123.133 0.28871 : . ‘ 0.22314 ! 0.22016 119.600 | 0.21726 
125.134 | 0. 0.29706 : 5. 0.22657 122.719 | 0.22370 121.848 | 0.22092 
127.122 | 0. 0.30519 . . x 0.22991 | 0. 124.859 | 0.22713 124.051 | 0.22445 
129.100 0.31313 . . f 0.23316 126.972 | 0.23046 126.217 | 0.22786 
131.070 0.32089 . . 0.23633 129.062 | 0.23370 128.354 | 0.23118 
0.24215 : 131.134 
0.24515 ; 133.193 
0.24809 | 0. . 135.240 
0.25099 : 137.278 
0.25384 | 0. 139.310 
. 0.25934 | 0.36478 } 0.25665 ; 0.25178 0.24954 
0.41251 0.28209 | 0.37175 0.25942 | 0. 0.25461 0.25241 
0.41995 0.26480 | 0.37885 . 0.26216 | 0. . 0.25740 0.25523 
0.42733 : 0.26747 | 0.38548 . 0.26486 | 0. 0.26015 0.25801 


0.43485 ; 0.27012 | 0.38225 . 0.26753 0.26287 0. ae 


Absolute Pressure Ib/sq in. 
eee ees VR es 375 
285.304 PSIG 310.304 PSIG 335.304 PSIG 360.304 PSIG 
(126.98 F) {133.44 F) (145.32 F) 
lees (a OE a De a a ee ee 
(07400 112,904 0.20487 0.15884] 112.954 0.20965} 0.14814) (12.935) (0.20244)|(0.13339)] 112.851) 


4 
0.17870| 113.888 | 0.20820 ctl eaa|_— | 
0.18520 | 116.199 | 0.21042 | 0.16419 | 114.716 | 0.20661 113.068 | 0.20268 


0.17221 a 0.20725 
0.17967 j . . 0.21149 . F 115.516 
0.18871 . . i . 0.21548 E : 118.347 
0.19341 . 0.22228 | 0. 5. 0.21927 : . 121.014 
0.19982 . 0.22579 | 0. . 0.22291 F ; 123.562 
0.17111 | 127.024 
0.17679 | 129.341 
0.18228 | 131.818 
0.18754 | 133.858 
0.19267 | 136.071 
0.24741 | 0. 139.639 | 0. i . 0.24245 | 0.19767 i R 137.549 
0.25031 | 0. 141.742 | 0. ; ; 0.24544 | 0.20254 E ; 139.781 
0.25316 | 0. 143.837 | 0. . 0.24838 | 0.20731 : k 141.953 
0.25597 | 0. 145.926 | 0. . . 0.25126 | 0.21198 : . 144.131 
0.25873 | 0. 148.010 | 0. . E 0.25409 | 0.21657 . i 148.296 
150.621 | 0. 0.28001 , 0.25911 | 0. : 0.22108 | 149.006 | 0.25476 | 0.20524 | 148.451 
152.879 | 0. 0.26492 , 0.26183 | 0. i 0.22553 | 151.130 | 0.25754 | 0.20950 | 150.599 
154.738 | 0. 0.26978 : 0.28451 | 0. 0.22991 | 153.250 | 0.26027 | 0.21369 | 152.741 | 0.25831 
Reprinted with permission from E. I. Du Pont De Nemours & Co. (Inc.) “Freon” Products Division. 
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TABLE 6-7 
Refrigerating Effect of R-22 


(Based on Saturated Vapor Leaving the Evaporator) 
Btu Per Pound 


oo ae oe me Tam fae ff on | ae fw fv | ea | ae [08 ee Pe | 
66.257 | 65.640 | 65.021 | 64399 | 63.774 
66.467] 65.850] 65.231 | 64.609| 63.984 
66.676 | 66.059 | 65.440| 64.818 
66.267 | 65.648 | 65.026 


66.474 | 65.844 
paper 66.061 

66.884 | 66.265 
67.088 | 66.468 


-12 
-10 
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4 
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6 
8 
10 
12 
14 
16 
18 
28 
30 
32 
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42 
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46 
48 
50 


SSEER 


76.603 | 75.997 | 75.390| 74. i 070| 70.443 | 69.813] 69.181 
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TABLE 6-7 (Continued) 
Refrigerating Effect of R-22 
(Based on Saturated Vapor Leaving the Evaporator) 
Btu Per Pound 


Temperature Of Liquid R-22 Ahead Of Expansion Valve 
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TABLE 6-8 


Enthalpy Difference for Constant Entropy R-22 
(Based on Saturated Vapor Entering the Compressor) 
Btu Per Pound 


420 
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TABLE 6-8 (Continued) 
Enthalpy Difference for Constant Entropy R-22 


(Based on Saturated Vapor Entering the Compressor) 
Btu Per Pound 
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TABLE 6-9 
Tonnage Capacities of Lines Delivering Liquid Refrigerant-12 from Receiver to Evaporator 


Based on 40 F suction and 105 F condensing. 
For other conditions apply correction factor from Table 6-13 to design tons before entering this table. 


187 me 
1a 231 
ee eel ee 


739 
1? 
26 
34 
5.0 
63 
15 
22 


oo "Bl 2 = 


aaa ed 
196 278 


Note: Bold face figures are tonnage carrying capacities at maximum secured total pressure drops. Shaded areas are for general 
information only. 
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TABLE 6-10 


Tonnage Capacities of Suction Lines Delivering Refrigerant-12 Vapor from Evaporator to Compressor 
Based on 40 F suction and 105 F condensing. 
For other conditions apply correction factor from Table 6-14 to design tons before entering this table. 
Copper Tubs Size — OD — Type L 


R 


10.7 
15.5 


| 427 | 655 | oo} ie2 


Sax ~ ¢ a ee 


10.7 
14.1 


| os [oe] 
03 06 
04 08 
08 12 
07 14 
o2 | os 
0.4 07 aA 
05 10 
07 12 # 4 

0s 80. 1 

03 06 1050 
05 09 4 a 
06 11 


& 
; 


~ 
io 
ND 


s¥ 

ts ae ha & ie 

115 VW 
12.2 22.0 34 209 

394 fae] ros fa |e ages 
240 37 605 96.5 
349 49.1 88.0 142.0 
466 64.5 116.0 186.0 

93.0 : 


4 
coco} 
Now ¢ 


3 
04 10.9 
03 05 167.0 Bi. 
u : : : 0 TR Eee 1 ee es 
ee 9.2 4 30.4 55.0 


175 


[=] 


Po] ff ff ee fee eee . 
ee : 


° 
w& 


: 


23 | 
350 30 
ry) 
55 
a ed 
7 HH 
20 
450 27 
500 


Note: Figures in Bold face type are maximum recommended tonnages at pressure drops calculated tominimize suction line temperature 
penalty. Shaded areas are for general information only. 
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TABLE 6-11 


Tonnage Capacities of Discharge Lines Delivering Hot Refrigerant-12 Vapor from Compressor to Condenser 
Based on 40 F suction and 105 F condensing. 

For other conditions apply correction factor from Table 6-15 to design tons before entering this table. 
Type L Copper Tubing — OD 


g 
7 = 


ares 


MOWNH|(H WH HIN aWHH[NMAWN HTN AWNh AHI awn 


es 
128 
184 
ie te 
whe 


ay 


11.6 
143 
61 10.4 16.7 
68 11.6 18.7 
: 
8 66 10: 215 
47 81 13.0 26.8 
94 152 312 
10.5 17.0 
6.7 
9.7 
74 12.1 
87 13.9 
98 158 
62 
9.0 
W12 
13.0 
147 


~~ 
we 


13.7 


SSisis BR sia]! 
& blolky Nin & 


— = 
SO] OT) GO me 
Ww O10 & 


epee é 
i=] 
o 
~ 
B 
oa 


67 


sEee: 
aAIiowo 


Bass 


Note: Figures in Bold face type are maximum recommended tonnages at pressure drops calculated to minimize suction line temperature 
penalty. Shaded areas are for general information only. 
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TABLE 6-12 


Tonnage Capacities of Lines Delivering Refrigerant-12 


| 10.0| 236 | 
[12.5 | 21.9) 
[145| 202, 
[18.5] 184. 
a as 
fives aed 


From Condenser (Without Subcooling) To R 


use correction factor for liquid lines from Table 6-13 (For R-12). 
HT: Minimum height in inches necessary between condenser liquid outlet and receiver inlet for proper flow. 


TABLE 6-13 


iquid Line Tonnage Correction Factors R-12 
Applicable to Table 6-9 
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TABLE 6-15 


rge Line Tonnage Correction Factors R-12 


Applicable to Table 6-11 


3 


@ 
pr 
a 
< 


: 
F 
: 


8 
= 
E 
@ 
5 
5 
} 
: 
a 
8 
3 
5 
j 


Long Radius Tee Line Flow 
Ell and Sight Glasses 


Ell 


a 
2 
ao) 
o 
ec 
.“ 
2 
77) 


Angle 
Valve 


Line Size Globe Valve 
Inches OD and Sol. Valve 


Reproduced by permission of Air Conditioning and Refrigeration Institute. 
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Ppeiaaiiesi 


Suction Gas Velocity Correction Correction Factors R-12 


38 


read velocity directly 


To determine suction gas velocity multiply design load in tons by factor from Table 6-17. Using this new value as load 


from Chart 6-3. Corrections are for single-stage compresison only. 


Discharge Gas Velocity Correction Correction Factors R-12 


read velocity directly 


’ 


To determine discharge gas velocity multiply design load in tons by factor from Table 6-18. Using this new value as load. 


from Chart 6-4. Corrections are for single-stage compresison only. 
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TABLE 6-19 


Tonnage Capacities of Lines Delivering Liquid Refrigerant-22 from Receiver to Evaporator 
Based on 40 F suction and 105 F condensing. 
For other conditions apply correction factor from Table 6-23 to design tons before entering this table. 
Copper Tube Size — OD — Type L 


48 [91 | 
71 


Pe 
261 | 452] 735 | 152 
12.3 19.3 38.5 
107 


42 7.0 112 Ean Sem 
104 164 32.7 i 
; 5 


243 


98 Aza 585 | 114 [ 199 | 319 2m 
146 29.0 0 815 a4 


21.4 


78 156 272 RP 2 See 
16 233 402 655 235 a 
336 59.0 


17.0 
214 


83.5 145.0 234 
1240 2150 ; ; : 
156.0 : A 
: : es 
135 218 
199 319 oy 
Wooga eg 


117 
173 


Note: Bold face figures are tonnage carrying capacities at maximum recommended total pressure drops. Shaded areas are for general 
information only. 
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TABLE 6-20 


Tonnage Capacities of Suction Lines Delivering Liquid Refrigerant-22 Vapor from Evaporator to Compressor 
Based on 40 F suction and 105 F condensing. 
For other conditions apply correction factor from Table 6-24 to design tons before entering this table. 
Equiv. Length Total Pressure Copper Tubs Size — OD — Type L 
In Feet Doppss [| % | * | ™ | ™* | 1% | 1% | 1% [ 2% 7 2% [| 3% | 3% [4% [5% | 


1.1 11.3 
16 


1.0 ; 27 53 95 147 | 307 | 540 | 855 | 128 | 
14 ; 39 7 13.6 21.3 


21 
26 
3.0 

Ss so lili 

172 359 

180 
a 

102 875 [ 123. | 225 | 

147 307 540 85.5 128.0 

21 

273 478 76.0 113.0 : 
39.5 
rae 
22.0 385 91 128.0 
56.0 89 


31.8 


765 137 


i 
} 3 


i I 4 472 
5.1 x . . A 69.5 
Mes { . A £ 101.0 


say 


108 22.0 
13.0 273 
=a 31.8 


07 


Os 08 
06 1.0 
07 4.1 


04 0.7 


Note: Figures in Bold face type are maximum recommended tonnages at pressure drops calculated o minimize suction line temperature 
penalty. Shaded areas are for general information only. 
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TABLE 6-21 


Tonnage Capacities of Discharge Lines Delivering Hot Refrigerant-22 Vapor from Compressor to Condenser 
Based on 40 F suction and 105 F condensing. 
For other conditions apply correction factor from Table 6-25 to design tons before entering this table. 
Total Pressure i 
Drop PSI 


MAMA W/N@OaWVR nN aswlyw Ms awlywvHnawlwa naw vanaw 


a 


NOS WVNOn Sovran awuSsnaw 


N@Qu a wWiyanma w 


peeve 


Note: Figures in Bold face type are maximum recommended tonnages at pressure drops calculated to minimize suction line temperature 
penalty. Shaded areas are for general information only. 


TRANE AIR CONDITIONING MANUAL 


430 


TABLE 6-22 


| 133 | 

| 126 | 

117 

| 109 | 

| 100 | 
GG VT 
Se eG a 


of Lines Delivering Refrigerant-22 


28.7 
| 266 | 
| 24.3| 
| 22.4| 17: 
= 
ee 
(ea (Da ee ER 


Tons: Tons of refrigeration at 105 F saturated condensing temperature and 40 F saturated evaporator temperature, for other She 


ha w 
ld 
- 


From Condenser (Without Subcooling) To R 


Tonnage 


% 

[130] 62 | 120 96 | 11.5] 
ae Ee a ae 
aes (es 
a ee ee ee 
a ea (a a 
(eae Cs Ce ee 
| | 


use correction factor for liquid lines from Table 6-13 (For R-12). 
HT: Minimum height in inches necessary between condenser liquid outlet and receiver inlet for proper flow. 
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TABLE 6-24 


“Rope t Tale 620 


panier 
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TABLE 6-25 


Gas Line Tonnage Correction Factors R-22 


8 


TABLE 6-26 


of Type “L” Copper Tubing 


Surface Area Per Foot of Length 


Transverse Area of Bore 


wo 
3 
=| & 
o 


a | 


TABLE 6-27 


Suction Gas Velocity Correction Factors R-22 


by factory from Table 6-27. Using this new value as load, read velocity directly 
ion only. 


To determine suction gas velocity multiply design load in tons 
from Chart 6-5. Corrections are for single stage compressi 
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TABLE 6-28 
Discharge Gas Velocity Correction Factors R-22 
Applicable to Chart 6-6 


| 5 
| 1.46 | 1.42 | 1.38 | 1.35 | 1.31 | 


& 


| -10 | 

| 1.49 | 

| 1.44 | 1.40 | [ 1.29 | 1.26 | 

P38 | 134 | | 1.21 | 

| 1.33 | 1.29 | | 1.19 | 1.16 | 
| 4.29 | 1.25 | P15 [1.12 | 1.07 | 1.04 | 
| 1.25 | 1.21 | 1. | 1.11 | 1.08 | | 1.01 | 
| 1.21 | 
| 1.18 | 
| 1.16 | 
| 1.13 | 
[4.11 | 
| 1.09 | 


ou 
ww 
= 
Poa 
8 


B 
g 


| 1.03 | 

| 1.08 | 1.05 | | 0.99 | 0.97 | 

rata | [1.05 [1.02 | | 0.97 | 0.94 | 

[1.12 | L102 | og9 | 0971 oss | os2 | 

| 1.09 | | 099 | 097 | 094 | 091 | o2e | 

| 0.92 | 0.90 | 087 | 
| 0.90 | 0.87 | 


| 0.95 | 

1.05 | 095 | 092 | 
T [1.04 [1.00 | 087 | 094 | 091 | 

To Determine Discharge Gas Velocity Multiply Design Load In Tons By Factor From Table 6-26. Using This New Value As Load, Read 

Velocity Directly From Chart 6-6. Corrections Are For Single Stage Compression Only. 


E 
8 


tslseee 


TABLE 6-29 


Weight of Refrigerant Held in Equipment During Norma! Operation 
To Determine Weight, In Pounds, Of Refrigerant Held, Multiply The Internal Volume Of The Equipment, In Cubic Feet, By The Factors In Table. 


rect Expansion Cooling 

Dry Expansion Water Chillers, Mut ply 

Flooded Cooling Coils, Multip 

Air Cooled Condensers, Muttiply : 

Shell-And-Tube Condensers*, Multiply B 

Evaporative Condenser Coils, Multip 

Liouid Receivers, Multiply B 
*Volume Of Water Coil And Headers Must Be Deducted From Volume Of Condenser Shell. 
Note: Rased On 105 F Liquid Temperature. 


TABLE 6-30A 
Internal Volume of Trane Type “F” Direct Expansion Coils 


Return Bends — Cubic Feet Per Coil Tubes — Cu. Ft. Per Ft. of Finned Length 
Rows Of Tubes Rows Of Tubes 


[ozs [ove {oe [ 
[0232 | 023 | 0348 | 0465 | 06151 | 0922 | 1260 | 
| 0302 | 0377 | 0453 | 0604 | 0765 | .1150 | .1530 | 
0325 | 0405 | 0496 | 0660 | 0845 | 1270 | 1690 [2120 | 


TABLE 6-30B 


Coil Headers Coil 

Finned Cu. Ft. Finned 

Width Per Coil PoC ith 
ES = = |: 
| ozs | aft” 
| __oasa__[_ovaag_{ __ovs6_{_30"_ 
[oso | otto | 8” 
| 0300 | orzo tS” 
<< 7 
p ogos fag Tota |” 


1. To caleulate total internal volume (ft.3) of a FD Coil, add the following: 
Total volume = Header Vol. + U-bend Vol. + (Tube Vol. x Coil Length in inches) 

2. To calculate the correct operating charge for the coil using R-22: (Assume suction temperature = 40 F) 
Internal volume (ft.°) x 9.4 = Ibs. Refrigerant-22 
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TABLE 6-31 
Weight of Refrigerant in Pipe Lines During Normal Operation 
Pounds Per 100 Feet Of Pipe Length 


[| Refrigerant-12 Refrigerant-22 


Liquid and Cond. 
Discharge Line Drain Line 


Note: Based On 40 F Saturated Suction Temperature And 105 F Saturated Condensing Temperature 


TABLE 6-32 
Approximate Operating Charge of 
Trane Water Cooled Condensers 
Providing Liquid Subcooling 


Condenser 


Nominal Size (Tons) 


TABLE 6-33 
Approximate Refrigerant Operating Charge 
For Trane Air Cooled Condensers 


Condenser R-22 
Nominal Size (Tons) Operating Charge in Pounds 


18 
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TABLE 6-34 
Maximum Storage Capacity and Approximate Charge For Liquid Receivers 
For Refrigerants-12 and -22 in Pounds Based on Refrigerant at 105 F 


R-12 ee eee | eee 


Model No. Lbs. - 80% Full | Lbs. - 100% Full Lbs.* Lbs. - 80% Full | Lbs. - 100% Full 
RH 8 x 36 78 57 71 
RH 12 x 28 108 135 125 
RH 12 x 40 
RH 12 x 56 
RH 12 x 80 
RH 14 x 76 
RH 14 x 92 


RH 16 x 80 
RH 16 x 92 
RH 16 x 104 
RH 20 x 70 
RH 20 x 82 
RH 20 x 94 
RH 20 x 106 
*Approximate Minimum Amount Or Refrigerant Retained In Receiver During Normal Operation Of The System. 


1162 
1131 


TABLE 6-35 
Correction Factors for Other Suction and Liquid Temperatures 
When Calculating Refrigerant Charge 


Evaporator 


Liquid Or 
Condenser 
Drain Lines 
And Liouid 

Receiver 


Note: Based On 105 F Saturated Condensing Temperature. 
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TABLE 6-36 
Properties of Saturated Refrigerant — HCFC-123 


Volume Density Enthalpy Entropy 
fb Ib/ft Btu/lb Btu/(lb)(°R) 
Pressure | Liquid Vapor Liquid Vapor Liquid Latent Vapor Liquid Vapor 
psia Ve Vg Ny 1N, hy Nt hg St s 


53.4759 
50.0000 
46.7290 


43.8596 
41.1523 


38.6100 
36.2319 
34.0136 
32.0513 
30.1205 
28.3286 
26.6667 
25.1889 
23.7530 
22.3714 
21.1416 
19.9601 
18.8679 
17.8571 
16.8919 


16.0000 
15.1515 
14.3472 
13.6054 
12.9199 


12.2549 
11.6414 
11.0619 
10.5152 
10.0000 


5 . 89.7 0.0259 
12.0 78.0 90.0 0.0267 
12.4 77.8 90.3 0.0276 
12.9 777 90.6 0.0284 
13.3 776 90.8 0.0293 
13.7 775 91.1 0.0301 
14.1 77.3 91.4 0.0310 
145 77.2 91.7 0.0318 


14.9 77.1 92.0 0.0327 
15.4 76.9 92.3 0.0335 
15.8 76.8 92.6 0.0344 
16.2 76.6 92.9 0.0352 


16.7 76.5 93.2 0.0361 
17.1 76.4 93.4 0.0370 
17.5 76.2 93.7 0.0378 


18.0 76.1 94.0 0.0387 


18.4 75.9 94.3 0.0396 0.1879 
18.9 75.7 94.6 0.0404 0.1879 
19.3 75.6 94.9 0.0413 0.1879 
19.8 75.4 95.2 0.0422 0.1879 


20.2 75.3 95.5 0.0430 0.1879 
20.7 75.1 95.8 0.0439 0.1879 
21.1 743 96.1 0.0448 0.1879 
21.6 74.8 96.3 0.0457 0.1879 
22.0 74.6 96.6 0.0465 0.1879 
22.5 74.4 96.9 0.0474 0.1879 
23.0 74.2 97.2 0.0483 0.1879 
23.4 74.1 97.5 0.0492 0.1880 
23.9 73.9 97.8 0.0501 0.1880 


24.4 73.7 98.1 0.0509 0.1880 
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TABLE 6-36 (Continued) 
Properties of Saturated Refrigerant — HCFC-123 


Volume Density Enthalpy Entropy 
fP/ib Ib/ft? Btu/ib Btu/(Ib)(°R) 
Pressure | Liquid Vapor Liquid Vapor a Latent ae — NBDE 
psia Ve Vg Ny Ng Ng 
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TABLE 6-37 
Properties of Saturated Refrigerant — HFC-134a 


Volume Density Enthalpy Entropy 
ft/lb IbAtr Btu/lb Btu/(lb)(°R) 
Pressure | Liquid sas Liquid Vapor Liquid Latent ve — es 
psia Ve Ny IN wt heg 
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TABLE 6-37 (Continued) 
Properties of Saturated Refrigerant — HFC-134a 


Volume Density Enthalpy Entropy 
fP/b Ibft® Btu/Ib Btu/(Ib)(°R) 
Pressure | Liquid Vapor Liquid Vapor Liquid Latent Vapor Liquid Vapor 
psia Ve Vg Ns Wg he hig h, S s 


101.494 
104.855 
108.2390 
111.828 
115.444 
119.138 
122.930 
126.809 
130.778 
134.840 
138.996 
143.247 
147.594 
152.039 
156.583 
161.227 
165.974 
170.833 
175.790 
180 846 
186.023 
191.308 
196.703 
202.211 
207.834 
213.572 
219.429 
225.405 
231.502 
237.723 
244.068 
250.540 
257.140 
263.871 
270.721 
277.721 
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TABLE 6-38 
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HFC-134a Superheated Vapor — Constant Pressure Tables At Pressure Intervals 
$= reload in Btu/Ib (°R) 


V = Volume in ft"/b H = Enthalpy in Btu/b 


Pressure = 50.00 PSIA 
Be ae eee ae 
0.01253 249 0.0539 SAT LIQ 
0.94805 108.9 0.2220 SAT VAP 


1.17772 
1.20178 


1.22534 
1.24891 
1.27226 
1.29550 
1.31874 


28.0 0.0601 SAT LIQ 
110.2 0.2214 SAT VAP 


0.90728 
0.92868 
0.94967 
0.97040 
0.99098 


1.01133 
1.03135 
1.05130 
1.07101 
1.09075 
1.11012 
1.12943 
1.14903 
1.16795 
1.18723 
1.20627 
1.22519 
1.24409 
1.26295 
1.28172 
1.30039 
1.31891 
1.33761 
1.35630 
1.37457 


Reprinted with permission from E.I. DuPont De Nemours & Co. Inc. 


0.01262 
0.86423 


0.87650 
0.90163 
0.92610 
0.95012 
0.97371 


0.99691 
1.01978 
1.04232 
1.06474 
1.08660 


1.10852 
1.13033 
1.15181 
1.17330 
1.19432 
1.21551 
1.23655 
1.25723 
1.27812 
1.29887 
1.31944 
1.33976 
1.36054 
1.38083 
1.40115 


1.42126 
1.44175 
1.46177 
1.48192 
1.50218 


1.52230 


0.01 a 
0.73400 


0.74699 
0.76888 
0.73020 
0.81103 
0.83139 
0.85143 
0.87116 
0.89071 
0.90975 


0.92894 
0.94751 
0.96628 
0.98464 
1.00291 


1.02114 
1.03918 
1.05719 
1.07492 
1.08266 
1.11037 
1.12816 
1.14561 
1.16306 
1.18036 
1.19804 
1.21521 
1.23259 
1.24969 
1.26678 
1.28403 
1.30124 


—— 0571 
0.2217 


0.0629 
0.2211 


oF 
45.2 
45.2 
50 
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TABLE 6-38 (Continued) 
HFC-134a Superheated Vapor — Constant Pressure Tables At Pressure Intervals 
V = Volume in ft*/ib H = Enthalpy in Btu/lb S = Entropy in Btu/ib (°R) 


0.0655 SAT LI . 
0.2209 SAT VAP 0.63739 


0.97267 

0.98814 

1.00341 

: 1.01864 
1.11012 . 1.03402 
1.12625 . . 1.04910 
1.14233 . . 1.06417 
1.15835 . . 1.07921 
1.17426 . . 1.09433 
1.19033 . . 1.10926 
1.20642 . . 1.12410 
= 1.13908 


Vv Ear ee a ee ee 
0.01304 oe 0.0703 0.01311 34.5 0.0725 
0.59787 0.2205 SAT VAP 0.56284 112.7 0.2204 

f 0.56395 : ; 


0.58200 
0.59945 


0.61641 
0.63295 
0.64910 
0.66494 
0.68055 
0.69585 
0.71093 
0.72574 
0.74052 
0.75506 


0.76953 
0.78388 
0.79802 
0.81208 
0.82617 
0.84005 
0.90950 0.85383 
0.92404 0.86760 
0.93853 0.88137 
0.95302 0.89493 
0.96721 0.90851 
0.98155 0.92200 
0.99582 0.93545 
1.01010 0.94886 
1.02417 0.96219 
1.03821 0.97570 
1.05230 0.98892 
1.00220 
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TABLE 6-38 (Continued) 
HFC-134a Superheated Vapor — Constant Pressure Tables At Pressure Intervals 
V = Volume in ft?/ib H = Enthalpy in Btu/ib S = Entropy in Btu/b (°R) 


Pressure = 95.00 PSIA 


aS eee ee 
0.01326 0.0767 
0.50345 0.2200 


-— ue = 90.00 ure = 9000 7FSA___ 
° 


FE 
72.8 — ne 319 — — 0747 SAT LIO 
as 0.53155 113.1 0.2202 SAT VAP 


0.54416 0.51020 
0.56107 0.52662 
0.54248 
0.55785 
0.57284 
0.58751 
0.60183 
0.61588 
0.66814 0.62980 
0.68236 0.64346 
0.69643 0.65690 
0.71023 0.67024 


0.87017 
0.88215 
0.89405 
0.90613 


Pressure = 100.00 PSIA Pressure = 110.00 PSIA Temp. 
eA Gm Ry REE ae ee ee ate tats +S SF 
79.1 0.01333 37.8 0.0787 SAT LIQ 0.01347 39.8 
79.1 0.47803 113.9 0.2199 SAT VAP 0.43391 114.6 
i 114.1 0.2203 _ 

116.6 0.2248 0.44156 1 15.9 

0.51093 119.0 0.2291 0.45627 118.3 

0.52587 121.4 0.2333 0.47043 120.8 

0.54037 123.7 0.2375 0.48414 123.2 

0.55451 126.1 0.2415 0.49746 125.6 

0.56838 128.5 0.2455 0.51044 128.0 
0.58194 130.8 0.2494 0.52309 130.4 

0.59527 133.2 0.2533 0.53562 132.8 

0.60835 135.6 0.2570 0.54786 135.2 

0.62135 137.9 0.2608 0.55979 137.6 

0.63416 140.3 0.2645 0.57166 140.0 
142.7 0.2682 0.58340 142.4 

145.1 0.2718 0.59503 144.8 

147.6 0.2754 0.60643 147.3 

150.0 0.2789 0.61774 149.7 

152.4 0.2825 0.62893 152.2 

154.9 0.2859 0.64012 154.6 

157.4 0.2894 0.65121 157.1 

159.9 0.2928 0.66212 159.6 

162.4 0.2962 0.67308 162.1 

164.9 0.2996 0.68385 164.6 

167.4 0.3030 0.69464 167.2 

170.0 0.3063 0.70542 169.7 

i 172.5 0.3096 0.71613 172.3 

0.80225 175.1 0.3129 0.72680 17493 

0.81387 W717 0.3162 0.73725 177.5 

180.3 0.3194 0.74783 180.1 

182.9 0.3226 0.75832 182.7 

185.6 0.3258 0.76870 185.4 

188.2 0.3290 0.77824 188.0 


= _ 0.78858 190.7 
Reprinted with permission from E.I. DuPont De Nemours & Co. Inc. 
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TABLE 6-38 (Continued) 
HFC-134a Superheated Vapor — Constant Pressure Tables At Pressure Intervals 
V = Volume in ft?/b H = Enthalpy in Btu/b S = Entropy in Btu/Ib (°R) 


Pressure = 130.00 PSIA 
me ee ea ee ae ee 
0.01374 43.6 0.0890 
115.8 0.2192 


Temp. Pressure = 140.00 PSIA 
ee eae ee AR, ie) Ga 


100.5 0.01388 45.3 0.0921 SAT LIO 0.01401 0.0950 
100.5 0.33818 116.4 0.2190 SAT VAP 0.31448 0.2188 
110 0.35042 118.9 0.2234 0.32062 
120 0.36266 121.4 0.2279 0.33259 
130 0.37438 124.0 0.2322 0.34400 
140 0.38568 126.5 0.2364 0.35495 
150 0.39662 129.0 0.2406 0.36550 
160 0.40727 131.5 0.2446 0.37573 
170 0.41764 133.9 0.2486 0.38565 
180 0.42779 136.4 0.2524 0.39538 
190 0.43777 138.9 0.2563 0.40491 
200 0.44755 141.3 0.2601 0.41418 
210 0.45714 143.8 0.2638 0.42337 
220 0.46659 146.3 0.2675 0.43232 
230 0.47596 148.8 0.2711 0.44125 
240 0.48520 151.3 0.2747 0.44996 
250 0.49432 163.8 0.2782 0.45861 
260 0.50342 156.3 0.2818 0.46718 
270 0.81235 158.8 0.2853 0.47574 
280 0.52121 161.4 0.2887 0.48412 
290 0.53011 163.9 0.2921 0.49242 
300 0.53888 166.5 0.2955 0.50073 
310 0.54750 169.1 0.2989 0.50893 
320 0.55611 171.7 0.3022 0.51706 
330 0.56478 1743 0.3056 0.52521 
340 0.57330 176.9 0.3089 0.53319 
350 0.58184 179.5 0.3121 0.54121 
360 0.59028 182.2 0.3154 0.54918 
370 0.59866 184.8 0.3186 0.55710 
380 0.60716 187.5 0.3218 0.56500 
390 0.61542 190.2 0.3250 0.57290 
400 0.62375 192.9 0.3282 0.58069 
410 0.63203 195.6 0.3313 0.58851 


Reprinted with permission from E.I. DuPont De Nemours & Co. Inc. 
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TABLE 6-38 (Continued) 
HFC-134a Superheated Vapor — Constant Pressure Tables At Pressure Intervals 
V = Volume in ft?/ib H = Enthalpy in Btu/ib S = Entropy in Btu/b (°R) 


-— tee = 160.00 PSIA Pressure = 170.00 PSIA 
oe 
FE 


ee es ee ee ae ee ae 
0.0977 SAT LIO 0.01427 ae 
0.2186 SAT VAP | 0.27512 1177 0.2184 
0.29426 


0.30608 . 0.28247 
0.31726 ‘ . 0.29350 
0.32792 . ; 0.30395 
0.31395 

0.32356 

0.33282 

. 0.34189 

0.37611 : } 0.35066 


0.38504 I 0.35923 
0.39378 : 0.36762 
0.40238 . i 0.37591 
0.41085 : . 0.38400 
0.41916 . . 0.39200 
0.42746 . : 0.39987 
0.43554 . . 0.40758 
0.44364 

0.45165 

0.45954 


0.46729 
0.47508 
0.48281 
0.49053 
0.49816 
0.50566 
0.51324 
0.52067 
0.52818 
0.53565 
0.54301 
0.55030 


Temp. Pressure = 180.00 PSIA 
oF Vv H Ss 

117.7 0.01439 51.5 0.1029 SAT LIQ 0.01452 

117.7 0.25856 118.1 0.2182 SAT VAP 0.24371 
120 0.26125 118.8 0.2193 _ 
130 0.27221 121.6 0.2241 0.25296 
140 0.28251 124.3 0.2287 0.26319 
150 0.29231 126.9 0.2331 0.27284 
160 0.30170 129.6 0.2374 0.28205 
170 0.31073 132.2 0.2415 0.29085 
180 0.31948 134.8 0.2456 0.29943 
190 0.32803 137.3 0.2496 0.30763 
200 0.33629 139.9 0.2535 0.31569 
210 0.34438 142.4 0.2573 0.32356 
220 0.35227 145.0 0.2611 0.33122 
230 0.36006 147.5 0.2648 0.33872 
240 0.36776 150.1 0.2685 0.34609 
250 0.37536 152.7 0.2722 0.35337 
260 0.38278 155.2 0.2757 0.36052 
270 0.39014 157.8 0.2793 0.36755 
280 0.39739 160.4 0.2828 0.37453 
290 0.40461 163.0 0.2863 0.38143 
300 0.41168 165.6 0.2897 0.38829 
310 0.41873 168.2 0.2931 0.39502 
320 0.42577 170.8 0.2965 0.40175 
330 0.43269 173.4 0.2999 0.40840 
340 0.43964 176.1 0.3032 0.41501 
350 0.44645 178.7 0.3065 0.42157 
360 0.45325 181.4 0.3098 0.42799 
370 0.46007 184.1 0.3131 0.43452 
380 0.46677 186.8 0.3163 0.44098 
390 0.47344 189.5 0.3195 0.44731 
400 0.48015 192.2 0.3227 0.45366 
410 0.48681 195.0 0.3259 0.46007 
420 0.49336 197.7 0.3290 0.46633 
430 —_ _ _ 0.47257 


Reprinted with permission from E.I. DuPont De Nemours & Co. Inc. 
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TABLE 6-38 (Continued) 
HFC-134a Superheated Vapor — Constant Pressure Tables At Pressure Intervals 
V = Volume in ft/lb H = Enthalpy in Btu/lb S = Entropy in Btu/Ib (°R) 


Pressure = 200.00 PSIA Pressure = 220.00 PSIA Temp. 
fi Vv... H. |. 8 | a ee oF 
125.2 ane 543 0.1076 SAT LIQ 0.01491 57.0 0.1120 132.2 
125.2 0.23026 118.8 0.2178 SAT VAP 0.20685 119.3 0.2174 132.2 
130 i 130 
140 0.24565 : . : : 140 

0.25521 

0.26428 

0.27294 

0.28129 

0.28930 

0.29712 
0.27217 
0.27919 


0.28605 
0.29278 


0.29932 


0.30584 
0.31217 
0.31842 
0.32462 
0.33069 
0.33677 
0.34274 
0.34863 
0.35447 


Reprinted with permission from E.I. DuPont De Nemours & Co. Ine. 
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CHART 6-3 


for Refrigerant-12 


OUTSIDE DIAMETER-TYPE Lt COPPER TUBING 


Gas 
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- 


SLANIW Yad 1334 NI ALIDOTZA SYD 


LOAD IN TONS AT 40 F SUCTION AND 10S F CONDENSING TEMPERATURE 
FOR OTHER SUCTION AND CONDENSING TEMPERATURES APPLY CORRECTION FACTORS FROM TABLE 6-17 


CHART 6-4 
Discharge Gas Velocities for Refrigerant-12 
OUTSIDE DIAMETER-TYPE L COPPER TUBING 


352 28 
2 $3228 


BLANIW Yad L354 NI ALIDOTSA SYD 


LOAD IN TONS AT 40 F SUCTION AND tOS F CONDENSING TEMPERATURE 
FOR OTHER SUCTION AND CONDENSING TEMPERATURES APPLY CORRECTION FACTORS FROM TABLE 6-18 


for Refrigerant-22 


OUTSIDE DIAMETER-TYPE L COPPER TUBING 
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CHART 6-6 
Discharge Gas Velocities for Refrigerant-22 
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5 3 
LOAD IN TONS AT 40 F SUCTION AND 10S F CONDENSING TEMPERATURE 
FOR OTHER SUCTION AND CONDENSING TEMPERATURES, APPLY CORRECTION FACTORS FROM TABLE 6-27. 
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SLANIW Y3d 1334 NI ALIDOISZA SYD 


LOAD IN TONS AT 40 F SUCTION AND 105 F CONDENSING TEMPERATURE 
FOR OTHER SUCTION AND CONDENSING TEMPERATURES, APPLY CORRECTION FACTORS FROM TABLE 6-28. 
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CHART 6-8 
Pressure-Enthalpy 
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TABLE 8-1 
Equivalent Full-Load Hours of Operation Per Year 


452 TRANE AIR CONDITIONING MANUAL 


TABLE 8-2 TABLE 8-2 (Continued) 
City Water Data City Water Data 
Source | Maximum Water 
Temp. F 


: 
: 


bp | 
a 


he : 7 


g 
° 
E 


85 
% 
4 
80 


89 172 


Tucson 
Arkansas 
Little Rock 


~~ 2 
a2 


72 
79 
83 
66 181 187 


74 123 
77 279 


ae 
8 


Ww 


Wilmingto 
Washington 
Florida 


aus 
i 


3 
—_ 


Honolulu 
Boise 


Iinois 
Chicago 
Peoria 


s 

a 
oa 
e 


aR 
Jacksonville Reno 
Miami 82 78 New Jersey 
Georgia Atlantic City 73 
Atlanta 87 14 Newark 75 
Savannah 85 120 New Mexico eae een 
Albug que 72 


Indiana 


Evansville 172 


a he hae fe 


Louisiana 
New Orleans 
Shrevepo 


~ 


cheb be eh 


& 


70 79 


Portland 
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TABLE 8-2 (Continued) TABLE 8-3 
City Water Data Average Drift I 
‘eoeaoy ons, eee | S| eee moo 
Sane of Supply | __Temp. |_1_ PP 
foun Foils 489 Mechanical Draft 
te 
Chattanooga 84 


“ad 
Ww 


Jackson 


Large Spray Ponds 


Nawal Deft Seay | 
Smal SpayPonds [8 


8 


Virginia 
Lynchburg 
Norfolk 


= 
N 


oo 
“Nf 


she oe 


a 


47 


oe 
BS 


S = Surface: river, reservoir, lake 
W = Well 
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TABLE 9-1 
Range of Design Goals for Air Conditioning System Sound Control 


A-Sound Level Decibels NC Level Decibels 
Type of Area 


Residences 
Private Homes (Rural And Suburban) 
Private Homes (Urban) 
Apartment Houses, 2- And 3-Fami 
Hotels 
Individual Rooms Or Suites 
Ball Rooms, Banquet Rooms 
Halls And Corridors, Lobbies 
Garages 
Kitchens And Laundries 
Hospitals And Clinics 


° 


Private Rooms 30 
Operating Rooms, Wards 35 
Laboratories, Halls And Corridors, Lobbies And Waiting Rooms 40 
Washrooms And Toilets 45 


Offices 
Board Room 
Conference Rooms 
Executive Office 
Supervisor Office, Reception Room 
General Open Offices, Drafting Rooms 
Halts And Comdors 
Tabulation And Computa 
Auditoriums And Music Halls 
Concert And Opera Halls, Studios For Sound Reproduction 
Legitimate Theaters, Multi-Purpose Halls 
Movie Theaters, TV Audience Studios, Semi-Outdoor 
Amphitheaters, Lecture Halls, Planetarium 
Lobbies 
Churches And Schools 
Sanctuaries 
Libraries 
Schools And Classrooms 
Laboratories 
Recreation Halls 
Corridors And Halls 
Kitchens 
Public Buildings 
Public Libraries, Museums, Court Rooms 
Post Offices, General Banking Areas, Lobbies 
Washrooms And Toilets 
Restaurants, Cafeterias, Lounges 
Restaurants 
Cocktail Lounges 
Night Clubs 
Cafeterias 
Stores Retail 
Clothing Stores 
Department Stores (Upper Floors) 
Department Stores (Main Floor), Small Retail Stores 
Supermarkets 
Sports Activities Indoor 
Coliseums 
Bowling Alley, Gymnasiums 
ximming Poo 
Transportation (Rail, Bus, Plane) 
Ticket Sales Offices 
Lounges And Waiting 
Manufacturing Areas 
Foreman’s Office 
Assembly Lines, Light Machinery 
Foundries, Heavy Machine 60 70 


©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
and Data Book. 
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TABLE 9-2 
Classes of Fans 
Class |, Class H, or Class Ill 
Industry Standards On Classes of Fans Have Been Established 
By AMCA. The Limits For Standard Conditions Are As Follows: 
Maximum Total Pressure 
3%" 


12%" 


TABLE 9-3 
Recommended And Maximum Duct Velocities For Conventional Systems 


Recommended Velocities, FPM 


Outdoor Air Intakes' 500 500 500 
Fitters! 250 300 350 
Heating Coils’? 450 500 600 
Cooling Coils' 450 500 600 
Fan Outlets 1000-1600 1300-2000 1600-2400 
Main Ducts? 700-900 1000-1300 1200-1800 
Branch Ducts? 600 600-900 800-1000 
Branch Risers 2 500 600-700 800 


Maximum Velocities, FPM 


Outdoor Air Intakes’ 800 900 1200 
Filters’ 300 350 350 
Heating Coils’? 500 600 700 
Cooling Coils" 450 500 600 
Fan Outlets 1700 1500-2200 1700-2800 
800-1200 1100-1600 
700-1000 800-1300 
Branch Risers? 650-800 800-1200 


1These Velocities Are For Total Face Area, Not The Net Free Area: Other Velocities In Table Are For Net Free Area. 
2For Low Velocity Systems Only. 


©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
and Data Book. 


TABLE 9-4 
Circular Equivalents of Rectangular Ducts For Equal Friction And Capacity 


Side Rectangular Duct_| 40 | 45 | 50 | 55 | 60 | 65 | 70 | 75 | 80 | 90 | 100 
40 46 5.5 . 


3.8 4.4 49 5.2 
41} 43 48 : 5.3 5.7 | 6.0 
44 | 46 6.1 5.7 6.1 | 64 


46 . 5.4 . ; 6.1 | 63 | 65 
49 . 5.7 , 64 | 67 | 69 
7.2 
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TABLE 9-4 (Continued) 
Circular Equivalents of Rectangular Ducts For Equal Friction And Capacity 


Dut | 6 | 7/[ 8]{ 9] 10] | 12{ 13| 14] 15] 16] 17| 18] 19] 20] 22] 24] 26] 28] 30| 


6 66 

7 71) 77 

8 7.5{ 82) 88 

80] 86; 9.3) 99 

8.4 9.8} 10.4) 10.9 


88] 9.5) 10.2] 10.8] 11.4} 12. 
9.1} 9.9) 10.7) 11.3] 11.9) 12.5) 13.1 

9.5] 10.3) 11.1] 11.8] 12.4] 13.0] 13.6] 14.2 

9.8] 10.7| 11.5] 12.2] 12.9] 13.5] 14.2] 14.7) 15.3 
10.1 11.81 12.6} 13.3 158 


10.4) 11.4] 12.2] 13.0) 13.7 . .7| 16.3 
10.7| 11.7] 12.5] 13.4] 14.1] 14.9] 15.5) 16.1] 16.8] 17.4) 18.0) 18.6 

11.0] 11.9) 12.9] 13.7] 14.5] 15.3] 16.0) 16.6] 17.3] 17.9) 18.5) 19.1; 19.7 

11.2] 12.2) 13.2| 14.1) 14.9) 15.6] 16.4) 17.1] 17.8] 18.4] 19.0) 19.6) 20.2] 20.8 
11.5 13.5] 14.4] 15.2 18.2 


12.0} 13.1] 14.1] 15.0] 15.9 : 19.1 
12.4] 13.6] 14.6] 15.6] 16.6] 17.5) 18.3] 19.1) 19.8] 20.6 213 219 22.6} 23.2 
12.8] 14.1] 15.2] 16.2] 17.2] 181] 19.0) 19.8] 20.6] 21.4) 22.1] 22.8] 23.5) 24.1 
13.2] 14.5] 15.6] 16.7] 17.7] 18.7) 19.6; 20.5} 21.3] 22.1] 22.9) 23.6] 24.4) 25.0 
13.6] 14.9] 16.1] 17.2) 18.3] 19.3] 20.2) 21.1] 22.0) 22.9) 23.7) 24.4) 25.2) 25.9 


14.0} 15.3] 16.5] 17.7} 18.8] 19.8] 20.8] 21.8] 22.7) 23.6) 24.4) 25.2) 26.0) 26.7 
14.4} 15.7] 17.0} 18.2] 19.3] 20.4) 21.4) 22.4] 23.3) 24.2) 25.1] 25.9] 26.7] 27.5 
14.7| 16.1] 17.4) 18.6] 19.8] 20.9) 21.9] 23.0] 23.9) 24.8] 25.8] 26.6) 27.4) 28.3) 
15.0] 16.4} 17.8] 19.0] 20.3] 21.4) 22.5) 23.5] 24.5) 25.4] 26.4) 27.3} 28.1) 29.0) 
15.3] 16.8] 18.2] 19.4] 20.7] 21.9] 23.0) 24.0] 25.1) 26.0) 27.0] 27.9] 28.8] 29.7 


15.6] 17.1] 18.5] 19.8) 21.1] 22.3] 23.4] 24.5] 25.6) 26.6) 27.6) 28.5) 29.4) 30.4 
15.9] 17.5) 18.9] 20.2) 21.5] 22.7) 23.9} 25.0} 26.1] 27.2; 28.2] 29.1| 30.0) 31.0) 
16.2} 17.8] 19.2] 20.6) 21.9] 23.2) 24.3) 25.5] 26.7) 27.7) 28.7) 29.7] 30.6| 31.6 
16.5} 18.1] 19.6} 20.9] 22.3) 23.6] 24.8] 26.0] 27.2| 28.2) 29.2) 30.2) 31.2) 32.2 
16.8] 18.4] 19.9) 21.3} 22.7) 24.0] 25.2) 26.4) 27.6) 28.7) 29.8) 30.8) 31.8) 32.3) 


17.0] 18.7] 20.2) 21.6] 23.1} 24.4) 25.6| 26.8) 28.1) 29.2) 30.3] 31.4) 32.4) 33.4 
17.3} 19.0] 20.5] 22.0) 23.4) 24.8] 26.1; 27.3] 28.5} 29.7) 30.8} 31.9] 32.9] 33.9 
17.6] 19.3} 20.9] 22.4) 23.8) 25.2] 26.5] 27.7] 28.9} 30.1] 31.2] 32.4) 33.4) 34.5 
17.8] 19.5] 21.1) 22.7) 24.2) 25.5) 26.9) 28.2} 29.3) 30.5] 31.7] 32.9] 33.9) 35.0 
18.1] 19.8) 21.4) 23.0) 24.5) 25.8; 27.3) 28.7) 29.8) 31.0) 32.2] 33.4) 34.5) 35.5 


18.3] 20.1) 21.7] 23.3) 24.8] 26.2} 27.6] 29.0} 30.2) 31.4) 32.6] 33.8) 35.0) 36.0 
18.6; 20.3] 22.0) 23.6} 25.2} 26.5} 27.9) 29.3) 30.6) 31.8) 33.1] 34.2) 35.5) 36.5 
18.8] 20.6] 22.3} 23.9) 25.5) 26.9] 28.3] 29.7) 31.0) 32.2) 33.5] 34.7; 35.9) 37.0 
19.0] 20.8} 22.5] 24.2) 25.8] 27.3) 28.7) 30.1) 31.4) 32.6] 33.9) 35.1) 36.3} 37.5 
19.2! 21.0} 22.8] 24.5] 26.1] 27.6} 29.1] 30.4} 31.8] 33.1] 34.3] 35.6) 36.8) 37.9 


Side 
Rectangular 
Duct 


Equation For Circular Equivalent of a Rectangular Duct: 
8 


(ab) 0.625 (aby 
d.=139 22 _ =130 
(a + 6) 0.250 V a+b 


where 

a = length of one side of rectangular duct, inches. 

6 = length of adjacent side of rectangular duct, inches. 

d, = circular equivalent of a rectangular duct for equal friction 
and capacity, inches. 


88 SB8SER Saeann SBBER SHSLK SESE SYSER SB 
88 S8SER Seasn SBSER SSSER SRSERB SVSRK BB 
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TABLE 9-4 (Continued) 
Circular Equivalents of Rectangular Ducts For Equal Friction And Capacity 
Side 


Dimensions In Inches Rectangular 


RES SFSER SSARN SBBER SHSER SKSEE SBREKR 


34 
36 
38 
40 
42 
44 
46 
48 
50 
52 
54 
56 
58 
60 
62 
64 
66 
68 
70 
72 
74 
76 
78 
80 
82 
84 
86 
88 
90 
92 
94 
96 


©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
and Data Book. 
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TABLE 9-5 


Pressure Losses Due To Elbows 
(Additional Equivalent Losses in Excess of Friction 
to intersection of Center Line) 


illustration 


Conditions 


Rectangular or Round; 
With or Without Vanes 


90-Degree 
Rectangular 
Section 


Splitter Vanes 


Miter With Ce 


i NPLATE 
Turning Vanes wecsuce 


Miter Tee | ! 
With Vanes kote 


Radius Tee 


C = 0.10 To 0.35° 
Depending On Manufacturer 


‘Eee 


Consider Equal To A Similar Elbow. 
Base Loss On Entering Velocity. 
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TABLE 9-6 
Pressure Losses Due To Area Changes 


0.1 


Abrupt 
Expansion 


Gradua! 
Expansion 


Square 
Edge 
Orifice 
Exit 


Bar Across 
Duct 


Pipe Across 
Duct 


Streamlined 
Strut 
Across Duct 


|_Mustration | Conditions | Loss Coefficient_| 
81 


Contraction 
Square 


Equal Area 
Transformation 


Duct 
Entrance 
Formed 
Entrance 


Square Edge 
Orifice 
Entrance 


Note 1: Subscript on C indicates cross-section at which velocity is calculated. 


Note 2: Superscript numbers refer to references in ASHRAE Guide. 


©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 


and Data Book. 
TABLE 9-7 
Approximate Natural Attenuation 
in Bare Rectangular Sheet Metal Ducts’ 


Octave Band Center, CPS 


0.15 


Small 6x6 
Medium| 24x24 0.1 0.05 


Large 72x72 : 0.05 
‘If Duct 1s Covered With Thermal Insulating Material, Attenuation 
Will Be Approximately Twice The Listed Values. 

©1965 American Society of Heating, Refrigerating and Air- 
Conditioning Engineers, Inc. Reprinted by permission from 
ASHRAE Guide and Data Book. 


TABLE 9-8 
Approximate Attenuation Of Round Elbows 
Or Square Elbows With Turning Vanes 


Octave Band Center, CPS 


850 | 1700 | 3400 | 6900 
1000 | 2000 | 4000 | 8000 


Attenuation, DB 


©1965 American Society of Heating, Refrigerating and Air- 
Conditioning Engineers, Inc. Reprinted by permission from 
ASHRAE Guide and Data Book. 
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TABLE 9-9 
Attenuation of Square Elbows without Turning Vanes, in Decibels 


ee san | | 18 
as [row [aia | as [io [1700 a0 | ea00| 3 | 125 [360 | soo [vo [200 


[ 212 | 
(A) No Lining 
5” Duct Width (D) 
10” Duct Width 
20” Duct Width 
40” Duct Width 


naa | 
anaeo 
wan 


(B) Lining Ahead of Elbow 

5” Duct Width — 4 8 6 7 8 
10” Duct Width 4 8 6 7 1 8 
20” Duct Width 8 6 7 11 11 11 
40” Duct Width 6 7 11 11 11 1 11 
(C) Lining After Elbow 

5” Duct Width — _ — _ 4 10 _ 10 10 
10” Duct Width _ — — 4 11 10 _— 10 10 
20” Duct Width _ — 4 11 10 10 1 10 10 
40” Duct Width _ 4 11 10 10 10 6 10 10 
(D) Lining Ahead of 

and After Bend 

5” Duct Width _— _— _ _— 4 11 15 — _ 1 6 12 14 16 
10” Duct Width _ _ _— 4 11 13 18 _ _ 6 12 14 16 18 
20” Duct Width _ _ 4 11 13 15 18 —_ 1 12 14 16 18 18 
40” Duct Width _ 4 13 15 18 18 1 6 14 16 18 18 18 


*Based On Lining Extending For A Distance of At Least Two Duct Widths “D” And Lining Thickness of 10% of Duct Width “D”; For Thinner 
Lining, Lined Length Must Be Proportionally Larger. 

©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 

and Data Book. 


TABLE 9-10 
Approximate Allotment of Fan Sound Power Level to Each Air Outlet 


Cfm of Outlet In Percent of Total Fan Cfim 
Decibels To Be Subtracted From Fan Power Level In Order 
To Get Fan Sound Power Level Per Outlet 
©1965 American Society of Heating, Refrigerating and Air-Conditioning Engineers, Inc. Reprinted by permission from ASHRAE Guide 
and Data Book. 
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Glove Valve 


Red. Coupling | Side Outlet “T” 
quivalent Length of Pipe in Feet 
a ee ee 
| 2s] BOY 
| 35 | OY 
| 70-tidT “ 0 
| mo )7FCO| 8S 
= 

[200 35.0 
Ey ee ee < 
35.0 63.0 


TABLE 10-1 
Equivalent Length for Fittings 


| Gate Valve | Std. Elbow | 


In = 


Size of Pipe 


= 
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CHART 10-1 
Capacity of Steam Mains for Various Gauge Pressures 
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CHART 10-2 


Capacity of Steam Mains for Various Gauge Pressures 
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CHART 10-3 
Capacity of Steam Mains for Various Gauge Pressures 
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CHART 10-4 
Capacity of Return Mains for Vacuum and Gravity Systems 
Gravity Return Sizes Suitable For Initial Pressures Up To 25# Vacuum Return Sizes Suitable For Pressures Up To 5# 
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CHART 10-5 
Capacity of Return Mains for Vacuum and Gravity Systems 
Gravity Return Sizes Suitable For Initial Pressures Up To 25# 
Vacuum Return Sizes Suitable For Pressures Up To 5# 
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POUNDS OF STEAM PER HOUR STANDARD PIPE 


ANSWERS TO PROBLEMS 


CHAPTER | CHAPTER Ill 
1-1. 982F 3-1. 189,750 Btuh 
1-2. OC 87,750 Btuh 
1-3. 385.6 Btu 3-2. 140,250 Btuh 
259,750 Btuh 


1-4. 0.245 Btu/lb F 
1-5. 11,281.5 Btu 
1-6. 403,200 Btuh 
1-7. 4403.13 lb/hr 


3-3. 13,300 Btuh 
3-4. 22,400 Btuh 
3-5. 11,910 Btuh 


2,290 Btuh 

Ps eee 3-6. 13,650 Btuh 
1-9. 90 psia 4,350 Btuh 

182.6 in. Hg. abs. 3-7. 1,524 Btuh 
1-10. 17.4 in. Hg. abs. 3-8. 443.38 Btuh 
1-11. 10.8 psia 456.4 Btuh 
1-12. 335 F 3-9. 1,875 cfm 
1-13. 190 F 3-10. 22.02 tons 
1-14. 80,714 Btuh 3-11. 600 cfm 
1-15. 237,643 Btuh 1.7 tons 

3-12. 8 A.M. 


3-13. 2,873 Btuh 
3-14. 4,950 Btuh 
3-15. 2,801 Btuh 
3-16. 8,115 Btuh 
3-17. 950 Btuh 


3-18. 2,544.3 Btuh windows 
1,218 Btuh wall 


3-19. 44,739 Btuh 
3-20. 2.40 tons 
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4-1. 
4-2. 


4-3. 


5-9. 
5-10. 


CHAPTER IV 
396 cu ft 
(a) 50 DP 
(b) 43.6% saturation 
(a) 0.198 lb 
(b) 13886 grains 


. 27.6 Btu 

. 610 Btu 

. 68.6 WB, 51% RH 
. 64.4 DP, 44% RH 

. (a) 52.2 WB, 26 DP 


(b) 62 DB, 52.2 WB, 43.6 DP 


. 82.9 DB, 69.1 WB 


(a) 70.7 WB 
(b) 3022 cfm 
(c) 65 DB, 60.2 WB 


CHAPTER V 


- (a) 60 DB 


(b) 59.1 WB 
(c) 4270 cfm 


. (a) 54.3 DB 


(b) 58.2 WB 


. 0.615 SHR 
. 40% RH 

. 45% RH 

. (a) 54.5 F 


(b) 53.6 F 
(c) 3144 cfm 
(d) 4056 cfm 
(e) 66.6 F 
(f) 59.3 F 


. (a) 65.8 F 


(b) 59.9 F 
(c) 58.5 F 
(d) 52.7 F 
(e) 3732 cfm 
(f) 2468 cfm 


. (a) 65 F DB-58 F WB 


(b) 22,300 cfm 
(c) 241,200 Btuh 


50.3 tons 


(a) 50.1 F WB 
(b) 2996 cfm 
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6-1. 


6-2. 


6-3. 


6-4. 


6-5. 


6-10. 


6-11. 


6-12. 


6-13. 


CHAPTER VI 


(a) 29.187 Btu/Ib 
(b) 79.593 Btu/Ib 


(a) 0.40182 lb/ft? 
(b) 1.4697 lb/ft? 
(c) 79.495 lb/ft? 
(d) 70.626 lb/ft? 


(a) 49.833 Btu/Ib 
(b) 4.01 Ib/min T 
(c) 51.12 cfm 
(d) 69.08 cfm 


(a) 69.475 Btu/lb 
(b) 2.88 Ib/min T 
(c) 31.30 cfm 
(d) 42.01 cfm 


As compression ratio increases, the weight of 
vapor left in the clearance volume increases. 
Therefore, the weight of fresh charge per intake 
stroke decreases. This lowers the volumetric ef- 
ficiency, since it is defined as the ratio of the vapor 
inducted to the weight of vapor in the displace- 
ment volume. 


80.7% 


- 2500 rpm 
. (a) 6.9 tons 


(b) 11.96 tons 


. (a) 48.45 tons 


50.16 hp 
(b) 54.35 tons 
50.16 hp 


(a) There will be a reduction in compressor 
capacity. 

(b) 57.35 tons 
1.00 hp/ton 


(a) 16 tons, 39 F 

(b) 42.9 F, 13.8 tons 
47.4 ¥, 11.3 tons 

Discharge, 256” 

Liquid, 156” 

Suction, 354” 

(a) 184.13 lbs. 

(b) Yes 


7-8. 


7-9. 


7-10. 


7-11. 


7-12. 


ANSWERS TO PROBLEMS 


CHAPTER VII 


. Because of the manufacturing limitations in build- 


ing small refrigerant impellers and the compar- 
atively high efficiency losses of smaller impellers. 


. Variable inlet guide vanes. Vanes impart a spin to 


the gas that reduces the tendency of the gas to 
stall, and also tends to push the impeller in the 
direction of rotation and reduce horsepower. 


. By varying the air stream. By four-way valve. 

. To boil off refrigerant in the concentrator. 

. By throttling the steam supply. 

. Meeting high peak demands for cooling with a 


small refrigeration plant. 


. As long as the water temperature falling into the 


tank of the washer is less than the dew point 
temperature of the air entering the washer, the 
entering air will be dehumidified. In other words, 
the air will leave at a lower humidity ratio than 
it had upon entering the washer. Thus, it will be 
drier than when it entered. 
Referring to Figure 7-Z 
RE = hp- hg 

= 82.6 - 22.9 

= 9.7 Btu per Ib 


Referring to Figure 7-Z 
Moisture removal = ee x 21 x 60 


= 2,842,100 gr per hr 

The condition of the air leaving the washer is the 
same as point E in Figure 7-Z 

(The performance of the washer without the pre- 
cooling coil in operation is not the same, however, 
as approximately 45 tons of additional refrigera- 
tion capacity are required. The following are of- 
fered as check points for the solution mixture of 
outside air and recirculated air is DB = 83.67, WB 
= 69, HR = 838; actual drop in enthalpy is 10.14 
Btu/lb.; final enthalpy of air leaving washer is 
22.91 Btu per Ib.) 


Point H now has the following conditions 56.8 DB, 
55.0 WB, 23.18 Btu per lb. 
In part (a) the heating effect is 
hg - hp = 35.49 - 20.3 
= 15.19 Btu per lb 


In part (b) the heating effect is negligible as the 
enthalpy at D and J are practically the same. 
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7-13. Latent heat of 2# Steam interpolated from Table 


7-14. 


14 is 966.14 Btu per lb. for the preheat coil. 


w = 4000 x 60 x 0.24 x (40 - 5) 
11.7 x 966.14 
= 200.6 per hr 


For the reheat coil in part (a), 
We 18,000 x 4.5 (45.9 - 35.49) 
966.14 
= 872.7 lb per hr 


For the reheat coil in part (b), 
W= 18,000 x 4.5 (35.6-20.3) 
966.14 
= 1284.7 lb per hr 


In an adsorption process moisture is added to the 
sorbent material with no physical or chemical 
change to the sorbent. In an absorption process 
the sorbent changes chemically or physically, or 
both, as it extracts or releases water vapor. 


CHAPTER IX 


. (a) 0.14 in. of water 


(b) 0.765 in. of water 


. 1.29 bhp 
. (a) 17,100 cfm 


(b) 1.30 in. 
(c) 6.81 bhp 


- (a) 0.805 in. 


(b) 6.88 bhp 


. (a) 313 rpm 


(b) 1.99 bhp 
(c) 11,700 cfm 


- (a) 36 in. 


(b) 0.063 in. per 100 ft 
(c) 0.145 in. of water 


. 38 in. 
. 29.2 ft. 
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A 


Absorbent, 205 

Absorbent, for chemical 
Dehumidification, 232 

Absorbents, liquid, for 
dehumidification, 238 

Absorber, 205, 206 

Absorption cycle, 206 

Absorption cycle, single stage, 207 

Absorption heating cycle, 211 

Absorption refrigeration, 204, 303 

Absorption, indirect fired, 207 

Absorption cycle, direct fired, 210 

Absorption cycle, two stage, 208, 209 

Absorption operating techniques, 208 

Acoustics of fans, 263, 272 

Activated alumina, 233 

Activity levels and comfort, 14 

Adsorbent, for chemical 
dehumidification, 232 

Adsorption dehumidifier, 233 

Adsorption on the psychrometric chart, 
233 


Affinity laws, 193 

Air Change Method, 33 

Air cleaning, 296 

Air cleanliness, 9 

Air conditioning by evaporation, 216 

Air conditioning cycle, 112 

Air conditioning system control 
communications, 329 

Air conditioning system control, 
general methods, 328 

Air conditioning system ductwork, 320 

Air conditioning system with central 
fan unit, 335, 342, 343, 344 

Air conditioning system with fan-coils, 
337, 341 

Air conditioning system, 303 

Air conditioning system, self-contained, 


Air conditioning unit, self-contained, 303 

Air conditioning with well water, 212 

Air conditioning, light commercial with 
VAV, 339 

Air conditioning, process, 117 

Air conditioning, unitary, 339 

Air density in ducts, 289 

Air diffusion devices, 346 

Air distribution and comfort, 15 

Air distribution arrangements, 321 

Air distribution, high velocity, 295 

Air distribution, low temperature, 216 

Air filtration, 296, 324 

Air in condenser, 184 


INDEX 


Air leakage through exterior 
doors, 34 

Air leakage through internal 
partitions, 33 

Air mixtures, 78 

Air movement, 9 

Air pressure measurement, 255, 257 

Air speed, effect of on comfort, 12 

Air transport system pressure drop, 
296 


Air transport systems, 255 

Air valve, 346 

Air washer computations, 220 

Air washers, 77, 218 

Air washers, types, 219 

Air-cooled condensers, 160 

Air-handling unit, 303 

Air-handling unit, remote, 303 

Alcohol thermometer, 1 

Ambient air quality standards, 109 

AMCA, 275 

Appliances, heat gain from, 48 

ASHRAE Cycle II ventilation, 351 

ASHRAE, 12, 15, 17, 18, 109, 235, 
285, 296, 299, 351 

Aspect ratio, improved with splitters, 
287 

Auxiliary condenser heat recovery, 
355 

Awning, window, 42 

Axial fans, 260, 263 


B 


Barometer, mercury, 5 
Barometer, simple, 5 

Basic airside systems, 345 
Bimetallic strip, 1 

Blowdown, cooling tower, 252 
Body heat, 29 

British thermal unit, 3 
Building envelope leakage, 33 
Butterfly damper, 191 
Bypassed outdoor air, 102 
Bypassed return air, 99 


Cc 


Carre, Ferdinand, 204 

Celsius scale, 2 

Centrifugal compressor, 187 303 

Centrifugal chillers, history, 187 

Centrifugal compressor, hermetic, 188 

Centrifugal fan designations, 276 

Centrifugal fans, 260 

Centrifugal refrigeration system, 187, 
190 
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Changeover-bypass VAV system 

Chemical dehumidification, 78, 112 

Chemical dehumidification, application, 
239 

Chilled water control, 197 

Chilled water thermal storage, 358 

Chiller capacity control, 190 

Chiller decoupler, 197 

Chiller, packaged, 152 

Chillers, heating with, 216 

City water for condensing, 241 

Clothing, effect of on comfort, 12 

Coanda Effect, 346 

Coefficient of performance, 129, 202 

Cogeneration, 357 

Coil capacity, 147 

Coil performance, 150 

Coil too large for load, 184 

Coil, flooded, 306 

Coil, types N and NS, 309 

Coil, single row, 309 

Coil, slip flange, 308 

Coil, steam, type A, AA 

Coil, type D, 304 

Coil, type F, 306 

Coil, type K, 304 

Coil, type T, ST, 308 

Coil, type W 

Coil, type W, 307 

Coil, type WA, 307 

Coil-compressor combinations, 147 

Coils, hot water, 311 

Coils, steam, 310 

Comfort levels, non-uniformity, 15 

Comfort, 9, 12 

Comparative enthalpy airside 
economizer, 352 

Compression device displacement, 129 

Compression ratio, 131 

Compressor bearings, frozen, 185 

Compressor discharge lines, 168 

Compressor efficiency 

Compressor moving parts, sticking, 
185 

Compressor pipe insulation, 170 

Compressor piping, 165 

Compressor speed control, 191 

Compressor suction and discharge 
lines, 166 

Compressor unloaders, 142 

Compressor unloading, 194 

Compressor valve broken, 185 

Compressor valves, 141 

Compressor with two coils, 149 

Compressor, as a pump, 129 

Compressor, centrifugal, 187, 188 
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Compressor, multi-stage centrifugal, 
194 

Compressor, power requirements, 137 

Compressor, rating, 1385 

Compressors, 121, 122 

Compressors, effect of unloading on, 
149 

Compressors, helical-rotary, 145 

Compressors, hermetic reciprocating, 
143 

Compressors, hermetic scroll type, 144 

Compressors, open vs. hermetic. 140 

Compressors, reciprocating, 140 

Compressors, reciprocating, 
arrangements, 143 

Compressors, screw, 145 

Compressors, types, 140 

Compressors, volumetric efficiency of, 


Concentrator, 205, 206 
Condensation of water vapor, 67. 
Condensation, 67 

Condenser comparisons, 164 
Condenser piping, 162, 170 
Condenser ratings, 161 
Condenser water insufficient, 183 
Condenser water regulation, 191 


Condenser water, estimating costs, 246 


Condenser, 122, 156, 189 

Condenser, air-cooled, 160 

Condenser, double-pipe, 156 

Condenser, double-tube, 156 

Condenser, evaporative, 163 

Condenser, in absorption system, 
205, 206, 209 


Condenser, location and air supply, 162 


Condenser, shell-and-coil, 157 

Condenser, shell-and-tube, 157 

Condenser, water-cooled, 156 

Condensing temperature of steam, 57 

Condensing water requirement, 158 

Conditioned air supply, 87 

Conductance, 20 

Conductance, air space, 22 

Conductance, surface, 21 

Conduction heat gain though ceilings 
and roofs, 27 

Conduction heat gain though floors, 26 

Conduction heat gain though glass, 26 

Conduction heat gain through 
partitions. 26 

Conduction heat gains, 25 

Conductivity of heat, 20 


Constant air volume heat pump system, 


350 


Constant air volume PTAC system, 351 


Constant air volume unit ventilator 
system, 350 


Constant pressure expansion valve, 153 


Cooling and dehumidification, 223 

Cooling and humidification, 77 

Cooling coil load, 17 

Cooling coil, type W 

Cooling coils, 306 

Cooling coils, general piping 
information, 306 
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Cooling condenser water by 
evaporation, 247 

Cooling Load Factors, 18 

Cooling Load Temperature 
differences, 18 

Cooling load variations, 45 

Cooling load, calculation of maximum, 
44 

Cooling system, simple, 121 

Cooling tower blowdown, 252 

Cooling tower maintenance, 252 

Cooling towers, 248 

Cooling towers, counterflow, 249 

Cooling towers, crossflow, 249 

Cooling towers, doubleflow, 249 

Cooling towers, induced draft, 249 

Cooling towers, mechanical draft, 249 

Cooling towers, natural draft, 248 

Cooling towers, ozone treatment for, 
253 

Cooling with air, 87 

COP, 129 

Crack Method, 34 

Crankcase, excessive oil in, 14 

Cross contamination in heat 
exchangers, 237 


D 


Damper motors, 201 

Decoupled chiller piping 
arrangement, 353 

Degree of saturation, 60 

Dehumidification, 223 

Dehumidification, chemical, 232 

Density of air in ducts, 289 

Design temperature, 24 

Dew point apparatus, 58 

Dew point temperature, 57 

Dew point, 7, 66 

Direct expansion coil, 145 

Direct fired absorption chiller, 210 

Distribution of heating and cooling 
media, 313 

Double-bundle condenser heat 
recovery, 355 

Double-pipe condenser, 156 

Double-tube condenser, 156 

Draft and human comfort, 14 

Drawdown, well water, 244, 245 

Dry bulb temperature and humidity, 
92 


Dry bulb temperature, 62 

Dry expansion coil, 146 

Dual duct VAV system, 348 

Duct area changes, 259 

Duct design, 279 

Duct design, low velocity, 279 

Duct design, with Equal Friction 
Method, 293 

Duct design, with Static Regain 
Method, 294 

Duct design, with Velocity Method, 
290 

Duct friction losses and air density, 
289 


Duct sections, diverging and 
converging, 288 

Duct systems, 296 

Duct, rectangular, 283 

Duct, supply, 292 

Duets, 29 

Ducts, noise attenuation in, 298 

Ducts, sound attenuation material in, 


Ductulator®, 281 

Ductwork, 115 

Ductwork, designing, 290 
Dynamic pressure losses, 283 


E 


Earth, as a heat pump energy source, 
204 

Economizer, 189 

Effective temperature, 12 

Elbow nomenclature, 284 

Elbows with splitters, 286 

Elbows, 284 

Elbows, square, with vanes, 288 

Electric motor heat gain, 30 

Electric resistance thermometer, 2 

Electronic expansion valve, 145 

Energy transfer, 3 

Enthalpy ’ 6 

Equal Friction Method for duct 
design, 293 

Evaporation losses, 247 

Evaporation of condenser cooling 
water, 247 

Evaporation of water, 66 

Evaporation, 66 

Evaporative coolers, 216 

Evaporative cooling systems, 
maintenance of, 217 

Evaporative cooling, principles, 216 

Evaporator piping, 167 

Evaporator pressure regulators, 177 

Evaporator, 122, 145, 190 

Evaporator, flooded, 150 

Evaporator, in absorption systems, 
205, 209, 210 

Evaporator, performance chart, 151 

Evaporators, control of, 153 

Evaporators, shell-and-tube, 150 

Excessive refrigerant, 185 

Exhaust air energy recovery system, 
353 

Expansion valve improperly adjusted, 

3 


Expansion valve leak, 183 

Expansion valve obstruction, 182 

Expansion valve orifice too small, 183 

Expansion valve stuck closed, 183 

Expansion valve stuck open, 183 

Expansion valve, constant pressure, 
153 

Expansion valve, thermal, 153 


F 


Face velocity, 236 

Fahrenheit scale, 2 

Fan acoustics, 272 

Fan horsepower, 265 

Fan inlet and discharge conditions, 277 
Fan laws, 193, 266 

Fan performance curves, 268 
Fan performance, 264 

Fan rating tables, 266 

Fan selection, 278 

Fan static pressure, 264 

Fan total pressure, 264 

Fan velocity pressure. 264 

Fan volume, 264 

Fan wheels, 277 

Fan-powered VAV systems, 347 
Fans, 260 

Fans, acoustics for, 263 

Fans, axial, 260 

Fans, blade designs for, 261 
Fans, centrifugal, 260 

Fans, inline centrifugal, 262 
Fans, plug, 263 

Fans, propeller, 263 

Fans, sound testing for, 275 
Fans, tubeaxial, 261 

Fans, vaneaxial, 261 

Filter, bag type, 326 

Filter, cartridge, 326 

Filter, charged media type, 327 
Filter, cleanable roller type, 325 
Filter, dry type disposable medium, 32 
Filter, electronic air, 327 

Filter, HEPA, 327 

Filter, throwaway. 325 

Filter, Trane rotating type, 326 
Filter, cleanable type, 325 
Filtering air, 324 

Filters, 325 

Fixed refrigerant circuit, 199 
Float valve, 156 

Flood coil, 306 

Flooded evaporator, 150 

Floor temperatures, 14 
Fluorescent lights, 31 

Free cooling, 355 

Friction chart for air, 280 
Friction losses in duct, 281 


G 


Gauge glass for receiver, 181 
Gauge, pressure, 5 

Glass blocks, 42 

Glass, common window, 41 
Glass, improved types of, 41 
Glass, plate, 41 

Global warming, 187 

Glycol, 214, 215 


H 


HCFC-123, 187 

HCFC-22, 187 

Head pressure control, 181 
Heat balance in humans, 9 


INDEX 


Heat conductivity, 20 

Heat exchange between air and 
water, 67 

Heat exchanger, in absorption system 
205 

Heat flow resistance, 23 

Heat flow, 19 

Heat gain examples, 48 

Heat gain from appliances, 48 

Heat gain from electric motors, 30 

Heat gain from gas-burning 
equipment, 32 

Heat gain from infiltration, 33 

Heat gain from lights, 31 

Heat gain from warm pipes, 32 

Heat gain in restaurants, 31, 46 

Heat gain, 17, 19 

Heat gain, latent, 28 

Heat gains in ducts and plenum 
chambers, 29 

Heat gains in ductwork, 115 

Heat loss by evaporation, 11 

Heat loss, 19 

Heat of concentration, 205 

Heat of dilution, 205 

Heat of fusion, 4 

Heat of reaction, in chemical 
dehumidification, 232 

Heat of vaporization, 4, 7 

Heat pump changeover, 199 

Heat pump sources, 202 

Heat pump VAV system, 349 

Heat pump, 198 

Heat pump, field assembled, 204 

Heat pump, unitary, 204 

Heat pumps, classification of, 204 

Heat recovery wheels, 235 

Heat reflection, 39 

Heat transfer coefficient, overall, 22 

Heat transfer methods, 304 

Heat transmittance through glass, 41 

Heat travel through walls, 37 

Heat, and its measurement, 1 

Heat, body, 29 

Heat, latent, 4 

Heat, total, 63 

Heating coils, general piping 
information, 309 

Heating spray water with steam, 69 

Heating with air, 87 

Heating with chillers, 216 

Hermetic centrifugal compressor, 188 

Hermetic compressors, 143 

HFC-134A, 187 

High pressure drop through cooling 
coil, 183 

High velocity air distribution, 295 

Horsepower, 265 

Hot gas bypass control, 191 

Hot gas bypass, 168 

Hot water coil, types T, ST, 308 

Hot water coils, 311 

Humidification 77 

Humidity ratio, 59 

Humidity, effect of on comfort, 12 

Humidity, relative, 12 
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I 


Ice storage flow diagrams, 215 
Ice storage for air conditioning, 213 
Ice storage principles, 214 

Ice storage, 357 

Ice storage, commercial, 213 
Ice storage, full or partial, 214 
In-line centrifugal fans, 262 
Incandescent lights, 31 
Indirect fired absorption, 207 
Infiltration, 33 

Inlet guide vane, 188 

Inlet guide vanes, variable, 195 
Integrated system control 


L 


Latent heat calculations, 90 
Latent heat loss, 11, 

Latent heat of evaporation, 66 
Latent heat of fusion, 4 

Latent heat of vaporization, 4 
Latent heat, 4, 28 

Leak detectors, 180 

Lights, 31 

Liquid carryover from evaporator, 150 
Liquid indicators, refrigerant, 180 
Liquid line obstruction, 183 
Lithium bromide, 205 

Load limit control, 196 

Low velocity duct design, 279 


M 


Manometer, 255 

Manometer, inclined, 256 

Manometer, U-tube, 255 

Manometer, well-type, 256 

Maximum cooling load, time of day, 44 

Mechanical compression refrigeration, 
303 

Metabolism, 9 

Mixing box, 324 

Moisture calculations, 89 

Mofflers, refrigerant, 181 

Multi-stage compressor advantages, 
194 

Multiple water chiller, contro], 197 


N 


National ambient air quality 
standards, 109 

Noise attenuation in ducts, 298 

Noise criteria curves, 274 


O 


Octave bands, 273 

Oil pressure failure control, 179 

One-pipe arrangements, 314 

Open and hermetic compressors, 140 

Operative temperatures, 12, 14 

Outside air measurement, 298 

Outside air control, 298 

Outside air delivery, 298 

Ozone treatment for cooling towers, 
253 
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P 


P-h chart, 124, 189 

Packaged water chiller, 152 

Particles and particle dispersoids, 297 

Pipe arrangements, 314-320 

Piping for evaporator, 167 

Pitot tube, 258 

Plate-and-frame heat exchanger, 356 

Plenum chambers, in theaters, 29 

Plug fan, 263 

Power requirements of compressors, 
137 

Precooling of condenser air, 352 

Pressure and volume, 55 

Pressure losses, dynamic, 283 

Pressure losses, in elbows and 
take-offs, 284 

Pressure relief valves, 180 

Pressure, 4 

Pressure, absolute, 5 

Pressure, gauge, 5 

Pressure-enthalpy chart, 124 

Process air conditioning, 117 

Propeller fans, 263 

Properties of air, 53 

Psychrometric chart, 53, 62, 63, 64, 69, 
91, 222 

Pumps for wells, 246 


R 


R-11, 187 

R-12, 187 

Radiant heat loss, 11 

Radiant heat transfer, 39 

Radiant temperature asymmetry, 14 

Receiver valve partially closed, 183 

Receivers, refrigerant, 122, 181 

Reciprocating compressor 
arrangements, 143 

Reciprocating compressors, 303 

Reciprocating compressors, efficiency, 
132 

Reflection of heat, 39 

Refrigerant charge, 175 

Refrigerant circuit, fixed, 199 

Refrigerant circuit, variable, 199 

Refrigerant coil, type F, 306 

Refrigerant leak detectors, 180 

Refrigerant loss, 182 

Refrigerant mufflers, 181 

Refrigerant properties, 123 

Refrigerant receivers, 181 

Refrigerant strainers and filters, 177 

Refrigerant valves, 176 

Refrigerant valves, solenoid operated, 
178 

Refrigerant vapor, superheated, 132 

Refrigerant weight, 127 

Refrigerant, system storage capacity, 
176 

Refrigerant, weight of, 175 

Refrigerant-migration free cooling 
system, 356 

Refrigerants, 123 

Refrigerants, alternative, 187 

Refrigerating capacity, units of, 125 
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Refrigerating effect, 125 

Refrigerating plant capacity, 113 

Refrigerating plant, 113 

Refrigeration capacity, variation, 135 

Refrigeration cycle, 121 

Refrigeration dual pressure control, 
179 

Refrigeration equations, 127 

Refrigeration methods, 303 

Refrigeration pipe sizing, 170 

Refrigeration piping principles, 175 

Refrigeration piping tables, 170 

Refrigeration scale traps, 177 

Refrigeration system, mechanical, 122 

Refrigeration theory, 121 

Refrigeration, 121, 187 

Refrigeration, absorption, 204 

Refrigeration, condenser drain line 
sizing, 171, 173 

Refrigeration, discharge line sizing, 
171, 173 

Refrigeration, liquid line sizing, 
170, 172 

Refrigeration, pipe sizing, general, 
172 

Refrigeration, service procedures, 182 

Refrigeration, suction line sizing, 
171, 172 

Reheat coils, 44 

Relative humidity, 12, 60 

Resistance to heat flow, 23 

Reversed return arrangement, 315 

Roofs, heat transmission, ‘43 

Roofs, U value, 43 

Rotary compressors, 303 

Runaround cycle, 108 


S 


Safety valves, 180 

Scale trap clogged. 185 

Scroll compressors, 144 

Self-contained air conditioning unit, 
303 

Sensible and latent heat recovery 
wheels, 235 

Sensible heat loss, 10 

Sensible heat ratio lines, 106 

Sensible heat, 4, 61 

Shade factors, 41 

Shell-and-coil condenser, 157 

Shell-and-tube condenser, 157 

Shell-and-tube evaporators, 150 

Shell-and-tube evaporators, 
performance of , 153 

Shutoff VAV system, 345 

Silica gel, 233 

Single and dual duct systems, 296 

Slip flange coil, 308 

Solar heat flow, 40 

Solar heat, 39 

Solar influence, 40 

Solenoid valve leak, 183 

Sorbent, for chemical 
dehumidification, 232 

Sound absorption material in ducts, 
299 


Sound attenuation analysis, 300 

Sound measurement, 273 

Sound testing for fans, 275 

Space cooling load, 17 

Space heat extraction load. 17 

Specific heat, 3 

Specific weight, 6 

Speed control, 191 

Split system with VAV application, 
340 

Splitters, correct location, 287 

Splitters, in elbows, 286 

Spray ponds, 248 

Static air pressure measurement, 257 

Static pressure friction losses, 259 

Static Regain Method for duct design, 
294 


Steam coil, type A, AA, 309 

Steam coils, 310 

Steam condenser, 57 

Steam jet, 303 

Steam pressure and weight, 59 
Steam tables, 6 

Steam, 59 

Steam, properties, 6 

Strainer clogged, 183 

Strainer cycle waterside economizer, 


Strainer cycle, 356 

Subcooling, 138, 134 

Suction pressure regulator, 155 
Suction pressure, 155 

Suction valves leaking, 185 
Superheated refrigerant vapor, 132 
Superheated steam, 7 

Supply duct, 292 

Surface temperatures, 40 

Surface water for condensing, 241 
Surge, 188 

System characteristic curves, 270 


T 


Temperature and volume, 53 

Temperature asymmetry, radiant, 14 

Temperature, floor, 14 

Temperatures, operative, 12 

Theaters, 29 

Thermal expansion valve, 153 

Thermal overload elements too small, 
185 

Thermal sensations, 10 

Thermocouple, 2 

Thermostat, 1 

Total air pressure measurement, 257 

Total Equivalent Temperature 
Difference Method, 18 

Total heat, 63 

Tracing air conditioning processes on 
the psych chart, 73 

Transfer Function Method, 18 

Traq” damper, 297, 298 

Tubeaxial fans, 261 

Tubes, finned 

Two-pipe mains, 315 

Two-stage economizer, 189 


U 


Unloaders for compressors, 142 


Vv 


Vacuum refrigeration, 303 
Vacuum, 5 
Valve, electronic expansion, 145 
Valve, float, 156 
Valves, water regulating, 179 
Vaneaxial fans, 261 
Vapor pressures, 66 
Variable air volume systems, 347 
Variable refrigerant circuit, 199 
VAV systems, 347 
Velocity Method for designing 
ductwork, 290 
Velocity pressure measurement, 258 
Ventilation air and comfort, 15 
Ventilation load, 35 
Vertical air temperature 
difference, 12 
Volume and pressure, 55 
Volume and temperature, 53 
Volume change with pressure, 55 
Volume change with temperature, 53 
Volume changes with temperature and 
pressure, 56 
Volume of moist air, 84 
Volumetric efficiency, 131 
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Ww 


Walls, equivalent heat transfer, 43 

Walls, solar effect on, 43 

Water chiller, packaged, 152 

Water coil, type W, 308 

Water coils, type DD-WD 

Water regulating valves, 179 

Water source heat pump, 203 

Water source heat pump, earth- 
coupled, 203 

Water source heat pump, standard 
system, 203 

Water treatment specialists, 253 

Water, city, for condensing, 241 

Water, surface, for condensing, 241 

Water, use in air conditioning, 241 

Water, well, for condensing, 242 

Water-cooled condenser, 156, 

Well diameter, 245 

Well drilling, 244 

Well screens, 245 

Well water drawdown, 244 

Well water for air conditioning, 212 

Well water for condensing, 242 

Well water pumps, 246 

Well water recharge, 244 

Well water temperature, 242 

Wet and dry bulb thermometers, 62 

Wet bulb temperature, 61 

Window glass heat transmittance, 41 

Wood in cooling towers, 251 


